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COMPREHENSIVE TOPICAL GUIDE 


This sourcebook contains a wealth of design, performance, and rating 
data for a great variety of heat-exchange equipment. Tabular material is abundant, 
and each chapter has been profusely illustrated with graphical results and equipment 
drawings. Frequently, the data presented are new and heretofore unpublished. 

The following guide will be helpful in directing the reader to the main 
topics, types of equipment, and systems described in the indicated chapter. 

Special attention should be paid to the reference sections at the end of 
each chapter, these were carefully compiled to provide useful indications of .sources 
for further and more detailed information. 
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FOREWORD 


The present HEAT EXCHANGER SOURCEBOOK combines recent 
developments in heat transfer with the practical applications of heat exchangers. The 
progress on basic research and scientific foundations of the science of heat transfer 
achieved at research institutions and universities is merged on these pages with the 
engineering advances made in the industries throughout tlie world in the design, 
operation, rating and performance of heat exchangers. The emphasis lias been placed 
here on the industrial and practical heat exchange systems. 

The HEAT EXCHANGER SOURCEBOOK has been assembled by the 
editors by inviting contributions from scholars and experts in their special fields from 
all over the world. The contributions were then reviewed by a special committee of 
distinguished specialists in the field of heat exchangers: 


E. U. Schliinder (F.R. Germany), Chairman 
K. A. Gardner (U.S.A.), Co-chairman 
T. Gregorich (Yugoslavia), Co-chairman 
R. Gregorig (F.R. Germany) 

I). F. Mattarolo (Italy) 

T. Mizushina (Japan) 

T. 1). Patten (Great Britain) 

D.S. Petukhov (U.S.S.R.) 

R. Senieria (France) 

J. Taborck (U.S.A.) 

A. A. Ziikauskas (U.S.S.R.) 


Research and development in steady state and transient behavior are 
emphasized. Heat exchangers operating with two-phase systems, packed beds, direct 
contact heat exchangers as well as new concepts in design and calculation are 
presented. Computer methods are frequently employed and described. The editors 
feel that this HEAT EXCHANGER SOURCEBCX)K presents an excellent insight into 
the state-of-the-art for both recent and future developments of heat exchangers and 
will be of great use to all engineers and scientists in the field of heat transfer. 



xvi Foraword 


The forum for the presentation of the work was the International Centre 
for Heat and Mass Transfer, specifically its Fifth Seminar, devoted to developments in 
heat exchangers. In contrast to earlier ones, which were oriented toward basic 
research and the scientific foundations in the field of heat and mass transfer, as stated 
ibove, this Seminar stressed the application of these foundations to the technical and 
sitgineering problems. The presentations were organized in 12 parts. Each part was 
apened by a lecture and followed by communications in the given field. All lectures 
and a special selection of the communications have been included in the HEAT 
EXCHANGER SOURCEBOOK. With representation of 26 countries, the effort is of a 
truly international diameter. 

The International Centre for Heat and Mass Transfer received its support 
for this undertaking from UNESCO, Energoinvest (Yugoslavia), the Yugoslav Federal 
Council for Scientific Coordination, The National Science Foundation (USA), The 
Academy of Sciences of the USSR and the Boris Kidric Institute (Yugoslavia). 

Special Acknowledgement is hereby extended to UNESCO for its 
financial support. 


N. Afgan, E. U. Schlundcr 




Chapter 1 


APPUCATION OF HEAT TRANSFER THEORY 
TO HEAT EXCHANGER DESIGN 

E. U. Schlunder (*) 


The title of this chapter implies a provocation to comment on the 
relation between engineering and engineering science. Sometimes it appears that the 
practicing engineer is skeptical about applying science in solving his practical prob- 
lems, while on the other hand the scientist reproaches the engineer with incompre- 
hension. 

In order to meet the aim of this volume we should accept this provoca- 
tion and try to bridge this apparent gap for the benefit of both future heat transfer 
research and future heat exchanger design. 

1 would like to attack the problem by a critical review of the conditions 
governing and limiting heat transfer research activity. 

The conditions might be listed in a set of theses which - by the way — 
not only refer to heat transfer but also to other engineering problems. 

1. The subject of heat transfer research is the design, performance and 
development of all kinds of heat exchanging equipment. Accepting this, we have to 
concede that deviating from the classical meaning of science — heat transfer 
research has no value in itself but only in connection with actual engineering prob- 
lems. 

2. The goal of heat transfer research is to predict design and perform- 
ance data for heat exchanging equipment. 

3. The method applied in heat transfer research is to investigate the 
engineering problems under well defined conditions thus enabling us to find out the 
ruling phenomena and laws. 

4. The means for predicting design and performance data is the theo- 
ry. The theory usually is based on hypotheses and combines mathematically a set of 


(^) Institut flir 'Hiermische Verfahrensccchnik der UniversitSt Karlsruhe, F.R. Germany. 
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variables and invariables. The latter ones usually are to be determined by experiments. 
The variables permit predictions beyond the range already known by experience. 

5. The accuracy to be sought of the theory has to be of the same order 
as the data to be predicted. With technical problems usually the accuracy of the 
invariables to be determined by experiments as well as the data to be predicted are 
of the order of some percent. Therefore, the accuracy of theories for technical 
purposes in almost all cases is sufficient within a range of some percent. 

6. The effectiveness of a theory is so much the better as it permits the 
reduction of experimental work. Refining a theory is useful only if this leads to a 
reduction of experimental work. This will be true if the number of the invariables 
could be reduced or if their general applicability could be extended. Refining a 
theory involving increasing experimental work is only to be justified if this leads 
either to new physical knowledge, finally reducing experimental work in a long 
range aspect, or if this leads to a higher degree of exactness which might be sought in 
a special case. 

7. The application of theories in solving engineering problems is justifi- 
ed if the conditions in the practical case can be identified to be comparable to those 
well defined conditions under which the theory was derived. 

8. The reliability of a theory is restricted because of two facts. On one 
hand the idealized conditions under which the theory has to be derived should be as 
close as possible to the practical conditions, but on the other hand away enough to 
guarantee the possibility for setting up a theory of general validity. 

9. The limits in setting up a theory are given first by the possibility of 
analyzing the engineering problem at all and second by the chance to establish 
reasonable hypotheses. 

10. The benefit of a theory is ambivalent. There are engineering prob- 
lems whose actual conditions cannot be quantified completely. In this case we can 
expect at the best to achieve a physically based qualitative analysis. On the other 
hand, there are engineering problems for which the ruling physical laws are unknown. 
In this case we can expect at the best to achieve an empirically based quantitative 
correlation. To solve engineering problems, both qualitative and quantitative analy- 
ses are needed for. In a few cases both kinds of analyses can be presented by one 
unique theory. In the majority of engineering problems we have to be content with 
either one or the other kind of analyses. As far as possible both kinds should be 
tried, even if there will remain at the moment seemingly unbridgeable gaps between 
them encouraging future research. 
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In the following I would like to comment on these theses by use of 
some examples. 

1. A recent development in the design of freeze dryers is the applica- 
tion of short contact vacuum dryers. They consist of a cascade of horizontal heated 
plates within a vacuum chamber. The frozen granular material, e.g. meat, vegetables 
etc., is moved on these plates along circular paths by a stirring device and falls down 
the cascade from plate to plate after each rotation. 

From the theory of drying processes it is known that the drying rate 
under these conditions is entirely controlled by the rate of heat transfer. Therefore, 
the heat transfer coefficient between the heated plates and the moved granular bed 
determines the size of the dryer and thus must necessarily be known by the designer 
as a function of all variables involved. 

2. To set the aim of research work, it is necessary to know the vari- 
ables. This knowledge is to a certain extent based on arbitrary decisions. It is 
obvious that the heat transfer coefficient a might depend on the t^rmal and mechan- 
ical properties X, p, C of the granular material, the gas and the plate, the residence 
time t, the particle diameter d, the agitator speed n, the bed height H, the shape of 
the stirrer, the shape of the particles, etc.. Enumerating the variables, we usually 
stop if further ones obviously do not seem to be of significance. In this case we 
know further that the thermal properties of the plate are of no importance because 
the ratio of the heat penetrating coefficients ^ (XpC)GranuIar / ^ (XpC)Metal goes 
to zero so that the local temperature of the plate remains unchanged during the 
short contact period of each particle. So the aim is to determine the function 

a = a ( Xp , Pp , Cp , V, shape). 

3. The chosen method was to investigate the heat transfer coefficient 
between the granular material of spherical shaped particles of equal size brought into 
contact with a heated plate. The rate of heat supply was constant four times greater 
than zero. The rotations per minute of the stirrer were kept constant but were 
altered stepwise. 

4. To set up a theory we first have to introduce one or more hypothe- 
ses. Because the theory should be valid in general, that means for all possible values 
of the variables, it would be useful to seek asymptotic laws first. 

Wc choose the limiting cases of zero and infinite stirrer speed. In the 
first case we introduce the hypotheses that the granular material filled with high or 
low pressure gas can be treated like a homogeneous medium. Under the simplifying 
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issumption that the isotherms are parallel we can calculate the mean heat conduct!- 
vity of the granular bed by integrating over all local heat flux paths through gas 
and solid material lying in series. Regarding the fact that the heat conductivity of 
the gas goes to zero when approaching the contact point of the sphere with the plate 
and taking into account the influence of radiation, we obtain the following 
formulas (1): 
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Where: X, Xj. = heat conductivities of the gas and the solid particles respectively, 
= void fraction, d = particle diameter, o = mean free path of the gas mol- 
ecules, Cj = radiation coefficient, e = emissivity, T = absolute tempera- 
ture, 7 = coefficient of accomodation. 

Thus, if the thermal properties of the granular bed arc known, it is easy 
to calculate the heat transfer coefficient as a function of the residence time t. The 
asymptotic solutions for short and long times t for the boundary condition of 
constant heat flux supplied to a perfect conducting plate are (2): 


a = 


( 1 ) 
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X 

“ - 3 T (2) 

If the residence time goes to zero, experimental results have shown that 
there exists a limiting maximum value for a. Taking into account the fact that for 
very short residence times the whole heat transfer resistance is located in the gaseous 
gap between the particles and the plate, we can calculate this maximum value of a 
also. We obtain the formula (3): 

This equation gives also the limiting case if the residence time is large, 
but the contact time of the particles, due to the mixing motion caused by the stirrer, 
goes to zero. That means that formula (3) gives the maximum heat transfer coeffi- 
cient, which cannot be exceeded at all even if the stirrer speed goes to infinity. 

If we plot the heat transfer coefficient Of versus the residence time t 
according to the formulas (1), (2) and (3), we see from fig. 1 that under the vacuum 



Fig. 1. Limiting laws controlling heat transfer coefficient a between a stirred granular bed and a heated 
plate. 
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conditions even with a residence time of a thousand seconds the stirrer speed has no 
influence, the value of or is always the maximum value. That means that there is no 
pojssibility of increasing the heat transfer by increasing the agitation of the granular 
bed under vacuum conditions. In contrast, under high pressure conditions the inten- 
sity of agitation might have a great influence on the heat transfer. To fill the gap 
between the limiting laws by a theory, we have to introduce another hypothesis on 
the contact time as a function of the mixing intensity. This concerns a problem of 
turbulent motion. Since we know from other problems of turbulent motion that in 
this area no satisfactory theories exist up to now, we should prefer to continue our 
investigations experimentally. The following figures show the experimental results. 



PiSi 2. Experimental values of heat transfer coefficient for zero stirrer speed and various pressures. Glass 
spheres 2.1 mm diameter. 
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Fig. 3. Experimental values of heat transfer coefficient at 760 mm Hg pressure and various stirrer speeds. 
Glass spheres 2.1 min diameter. 



Pig. 4. Experimental values of heat transfer coefficients at 1 mm Hg pressure and various stirrer ^leeds. 
Glass spheres 2.1 mm diameter. 




heat transfer coeff. — ►a _j] ^ heat transfer coeff. 


U. Scfilunder 



5. as Fig. 4. but 0.1 mm Hg pressure. 



Fifp 6. as Fig. 4 but 0,01 mm Hg pressure and 0.001, rcsp. 
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These figures confirm the theory of the limiting laws. The data show 
further asymptotic values for the heat transfer coefficient for. long residence times 
depending on the stirrer speed. Applying equation (2) to these asymptotic values, 
one could determine a hypothetical contact time as a function of the stirrer speed. 
But this would no longer be a theory but merely a correlation. 

5. The accuracy of the equations (1), (2) and (3) is of the same order 
as those of the variables, the constants, and the experimental data. The theoretical 
solutions in the intermediate range between equations (1) and (3) and (1) and (2) 
respectively can be found by graphical interpolation with sufficient accuracy so that 
no further theoretical work in this case is sought. 

6. The theory developed above shows that further experimental work 
is neither necessary nor useful under vacuum conditions. Thus, the time and costs 
for further research work is reduced. 

7. The theoretical and experimental results of this analysis can be 
applied to all kinds of apparatuses with heat transfer from plates to moved spher- 
ical shaped granular material if the thermal properties, the residence time, and the 
hypothetical contact time are known. 

8. The reliability is restricted by the difficulty of determining the 
hypothetical contact time, which can only be estimated. Since this time depends e.g. 
on the arbitrary shape of the stirrer, reliable data can only be obtained by measuring 
heat transfer coefficients applying those arbitrary stirrer shapes. No theoretical pre- 
dictions but only empirical correlations of limited validity seem to be possible at the 
moment. 

9. The limitation of setting up a complete theory is due to two facts. 
First, we cannot quantify the actual conditions completely, e.g. all possible stirrer 
shapes. Second, even if we could do this, we have no satisfying hypothesis of 
turbulent motion under these conditions. 

10. The benefit of the presented analysis is. to reveal the dominant 
physical laws ruling this kind of heat transfer process, thus enabling us to predict 
limiting laws and to acquire a better understanding of empirical formulas obtained 
from direct measurements at certain apparatuses. The remaining problem for the 
practicing engineer is to analyze a given apparatus under given operating conditions 
to find out how the theory can be applied. In this respect no further research can 
help him, and he has to rely on this imagination and discernment. 

This was an example from the field of heat transfer. Now I would like 
to add another example from the field of mass transfer. 
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1. A recent development in the technique of removing organic com- 
pounds from water is the application of ion exchangers and active carbon filters. A 
vessel is filled with resin or carbon particles of about 1 mm diameter. While water is 
pumped through this packing, the organic compound is transferred to the particles. 
When the particles are saturated they are removed and regenerated. For the design of 
these apparatuses one must know the local and time dependent concentration distri- 
butions in the packed bed and in the water. 

2. The aim is to sec up a theory for predicting these concentration 
distributions. The experimental work to determine the invariables in this theory 
should be minimal. 

3. The method could be to study the structure of the particles and Co 
reveal the mechanism of the diffusive mass transport. In this case there would arise 
quite a lot of experimental work which might lead to very interesting fundamental 
results. But this would be a long range concept for an extended physicochemical 
research program. To solve our technical problem, we should follow another method 
which works faster and cheaper. This method is to establish hypotheses on the 
transport mechanism from which we can derive a theory. The theory will include 
limiting laws. These limiting laws will be chocked by only a few systematical experi- 
ments. If they will be confirmed with the sufficient accuracy which is sought in this 
case, the theory can be applied to solve our technical problem even if the hypothesis 
introduced at the beginning do not really correspond to the actual physical phenom- 
ena. 

4. The hypothesis is that diffusion only occurs inside the water-filled 
pores of the particles and that there is always equilibrium between the internal 
concentrations of the solid and the liquid phases. From the sorption isotherms we 
know that the capacity of the liquid phase is negligible compared with that of the 
solid phase. In the case of ion exchanging resin the sorption isotherms are nearly 
linear, while in the case of active carbon the equilibrium concentration y* in the 
carbon is nearly independent of the liquid concentration. Under these circumstances 
the concentration profiles in an ion exchanging resin particle can be calculated by 
the Fourier theory of conductive processes. They will turn out to be steady curves 
belonging to the family of trigonometric functions. The profiles in a carbon particle 
however show an unsteady jump from saturation concentration to zero. This con- 
centration jump is moving to the center of the particle. Due to this different be- 
havior we find different equations for the sorption rates and the local and 
time dependent concentration distributions in the apparatus. If we introduce 
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dimensionless variables for the concentration in the solid phase 17 , in the liquid phase 
for the time r and the length in flow direction we can compare both the ion 
exchanger and the active carbon filter in a short comprised mathematical form: 



Pig. 7. Sorption kinetics and cuncrntraiion distribution in iuii exchanges and active carbon nitcr.s. 

In these equations all quantities are known except the mass transfer 
coefficient Pi between the liquid and the solid phase and the apparent diffusity 
65 in the solid phase. Both quantities can be determined by an adsorption exper- 
iment of laboratory scale. A small quantity of granules is brought into contact with 
the solution in a tumbler. From the measured adsorption rate at short contact times 
one gets the coefficient Pj , while from the adsorption rate at long contact times the 
coefficient 63 can be determined. From these experiments [4], ( 51, it was found 
that for phenylic acid e.g. the diffusity in an ion exchanging resin is about 
10"“ m*/s while in active carbon it is about 10"*^ m^/s. The mass transfer coeffi- 
cient j3] was shown to be in good agreement with well known correlations for 
packed beds. 

5. The accuracy of the theory is sufficient for many technical cases, 
although the sorption isotherms in both cases are idealized. If the actual isotherm de- 
viates considerably from either the one or the other form, one would prefer numerical 
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/solutions. At any rate, the typical form of the concentration profiles is between the 
two forms shown in Fig. 7- and these distributions are very similar. 

6. The effectiveness of the theory is that only a few experiments at 
laboratory scale are necessary to know all the data required for the design of large 
scale apparatuses. 

7. The results of the theory can be applied to large scale ion ex- 
changers and active carbon filters. The conditions in the laboratory experiments are 
nearly the same as the technical conditions. 

8. The reliability of the theoretical predictions may be limited if some 
other effects occur. If the cycles of loading and regenerating are relatively long, 
biological effects might influence the effectiveness of the sorption material. 

9. The theory is limited to binary mixtures. This is a severe limitation 
because in all practical cases the polluted water includes a large number of organic 
compounds. Research must urgently be extended in this direction. 

10. The benefit of this theory is the emergence of a hypothetically 
based quantitative analysis which permits prediction of design data as well as quick 
estimations of the influence of the various parameters for binary and quasi-binary 
mixtures. 

One could continue to note examples for technical problems where the 
laws of heat and mass transfer play a dominant role. In any case we have to ask how 
to find and how to present these laws for the purpose of practical application. The 
form of the law is the theory. The theory is to be based on a consistent set of 
invariables. The question is to find out at what a level a certain number of physical 
quantities are to be considered constants. To illustrate this statement, wc e.g. refer 
to the phenomenon of heat transfer through a stagnant gas at different pressures. 
The outstanding invariables are: at extremely low pressure the velocity of light 
radiation (Planck’s law), at moderate pressure the velocity of sound (Knudsen’s law), 
at normal pressure the velocity of diffusion (Fourier’s law, Einstein’s law resp.). 

in our first example the theory could be based on a relatively small set 
of invariables, such as heat conductivity, heat capacity, density etc. as long as the 
granular bed was not agitated. The experimental results shown above were only to 
check the theory based on Fourier’s law, while the fundamental experiments to 
determine the invariables of the theory as e.g. the heat conductivity of the particles 
and the gas had been carried out elsewhere. In the case of the agitated bed the heat 
transfer coefficients found in the experiments could not be explained by a theory 
the invariables of which were found in other experiments. The question is how to 
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proceed in this case. We have to decide whether there is a chance of establishing a 
theory which includes more fundamental mvariables from which the measured heat 
transfer coefficients can be derived or whether we presumably never can expect to 
find such a theory. In this case the measured heat transfer coefficients are to be 
considered the fundamental invariables themselves, which means to elevate the so 
called Newton’s law of convection to the same level as Fourier’s law of conduction. 

In our second example there is a similar situation. The mass transfer 
inside the solid particles can be derived from Fourier’s theory. The only invariable 
we need is the diffusity. But the mass transfer from the liquid phase to the particle 
surface under turbulent flow conditions cannot be derived from a theory a priori. 
So the experimentally found mass transfer coefficients are the invariabics themselves. 
This point of view is thoroughly sufficient in order to set up a theory for predicting 
local and time dependent concentration distributions in ion exchangers or active 
carbon filters. 

Let us consider another heat transfer phenomenon. The heat transfer 
coefficient between a superheated surface and a boiling liquid usually is 
correlated by an equation of the type 

a = (k) 

where q is the heat flux. The power ii was found to be between 0.5 and 0.8. Much 
effort was spent during the last decades of heat transfer research to establish theories 
in order to predict the parameters K and n in this equation. A vast number of subtle 
investigations were carried out to study the influence of bubble nucleation, bubble 
growth, surface roughness, surface imparities, etc. Up to now nobody knows def- 
initely whether these investigations will lead to definite predictions of the param- 
eters in question. In particular it would be hard to decide whether further studies 
on bubble dynamics can deliver a contribution for deriving the parameters K and n 
from more fundamental physical invariabics without increasing experimental work 
to determine the latter ones, or if we should consider instead the parameters K and n 
as invariables themselves. With respect to engineering problems, the latter point of 
view could be satisfying as far as a complete set of these parameters would be 
available. If we accept equation (4) as a fundamental equation, some consequences 
concerning the layout of evaporators are unavoidable. Usually, the size of evapora- 
tors operating under pool boiling conditions is calculated with the logarithmic mean 
temperature difference. We know that the logarithmic mean is only valid if the heat 
transfer coefficients are independent of die temperature difference. This does not 
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hold if the heat transfer is governed by equation (4). In order to predict the size of 
an evaporator, we have to set up a theory the invariables of which are the parameters 
K and n. Such a theory leads to differential equation for the temperature distribu- 
tion along the heat exchanging surface which has to be solved by numerical meth- 
ods, see fig. 8. The result is presented in form of a correction factor for the heat 
flux 0/<5log. s®® fifr 9. 

As we see from fig. 9 the error, when using the logarithmic mean, might 
be of some hundred percent [6 ] . 





exchanger 
surface A 


Heat transfer 

dQ » '^yldA 

dQ = - d^)dA 

Temperature distribution 


(-f.) 


l-n 


+ M 


af . 0 

dA* 


e s 




CL A 






K(VV 




• A 


a., 


Kq 


lOR 


Fig. S. Temperature diatribution in a evaporator operating under pool boiling coiiditioni. 
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Fig. 9 . Correction factor for the heat flux in an evaporator operating under pool boiling 


conditions. 


As we can learn from this example, it is possible in solving practical 
problems to establish theories without knowing the fundamental physical laws ruling 
the involved phenomena, by introduction of certain summarizing invariables cov- 
ering a variety of other fundamental physical constants without knowing their more 
or less complex interactions. For the scientist this is a very unsatisfying situation. 
This might be one of the reasons, that the heat transfer research on boiling phenom- 
ena during the last decades was so concentrated on microscopic details. Today, after 
having studied these details intensively, we have to confess that our original problem 
of predicting design data for heat exchangers seems to be more complicated than 
before. Now we have to answer the question whether these difficulties are only 
temporary and can be overcome or whether they might be of principal nature and 
thus any attempt to overcome them is expected to be useless. This question does not 
only concern boiling phenomena which were referred to only as an example, but 
concerns a great number of heat and mass transfer processes under technical condi- 
tions also, in particular transfer phenomena with all kinds of single and multiphase 
turbulent or randomly moving fluids. 
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At present we cannot decide definitely whether the difriculties in these 
cases are temporary or principal. But if we see that the progress in discovering the 
physical fundamentals is very slow, we should concentrate much more on the techni- 
cal fundamentals of heat and mass transfer. 

A quite similar situation exists in other disciplines too. In the field of 
metallurgy e.g. we find physical and chemical investigations about the internal struc- 
ture of matter, but also a strong activity to determine technical parameters such as 
tensile strength, surface hardness, toughness, brittleness, ductility, fatigue tests etc. 
These data are determined by systematic experiments in standardized test appara- 
tuses, and are compiled in special handbooks, since everybody knows that at least at 
present there is no chance of predicting these data from our knowledge about the 
internal structure of matter alone. On the other hand these data are urgently needed 
for setting up theories on material strength. In our field of heat and mass transfer 
the technical parameters as e.g. friction factors, heat and mass transfer coefficients 
etc. are determined primarily to obtain information about the physical fundamentals 
of which these parameters are composed. Thus, the experiments are performed more 
under the aspect of accepting or rejecting individual hypotheses and less under the 
aspect of a systematic compilation of technical data which can serve as invariabics in 
theories for solving technical problems. That we should emphasize the latter aspect 
can be shown by another example, taken from the field of thermodynamics. The 
research on the virial coefficients to establish a general equation of state is one thing, 
and the international agreement in setting up standardized steam tables based on 
experimental data and an adapted empirical equation of state for this particular 
purpose only is another thing. 

Realizing this kind of dualism as a typical feature of engineering sci- 
ence, we should stimulate a world wide agreement to strengthen research programs 
on heat and mass transfer by compiling reliable and systematic technical data which 
can serve as invariables in theories for solving engineering problems. In the first step 
we would have to define the problems, the goals, the methods, and then to standard- 
ize the test apparatuses. The second step would be to establish research programs 
and to distribute parts of them to those institutes which arc willing to participate in 
such a program. Perhaps the International Centre for Heat and Mass Transfer in 
Belgrade might be a proper organization to originate a world wide concentration of 
heat and mass transfer research on a selected number of technical problems. If this 
would lead to an enlargement of our knowledge or technical invariables, we would 
be in a much better position to set up theories for the benefit of heat exchanger design. 
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Appendix 

Ion exchanger 

Equilibrium y* = nuc* 
Reduced concentrations i 

Transfer from the liquid phase 


Reduced time 




. fc = JL 

n = Pg 0g(x -X* ) 


Reduced length 

^ R 1/r; — V 


phase 

n = P^?"^ (y- y) 


1 _ 

0.(1- 'Mi l 

1 

r* 

a. 1 Pg/3g m 

P /3 

A A 

1 

1 1 , 1 1 1 

0 D 

X 

f* " 

^ ” p p I 

z 


fl V 


■ 6 1. 

^ (mean value) 



m 

t 


Active carbon filter 
Reduced concentrations 

Reduced time 
Reduced length 
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Inverse function ^ (p -p (t)) 
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Saturation time for the first layer 

Coordinate of saturation point fc and liquid concentration {if r< r | : 
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?^=T -r, 

f (f,r) => 7 (f,r) 

n » rate of mass transfer 
p ■ density 

fi « mass transfer coefficient 
\l/ m void fraction 

a B specific particle surface per unit volume 

concentration in the liquid phase at the entrance 
S * apparent diffusity in die particles 
R ■ particle radius 

u ■ liquid velocity in the empty cross section 
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Chapter 2 

ANTICIPATION OF OPERATING PROBLEMS IN THE 
DESIGN OF HEAT TRANSFER EQUIPMENT 

Karl A. Gardner (*) 


1. INTRODUCTION 

It is the purpose of this chapter to consider possible problems in the 
operation of heat exchangers, and how to design to avoid them. Many arc rather 
in nature and will be ineiitioiied only in passing, or not at all. Others may be 
obvious, but difficult to solve, and still others may not be at all apparent: these will 
be discussed in greater detail except where more authoritative pre.scntations are 
included in this volume. 

It should not be, but sometimes is, necessary to point out that a heat 
exchanger is not only an apparatus for transferring heat from one medium to anoth- 
er, but is at the same time a pressure and/or containment vessel. More frequently it 
is two such vcs.sels combined in an intricate way into a single piece of equipment, 
with diverse attendant problems. In the United States at least, and probably else- 
where, the rating i.c., the determination of size and configuration of a heat 
exchanger - is frequently done by one specialized group of engineers, and the 
mechanical design assuring its safety and durability as a pressure vessel by another 
group. Too often members of these two groups arc not well versed in one another’s 
problems, and ill-considered compromises arising from failure of communication or 
understanding lead to inadequacy in service. This is really an organizational and 
procedural problem, not fundamentally one of design. It is hoped that the remarks 
which follow will be of some assistance in broadening the mutual areas of 
understanding between rating and design engineers, not only in industry, but also in 
academic circles. 

The subject matter will be discussed under the broad headings of “Defi- 
ciencies in Heat Transfer and Pressure Loss Rating” and "Deficiencies as a Contain- 
ment and Pressure Vessel.” 


(*) Liquid Metal Engineering Center, P.O. Box 1449, Canoga Park, Calif. 91304, U.S.A, 
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II. DEFICIENCIES IN HEAT TRANSFER AND PRESSURE LOSS RATING 
A. Elementary Considerations 

Since the rate of heat transfer, Q, in a heat exchanger is determined by 
the simple relationship, 

Q = I U AtdA * A U At , (l) 

jo o om m 

o 

the reason for failure of an exchanger to perform its heat transfer duty is to be 
sought in either of the two quantities U^m. the mean overall heat transfer coeffi- 
cient, or Atm, the mean effective temperature difference between the heat ex- 
changing streams. More properly, since both and At may vary throughout the 
exchanger, the incorrectly integrated value of their product may be the culprit in a 
heat transfer deficiency. Nevertheless, it is convenient, and usually adequate, to 
consider each of U^m^tid At^ as separately determinable. 


The overall coefficient U„, may be expressed in the form: 



in which the h’s represent heat transfer “film” coefficients, and the r's, heat transfer 
resistances, referred to the surfaces at which they occur as indicated by subscripts o 
(outside), i (inside), and w (wall). Multipliers (A^/Aj) and (A„/A^) merely refer 
these values to the outside surface. The quantity, r^,, is the metal resistance of the 
tube wall in bare tube equipment, and is seldom susceptible to serious error, except 
possibly for combinations of boiling, condensing, or liquid metal streams, in which 
case it may be the major part of the total resistance to heat flow, and an error in 
tube wall thickness or thermal conductivity may be significant. The fouling resist- 
ances r^ and rj, will be discussed later. Any one of the h’s and r’s may be a source 
of rating error. 

The mean temperature difference is customarily expressed as a multipli- 
er, Fi times the logarithmic mean of the terminal differences; i.e., At^ = F Atiog- The 
value of F has been determined for dozens of flow configurations, many of them by 
myself, based on the assumptions thatUgis constant throughout the exchanger, that 
the temperatures of both streams vary linearly with the rate of heat exchange, and 
that all elements of the fluid streams pass over proportional elements of heat 
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transfer surface. One or more of these assumptions may be, and often is, unwar- 
ranted in actual practice. 

With these elementary reminders of possible sources of error in rating 
heat transfer equipment, let us consider some of the most common causes. 

B. Erroneous Estimation of Heat Transfer Coefficients 

1. Inadequate Data 

A common source of error in heat exchanger rating is the estimation of 
heat transfer coefficients under conditions for which experimental data are limited 
in range or completely lacking; e.g., the thermal conductivity of the fluids as a 
function of temperature, or a new flow configuration. Extrapolation beyond the 
verified range of data correlations or reasoning by analogy to some related con- 
ditions are usually resorted to under such circumstances. There is nothing wrong 
with this if it is done intelligently, preferably under the guidance of some theoretical 
approach which is supported by tests data over part of the range of variables involv- 
ed. Extrapolation of empirical straight lines on arithmetic or log-log graph paper 
passing through a limited range of data is always hazardous, especially in the direc- 
tion of increasing temperature for physical properties, or in the direction of decreas- 
ing Reynolds number for heat transfer or pressure loss correlations. 


2. Erroneous or Misleading Correlations 

Generalized correlations drawing on many sources of data without dis- 
tinguishing properly between them by clear identifying symbols may give an unwar- 
ranted assurance of accuracy in some instances. A familiar example is the graph 
presented in many texts of the data points, and the curve through them, for the 
“law of the wall.” In many cases the data points are not distinguished from one 
another and the best line thorugh them is quite well represented, in the turbulent 
region, by the familiar equation, 

= 5-5 + 2.5 In y* . (3) 

which plots as a straight line on a semilog scale, as shown in Figure 1. If the data 
points are identified by Reynolds number, however, and appropriate curves drawn 
through them, it is seen that they are not straight lines at all but, rather, look like 
Figure 2. For many purposes. Equation .(3) is sufficiently exact, but for others 
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Fig. 1. UnivcrsaJ Velocity Distribution for Turbulent Flow in Circular Tubes (from H. Rcichardi, NACA 
™ 1047, 1943). 



Fig. 2. Universal Velocity Distribution for Turbulent Flow in Circular Tubes— Typical Structure when Data 
Pbints Plotted with y^* (centerline Value of y*) as a Paramenter. 
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Pi^ 3. An ImpoMible Temperature Difference Situation Not Recognizable from the Terminal Values Alone 
(dashed lines). 
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involving derivatives of U** it gives quite misleading results. This example is not direct- 
ly pertinent to heat exchanger rating, but it does illustrate the point that a compos- 
ite of undifferentiated data does not necessarily lead to the best correlation, parti- 
cularly when assembled from different investigators using different models of equip- 
ment over different ranges of variables. 

C. Failure to Visualize Heat Versus Temperature Relationships 

In an exchanger transferring both sensible and latent heat to or from 
one or both streams, particular care must be taken to determine the appropriate 
mean temperature difference by breaking the duty into a series of separate, easily 
calculated, portions. This is illustrated in Figure 3 by an extreme example 
encountered many years ago. The process involved heating a scream in an exchanger 
before it entered a reactor in which an exothermic reaction took place; after which 
the scream, with slightly altered composition, returned counterflow to itself through 
the same exchanger. With comfortable terminal temperature differences at both ends 
of the exchanger, the process engineer had apparently envisioned vs heat removal 
curves like those shown as solid lines. Unfortunately, the pressure loss through the 
reactor reduced the saturation temperature of the return stream below that of the 
entering stream as shown by the broken line. The exchanger could not have worked 
under the conditions specified to the heat exchanger designer because the central 
isothermal portion had a negative temperature difference between streams. 

D. Maldistribution of Flow 

If the flow is not uniformly distributed over the heat transfer surface 
or, still worse, if portions of the stream bypass the surface entirely, there are at least 
two adverse effects. 

First, considering only the case of surface bypassing for purposes of 
example, the velocity and, hence, the fUm coefficient, h„, are decreased by depar- 
ture of a portion of the total outside stream from the available flow area through the 
active tube surface. 

Second, the bypass stream reaches the exchanger outlet uncooled (or 
unheated) in the worst conceivable case, and only there mixes with the active 
stream. The resultant outlet temperature, T 2 , is given by 

T 2 = xTi+ ( 1 - x) T2* = T2 + X (Ti- T2* ) , (k) 



Karl A. Gardnar 


where x is the fraction bypassed, T] is the inlet temperature, and Tj' is the outlet 
temperature of the active stream whose flow fraction is (1 ~ x). Obviously, if the 
desired heat duty is to be accomplished, T 2 ' must be reduced (in the case of cooling) 
to 


Tj' = T2 - 



(5) 


and the effective mean temperature difference may be severely reduced, depending 
on the magnitudes of the bypass fraction, the cooling range, and the coolant inlet 


temperature. 

These adverse effects on hgand ^t|„ may be drastic in the case of 
cooling viscous streams, as pointed out by Tinker [1] ("') more than 20 years ago, 
since the increasing viscosity of the active stream forces more and more of it to take 
the less viscous bypass route. It is appropriate to include Tinker’s well known 
visualization of the various flow paths here as Figure 4. 



The obvious cure for 
both these undesirable effects is to de- 
sign so that bypass paths are minim- 
ized, especially those between baffle 
peripheries and the shell (axial bypass), 
and between the outermost tubes and 


Fig. 4. Flow Path, of Variou. Stream, through the Shell (crosS-flow bypass). Untubed 

of a Cross-Baflled Exchanger (Courteay of T. Tinker, and lanes through multi-pasS tube bundles 
American Society of Mechanical Engineer.) necessitated by pass-partitions in the 

heads may, depending on their orien- 
tation with respect to flow, also provide bypass paths. The means normally adopted 
to control bypass are anti-bypass strips or dummy tubes deliberately inserted into 
the tube layout, and judicious location of tie-rods at the tube bundle periphery. 

Another cause of degradation of heat transfer capability due to flow 
distribution is the existence of stationary eddies (backwaters) which the main stream 
energizes but does not penetrate or sweep away. Such zones are probably not as 
prevalent as one thought except where sedimentary or particulate deposits may 
block the normal fluid escape routes through the annular orifices between baffles (*) 


(*) Suptncfipct refer to the Refcreneei listed at the end of this treatise. 
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and tubes. Under such circumstances, not only the heat transfer coefficient and 
effective temperature difference suffer, but the pressure loss as well. While the heat 
exchanger designer may be helpful in minimizing such pockets, the system desi^ 
should provide for necessary screens, filters, or traps. 

E. Gas or Vapor Blanketing in Two-Phase Flow 

Heat transfer surface may become insulated to varying degrees by accu- 
mulation of poorly conducting substances, gaseous or solid. The latter b discussed 
later under “Fouling.” 

1. Condensing with Noncondensable Gas 

In condensing vapors in the presence of noncondensable gases, the gas 
concentration necessarily increases as condensation proceeds. The vapor can arrive at 
the heat transfer surface only by diffusion through a surface film at a rate dependent 
upon the difference between its partial pressure in the bulk of the stream and that at 
the tube wall, and dependent also on the effective thickness of the fllm, which varies 
inversely as a power of the velocity. The resultant gas blanketing toward the conden- 
ser outlet may reduce an initial high condensing coefficient almost to zero as the 
outlet is approached, unless appropriate design measures are taken to maintain a 
high flow velocity of the gas-rich vapor past the heat transfer surface. It is particular- 
ly important to integrate the (UAt) product carefully in such circumstances. 

2. Vapor Blanketing in Boiling Equipment 

Boiling equipment also may be subject to similar vapor blanketing and 
insulating phenomena, but for entirely different and less well understood reasons — 
sometimes with far more serious results than mere failure to provide the required 
rate of heat transfer. 

One such phenomenon, known variously as “burn-out,” “departure 
from nucleate boiling (DNB),” etc., results from generation of vapor bubbles from 
closely spaced nucleation sites at such a high volumetric rate compared to die 
surface on which they are generated that a vapor film is interposed between the 
surface and the liquid. The consequence is “film boiling,” at a vasdy reduced heat 
transfer coefficient as compared to nucleate boiling. This phenomenon is primarily 
associated with initially high heat flux and may occur even when the bulk tempera- 
ture of the stream is below saturation temperature. 

Film boiling may also be initiated by excessive metal temperature, as 
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may be broug;ht about by momentary deprivation of an adequate liquid supply to 
the heating surface. This “Leidenfrost effect” prevents a renewed liquid supply from 
vretting the surface. Dry zones thus created may either heal themselves, increase 
their extent, or remain stable, depending on the ability (or lack of it) of the surface 
wall to conduct heat away to adjacent nucleate boiling zones. Thus, unstable flow, 
whether excursive or periodic in nature, can lead to establishment of film boiling 
under average flow conditions which, if steady, would not cause departure from 
nucleate boiling. Once established, film boiling normally persists even though the 
heat flux, due to the poor coefficient, necessarUy remains much lower than the 
critical value which may have caused it in the first place. 

Another phenomenon, appropriately termed “dry-out,” occurs as va- 
porization progresses to a point where much of the liquid content of the boiling 
stream exists in the form of droplets or mist, and the remainder is insufficient to wet 
the heating surface completely. This is primarily a function of vapor quality, al- 
though it varies also with many other parameters, including velocity, presence of 
centrifugal effects, pressure, and nature of fluid. The result of dry-out is, again, a 
very poor heat transfer coefficient which partakes of the nature of gas heating and, 
of course, reduces to a gas heating coefficient as complete vaporization is achieved. 

Although much work has been done since the advent of the nuclear 
reactor, it cannot be said that a comprehensive knowledge exists on how to avoid 
vapor blanketing problems in boiling equipment for all liquids at all pressure, tem- 
perature, and flow conditions. In critical applications, recourse must be had to 
testing of model equipment or, since scaling up from models is not without its 
hazards, full-scale prototypes. In less critical equipment, liberal factors of safety on 
all parameters known to increase the likelihood of vapor blanketing arc normally 
applied in the absence of actual test data. Examples are the restriction of heat flux 
to values of much lower than can probably be achieved, the deliberate introduction 
of high pressure loss into the water leg in boilers to avoid unstable flow, and the use 
of recirculating instead or “once-through” boilers to ensure against the problems of 
dry-out. 

The major undesirable result other than loss of heat transfer capability, 
referred to earlier in this discussion on boiling, is tube failure caused directly or 
indirectly by overheat. Thermal s&ess fatigue caused by alternate local wetting and 
drying of the tube wall at the indeterminate mobile interface where dry-out occurs is 
also a matter of concern. This will be considered in greater detail later. 
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F. Fouling 

Since Dr. J. Taborek, of Heat Transfer Research, Inc. (HTRI), will 
deal with fouling, in the next chapter, the following statements will be brief and 
historical rather than technical. 

There is no need to expound on the fact that pactically all nonmetallic 
solids are characterized by low thermal conductivity, and that if deposited on heat 
transfer surface by any mechanism whatsoever they constitute a heat transfer resist- 
ance, r^ and /or rj, to the detriment of the overall heat transfer coefficient, U,,. 
Recognition of this effect first took the form of a “fouling factor,’’ i.e., a multiplier 
less than unity applied to the overall coefficient for new, clean, equipment to 
provide some reasonable operating period before the apparatus was no longer cap- 
able of handling the specified heat load, and had to be shut down and cleaned. In 
those days, in view of the state of knowledge on heat transfer coefficients, a consid- 
erable component of the “factor’’ was necessarily a “factor of ignorance.” It may be 
surprising that the phrase “in those days” was applicable into the 1950’s for some 
classes of equipment- notably, surface condensers and feedwater heaters, as used in 
public utility installations. 

Other more enlightened users and designers of heat transfer equipment 
in the chemical and petroleum fields recognized the problem for what it was in the 
early 1 930’s, or perhaps sooner — namely, a resistance that should be added in series 
to the other resistances in the heat flow path. The question then was how much to 
add for what fluid, at what temperature, at what velocity of flow. Individual users 
and designers set their own values based on their own experience, or lack thereof. 
Needless to say, the fouling resistances so chosen differed considerably, even for 
superficially identical conditions. At the time of my entry into the heat exchanger 
field in 1936, rating and design of such equipment was very similar to custom 
tailoring, depending as it did on the desires and whims of individual clients. 

The Tubular Exchanger Manufacturers Association (TEMA) was found- 
ed in the late 1930’s in an attempt to establish standards for high-quality shell-and- 
tube exchangers which would embrace as many as possible of the requirements 
of individual users and designers. The first edition of the TEMA Standards 
(1941) [2] included, among many other things, a listing of recommended fouling 
resistances for various services. Subsequent editions expanded the list based on such 
field experience as was available. The fourth (1959) edition, of which I was editor, 
made clear what should have been obvious from the beginning — namely, that the 
tabulated values of fouling resistance, constants in most cases, could not possibly be 
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construed as taking into account the many physical and economic considerations 
necessary for optimization as outlined by Mueller |3] in 1954 in an invited lecture 
ieiies at Purdue University. They are, rather, intended as guides to be followed in 
the absence of other more reliable data. 

A semitheoretical approach to prediction of fouling was suggested in 
1959 by D. Q. Kern and R. £. Seaton [4, 5] and developed further by Kern in 
1966, [6] the basis being a deposition rate proportional to the mass flowrate and a 
suppression rate proportional to the shear of the flowing stream. A conclusion 
reached by Kern, et al., and also by C. H. Gilmour 171, was that it is frequently 
preferable to accept a high pressure loss, with its attendant higher pumping charges, 
to obtain the benefits of smaller equipment due to the combination of enhanced 
fluid film coefficient (h^ and/or hj) and reduced fouling resistance (r^, and/or r^] . 

The major scientific investigation of fouling sponsored by HTRl, and 
carried out in its laboratory and in portable field laboratories, will be dicussed by 
Dr. J. Taborek, as indicated previously. Suffice it to say here that this is, in this 
speaker’s opinion, the most important work currently in progress from the stand- 
point of economic optimization of heat exchanger selection for specified services. 

Fouling, like vapor blanketing, has other adverse effects than loss of heat 
transfer capabilities, especially when it occurs on the coolant side of high-tempera- 
ture equipment. In this case, tube overheat and failure may be a hazard. Beyond this, 
porous or spongy deposits may act as concentration cells for corrosive agents which, 
in combination with a higher corrosion rate at elevated temperature, may also lead 
to tube failure. Some deposits, however, arc beneficial if this, dense, and uniform. 
The thin, tightly adherent, magnetite film on steel boiler tubes is a good example in 
that it protects the underlying metal from the iron-water reaction which would 
otherwise proceed rapidly, and does so without any serious impedance to heat 
transfer. Finally, since pressure loss increases inversely as the fifth power of the 
diameter for flow inside tubes, fouling deposits there may, and often do have a 
severe adverse effect. The shell-side pressure loss may also be similarly affected. 

The obvious cure for fouling problems, aside from that proposed by 
Kern, et al., is to eliminate the fouling agent from the stream, but this is not often 
pacticable on process streams since the fluid itself is sometimes the fouling agent 
throu^ coking or polymerizing reactions. With recirculating streams such as boiler 
water, jacket water, cooling tower water, and the like, however, there is no reason 
why fouling cannot be controlled by the user to standards imposed by the designer. 
For sedimenting deposits, the designer may frequently exercise some control over 
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fouling by maintaining high velocity flow and avoiding abrupt changes in flow direct 
tion or velocity. 

Brittle deposits such as calcium sulfate scale on tubes may be removed 
periodically in some types of specialized exchangers. If the scale is on the outside of 
bowed or coiled tubes, occasional thermal shocking will crack it off by flexure or 
differential thermal expansion. If it is on the inside of vertical tubes, a falling film 
type of design may be adopted which permits mechanical cleaning while operation 
continues. (The deposit need not be brittle in this case.) 

Scraped surface designs with continuously rotating scraper blades are 
efficacious in the case of waxy or gelatinous deposits which would otherwise accu- 
mulate rapidly. 

Beyond these cases, however, the designer can only rely on empirical 
fouling resistances recommended by TEMA and/or other sources, meanwhile at- 
tempting to learn more about the mechanism of fouling in specific circumstances. 
The knowledge so gained in laboratories and in the field will ultimately make it 
obvious how the system or component should be designed to minimize the fouling 
problem. 

G. Closing Remarks on Rating 

Little has been said here which is really new in principle. Leidenfrost’s 
report on nonwetting of hot surfaces, for example, was written (in Latin) in 1756. 
Most deficiencies in exchanger rating are not due to ignorance of fundamental 
principles, nor even of lack of adequate data. They are, rather, the result of failure 
to apply what is known and to make conservative allowa'ice for what is unknown. 
However, to the extent that provision of more surface than is required may be 
considered an economic deficiency in rating, these remarks do not apply. 
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UI. DEFIQENCIES AS A CONTAINMENT AND PRESSURE VESSEL 

A vessel designed for the purpose of containing (or excluding) fluids 
under pressure is quite obviously deficient in its function if any path opens between 
the interior of the vessel and ambient including, in the case of heat exchangers, paths 
between one fluid and the other. The result may range in seriousness from a minor 
nuisance to near disaster, depending upon the nature of the contained fluids and size 
and stability of the leakage path. Contrast, for example, the consequences of a leaky 
gasketed joint in a lubricating oil cooler with a tube rupture in a liquid- sodium-heat- 
ed steam generator - an untidy spill of water or oil vs an almost explosive chemical 
reaction, which must be contained. 

Various causes of failure and methods for their prevention are consider- 
ed in what follows. 

A. Mechanical Design 

1. Pressure Vessel Codes and Standards 

Pressure vessels are normally designed for an acceptably safe level of 
stress at the most severe combination of pressure and temperature anticipated in 
operation. It is customary to recognize that bending stresses and self-relieving 
stresses, such as those caused by restrained thermal expansion, may be permitted 
higher levels than stresses due to pressure and dead-weight loads, for which no 
self-relieving mechanism exists. 

There are various standards and codes in existence throughout the 
world for the design of pressure vessels, in which allowable stresses are specified as a 
function of alloy, metal temperature, and nature of stress, and which also prescribe 
the design rules for specific vessel components. In the United States, at least, these 
codes are imposed by the separate states and some cities, and specified by most 
individual users. Almost all derive from the Boiler and Pressure Vessel Code of the 
American Society of Mechanical Engineers (ASME Code). [8] Practically all ordin- 
ary pressure vessel components are common with those of heat exchangers, so me- 
chanical design for safety, in view of available codes and standards, is not normally a 
problem. 
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2. Heat Exchanger Supplements to Pressure Vessel Codes 

There are exceptions or limitations to the design coverage for heat 
exchangers provided by the codes, mostly from the standpoint of ruggedness, opera- 
bility, and maintainability, rather than that of safety. For example, a flat cover plate 
may deflect enough under pressure to permit pass-partition gasket bypassing be- 
tween inlet and outlet compartments of the tube-side stream, even if it is in no 
danger of failure as a pressure vessel component. The TEMA standards, referred to 
before, provide design rules supplementing those of the ASME Code for these pur- 
poses; so also do the standards of the Heat Exchange Institute (HEl). [9] Both also 
set forth design rules for tubesheets; these are curiously lacking from the ASME 
Code, but not from other national and international standards, e.g., the British 
BS-1500, [10] the Dutch Stoomwezen rules, [11] and the forthcoming Internation- 
al Standards Organization (ISO) Pressure Vessel Standards. [11] (There are un- 
doubtedly others with which 1 am not familiar.) 

3. Differential Thermal Expansion 

A fairly common failing in heat exchanger design is the specification of 
fixed tubesheets without sufficient thought to the possible consequences in opera- 
tion. The economic temptation to this design (tubesheets integral with the shell) is 
considerable, since it is inexpensive compared to the floating head, removable tube 
bundle, alternatives with the same tube surface, if the shell-side stream is fouling, 
however, or corrosive, there is no access for thorough inspection or mechanical 
cleaning, although chemical cleaning may be used for some deposits. (In general, 
fouling streams should be directed through the tubes, not the shell, in any heat 
exchanger. Similarly, high-pressure streams should usually be through the tubes to 
avoid design for collapse. These two rules may occasionally conflict.) The main 
problem with fixed tubesheet exchangers, of course, is the restraint of free thermal 
expansion of both shell and tubes which may lead to buckled tubes or slipped tube 
joints, and ulimate leakage of failure. The use of an expansion joint in the shell will 
alleviate this situation, but at the risk of suffering a failure of this nonreplaceable 
part. More often than not, however, difficulties occur in fixed tubesheet exchanges 
which have no apparent need for expans^ion joints at the conditions for which they 
were calculated — normal operating conditions. The trouble usually is that a more 
severe condition has been overlooked — possibly startup, shutdown, or some process 
upset or emergency. 

Even floating-head exchangers arc not inherently immune to the differ- 
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ential expansion problems just mentioned since excessive temperature range on the 
tube side of multipass units may set up similar destructive stresses and/or tube joint 
loads between adjacent tube passes. Quadrant-type, four-pass tube layouts are partic- 
ularly susceptible to this difficulty, since the hottest and coldest tube passes are next 
to one another. The same condition in fixed tubesheet exchangers, of course, may 
agpavate a situation which is already marginal. A “rule of thumb” frequently used is 
that the average metal temperature difference between adjacent tube passes should 

not exceed 50“ F (28“ C). Figure 5 
illustrates the distinction between 
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Fig. 5. Various Four~Pass Tube Layouts, Showing Undesi- 
rable Juxtaposition of Hot and Cold Passes for Quadrant 
and Mixed Quadrant and Ribbon Flow (x). 


“ribbon” flow and quadrant flow, 
with some postulated average metal 
temperatures of the tube passes. While 
the ribbon flow tube pass arrangement 
does not violate the 50“ F limitation, 
the quadrant layout exceeds it by a 
factor of three; the mixed flow ar- 
rangement exceeds it by a factor of 
two. 


4. Vibration 

A serious cause of heat exchanger failure as a pressure vessel is vibration 
of its components, most particularly of its tubes. This may lead to failure by fatigue 
due to the attendant cyclic stress reversals, or to thinning of component walls by 
fretting wastage as a result of impact or rubbing of parts in contact with one 
another, such as tubes within baffle holes. The vibration may be mechanically trans- 
mitted from other sources, as may happen during shipment or in shipboard or other 
compact machinery installations where the carrier may be a common supporting 
structure or the piping to rotating or reciprocating machinery. It may also be fluid 
transmitted, as in the pulsating stream from a reciprocating compressor. Finally, and 
most worrisome, vibration may be induced within the exchanger itself by a perfectly 
steady flow. 

Flow-induced vibration is worrisome because it is not thoroughly un- 
derstood, although much has been done within recent years, both theoretically and 
experimentally, to elucidate the phenomena involved, of which there are several. 
Most familiar is the alternate shedding of eddies from the downstream side of tubes 
aitd other obstacles in the flow stream, with resultant periodically alternating lift 
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and drag forces on the obstacles. Whether the eddies have the nature of the von 
Karman vortices shed by single cylinders in a stream when multiple cylinders are 
involved, as in a tube bundle, is not so important as the demonstrated facts that: 

1 ) Periodic forces arc exerted on the tubes in tube bundles above some minimum 
Reynolds number. 

2) The frequency of these fc^es increases linearly with the cross-flow velocity over a 
wide range of Reynolds numbers, thus implying the constancy of the dimension- 
less Strouhal number, S = (pdo/V), in whicl) v is the frequency, V the flow 
velocity, andd^ the outside diameter of the tubes. Although the Strouhal number 
is essentially independent of the Reynolds number up to approximately 200,000, 
it does depend on the tube arrangement and the spacing-diameter ratios in the 
transverse and longitudinal flow directions as shown by Chen [13] and Gregorig 
and co-workers. [14, 15, 16] The Strouhal number itself may range from 0.1 to 
0.5, but for customary tube layouts the range is of the order of 0.2 to 0.3. 

3) As the Reynolds number is increased above approximately 200,000, the energy 
associated with periodic eddy shedding becomes overshadowed by the increasing 
turbulent energy over a wide spectrum of frequencies and ultimately becomes 
imperceptible. The random buffeting of turbulent eddies near the natural fre- 
quency of the tubes, however, is still capable of exciting tube vibration and 
increasing its amplitude with increasing intensity of turbulence. 

The vibrational amplitude, and hence the potential for causing damage, 
is a function of the forcing frequency, the tube natural frequency, the degree of 
damping, and the static deflection under a steady load of the same magnitude as the 
maximum of the periodically varying applied load. Figure 6, from den Hartog, 
[17] shows in dimensionless form the nature of the 
relationship between these variables. C is a measure of 
the degree of viscous damping, C^. being the value of 
critical damping above which vibration is not sustained. 

The ratio shown as abscissa is that of the exciting fre- 
quency to the natural frequency. The ordinate gives the 
ratio of maximum amplitude to static deflection. 

Inspection of Figure 6 makes clear in a 
quantitative manner the well known fact chat a resonant 

Fig. 6. Amplitudes of Forced 

condition exists when the forcing and natural frequen- Vibration for Vanous Dc- 

cies are nearly the same, and that such a situation is to grccs of Damping (den Hartog). 
be avoided at all costs unless a high degree of damping is available. For a heat 
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exchanger subject to variable flowrate, it is also seen that it is desirable that the 
forcing frequency be less than, say, 75% of the tube natural frequency, and pre- 
ferably less. This is not to say that operation at 125% , or more, would necessarily 
be any more hazardous, although a higher harmonic of the tube frequency might be 
excited. Nevertheless, to reach 125% it is necessary to pass through 100% as the 
flow is brought up to full load and, if steady operation at part load is required, it 
could readily fall at a resonant condition. 

If the maximum cross-flow velocity is known, the forcing frequency is 
readily determined from the Strouhal number appropriate to the tube layout, thus: 


V = SV/d 

o 


( 6 ) 


One difficulty is that V cannot be determined accurately without some sort of 
stream analysis. (Of course, if the full stream is assumed to go in cross-flow between 
adjacent baffles, and the resultant frequency is still sufficiently less than the tubes' 
natural frequency, this problem does not exist.) 

The tube natural frequency is given by: 


o f m 


(7) 


where 

p = baffle spacing 
E s elastic modulus of tube material 
I = moment of inertia of the tube cross section 
= gravitational constant 

m = mass per unit length of tube wall, tube contents, and virtual mass of the 
shell fluid, 

all in consistent units. This constant, C, is normally taken as 1.57 for the tube spans 
between adjacent baffles and 2.45 for the spans between end baffles and tubesheets, 
considered, respectively, as simply supported at both ends, and built in at one end 
and simply supported at the other. These values are for the first mode only. 

Other things being equal, the cross-flow velocity in Equation (6) varies 
inversely as the baffle spacing, P, and so does the forcing frequency, p. Since the 
natqral frequency, Pq, varies inversely as P squared, the frequency ratio of interest - 
for use in Figure 6, p/p^, varies directly as P. All other thinds ate not equal, however 
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because the fraction of the total shell stream which goes in corss>flow decreases 
as P decreases, but not in a directly proportional fashion. Thus, to decrease by a 
factor of two does not require halving the baffle spacing. Frequently the reduction 
of P is unacceptable because of the increased pressure loss which results; in such 
cases recourse must be had to other baffle arrangements, as will be discussed later. 

With the foregoing rather oversimplified background information, con- 
sideration may be given to some of the options available to the designer to avoid 
vibration problems. For mechanically or fluid-transmitted vibrations, the choice of 
baffle spacing and clearances normally provide sufficient freedom in determining the 
natural frequency of the tubes and their maximum deflection. The latter can also be 
reduced by alternating the natural frequency of adjoining tube spans by using non- 
uniform baffle spacing so that each tube span exerts a snubbing influence on its 
neighbors. For flo-induced vibration, a brief historical comment will be of interest. 

Whatever vibration problems that may have existed in the infancy of 
the heat exchanger industry had been essentially eliminated by restraints imposed on 
maximum unsupported tube spans and tube-to-baffle clearances. These were codi- 
fied by the TEMA standards (2J at a time when shell diameters of exchangers rarely 
exceeded 40 in. (1000 mm). The rules adopted were basically empirical, and no 
velocity restraints were imposed. Nevertheless, the rules worked and tube vibration 
problems were very seldom encountered over a period of 20 or more years. 

In the early 1950*s, for the first time, the nuclear power industry 
demanded the transfer of vast flows of heat, not through water tube boilers as in the 
past, but through heat exchangers. As a result, in order to reduce the number of 
shells required, the diameters of the heat exchangers designed increased by a factor 
of 2 or more, i.e., to 80 to 100 in. (2000 to 2500 mrn). The designers, as often as 
not, were architect-engineer employees without previous experience or intuitive 
sense of propriety in design. The trouble began in the late 1950's as these items of 
equipment finally came into operation at specified flowrates, whereupon a disturb- 
ing incidence of tube failures by vibration became evident. 

Time and space do not permit pursuing this size effect on vibration in 
detail. The basic reason for the problem was, however, that years of essentially 
trouble-free operation of small to medium-sized exchangers — with little or no 
thought of velocity limitations — had led to an unwarranted sense of security in 
relying only on the TEMA-specified maximum unsupported tube spans. The greatly 
increased flows per shell necessitated considerably greater velocities with this con- 
straint on baffle spacing, and the ratioa of approached or passed the critical 
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One method of reducing cross-flow velocities, and hence exciting 
frequencies, is shown in Figure 7. This, and its variants, effectively divides the shell 
stream into parallel paths within the exchanger, each having only a fraction (in this 
case, 1/2) of the cross-flow velocity it would have with ordinary segment-cut baffles. 
The net effect is to create a no-flow condition across a chordal (diametral, in this 
case) plane which has the same effect as an actual partition. This is even more 
effective in reducing pressure loss , since the number of tube layers crossed is also 
reduced. 



Fig. 7. Divided Flow Design to Reduce Cross-Flow Velocities. 


B. Defective Materials and Workmanship 

It miglit be thought that the designer has no control over shortcomings 
of a heat exchanger as a pressure vessel caused by defective materials or faulty 
workmanship — that this responsibility rests with the materials vendors and with the 
fabrication shop. While this may be true in a legalistic sense, the designer’s con- 
science cannot be clear if he has imposed a configuration on the shop or the inspec- 
tors which strains the bounds of current technology or non-destructive testing. When 
design innovations are contracted for, engineering, shop, and inspection departments 
should all be in agreement that the design is feasible and the integrity of the product 
verifiable. 

C Suitability of Materials to Fluid Environment 

It is obvious that the materials of construction of heat exchangers 
should retain their integrity in the fluid environment to which they are exposed, if 
they are to survive as pressure vessels. Parts such as tubes and floating heads are 
exposed to two fluids, and a material compatible with both sometimes does not 
exist. To the extent that oxidation is a problem, similar considerations may apply to 
external components such as the shell and heads. Loss of integrity may occur in 
various ways, as discussed in the following. 

1. Wastage 

Wastage is a generic term for actual loss of metal encompassing the 
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mechanisms of corrosion, erosion, wear, and fretting, but not degradation of physi- 
cal properties. 

Corrosion reduces the thickness of pressure parts by chemical reaction 
with an aggressive agent in the ambient fluid(s}. It may be uniform in nature, or of 
the pitting type. If uniform, and at a slow rate, it is often acceptable to use inexpen- 
sive materials such as carbon steel with excess thickness of parts, i.e., a corrosion 
allowance. With pitting corrosion, however, it is necessary either to use a nobler 
alloy, full thickness or as a cladding, or to treat the fluid to remove the aggressive 
agent as is done with boiler water treatment, for example. Cladding may of course 
be used as a substitute for uniform corrosion allowance. It should be understood 
that the cladding need not be metallic in all cases; Teflon coatings, or the like, are 
often used. 

Erosion, sometimes abetted by corrosion, involves the physical removal 
of material by such mechanisms as scouring and cavitation. It is associated with areas 
of high flow velocity and/or sharp changes in flow direction, usually involving 
two-phase flows. Although some metals have superior erosion resistance, it is seldom 
warranted to use them for entire components, since erosive effects are so highly 
localized. 1 do not feel qualified to offer advice on erosion prevention beyond the 
obvious items of avoiding high velocities in two-phase streams, providing sacrifical 
excess material in areas of high velocity impingement, and streamlining entrance 
regions. 

Wear and fretting have been discussed earlier from the standpoint of 
prevention by controlling vibration by proper design. It may be added here that 
wastage by these mechanisms is minimized by the use of materials of similar chemi- 
cal composition and physical hardness for contacting parts susceptible to rubbing 
and impact. Admiralty metal tubes and commercial brass baffles are compatible 
from this standpoint; aluminum Cubes and steel baffles are not. 

2. Degradation 

Degradation, as used here, refers to the loss of desirable physical prop- 
erties, such as strength and ductility, without actual loss of material. This can come 
about by such mechanisms as corrosion embrittlement, mass transfer of alloy con- 
stituents, and fatigue, all affecting the metallurgical structure of components. 

Embrittlement is known by many names, in American usag^ at least, 
depending upon the alloy affected. With brasses, it is called “season cracking,” and 
with austenitic steels, “intergranular corrosion.” Quite low concentrations of cotro- 
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4ive ^nts, 'differing from one matrial to another, are capable of reducing an orig- 
inally sound ductile material to a mass of weakly joined crystals much like a lump of 
sugar, and vnth about as much strength. In ferritic steels, "caustic embrittlement" 
and “hydrogen embrittlement" have similar effects but, in this case, usually require 
some concentrating mechanism. Local dry-out in crevices in stressed areas such as 
tube joints in exchangers «dll serve this purpose in the case of caustic. Corrosion 
deposits in an acidic environment set up concentration cells for hydrogen attack. 

“Stress corrosion cracking” is another mechanism for degradation, usu- 
ally associated with austenitic materials but not necessarily confined to these alloys. 
The failure in this case is by extensive cracking networks, usually transgranular, 
originating at areas of high tensile stress in the presence of specific corrosive agents 
above some minimum concentration. The agent need not be present in the environ- 
ment at this triggering concentration; crevices, again, often serve to provide the 
necessary strengthening mechanism. In the case of austenitic steels, chloride ion in 
the presence of oxygen, or hydroxyl ion, are the most troublesome agents. 

As can be seen from what has been said to this point, material degrada- 
tion as a result of corrosive agents in the environment is best attacked in the design 
phase by elimination of crevices and pockets where corrosion products can accumu- 
late and, of course, by proper choice of materials. 

Mechanical fatigue results from repeated cycling of strain through a 
range usually, but not necessarily, exceeding twice the strain at yield. The methods 
for control of vibrational amplitudes, and hence bending strain, have been discussed 
previously. Thermal fatigue results from repeated excessive strains due to restrained 
differential expansion within various components of a heat exchanger because of 
thermal transients in operation. Thermal shields or sleeves are effective in reducing 
the severity of transients, but obviously cannot be applied to tubes. 

Although seldom encountered, and perhaps peculiar to liquid metal 
heat transfer systems, the mass diffusion of alloy constituents as a result of thermal 
gradients should be mentioned under metal degradation. If the system includes both 
austenitic and low-alloy ferritic material, even though the latter is at a lower temper- 
ature, there is a diffusion of carbon out of the ferritic zone into the liquid metal 
and, form there, into the austenitic zone. The consequence is reduction of strength of 
the ferritic material and reduction of ductility of the austenitic. The designer should 
make allowance for this in the permissible stresses or utilize higher alloy ferritic 
materials less susceptible to carbon transfer. 




Anticipation of Operating Piroblanns in the Design of Heat Transfer Equipment 41 


3. Crevices and Pockets 

Although it should be amply evident from all that has been said so far, 
it is worth repeating that no-flow pockets and crevices are to be avoided in design 
for many reasons. One that has not been mentioned so far is the tendency of some 
organic streams to coke progressively in hot zones. The build-up of coke in hot tube 
joints has been known to collapse the tubes in many installations due to its exertion 
of constantly increasing external pressure. In any instance where tube joints do not 
require expansion throughout the full tubesheet thickness for the sake of holding 
power or leak tightness, consideration should be given to a "back-face” expansion to 
prevent access of the shell fluid to the crevices between tubes and tube hole walls. In 
many cases it is not a matter of concern; in others, it may be essential. 

D. Interleakage of Heat Exchanging Streams 

If contamination or intermixing of one heat-exchanging stream with 
another must absolutely be avoided for any of various reasons, there are several 
design options available. Among these are double tubesheets and double wall tubes. 
The designer, here, attacks the consequences of leakage in addition to normal provi- 
sions against leakage. 

1. Double Tubesheets 

When tube walls arc in little danger of failure, but tube joint reliability 
is mistrusted, the use of closely spaced tubesheets with tubes expanded into both is 
indicated. The space between them may be used to monitor for leakage of either 
fluid through the tube joints; in the case of floating heads, at least one tube must be 
used as communication between the intermediate space at the floating end and that 
at the stationary end. The possibility of differential radial thermal expansion be- 
tween both tubesheets of a pair must be given special consideration to assure that this 
construction does not create more problems than it solves. 

2. Double Tubes 

If both tube walls and tube joints are considered interleakage risks, 
concentric tubes may be used, each connected to one of the tubesheets of a pair, 
with monitoring space between tubesheets as described before. Thermal coupling 
between inner and outer tubes may be by direct metallic contact (with leakage 
detection grooves) , or by an intermediate fluid such as mercury or sodium-potas- 
sium eutectic. Needless to say, these cons^tructions are not often adopted, but both 
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luve been used succesfully in nuclear steam generators. 

One other application of double tubes does not require concentricity, 
but utilizes instead the conductivity of closely spaced metallic fins into which both 
tubes are expanded for thermal coupling. 

Concentric bimetal tubes may also be the only solution for corrosion 
problems where no single metal has the necessary resistance to attack by both fluids 
in a heat exchanger. When used for this purpose, the tubes are drawn down to size 
together to provide compressive metal-tO'metal contact. In this case double tube- 
sheets are not necessary; instead, the inner tubes are expanded into cladding material 
on the tube-side faces of the tubesheets. 

IV. CLOSING REMARKS 

In conclusion, it is hoped that this discussion of possible operating 
difficulties with heat exchangers has been instructive in the aggregate, even though 
no single topic has been treated in any depth. It should be evident that mastery of 
heat transfer and fluid mechanics alone is not sufficient to ensure a satisfactory 
design. Neither is expertise in any one of the several other disciplines involved. Since 
the individual who is master of them all is rare indeed, a close cooperation and 
mutual understanding among experts is necessary for all but the most routine design 
conditions. 
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Chapter 3 

DESIGN METHODS FOR HEAT TRANSFER EQUIPMENT- 
A CRITICAL SURVEY OF THE STATE-OF-THE-ART 

J. Taborek (*) 

1. GENERAL COMMENTS AND OBJECTIVES 

In this chapter we shall attempt to summarize some of the most 
important aspects related to the process of designing functional heat transfer 
equipment. By its very nature, this problem involves bridging the gap between a 
research type of analysis and the most practical level of engineering, if we consider 
the responsibilities facing a designer of heat transfer equipment, it is not surprising 
that the methods of design which are actually employed are inherently conservative 
and rarely reflect the latest status of academic research. In this sense, the tremendous 
worldwide effort in heat transfer research which is in progress produces results 
which rarely reflect directly the needs which a heat transfer equipment designer 
must face. Even in instances where research efforts are pertinent to practical design 
problems, the form of the results is often left in a state which the designer is 
reluctant or outright unable to employ. 

We shall try to demonstrate that this does not need to be so and that 
research results can be meaningfully incorporated into the practice of heat transfer 
equipment design. Although limited by the allotted time and scope, examples have 
been selected with the particular hope of demonstrating the potentially effective 
results of such an attitude. 


2. TUBESIDE FLOW 

2.1 Tubeside Heat Transfer (Turbulent Flow) 

This is the most fundamental problem in heat transfer and has been 
subject to research work since Reynolds recognized the basic principles in the 


(*) Heat Transfer Research, Inc. (HTRl) Alhambra, California 
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1870’s. Unfbrtunately, we are still searching for an adequate solution. Two methods 
of actjuk on this problem presently exist: 

a) Analytical, attempting a fundamental solution of the basic equations describing 
the velocity and thermal profiles. Even though representing an ideal and ulti- 
mate solution, these attempts have been unsuccessful so far with respect to 
practical design considerations, especially if variable physical properties are 
considered. 

b) Empirical solutions are generally accepted for industrial design practices which 
have to accomodate a wide variety of fluids. The basic correlation form can be 
expressed as 

(»u),= C(Re)"'(Pr)>'* (l) 

where C and m are interrelated constants, particularly fitting a given data set 
(e.g., m = 0.7 to 0.9) 

n is usually presented as a constant varying between 0.33 and 0.6 

0p accounts for the flow and thermal profile distortion between 

heating and cooling and is usually expressed as viscosity (or 
Prandtl number) ratio to a certain power for liquids or absolute 
temperature ratio for gases 

x is reference temperature to the physical properties used in eval- 

uation of the dimensionless numbers. Bulk, film, wall and in- 
termediate temperatures have been used in numerous published 
correlations. 

In essence, the dilemma is between accuracy of a correlation and its 
ability to represent a wide variety of fluids under heating and cooling conditions. 
Hie large number of published correlations, usually based on limited data sets, 
makes the choice for an industrial designer difficult, with no authoritative evaluation 
offered any where. 

For a limited range of physical properties, almost ideal solutions can be 
obtained. However, with spread of the physical properties representing a typical 
petro-chemical application, the error band produced by the best of this type of 
equations is ±40 percent, a rather unsatisfactory state of affairs considering the 
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basic nature of the problem. 

Newest developments suggest that the empirical equation form (Eq. 1 ) 
should be modified as follows: 

Nu - Cl I^Ci+f (Rei^f (Pr)"j0'* (2) 

where f(Re)'" reflects behavior of fluid group (such as water versus organics) 

f(Pr)" becomes function of Pr itself as required by data and theory, as- 
suming usually the form, n = Ca ~ C 4 In Pr 

0p becomes function (as exponent p) of Reynolds number and possi- 
bly the viscosity slope relations (for liquids) 

This equation form accomodates a greater variation of physical proper- 
ties and, therefore, more general applicability. The error range still remains at ±25 
percent. Special fluid groups, e.g., water, still may require different correlations for 
best results. 

A variety of solutions of the empirical-type tubeside equation is to 
remain in publications for many years to come because definite analytical solution 
acceptable for industrial applications is not in sight. What can be done in the mean- 
time and what appears as a genuine challenge to the international community of 
heat transfer researchers can be summarized as follows: 

a) Comprehensive evaluation of all the published empirical equations on a wide 
variety of data sets, establishing clear trends for future investigators. 

b) Systematic attack on the outstanding problem of the heating-cooling correc- 
tion factor, <f>, which (originally derived by Sieder-Tate as the bulk-to-wall 
viscosity ratio from purely empirical data plot considerations) acts presendy in 
correlational work as a catchall for the accumulated errors and is probably the 
least understood factor in the type of Eq. 2 if general validity to a wide quality 
of fluids is considered. 

The importance of this work is further emphasized by the fact that 
tubeside derived correlational principles are adopted as a guide to other heat transfer 
geometry systems, such as flow across tube banks, flow in rectangular ducts, finned 
tubes and others. If we can not solve to reasonable perfection tubeside flow, the 
same gaps will obscure other systems correlations. 
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2.2 Tubeside Flow Heat Transfer (Laminar Flow) 

Laminar flow inside cubes is of great industrial importance in the petro- 
chemical industry. While a large bulk of publications on this subject exists, it 
cannot be claimed chat the problem has been resolved. Classical analytical solutions 
all failed to produce dependable design methods. Through numerical integration of 
the nonlinear partial differential equations, solutions may be possible with the help 
of extremely fast digital computers but will remain in the forseeable future imprac- 
tical for industrial applications. 

A number of empirical or scmi-empirical equations were published and 
used in practice. Contrary to turbulent flow, the basis of the pertinent temperature 
difference must be observed. In the familiar equation 

= h A AT (3) 

the term AT may assume various definitions as long as it is consistent with the 
development and definition of h. The two most common cases for laminar flow are 

a) parabolic velocity profile and arithmetic mean temperature difference 

b) parabolic velocity profile and logarithm mean temperature difference (LMTD) 

The two cases plotted as Nu versus Gz appear as shown in Figure 1. It 



Pig. 1. Theoretical Average Ideal Laminar Heat Transfer Coefficients. 


can be noticed that above Gz ^ 20 the two cases coincide. Below the critical Gz 
however, considerable differences may exist, as the log mean based solution transits 
into a constant Nu. This basic difference is rarely explained in text books. 

Hie most popular and simple to solve correlation is due to Sieder and 
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Tate which (frequently unnoticed by the user) assumes the arithmetic mean AT 

<''“>.,lthn-,-2-02(BePr2) (jt) (4) 

Here the difference between the theoretically derived constant 1.75 
from the Graetz solution and 2.02 used was explained by natural convection which 
was otherwise neglected. As can be readily seen, for low Gz numbers (very large L) 
the equation if used with LMTD will break down. 

Typical of the LMTD based solutions is that of Hausen [ 1 ] 

0.14 

'Kmtd <51 

which transits into the theoretically justified constant Nu if Gz -*• 0. However, in this 
form, the equation does not account for natural convection and substantial errors 
will result under some conditions. 

As a result of our extensive investigations, a new correlation type was 
developed, represented in principle as 

"“I.MTD A <«) 

w 

u^ere Re’*' is a vectorial summation of Re and Gr. 

Notice that the powers on Re*, Pr and (D/L) are different, due to best 
results obtained by progressive regression analysis. About 85 percent of the available 
data was predicted within ±30 percent by Bq. 6. This compares with only 35 
percent of the (Lita within the same error level predicted by the Hansen equation. 
However, considerable further work remains -to be done, especially as numerical 
solutions of the analytical forms of laminar flow will suggest improved combinations 
of correlational groups. 

Somewhat different solutions will be obtained for vertical (up or down) 
flow and cooling or heating as the temperature profile changes for each case. Very 
little work has been done to date on these problems and errors will frequently reach 
±1 00 percent levels. 

The problems of laminar flow are further aggravated by the potential 
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efifecty of maldistribution which can frequently cause poor functioning of multitube 
heat transfer equipment. In laminar flow heating of viscous liquids, a stable flow 
system usually results, but for cooling, the system is inherently unstable. If for what- 
ever reason the flow or temperature in one tube becomes less than that of the re* 
maining ones (possible effect of shellside stream maldistribution), a lower heat trans- 
fer coefficient will result with progressive decrease of the flow until a possible 
*’£Eeeze-up” results. Design of multitube viscous liquid coolers requires therefore 
some precautions as to equalization of flow distribution and potentially as a “mal- 
distribution safety factor," a problem which is completely ignored by present 
research. 

2i3 Pressure Drop Inside Tubes 

Isothermal turbulent flow friction factor appears to be represented 
quite correctly in the customary forms. However, for nonisothermal applications, 
the use of the Sieder-Tate bulk-to-wall viscosity ratio factor to 0.14 power appears 
to be an empirical simplification worthy of further investigation. 

In laminar isothermal flow, the classical solution of f-factor versus 
Reynolds number appears to hold quite well. The problem becomes complicated for 
nonisothermal conditions and effects of natural convection. Several different ap- 
proach methods exist, none producing solutions of desirable accuracy. In a recent 
test against a large data bank, the writer determined considerable errors (up to 300 
percent) especially in deep laminar flow cooling, using presently accepted method 
with the viscosity ratio to a constant power. A modified correction function was 
found necessary, expressed as a function of the isothermal friction factor, fjjQ, and 

(dP, ry- 

f - (7) 

where 0P = the p/Mw f&tio, p not being a constant but a hyperbolic function 

0 = the effect of natural convection expressed as a function of the group 
(Pr.Gr) 

- In transition flow, the 0 fimction has to blend into turbulent correla- 
tions while the natural convection correcnon factor 0 has to decrease to 1.0. The 
solution of this problem is fllusttated in principle in Fig. 2. 
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Ratio Wall to Bulk Temperature 

Fig. 2. Ratio of Actual Friction Factor to Theoretical Isothermal Friction Factor as Function of the 
Wall-to-Bulk Temperature Ratio. 

2.4 Transition Flow Heat Transfer 

Transition flow assumes considerable industrial importance as in many 
cases it can not be avoided because of other design considerations as well as that 
in many exchangers the flow transits from turbulent to laminar between the 
inlet and outlet of the exchanger. A survey of literature produced seven existing 
correlations for the transition region, represented by four different typical methods 
of approach; 

a) Graphical connection of the laminar and transitional correlations plotted as 
Nu/Pr versus Re. This method is possible only if natural convection effects are 
neglected in the laminar correlation and both laminar and turbulent equations 
are fully compatible in all other terms. (Seider-Tate and Kem). [5] 

b) Extensions of the turbulent correlation into transition range. (Hausen and 
Kuznetzov) ( 1 , 22] The disadvantage is that no connection is established to 
the laminar range correlation, thus leaving a potentially disturbing step- 
function. 

c) A unique, independent empirical correlation is developed for the transition 
region. (Metais and Norris) [23, 24] The disadvantage of this method is that a 
smooth connection is not established to either turbulent or laminar range equa- 
tions. 

d) Semitheoretical correlation is developed with validity for transition region 
only. (Gill) [25] (Same comments as for (c)). 
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As it is obvious that each of the presently existing methods shows some 
basic disadvantage, especially the disturbing step function at the boundaries, a new 
and much more promising method is proposed, defined as a proration function 
between the laminar and turbulent conditions 

u^iere and Nu^urb are evaluated at Re = 2000 and 1 0000 respectively and 
S) is an empirical function to be determined from data. 

Thus, the natural convection effects and the L/D term typical to lam- 
inar flow blend systematically into the turbulent regime (where both effects are 
negligible) disregarding the type of equation used in either regime. 

2.5 Flow Patterns in a Shell-and-Tube Exchanger 

An additional problem in pressure drop prediction exists because of the 
design of a typical shell-and-tube exchanger. The flow path on the tube side of a 
shell-and*tube exchanger is rather complicated — a fact which is frequently not 
realized and not taken into proper account in the performance calculations. The 
figure below illustrates the main principles for a 4-tube pass internal floating heat 
construction. 
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Fi^ 3. Flow Patcern in a Shell-and-Tube Exchanger (4-Tube Pastes). 


The following pessure drop stages are encountered: 

(1 ) The inlet nozzle loss (stream expansion), function of design geometry 

(2) Qyntraction loss at the entry into the first tube pass 

(3) Expansion, turnaround and contraction in the floating head (if applicable) or 
turnaround only in U-tube bundles 

(4) Expansion, turnaround and contraction in the channel 

(5) Expansion from the last tube pass into the channel 
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(6) The exit nozzle loss (stream contraction] 

(7) The firictional loss in the tubes proper 

It is interesting to notice that the various pressure losses are never dealt 
with in heat transfer texts even though their magnitude can be considerable or even 
predomiiunt with respect to the tubular friction loss proper, especially with low 
pressure gases and similar streams. In gross approximation, between one-half and 
two velocity head pressure loss is encountered at each of the above points. Data or 
dependable predictive methods are practically nonexistent outside of proprietary 
sources. 

For shellside flow, the problems are even less understood as the flow 
from the nozzle enters a tube field with difficult to specify geometry. Nevertheless, 
the measured pressure drops in the nozzle-to-tube field transition can attain as much 
as SO percent of the total pressure drop in the exchanger proper. Dependable data 
are nonexistent outside of proprietary sources and much more systematic work 
remains as a challenge to practically oriented researchers. 

3. FLOW ON THE SHELLSIDE OF SHELL-AND-TUBE EXCHANGERS 

We shall dwell on this subject at some greater length because of the 
universal importance to industry and the fact that this problem has been rather 
neglected lately in the literature. The shell-and-tube exchanger was introduced into 
industrial practice in the early 1900's when demands grew (particularly from the 
emerging process industry) for equipment which could handle relatively large heat 
loads which could not be satisfied by simple, single-tube devices. Muldtubular equip- 
ment with its versatility was a natural answer. Early performance studies by U.S. and 
German sources go back to the 1910’s and are usually based on ide<d tube banks. 
The early heat transfer equations assumed the tubeside based -form 

Nu = C Re"^" (9) 

with Re based on tube outside diameter and minimum crossflow area of the 
tube layout 

m 0.6 for ideal tube banks (later confirmed for baffled shellside flow) 
n 0.33, taken from tubeside correlations 
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C 0.6 for staggered tube layout on ideal tube banks 


The inefficiencies connected with the nonideality of baffled flow 
suggested the need for adjusting the constant C which was typically reduced to 0.33 
for staggered layouts (60 percent effectiveness of ideal tube bank). This equation 
type appears in all the early design methods. 

The attempts to correlate pressure drop were much more difficult be- 
cause of the greater sensitivity of ^Pto the actual flow patterns (compared to heat 
transfer) and not until systematic data sets on tube banks were available did correla- 
tions of respectable accuracy appear. An authoritative critical review of the develop- 
ments on ideal tube banks was presented by Boucher and Lapple [2] (1948). Data 
in the laminar region were scarce until the work of Bergelin et al. [3] in 1952. 

The correlational form was borrowed again from inside tube formula- 
tions and appears as, 


AP = C 


f 


mn 


N 


re 


( 10 ) 


where f = friction factor derived from data and presented graphically as f(Re) 

Ginax= velocity based on minimum cross-sectional area in flow direc- 
tion 

= total number of tube rows crossed 

Subsequent developments concentrated on improving the correlations 
respecting the realities of baffled circular tube bundle flow. With the power of the 
Reynolds number confirmed as 0.6, the various approaches tried to adjust the con- 
stant C as a function of baffle geomerty. Later, and mroe successful attempts 
concentrated on solving the actual flow relations in the baffled tube bundle. These 
evolutions are described in the following. 


3.1 Methods of Calculation 


A. Integral Methods 

These methods, using the simple equation types described above, are 
termed “integral” as they consider the total flow as effective and introduce only 
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simplified correction factor to account for the effects of bundle geometry. The two 
representative methods of this group are due to Donohue [4] and Kern [5], both 
of which became very popular in the 1950*s [6] mainly because of the simplicity of 
calculations. However, the accuracy of the results is rather poor (especially for 
Kern’s method) even for average geometry design configurations (see below) and 
errors can reach rather alarming magnitudes of hundreds of percent (usually on the 
safe side), especially for pressure drop and laminar flow, 

B. Semianalytical Methods 

It was recognized in the late 1940’s |7J that better account must be 
taken of the actual flow distribution in the complex geometry of a baffled ex- 
changer. The first practical application using this approach is due to Bell [8] . In an 
adjusted form his method can be represented as a modification of the "integral” 
type equation, using a number of correction factors which account for the non- 
ideality of baffled flow. 

5^ - St - (0^) [0 f 7 M Pr-^ :u) 

where jj s ideal tube bank j-factor for any given tube layout 

0 = the baffle window correction factor which accounts for the different 
effectiveness of crossflow versus window flow 

( = the shell-to-bundle bypass stream correction factor, a (unction of the 
bundle bypass area (sealing strips) and, therefore, the type of bundle 
(fixed tubesheet, pull through, etc.) 

7 = the tube-row number correction factor. In turbulent flow, the effec- 
tiveness of heat transfer increases with the number of tube rows up to 
about 1 0 and then stabilizes. In laminar flow, however, the effect of 
"adverse temperature profile” (similar to the L/D factor in tubeside 
flow) develops with the number of tube rows crossed and must be 
accounted for [10] 

X = the combined correction factor for baffle-to-shell and tube-to-tube 
hole leakage streams 
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The combined effect of these coirection factors can range from almost 
the full effectiveness of an ideal tube bank (approximately 0.6} for a well-designed 
tube bundle to as low as 0.1 for poorly designed baffle geometry. 

Pressure drop is treated in a similar way, i.e., use of correction factors 
for the crossflow portion of the tube bundle (between baffle tips) and the flow in 
the window and window turnaround. A bypass and leakage correction factor is used 
to calculate the “effective streams’’which are related to ideal tube bank friction 
factors. Account is also taken of the fact that all streams combine in inlet and outlet 
baffle spacings. 

In the final appraisal, the method has definite advantages and definite 
weaknesses, summarized as follows: 

Advantages With a minimum amount of additional work, the effi- 
ciency factws of the individual streams account much more closely for effects of 
baffle geometry and manufacturing tolerances than can be accomplished by the pure 
integral methods. Despite the seeming complicacy, the method is, with appropriate 
graphical simplifications, relatively easy to use. 

Disadvantages The individual correction factors are independent of 
each other and, therefore, their interaction cannot be reflected in a way as the 
theoretical flow model suggests. While additional refinements could be made the 
overall approach is considered less effective than the stream analysis type described 
below. 

C Stream Analysis Method 

This method is based on the original work of Tinker [9J who recog- 
nized that the key to shellside flow solution is to divide the shell stream into a number 
of separate streams as shown in Fig. 4. In the order of decreasing efficiency, these 
are as follows: 

B-Stream: This is die true crossflow stream and is considered fully ef- 
fective for both heat transfer and pressure drop. Ideal tube bank correlations can be 
ap^ied to the effective flow velocity based on an average integral cross-flow area. 

A-Stream; This stream is created by the pressure differential driving 
force on the two sides of a baffle forcing fluid through the gap between tube and the 
baffle tube hole. Very high beat transfer coefficients were observed in the annular 
spaces and the A-stream can be consid^ed fully effective for heat transfer but 
rkcreasing the overall pressure drop. 
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Fig. 4. Diagram of Fluid Streams throu|^ Shell Side of a Heat Exchanger. 

GStream: The bundle bypass stream can attain very substantial values 
for pull through bundles without sealing devices. The stream is only partially effective 
for heat transfer as it contacts the heat transferring surface only on one side of the 
tubular field. Sealing devices, such as dummy tubes and strips, must be used for all de- 
signs with bundlc-to-shell clearances larger than approximately one tube layout pitch. 

F-Stream: Tube layout partitions of multitube pass bundles create 
open passages if placed in the direction of the main crossflow stream. Effectiveness 
of this stream is higher than for C-stream but blocking devices are again recommended. 

E-Stream: The baffle-to-shell leakage stream is not only considered 
ineffective but can contribute to considerable distortion of the temperature profile 
(see below). The magnitude of this stream can reach substantial values, especially in 
laminar flow and is difficult to estimate as the tolerances of the shell diameter versus 
the baffle diameter are hard to establish on a predictive basis. 

The relationship between the various streams, their associated resist- 
ances (Kj) and the resulting APean be represented in the following schematic 
diagram (documented in greater detail in Ref. [ 10 ] ). 

^///////////////. 5h.ll '///////////////A 


Window Piessuie Drop 



Fi^ 5. Schematic Model of Shelliide Flow Paths and Resistances across One Bafne Space. 
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Notice that the crossflow pressure drop, must be equal for 

streams B, C and F while the window pressure drop, AP^, serves as a driving force 
for the leakage streams A and £. For flow through the window, streams B, C, F and 
part of E combine. 

The flow rate of any individual stream, j, can be shown to form the 
following relation with the flow resistance factor Kj. 


for streams B, C, F: 

II II 

(12) 

for streams A, £: 

(13) 

with 

II 


where z = AP,^/AP^ and Sj is the associated 

flow area. 



The principle of the method is that the true flow rates of the individual 
streams are calculated first from the pressure drop relationships and then an “effec- 
tiveness” value is assigned to each stream for heat transfer calculations, defined 
separately for pure crossflow and window flow based on experimental values obtained 
under the various baffle geometry designs as shown in Fig. 6 below. 



Shell 

Diameter 


a. Small Baffle Cut, b. Medium Baffle, c. Large Baffle Cut, 
Large Baffle Spacing Cut and Spacing Small Baffle Spacing 



Fi^ 6. Flow Pattern as Function of Baffle Geometry. 


Coefficients a, 7, ^ are, in turn, functions of the baffle geometry. 

An interesting side observation must also be made with respect to the 
distortion of the true mean temperature profile due to the effect of the bypass and 
especially shell-to-baffle leakage stream (E). Figure 7 illustrates the basic principle. 
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Fig. 7. Schematic Illustration of Temperature Profiles for Various Shellside Flow Streams. 


The resulting design method is suitable to be solved only by means of digital com- 
puters. In spite of its relative complexity, calculation times on fast computers (such 
as the IBM 370) average around two seconds for a typical design case. 

Of some interest is a comparison of the accuracy attributed to the 
various methods. Many of the previously published methods made obviously exag- 
gerated claims to accuracy, mainly because of the limited data used. Evaluation of 
all the methods to the large HTRl data bank [10] produced the following interest- 
ing approximate picture. 


4. CONDENSATION 

The field of condensation heat transfer is complicated by the interact- 
ing effects of the following operational parameters: 

Geometry of Surface; Inside of horizontal or vertical tubes 

Outside of horizontal or vertical baffled tube bundles 
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V«por Hydrodynamics: Condensate film laminar (no vapor shear) 

Gravity induced turbulency 
Vapor shear induced turbulency 


Substance: 


Single component 

Multicomponent fully condensable mixture 
Vapor with noncondensable gas present 


The basic relationship can be best followed for condensation inside a 
vertical tube. The following figure illustrates the principles involved: 


. liquid film 
'Ltminai regime 


- — Turbulent regime 

///a — — * 
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Fig. 8. Schematic Representation of Condensation on a Vertical Wall. 

The condensate film is laminar until the laminarity is disturbed either 
by gravity or vapor shear forces. Completely different results are obtained for the 
three cases. In general, the Nusselt number for condensation may be expressed as 

h 5 

Nu = = ll' (Ih) 


where 


is the heat transfer coefficient for condensation 


k£ is the thermal conductivity (liquid) 

5 is the film thickness (the equation form for 5 depends on the gravity 
force, Fg, or the shear force, F,, is controlling) 

depends on the film flow regime, and is a constant for a laminar film 
and a function of the Reynolds and Prandtl numbers for a turbulent 
Aim 


Various solutions of the specific cases were suggested, but a unified 
presentation still does not exist. The following is an attempt to summarize: 
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a) Gravity Controlling Laminar Film (Nusselt solution, F, = 0) The term, iff, be- 
comes constant and analysis yields (with p{ and Py density of the liquid and 
vapor respectively) 


•/3 

8 = C (Re ) 

1 e 


r_j!« 1 

LPg(Pr^)eJ 


»/3 


(15) 


b) Gravity Induced Turbulent Film As the condensate (low rate increases, turbu- 
lent film will eventually be established. Kirkbride [11 1 and C^olburn [12] in- 
vestigated this case, which resulted essentially in 

OA 

\lf ^ C {Re ) (16) 

c 


5 » 



(17) 


A better solution of this problem appears to be obtained if we include 
also the effect of Prandtl number, such that 


^ = C 


( 18 ) 


c) Vapor-Shear Controlling Turbulent Film Under these conditions (Fg»Fg)an 
annular turbulent film exists and the solution assumes the type suggested by 
Boyko and Kruzhilin [13] with 5 = inside tube diameter and 

= C (Re )®-®(Pr)®-^t (19) 

C 


where { accounts for the vapor volume fraction and was determined empirically 
(for total condensation) as 




0-5 



/p^+l 


( 20 ) 


Notice that the typical physical properties group pertinent to the 
Nusselt laminar film solution is not any more valid. 

The three mechanisms described above can be represented graphically, 
plotting the average condensing coefficient, h^, versus condensate flowrate, W,., as 
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shown in Figure 9 below. 

t 

c 

\ 

Fig. 9. Schematic Drawing Showing Average Condensing Coef- 

Hcient, li^, as Function of Condensate Flow Rate, for the | 

Various Flow Regimes. ° 

I 


Transition regions obviously will exist, as both the dimensionless number groups as 
well as the physical properties group change between the regimes. 

This figure represents graphically the three above discussed regimes 

A) the Nusselt regime with laminar film 

B) gravity induced turbulent film (S Pr®'^) 

C) vapor shear induced turbulent film (S Re®-® , Pr®'^ ) and function of pressure 
through pt/py effect 

In the above figure, P indicates increasing pressure and Pr increasing Prandtl number. 

The question of selecting the regime valid at any one given condition is 
difficult on an empirical basis. A rough rule-of-thumb (reasonably confirmed in 
comparison to data) indicates that in good approximation the highest value of h^ at 
any given is valid even though much finer differentiation is desirable. 

All the above deliberations were, of course, valid for average condensing 
coefficient over the entire length of the tube. Actually, the coefficient will vary 
considerably between entry and exit. Consequently, the true solution of the conden- 
sation problem is to determine local condensing coefficients. This leads invariably 
into iterative solution techniques, practical only with high-speed computers. Film 
thickness is predicted from the force balance in terms of shear. Heat transfer is then 
determined by relating the temperature gradient in the film to the universal velocity 
profile by a heat transfer-momentum analogy. Two solutions of this type are due to 
Rohsenow et al. [14] and Dukler [15]. 

There is no doubt that this type of approach will represent the ultimate 
solution of the condensation problem. However, at the present stage of develop- 
ment, they must be considered impractical in terms of general “design methods.” 
Also, due to many assumptions inherent to their development, these methods are 
very difficult to adjust to experimental data and may be subject to unexpected 
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extrapolation errors in nontested areas. 

4.1 Condensation on the Outside of Vertical Tubes in Baffled Bundles 

Condensation analysis on the outside of vertical tubes is identical to the 
form for inside tubes (or generally a vertical surface) described above. However, 
considerable difference enters the deliberation if the vertical tube is in a baffled 
bundle, as typically used in the industry. The baffles affect severely the condensate 
flow conditions as shown in Fig. 10 below so that many of the theoretical assump- 
tions will be invalid. Solution of this problem 
will remain an empirical one, relying on ex- 
perimental data taken under realistic operating 
conditions. 

Stripping of the condensate layer 
by the baffles, accumulation of the condensate 
on the baffles and splashing of the condensate as 
it descends from baffle to baffle are the most 
obvious reasons. In general, scattered experience 
values indicate that the condensing coefficients 
will be lower than would be calculated for a 
single tube. Geometry of the baffles, tube-to-baffle clearances and other design 
criteria will have to be included in a generalized design method. 

4.2. Condensation Inside Horizontal Tubes 

This is the case of high industrial importance both for shell and tube 
units and particularly for air coolers. Correlation of the important mechanisms 
involved is complicated by the fact that both axial and circumferential flow of 
condensate must be considered, and by the many flow patterns which may exist. 
Also, in horizontal intube condensation, the vapor shear force acts at right angles to 
the gravity force and an analytical force balance is much more complicated than for 
vertical tubes. The most important mechanisms from the standpoint of condensation 
correlation are: 

a) Stratifled flow In which a laminar film drains down the walls forming a lam- 
inar pool flowing along the bottom of the tube. 
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b) Wave flow In which the condensate pool along the bottom of the tube is 
turbulent. 

c) Annular flow Which occurs when vapor shear is the dominant force and the 
condensate film is maintained more or less evenly on the tube wall, producing a 
heat transfer mechanism identical to the vertical tube vapor shear-controlled 
case. 


follows: 


These are schematically shown in Fig. 11 below and explained as 


Vipor Shear Controlleri (annular How) 


Fv 





Gravity Controlled (stratifield How) 




Fig. 11, Dhcar and Gravity Controlled Condensation in a Horizontal Tube. 

a) Vapor-Shear Controlled Annular Flow This case can be solved by the same 
methods as applicable to vertical flow as gravity effects are negligible. 

b) Gravity Controlled Stratified Flow Assuming laminar (low of the stratified 
layer, the case was solved by Kern [5] in analogy to Nusselt’s solution for 
vertical tube. However, the stratified condensate pool forms eventually ripples 
and internal turbulency, promoted by its own increasing flow velocity as well 
as vapor shear. This phenomenon (visually observed in a transparent tube at 
HTRI) is taken into account in a recent analysis of this problem by 
Chato [17] , which produces more realistic values of the condensing coeffleient 
(approximately 30 percent higher than Kern). 

If the film flow regime applicable to any one correlation type is not 
properly recognized and respected, an extremely confusing picture can emerge, as 
shown in Fig. 12 below. [26] 
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4.3 Condensation on the Outside of Horizontal Tube Bundles 

The classical solution of this case for single tube with laminar condensate 
flow is due to Nusselt and was later extended for N^y tubes in a vertical row as 
follows: 

h„ = 0.725 (♦.)>• )'>' (21) 

l^(Pp -P )Ppg^ 
where 0 -i— i 3^—2 

Dg = outside tube diameter, ft 

= difference between average condensing fluid bulk temperature and 
average wall temperature 

This analysis assumes that the condensate film remains laminar for the 
entire tube bank regardless of the value of N^y and results in extreme penalties for 
.large bundles. 

e.g., for N = 20, (l/N 0.473 

Despite the high industrial importance of shellside condensation, virtu- 
ally no progress has been made in this area and the conservative Nusselt solution is 
still used. 

The actual flow conditions in a baffled tube bundle differ substantially 
from the idealized assumptions, as shown in Fig. 13a and 13b below. 

The vapor is usually in crossflow to the tube bank due to the practice 
of using vertical baffle cuts to facilitate condensate drainage. Longitudinal flow will 
be observed in the vapor passage through the baffle window. The vapor usually 
enters with sufficiently high velocity to cause vapor-shear induced turbulency as 
shown in the above Figure and was actually observed on HTRl research exchanger 
with ^ass windows. Obviously, the Nusselt solution will not apply for this case. 

Furthermore, it is logical to assume that the condensate film will re- 
main l aminar only for a given number of tube rows and then become turbulent as 
the condensate Reynolds number exceeds a critical value. This is analogous to die 
well-known relations for condensation on a vertical wall, where the theoretical 
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Nusselt relation applies only until a Reynolds number of about 2100 is reached. 



CeitfMHit FlowRiii,lk/hr 


Fig, 12. CompariBon of Correlations for 50 Ib/sq in. abi Pentane, Condensing Inside Horizontal Tube. 

In order to account empirically for an “average” turbulence effect, 
Kern suggests that the power on the l/N^y term be reduced from 1/4 to 1/6. Other 
researchers suggested that the penalizing tube row effect be neglected altogether — 
an approach which obviously reflects the combined effect of various inaccuracies. 

A more rational and systematic analysis is suggested here. 

a) Gravity Controlled Condensate Film Because of frequently imposed very low 
pressure drop limitations and particularly toward the outlet of the condenser, 
the limiting case of no vapor-shear effect must be considered. 

Referring to the above Figure, the classical Nusselt relation, in- 
cluding the N,y effect, will be valid until a critical Reynolds number is 
reached and the film becomes turbulent. The heat transfer mode changes at this 
point and can be expressed by an equation similar to that derived for vertical 
surface condensation under gravity induced turbulency 

Nu = C Re“Pr ^ (22) 

wh^e m will be somewhere between 1/3 and 0.4 

b) Vapor Shear Controlled Turbulent Film In the vapor shear controlled region, 
such as at the entry to the tube bundle, the Nusselt solution is invalid. Very 
high coefficients (up to 20 times higher than the Nusselt solution) have been 
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measured by HTRI in this region. 

A suggested solution is again an approach similar to the vapor 
shear induced turbulency on a vertical surface (Boyko — Kruzhilin), with the 
exception that the Re-Pr effect must be adjusted to values obtained on tube 
banks 

Nu = C Re®*Pr®^ t (23) 

where ( is adapted &om £q. 20, accounting for the vapor volume frac- 
tion 

C is a constant, assumed as 0.6 for ideal tube bank 

In an actual shell-and-tube exchanger bundle, the effects of vapor by- 
passing in the clearances between bundle and shell must be taken into account, 
adjusting the true flow velocity in Re and the constant C, according to data. 

Combining the Nusselt condensation regime with the gravity induced 
and vapor-shear induced turbulent film regimes, relations as shown in Fig. 14 will be 
obtained (a graph similar to Fig. 9 for vertical surface condensation). Because of the 
potentially large variation in the value of the coefficients obtained under the various 
flow regimes as well as the fact that condensate drains to the bottom of the shell 
within each baffle spacing, an accurate design method must proceed stepwise from 
baffle to baffle, and is practically solvable only by digital computers. 

4.4 Condensation on Finned Tubes in Horizontal Tube Bundles 

Tubes with external radial fins may be used advantageously for conden- 
sation in horizontal tube bundles as long as the inside tube heat resistance is not 
controlling. Basic analysis of this problem was presented by Katz et al. [18] and 
Young and Ward [19]. It follows all the essential premises developed for plain 
tubes with the assumption that the fin surface behaves like vertical surface and the 
fin root area behaves like horizontal plain tube. The development was based purely 
on Nusselt’s analysis and did not respect the differentiation of the flow regimes 
created by the various effects of gravity and vapor shear. 

Essentially, the same premises will apply to finned tubes as they were 
for pl^in tubes. The only additional effect particular to finned tube is that 
of “condensate retention.” If the surface tension of the condensate is relatively high, 
the liquid has the tendency to be retained in the fin gaps, thus making the finned 
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surface ineffective. This phenomenon was first reported by Katz et.al. in an un- 
published report. It was independently confirmed at HTRI and from the parameters 
involved (surface tension, density and fin hei^t to spacing ratio), dimensionless 
correction factors were developed which can account for this effect. In principle, 
this is illustrated in Fig. 1 5 below. 



Condensing Flow Rule, Wc — 

Fig. 1 4. Schematic Relations for Condensation Out- 
side Horizontal Tubes. 

The effect can be very significant for fluids having large value of 
the alp poup, such as water, and for tubes with high fin density, dose analysis of 
data on plain tubes indicated that the same surface tension phenomenon also takes 
place, but to lesser extent as the fin effect is not present. It has never been consider- 
ed before, but it is suggested that its inclusion explains some existing discrepancies of 
data between water and hydrocarbons. 


5. BOIUNG 

No attempt is being made in this chapter to elaborate on the complex 
relations pertinent to boiling heat transfer and associated thermodynamic and 
hydrodynamic relations. The only brief mention warranted within this lecture is 
pertinent to quite basic experiments performed at the writer’s Insitute [16] , name- 
ly, boiling in tube bundles. Most past (and numerous) experiments were concerned 
only with boiling on single tubes or discs. The problem to be resolved was how 
these experiments relate to boiling in tube bundles. An extensive research project 
demonstrated the basic behavior as shown in Fig. 16 below. 
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a. Effect of Tube Bundle Geometry 



Temperature Difference 

Rfr 16. Schematic Representadon of Heat Flux vs. Temperature Difference for Single Tube and Miildtube 
Bundles. 

a) The heat flux was found to increase as function of increasing tube field density 
probably because of increased convection effect and reaches values up to 5 
times that for an elementary surface under the same AT. 

b) The maximum heat flux, on the contrary, was found to decrease as a function 
of the same parameter, probably because of ‘Vapor choking.” 

c) For comparison, the method proposed by Kern [5] and widely accepted by 
the industry is shown to be extremely conservative for most cases. 

d) Contrary to experiments on simple geometries, no pronounced effect of sur- 
face quality or tube material was found, apparently because of the convection 
influence. 

These thoughts are presented here only as a documentation and sugges- 
tion for need of further detailed investigation. 


6. SPECIAL PROBLEMS 

There are a number of extraneous special problems which affect the 
accuracy of heat exchanger design. The most important ones are mentioned below. 

6.1 Physical I^operties 

The dimensionless numbers associated with heat transfer and pressure 
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drop correlations contain typically the following properties: viscosity, density, spe- 
cific heat, and thermal conductivity. Analysis of the available data sources will show 
that for industrial streams, especially as used in the petro-chemical industry, the 
available values are completely inadequate and frequently inaccurate. [21] Errors 
in thermal conductivity alone can easily reach 100 percent. Predictive equations are 
not sufficiently dependable, especially for mixtures and polar molecules. Any fur- 
ther progress in accuracy of heat transfer and pressure drop methods will be condi- 
tioned by a better supply of physical property data. This subject, due to its general 
validity, would be especially suitable for a coordinated international cooperative 
effort. Too lilltle attention to this subject is alocated at present. 

6.2 Fouling 


Most heat transfer processes result in deposition of undesirable scale, 
commonly referred to as “fouling.” The thermal resistance of such deposits can 
reach dominant magnitude, sometimes completely overwhelming the accuracy of 
heat transfer predictions. For example, a water-cooled condenser with overall coeffi- 
cient of 500 Btu/hr-ft^-F and typical fouling resistance of 0.002 hr-ft^-F/Btu will 
use only one-half of the surface under clean conditions. While some progress has 
been reported recently [20], it is imperative that much more work be devoted to 
this neglected subject. 

6.3 Effect of Geometric Tolerances 

The shellside predictive methods based on the Stream Analysis principle 
require the knowledge of detailed manufacturing dimensions, especially 

• shell-to-baffle clearances 

• tube-to-baffle hole clearances 

• tube-to-shell bypass clearance 

These dimensions can be only estimated for any given exchanger size, 
being functions of sheU diameter, bundle construction and the operating pressure. A 
computer design program which passes through the course of numerous solutions 
requires a dependable predictive system for all the pertinent dimensions. This estab- 
lishes the need for a close tie between the pure research approach to the problem 
and the mundane facts of shop practices - a problem yet to be resolved. 
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6.4 Material Codes and Standards 

There is a bewildering system of National Standards for construction of 
heat exchangers and pressure vessels in general, which are frequently overlapping and 
unsystematic. Large engineering companies operating on an international basis have 
to maintain special experts to clarify this tmnecessarily obscured area. The need 
exists for uniform, internationally recognized codes and standards for the general 
benefrt of aU parties concerned. 
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Chapter 4 


HEAT TRANSFER OF BANKS OF TUBES IN CROSSFLOW 
AT HIGH REYNOLDS NUMBERS 

A. A. 2ukauskas (*) 


1. INTRODUCTION 

In a previous article, I reviewed the data on heat transfer in a single 
tube and banks of tubes in crossflow of various fluids [ 1] . The influence of the 
properties of fluids, heat flux direction and flow pattern on heat transfer have been 
studied comprehensively. The influence of bank arrangement on the intensity of 
heat transfer was examined, particularly in the subcritical flow regime. 

The present chapter is concerned mainly with heat transfer of banks of 
tubes at high Reynolds numbers. The fast growth of chemical and power industries 
and the emergence of some new branches of engineering demanded reliable equa- 
tions for the calculation of heat exchangers working in the critical regime. Thus, the 
present chapter will deal, with problems of heat transfer of tube banks in crossflow 
in critical and supercritical regimes. 

These problems are being investigated in many countries. My chapter 
presents a general review of investigations, performed at the Institute of Physical and 
Technical Problems of Energetics of the Academy of Sciences of Lithuanian SSR 
and in other research centers in recent years. It concerns heat transfer and hydraulic 
resistance of tube banks of various arrangement in crossflows of gas and fluids in the 
range of the Prandtl number from 0.7 to 500 and the Reynolds number from 10^ 
to 2 X 10*. 


(*) Academy of Sciences of the Lithuanian SSR, Vilnius, U.S.S.R. 


N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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II. GENERAL FLOW PATTERN 

Heat transfer is considerably influenced by the flow regime around the 
tube, while flow past banks of tubes is one of the most complicated problems of 
practical importance. The flow pattern around a tube in a bank is influenced by the 
surrounding tubes. In a contraction between adjacent tubes of a transverse row, the 
pressure gradient changes. This causes a corresponding change of velocity distribu- 
tion in the boundary layer and of the flow pattern in the rear. 

The flow pattern around a tube in a bank is determined by the arrange- 
ment and geometrical parameters of the bank. Banks of in-line and staggered 
arrangement are most common (Fig.l), and they are usually defined by the relative 
transverse a = Si/D and longitudinal b = S 2 /D ccntcr-to-center distances, called 
transverse and longitudinal pitches, respectively. In banks of both arrangements, 
flow around a tube in the first row is similar to the flow around a single tube, but 
the flow pattern in subsequent rows is different. 

The velocity distribution around tubes in different rows of a staggered 
bank has a similar character. In an in-line bank inner rows are located in the circula- 
tion regions of the preceding rows, and the flow preceding one of the inner rows is 
vortical, with a nonuniform velocity distribution. 

At low Reynolds numbers where the flow in a bank is laminar with 
large scale vortices in the circulation regions, their effect on the boundary layer of 
the front portion of a subsequent tube is eliminated by viscous forces and a negative 
pressure gradient. 

With increasing Reynolds number the flow between tubes becomes 
vortical with a higher degree of turbulence. Although the front portion of a inner 
tube b influenced by vortical flow, a laminar boundary layer persists on the tube. 

Such a flow regime covers a wide range of Reynolds numbers and alters 
its character only at Re > 2 X 10^ , when flow in the bank becomes highly turbulent. 
The total drag of the bank varies like that of a single tube in the critical flow regime. 

Thus, we may distinguish three flow regimes in tube banks with respect 
to Reynolds numbers: a predominantly laminar flow regime at Re < 10^, a mixed 
or subcritical flow regime at Re < 2 X 10^ , and a predominantly turbulent or critical 
flow regime at Re > 2 X 10’ . We shall first consider the subcritical and the critical 
flow regimes. 
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111. INFLUENCE OF FLUID PROPERTIES ON HEAT TRANSFER 


The last transfer of a tube in a bank is determined mainly by flow 
velocity, physical properties of the fluid, heat flux intensity, heat flux direction, and 
the arrangement of the tubes. The dimensionless relation is as follows 


Nu = f 


lne.Pr, ;i X Cp () D D j 

\ W W w / 


( 1 ) 


To generalize experimental data, we use the following equation based 
on the functional relation (1). 

Nu = cRe"*Pr" . (2) 

For gases for which the Prandtl numbers are equal and constant, £q. (2) 

becomes 


Nu = cRe 


(3) 


1. Influence of the Prandtl Number 

Most of the fluids commonly used in practice have Prandtl numbers 
ranging from 1 to 1000. This means that in calculations of heat transfer a wrong 
choice of the exponent over the Prandtl number may lead to considerable errors. An 
exponent in the range 0.31-0.33 is still accepted by some authors. This value of n is 
suggested by theoretical investigations of heat transfer in a laminar boundary layer 
on a plate. However, later calculations and experimental measurements [2, 3] have 
revealed the dependence of the exponent over the Prandtl number on the flow 
regime in the boundary layer. For a laminar boundary layer on a plate n = 0.33, but 
for a turbulent boundary layer it amounts to 0.43. The above suggests that for mean 
heat transfer from a tube the value of n may be somewhere between 0.33 and 0.43. 

The variations in the flow pattern around a single tube lead to changes 
of the exponent over the Prandtl number (4]. The exponent forPr> 10 is equal to 
approximately 0.34 and 0.39, in the front and in the rear, respectively (Fig.2}. 

Investigations of heat transfer in laminar and turbulent boundary layers 
suggest slight changes in the value of the exponent with large variations of the 
Prandtl number. 
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Our investigations of heat transfer [5] in 27 banks of tubes of differ- 
ent arrangements, in flow of various fluids in the range of Pr from 0.7 to 500, 
suggest that for the mean heat transfer of all sorts of banks the exponent over the 
Prandtl number has the value of 0.36. 

2. Choice of Reference Temperature 

In the process of heat tranfer, the fluid temperature varies and causes 
variations of fluid physical properties. Thus, evaluation of the influence of the fluid 
physical properties on heat transfer is closely connected with accounting for the 
temperature variations in the boundary layer, in other words, with the choice of the 
so-called reference temperature, on the basis of which the physical properties are 
evaluated. 

The influence of the variations of physical properties may be estab- 
lished by two methods. In the first method the physical properties are referred to the 
main flow temperature and an additional parameter is introduced in Eq. (2) to 
account for the properties variation. The second method is to choose a certain 
temperature value between that of the flow and that of the wall, which enables 
evaluation of the influence of physical properties on heat transfer. In this case, the 
relations for the heat transfer calculation remain the same as for constant physical 
properties. 

We prefer to take the main flow temperature tf as reference tempera- 
ture in the range of moderate temperatures. This method is simple in practice and 
sufficiently accurate for practical purposes. In flows of viscous fluids, however, 
experimental results are higher for heating than for cooling, the discrepancy in- 
creasing with the increase of temperature difference. 

Our investigations confirm that variations of viscosity and other proper- 
ties in the boundary layer on a circular tube may well be accounted for by the ratio 
Prf/Pr^, with a corresponding exponent. In this case, the results are referred to the 
main flow temperature. 

Our investigations of changes of the exponent over Prf/Pr^ for the 
case of a laminar and a turbulent boundary layer on a plate give n = 0.25 for heating 
and n = 0.17-0.19 for cooling [2, 6]. For heat transfer of banks of tubes in 
crossflow of various fluids for most practical purposes, n = 0.25 is sufficiently ac- 
curate for both cases. 

The ratio Mf/Mw often used also. It should be noted that for viscous 
fluids, like water and oil, it is mainly viscosity that changes with temperature and 
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therefore Prf/Pr^ » 

Some other parameters have also been proposed to account for radical 
changes of physical properties [ 7 ] . 

We shall present experimental results of mean heat transfer from banks 
of tubes in the following form 

Nu, = cRe^ Pr" (Pr /Pr )®-® (h) 

f I f f W 

The tube diameter and velocity in the smallest cross section will be 
chosen as characteristic parameters. 

We are not concerned with the processes of convective heat transfer at 
high temperatures of gases and in the presence of chemical reactions in the boundary 
layer, and the formulas cannot be applied for those conditions. 

IV. MEAN HEAT TRANSFER AND REYNOLDS NUMBER 

In most cases heat transfer of tubes in the first row is considerably 
lower than in inner rows and becomes stable in the third or fourth row. The follow- 
ing discussion deals mainly with the mean heat transfer of a tube in an inner row of 
a bank. 

In Fig.3 data of our experiments with in-line banks of pitches (1.30 X 
1.30) |8] and (1.26 X 1.26) [9| in air flow are presented in form of : 

NUj = f (Re^) (5) 

The tube diameters arc 19 mm and 23mm, respectively. The agreement of separate 
experiments is satisfactory. In the range of Re <2 X 10^, the exponent over Re is 
m = 0.63. But for Re about 2X10^, the exponent increases to m = 0.84, and a new 
law of heat transfer is established. 

In Fig. 4 the results of in-line banks (2.06 X'1.37) in air are presented 
by the same relation. The experiments were performed in KFA Jillich. Tube diam- 
eter was d = 51 mm. Here, for Re < 2 X 10® the exponent over Re is m = 0.65, 
and for Re 2 X 10® it increases to 0.82. 

Fig. 5 presents heat transfer experiments by J. Stasiulevicius [11 ] with 
the staggered banks (2.2 X 1.3). Here for Re < 2 X 10® the exponent over Re is 
m = 0.60, and for Re > 2 X 10®it increases to 0.84. 
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In Fig. 6. the relation 

-OJ6 -0.25 

K = NUj Pr^ (Pr^/Pr^) = f (Re^ ) . (6) 

represents our earlier results |5] of heat transfer of the in-line bank (1.65 X 2.0) in 
flows of different fluids, together with the results of recent investigations of R. 
Ulinskas, P. Daujotas and myself on heat transfer of the in-line bank (1.5 X 1.5) in 
water. Tube diameters are 19 mm and 30 mm, respectively. The agreement both of 
separate experiments and of different fluids is satisfactory. Similar to experiments in 
air, for Re < 2 X 10* m = 0.63, and for Re > 2 X 10* , m = 0.8. 

Fig. 7 represents the same experiments on two staggered banks, of (1 .5 X 
1.5) in different fluids with t^ = const and = const. For Re<2Xl0*, 
m = 0.60 and for Re > 2 X 10* m = 0.8. 

As we see, heat transfer is higher for = const than for t^ = const. 
In heat transfer calculations and in the analysis of experimental results, a considera- 
tion of surface temperature variation is necessary. Different temperature distribu- 
tions on the wall lead to different values of the heat transfer coefficient. Therefore, 
relations of heat transfer of a tube with constant surface temperature, as applied in 
the case of variable surface temperature, arc only approximate, and in the case of a 
considerable surface temperature gradient they may be misleading. 

In Fig. 8 heat transfer results of different authors arc compared for 
banks of staggered arrangement in equilateral triangles with the transverse pitch 
from 1.3 to 2.0. 

The continuous line corresponds the our results. Curve 1 — (1.5X 1.3), 
from Bcrgelin et al. [12j; curve 2 — (1.5 X 1.5) and (2.0 X 2.0), from 
Grimison [13| ; curve 3 — (2.0 X 2.0), from Kuznetsov and Turilin [14], and from 
Antuflev and Beletskij [15] ; curve 4 — (1.3 X 1.5), from Lyapin [16] ; curve 5 — 
(1.6 X 1.4), from Dwyer and Sheeman ; curve 6 - (2.1 X 1.4), from Hammeke 
et al. [10] . The results correlate well in the whole range of Re examined. 

Thus, not only our results but also the results of other authors indicate 
that in a predominantly laminar flow. Re < 10^, the intensity of heat transfer of 
banks of tubes is proportional to Re to the power of 0.5. With the further increase 
of Re and the turbulization of the flow, the heat transfer becomes more intensive 
and proportional to Re to the power of 0.6 or 0.63. As follows from the results 
analyzed, at about Re > 2 X 10* heat transfer increases suddenly, which is an indica- 
tion of a new regime of flow and heat transfer. We have called it the predominantly 
turbulent or the critical regime. 




Heat Transfer of Banks of Tubes in Crossflow at High Reynolds Numbers B1 


The physics of heat transfer in the subcritical regime is studied in a 
number of references. Thus, in recent years this has been studied in detail in Boris 
Kidric Institute, Yugoslavia [17] . But the critical regime has only recently become 
an object of investigation, and the general flow pattern and the process of heat 
transfer still are obscure. I would like to concentrate here on the problems of the 
critical regime. 

V. FLOW PATTERN AND HEAT TRANSFER IN THE CRITICAL RANGE OF Re. 
1. Pressure Distribution. 

The variations in the hydrodynamic conditions in the flow around the 
tube in a row of a bank are illustrated by the distribution of pressure. Fig. 9 shows 
the distribution of pressure coefficients in inner rows of staggered tubes in gas flow 
as a function of Re. Curve 1- second row, and curve 2— fourth row of the bank (2.0 
X 1.4) at Re < 1.5 X 10* [18] ; curve 3— second row, and curve 4-fourth row of the 
bank (2.2 X 1.5) at Re = 2.7 X 10^ [19]. 

The pressure coefficient for a tube in a bank is given by 

where u is the mean velocity in the minimum free cross-section. 

Fig. 10 presents our recent measurements of pressure distribution in an 
inner row of the in-line bank (1.25 X 1.25) in water. Here, curve 1 corresponds to 
Re = 4 X 1 0* , curve 2 to Re = 6 X 1 O** , curve 3 to Re = 1.1 X 10* . 

Figures suggest a certain influence of Reynolds number on pressure 
distribution on an inner tube. The boundary layer separation point is at \p~ \ 50® . 

Fig. 11 presents measurcment.s by S. B. Neal and J. A. Hitchcock 
[26] of velocity and turbulence distribution at several distances from 
the surface around a tube in an inner row of the staggered bank (1.33 X 1.17) at 
Re= 1.4 X 10*. 

The rapidly increasing velocities over the front portion of the tube 
(Fig. 11) are accentuated by the presence of the adjacent tube in the previous row. 
This provides a local flow contraction followed by an expansion. Nearer to the point 
of separation, at = 150®, surface velocities decrease towards zero. 

As presented by Achenbach [18], in a staggered bank at high Rey- 
nolds numbers the position of the separation point is somewhat different. 
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Our investigations of sts^gered and in-line banks (1.25 X 1.25) and 
(1.50 X 1.50) in the range of Re from 5 X 10* to 2 X 10* have revealed a 
determining effect of the pitch on the separation point, rather than of the Reynolds 
number. 

2. Drag of a Tube in a Bank. 

Fig- 12 shows the distribution of the skin friction coefficient 
cf = )y/Ke around a tube in a staggered bank (2.0 X 1.4) |18|. Curve 1 

corresponds to Re = 1.3 X 10* ; curve 2 to Re = 8 X 10* ; curve 3 to Rc = 3.7 X 
10* ; curve 4 to Re = 1.4 X 10*. The effect of the Reynolds number on the friction 
is most evident in the region 60° < ^ < 75°. 

3. Local Heat Transfer. 

Fig. 13 gives variation of local heat transfer coefficient around a single 
tube and a tube in a bank, in the suberitical range of Re. In banks of both arrange- 
ments a higher turbulence intensity in the flow causes an increase in the heat 
transfer in the h-ont portion as well as in the rear portion of a tube. Nevertheless, the 
maximum value of the heat transfer in the case of an in-line bank is observed at 
tp = 50° because the impact of the stream on the surface occurs at this point. 

On the tube in an inner row of the staggered bank, curve 3, the bound- 
ary layer is laminar initially. As it develops around the tube, along with thermal 
boundary layer, heat transfer coefficients decrease rapidly. At >p = 90° the transi- 
tion from laminar to turbulent boundary layer begins. 

Immediately beyond the top of the tube there is a considerable thick- 
ening of the boundary layer. It is accompanied by an increased turbulence near the 
tube as the surface flow becomes unsteady. Although mean surface velocities are 
falling quickly, the movement of warm air from the surface together with the 
increased turbulence results in an improvement of local heat transfer coefficients 
126]. 

Near the point of separation, surface velocities decrease towards zero, 
and the poorest heat transfer occurs at the point of separation or a little beyond it. 

In banks of staggered arrangement a change of longitudinal and trans- 
verse pitches from 1.3 to 2.0 has hardly any effect on the character of heat transfer. 
,in Fig. 14 we see local heat transfer at Re = 70.000. Curve 1 - (2.0 X 2.0) after 
Mikhaylov [20] ; curve 2 — (1.5 X 1.5) after Mayinger and Schad [21] ; curve 3 — 
(1.3 X 1.3) after Bortoli etal. [22]; curve 4 — (1.5 X 2.0) after Winding and 
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Cheney [23], An increase in heat tranfer is observed at about \p- 120° in the 
banks examined. Boundary layer separation occurs at = 150°. 

A comparison of local heat transfer of staggered banks of different 
arrangement |24] shows a certain influence of pitch on the character of heat 
transfer in the subcritical range. 

Fig. 15 illustrates the dependence of local heat transfer on Re in an 
inner row of a staggered bank. It presents our measurements in the flow of water. A 
distinct change in the character of local heat transfer is observed at the increase of 
Re from 1.6 X 10^ to 9.3 X 10* . We see essentially the effects of boundary layer 
turbulization on heat transfer. 

With the increase of Re to 9.3 X 10*, curve 3, the transition from 
laminar to turbulent boundary layer starts at 30°, instead of at 90° at 

Re = 8 X 10^. 

Fig. 16 presents analogous investigations of in-line banks. 

It can be concluded from these data that in the critical regime flow 
through the bank becomes increasingly turbulent, together with a change in the 
velocity field in inner transverse rows. 

The critical regime in the staggered and in-line banks examined is ob- 
vious at Re > 2 X 10*, expressed by the increase of the exponent ni from 0.6 to 0.8- 
0.9. This means that with an increase of the Reynolds number, the heat transfer 
increases much faster than in a turbulent boundary layer along a plate. The rate of 
increase of heat transfer on a tube is somewhat similar to that of heat transfer 
increase on a plate in the transition from laminar to turbulent flow. Therefore, it 
should be supposed that in the critical regime the value of the exponent m is 
influenced not only by turbulence, but also by the tube arrangement, surface rough- 
ness, temperature difference, and the value of Pr. From this point of view, measure- 
ments of the interaction of velocity and temperature fields in the boundary layer of 
a tube would be of interest, similar to measurements at low Re numbers. 

VI. THE EFFECT OF TUBE ARRANGEMENT 

In the Institute of Physico-Tcchnical Problems of Energetics, Academy 
of Sciences, Lithuanian SSR, we have thoroughly investigated the effect of pitch on 
heat transfer |5; 24 J. The experiments were performed on 47 banks of different 
arrangements in crossflow of gas and fluids in the range of Re from 1 to 2 X 10^ . 

Fig. 17 shows a comparison of the heat transfer from various banks of 
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in-line arrangement at Re < 2 X 10^. The exponent m over the Reynolds number 
varies from 0.55 to 0.73 for banks of different arrangements. It suggests an increase 
of m with constant longitudinal and decreasing transverse pitch. In fact, the value of 
m is influenced by changes in the ratio of longitudinal to transverse pitches. 

In this flow regime m = 0.63 is acceptable for most banks of in-line 
arrangement. For most practical purposes, a mean heat transfer coefficient can be 
calculated with sufficient accuracy from 

0.63 036 0.2S 

Nu^= 0.27 Re^ Pr^ (Pr^/Pr^) (0) 

Fig. 18 shows a comparison of the heat transfer of different staggered 
banks in flow of viscous fluids at Re < 2 X 10^ . The exponent over Re is equal to 
0.60 for all banks. The effect of pitch is clear -heat transfer increases with a 
decrease in the longitudinal pitch and, to a lesser extent, with an increase of the 
transverse pitch. The variation of c may be evaluated by the geometrical parameter 
a/b. 

The generalized formulas for heat transfer of inner tubes in various 
staggered banks are 

for a/b < 2 

0.2 0.60 036 03S 

Nu^= 0.35 (a/t) Re^ Pr^ (Pr^/Pr^) (9) 

and for a/b > 2 

0,60 a36 0.2 s 

Nu^ =0.40 Re^ Pr^ (Pr^/Pr^) . (10) 

Fig. 19 presents the heat transfer in inner rows of in-line banks in the 
flow of gas at Rc > 2 X 10® . 

Fig* 20 shows a comparison of the heat transfer of different staggered 
banks in the flow of gas at Re > 2 X 10® . Here, curve l-fifth, and curve 2-first row 
of the bank (1.2 X 0.9), curve 3-fifth, and curve 4-first row of the bank (2.5 X 1.3). 

As is seen from Fig. 20, with an increase of Re, the heat transfer of an 
inner row increases more than the heat transfer of the first row. Fig. 21 shows a 
comparison of the heat transfer of different in-line and staggered banks in the flow 
of water. 

The influence of pitch on heat transfer in the critical regime is similar 
to that in the subcritical regime. The heat transfer of all staggered banks with widely 
spaced tubes, i.e. with large a/b ratio, is more intensive. 
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Similar results arc obtained for in-line banks. Heat transfer is most 
intensive in banks with large transverse and small longitudinal pitches. 

At the same time, as seen from the plots, ih the range of Re > 2 X 10^ 
the law of heat transfer is not common to all the banks. Our investigations suggest 
some divergence in the intensity of heat transfer of banks in the flow of water. 

Investigations of the effect of the pitch seem indispensable for the 
critical range of Re in flows of different fluids. 

As a first approach, the following relations can be suggested for prac- 
tical calculations of heat transfer on in-line banks of tubes in crossflow at Re> 2 X 
10 ®: 

0^4 0.36 02S 

Nu. = 0.021 Re^ Pr, (Pr, /Pr ) . (ll) 

f f f f w ' ' 

The next relation is recommended for calculating heat transfer from 
tubes in inner rows of staggered banks 

0.84 0.36 0.,25 

Nu = 0.022 Re Pr (Pr /Ft ) (12) 

f f f f w 

VII. HYDRAULIC RESISTANCE OF TUBE BANKS 

The resistance of a bank with viscous fluids of constant density is 
expressed by the following relation 

Ap = f (u. Si , S 2 , D, z, M,p) . (13) 

The dimensionless form of this relation is 

Eu = f (Re, Si/D, S 2 /D, z) . (lU) 

Our measurements of the pressure drop across a tube bank, performed 
with 53 different banks in flows of air and other fluids, |5; 24; 25] suggest that 
resistance is mainly determined by the transverse pitch a and increases with a de- 
crease of the transverse pitch. With the longitudinal pitch b increasing, the larger 
space between two neighboring rows permits the formation of vortices, which in 
many cases affects the resistance of the bank. The pressure drop across banks is 
proportional to the number of rows, and the entrance and exit conditions in the 
bank contribute more to the total loss of kinetic energy. 

In Fig. 22 hydraulic resistance of the staggered bank (1.5 X 1.04) re- 
ferred to one row [25] is presented. Digits denote the total number of rows. The 
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resistance of a single row is similar to that of a single tube. It decreases at the critical 
Reynolds numbers, and increases slightly with a further increase of Re. The pressure 
drop coefficient of a staggered bank with many rows also decreases with an increase 
of Re, and at Re > 2 X 10^ it becomes independent of the Reynolds number. 

In Fig. 23 the resistance characteristics of staggered banks with many 
rows are presented [25 1. Fig. 24 presents the resistance of two in-line banks 
measured by R. Ulinskas and P. Daujotas in the flow of water. A similar character of 
hydraulic resistance of all banks in high Reynolds numbers is obvious. 

As suggested by the analysis of experimental results, for simplicity of 
calculations a graphical interpretation of the data is most convenient. General graphs 
have been compiled from our results described previously, including the results of 
other authors on the pressure drop across banks in flows of gases and liquids. A 
satisfactory correlation has been achieved. [ J , 24 J . 


VIII. CONCLUSIONS 


The preceding sections were devoted to the heat transfer of tubes m 
banks and the hydraulic resistance of tube banks. The main factors exerting an 
influence on the heat transfer process were analyzed. Calculation formulas were 
proposed, reflecting the general characteristics of the heat transfer of tubes in cross- 
flow. The derivation of various equations and charts for various cases o ° 

tubes in crossflow are out of the scope of this paper, constituting a separate prob- 
lem. 1 hope the data presented here enables the derivation of the most efficient 
methods of calculation for crossflow heat exchangers. 
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NOMENCLATURE 

relative transverse pitch, S] /D 

b 

relative longitudinal pitch, S 2 /D 

c 

constant 


specific heat at constant pressure 

D 

diameter of tube, ni 

F 

heat transfer surface, m^ 

Kf 

complex dimensionless terms. NufPrf'°’^*(Prf/Pr^)”®*^*‘' 

L 

length, m 

ni 

power index of Rc 

n 

power index of Pr 

P 

pressure coefficient 

V 

pressure, N/m^ 

At} 

pressure drop, /N/m^ 

q 

specific heat flux, W/m^ 

S| 

transverse pitch of bank of tubes, m 

St 

longitudinal pitch of bank of tubes, m 

s.' 

diagonal pitch of staggered bank, m 

t 

temperature, °C 

U 

fluid flow velocity, m/sec 

z 

number of tube rows in bank 

a 

heat transfer coefficient, W/m^ °C 

f 

pressure drop coefficient, 2Ap/puoZ 

X 

thermal conductivity, W/m°C 

M 

dynamic viscosity, Nsec/m^ 

V 

kinematic viscosity, m* /sec 

p 

density, kg/m^ 


angle measured from front stagnation point, deg 

Nu 

Nusselt number, otd/X 

Pr 

Prandtl number, C^p/X 

Re 

Reynolds number, UqS/i/ 

£u 

Euler number, Ary/puS 

Subscripts 

f , o 

conditions of the main flow 

w 

conditions on the wall 
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Fig. 1. Tube arrange men t in banks. 



Fig. 2. Changes of the value of the exponent over Prf. 



Fig. 3. Heat transfer of in-line banks in the flow of air at high Reynolds numbers. 
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Fig. 8. Comparison of heat transfer of various staggered tube banks. 



Fig. 9. Distribution of pressure coefficient in inner rows of staggered tube banks as a function of Re. 
1-second, 2-fourth row of the bank (2.0 x 1.4) at Re = 1.5 X 10* 1 16J . 3-second, and 4-fourth row 
of the bank (2.2 x 1.5) at Re = 4 X 10* [17]. 
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Fi^ 10. Distribution of pressure coefficient in inner rows of the in-line tube bank (1.25 x 1.25) as a 
function of Re. 1-Rc = 4 X 10*; 2’Rc “ 6 X 10*; 3-Re = 1.1 X 10*. 
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0 60 ^ 120 180 

Fig. 11. Varutioii in local velocity around a tube in a bank | 26]. 



0 60 ^ 120 180 

Fig. 12. Distribution of skin friction cocfficicni Cf = (r/pu’) >^c on a tube in a staggered tube bank, 2.0 X 1.4 
|18]. 1-Re= 1..1 X 10‘:2-Rc = 8.0 X 10‘ ;3-Re = 3.7 X 10’; 4-Re = 1.4 X 10’. 
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Fig. 14. Local heat transfer of a tube in various staggered banks at Re < 70,000. l-(2.0 X 2.0), after Mikhaylov 
120|; 2 (1. 5 X 1.5), after Mayingcr and Scad |21J; >(1.3 X 1.13)/aftcr Bertoili ttal. |22|;4 (1.5 X 2.0), after 
Winding and Cheney ( 23J . 



Fig. 15. Local heat transfer of tubes in staggered bank (1.5 X 1.5) in flow of water. 1-Re = 8 X 10*; 2-Rc = 
1.5X 10“;3-Rc = 9X10*. 



Fig. 16. Local heat transfer of tubes in in-line bank (1.5 X 1.5) in flow of water. l-Re » 8 X 10*; 2-Re = 
1.5 X 10* . 3-Re 9 X 10*. 






Heat Transfer of Banks of Tubes in Crossflow at High Reynolds Numbers 



Fig. 19. Heat transfer of in-line tube banks at high Reynolds numbers [9] 
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Heat Transfer of Banks of Tubes in Crossflow at High Reynolds Numbers BO 



Fig. 21. Heat transfer of in-line and staggered tube banks in the flow of water. 



100 A. A. iukauskas 



Fig. 24. Hydraulic resisiance of in-line banks in the flow of water. 






Chapter 5 

SOME EXTRA-HIGH CAPACITY HEAT EXCHANGERS 
OF SPECIAL DF^IGN 

L. FORGO' 


With regard to considerable recent technical advances, new 
requirements have to be met by heat exchangers, too, and constantly higher 
unit-capacities must be made available. In the field of power generation the unit 
capacity of turboaltcrnators has been 150 MW to about 300 MW ten years ago, while 
at the present time their rating is as high as 1000 MW, units up to 2000 MW capacity 
arc being developed, and turboalternators of even higher rating arc already taken 
into consideration. Nuclear engineers require not only new constructions but also 
new heat transmitting mediums as well (COi, He, Na, etc.). The chemical industry, 
the production of fresh water from sea water, aviation, modern rocket techniques, as 
well as space investigations, etc. set new tasks, which must be performed by means 
of new .solutions. Oving to the many aspects of this new technique, within the scope 
of a short lecture only some interesting examples, characterizing technical 
development, can be dealt with, in reference to a limited field only and without the 
aim of total coverage. 

In the following 1 should like to deal with some up-to-date solutions 
illustrating the progress achieved in the development of heat exchangers, as well as 
with some suggestions which may be of interest in this field. 

All these examples refer to methods where the requirements involving 
high thermal capacities necessitated the solution of particular problems. 


*h6tERV, Design Bureau for Industria) Power and Heat .Supply, Budapc-st. 


N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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1. Air cooled condensing plant 

It is known that heat discharge from condensers of thermal and nuclear 
power stations increases essentially in proportion to the unit-capacity of the installa- 
tions, and the possibility of improving thermal efficiency is very limited. Under the 
present technical circumstances the upper limit for the unit-capacity of turboalterna- 
tors is about 1200 MW. It is expected, however, that in the near future units of even 
higher capacity will be installed. Thus, in consideration that an amount of heat of 
1.3 X 10^ kcal/h has to be discharged from the condenser of a fossil fueled I 200 MW 
steam turbine, while in case of a light-water reactor this value amounts to around 2X 
10^ kcal/h, it is obvious that problems arise which necessitate new solutions. This 
heat must be dissipated to the ambience at a low temperature level without con- 
taminating the environment more than inevitable. Up to now the far smaller 
amounts of waste heat could be dissipated to natural water bodies by means of the 
so-called fresh-water cooling. In the case of the above-mentioned with much higher 
and further increasing capacities, this is generally no longer possible, because of the 
harmful warming of natural waters. Thus, this solution will not be applicable in the 
future. Another method to dissipate waste heat is the use of an evaporative type, the 
so-called wet cooling tower. In that case the natural waters arc protected against 
water pollution. This has, however, the drawback that large amounts of water vapors 
would be discharged to the atmosphere. 

The ambient air used in a fossil-fueled 1 200 MW capacity turboaltcrna- 
tor is about 2500 t/h vapor, which under certain weather conditions would favor 
fogging, or icing of the neighboring roads and airports. 

From the viewpoint of environment protection, air cooled condensing 
installations have the advantage that these difficulties arc not encountered at all. The 
waste heat is directly dissipated to the atmosphere (without the evaporation of 
water). It immediately rises to a great height and, consequently, contamination of 
the environment cannot occur. 

The layout scheme of this air cooled condensing plant ("‘System 
Heller”) is shown in Fig. 1. 

The exhaust steam of the turbine is condensed in a jet condenser, the 
cooling water of which becomes recooled by means of the ambient air. The ex- 
ceedingly high air (low required for cooling is usually produced by natural draft 
cooling towers. Though the layout of the installation is apparently simple, serious 
problems arise with regard to the economy of the whole system. These difficulties 
are due to the exceedingly great amount of heat, which has to be discharged at a 



Some Extra-High Capacity Heat Exchangers of Special Design 103 


small temperature difference, while considerable quantities of cooling water and air 
have to be kept moving. Thus, e.g. in case of the above mentioned fossil-fueled 1200 
MW plant capacity the amount of heat to be discharged is around 1.3 X 10^ kcal/h. 
This means that 130,000 m^/h cooling water is to be circulated while the amount of 
circulating air is around 220 X 10** ni^/h. The pressure drop of flow on the water and 
air side must be kept within narrow limits because of economic reasons. Thus, e.g. the 
pressure drop of the air through the heat exchangers cannot exceed 3-4 mm w.g., 
and to maintain cooling water circulation only 0.5 - 0.7% of the generator rating can 
be used. Apart from these conditions which are difficult in themselves, other condi- 
tions are imposed by manufacturing, erection, corrosion resistance, etc. All these 
conditions, however, can be fulfilled with the following solution. 

It is known that in the case of laminar-flow the heat transfer coefficient 
can be effectively increased — even if flow velocity is low — by decreasing the 
hydraulic diameter of the heat transferring surface. This circumstance ensures the 
efficiency of heat transfer even at a low flow resistance. Fig. 2 illustrates the design 
of a heat exchanger made according to this principle. The photo shows one section 
of the heat exchanger surface with the tubes carrying the cooling water and the fms 
along which the cooling air circulates. The slotted fms are arranged perpendicularly 
to the air flow. Thus, their dimensions are very small in the flow direction. With this 
design the heat transfer coefficient is relatively very high at a low air velocity. 
Consequently, the frontal area of these heat exchangers is very large. In order to 
keep space requirement within acceptable limits, the cooling elements arc arranged 
zig-zagged. The tubes and fins shown on Fig. 2 are made of pure aluminum 
(99.5%). In order to ensure sufficient stiffness of the cooling elements, they are 
inserted into hot dip galvanized steel structures, which allows room for thermal 
expansion of the aluminum parts. The high thermal conductivity of the aluminum 
renders it possible to make the coolers with relatively thin and long fins and few 
tubes. The structural material and the applied special surface coating ensure 
adequate corrosion resistance. The fins are jointed to the tubes by means of cold 
pressing by which good heat conductivity is achieved. The standard cooling elements 
are 5 m long, 2.5 wide, and their thickness is O.1 5 m (in the direction of air flow). 
Six, resp. 8, such cooling elements are assembled in a so-called "delta’*. Each delta of 
this type comes up to a power plant capacity of about 2 - 2.5 MW. Each delta is 15 
resp. 20 m high; the two sides are made of the aluminum cooling elements; the third 
side is formed by steel stiffeners and, in case of certain weather conditions, with 
louvres for the regulation of air flow. The cooling deltas are completely factory 
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assembled, pressure tested, and loaded in wagons. Fig. 3 shows a transport consist- 
ing of 1 0 deltas after arrival at the site of the power plant. In this case the 1 5 m long 
coolers were transported on wagons of 13 m length. Thus, it was necessary to place 
an unloaded wagon between two loaded wagons. The cooling deltas can be lifted 
from the wagon by a mobile crane and transported to the storage place or — under 
circumstances — immediately to the tower, as can be seen in Fig. 4. The cooling 
deltas can be transported by rail without any damage, even distances of several 
thousand km. Experience has allowed erection time at the site to be considerably 
reduced. In the case of adequate organization, 10 deltas can be mounted along the 
lower periphery of the cooling tower within 8-10 hours. 

Fig. 5 shows the dry cooling tower for a turbine of 220 MW capacity. 
The dimensions of the tower are as follows: height 120 m. lower diameter 108 ni, 
upper diameter 60 in. On Fig. 5 a steel framed cooling tower covered by corrugated 
sheet aluminum can be seen. This structure was prescribed at tliis site bccau.se of 
high seismic loading. Under normal circumstances such towers can be build also of 
reinforced concrete in the usual hyperbolic form. 

In the case of very high capacities (800 1200 MW), the dimensions of 
the cooling tower arc so large that difficulties arise when they are made of 
reinforced concrete. In such cases the steel structure offers better possibilities, as its 
static calculations include fewer uncertainties. Fig. 6 shows a steel-framed tower 
serving for a steam turbine of 800 MW capacity. In the instance of this tower - 
owing to the large amount of waste heat — the cooling deltas must be arranged along 
its lower periphery in two stages, each of 15 m height. With this arrangement even 
higher capacities can be installed in one tower, only the height of the cooling deltas 
must be increased to 20 m. 

2. Multiple reheating cycle for steam turbines 

An interesting suggestion for increasing cycle efficiency of large steam 
turbines has been made by L. Szucs [ 2 ] . Owing to the pressure of international 
competition, the efficiency of large turboalternators continuously increases. Under 
present technical circumstances, however, in order to achieve the slightest progress, 
intensive development has to take place. In the following, such research work will be 
dealt with. 

It is known that the thermal efficiency of steam turbines can be in- 
creased by the multiple reheating of steam. This, however, imposes considerable 
surplus costs and, consequently, at the present time steam in the turbines is reheated 
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only twice. At the same time multiple reheating of steam implies difficulties because 
the steam expanded in the turbine must be passed back to the boiler and sub- 
sequently returned to the turbine for further expansion, which makes it necessary to 
install pipelines of constantly larger diameter. This problem can be overcome if 
steam is not passed back to the boiler and reheated in it but instead some transmit- 
ting medium which transfers heat from the boiler to the turbine is subsequently used 
for reheating steam in heat exchangers, accomodated in the pipelines connecting the 
turbine casings. In selecting the transmitting medium mercury, resp. mercury vapor 
is suggested. 

The main characteristics of this suggestion can be explained with refer- 
ence to Fig. 7. The upper part of the figure shows the simplified scheme of the Big 
Sandy power station of 800 MW capacity 13]. As can be seen from the figure, the 
turbine operates with supercritical live steam and double reheat. The diameter of the 
pipeline behind the second reheatcr is 2 X 1 200 mm, while operational pressure is 22 
at and temperature 565°C. The surplus costs of further reheating would increase not 
only because of the long pipelines of large diameter, but also due to the necessary 
quick acting stop valves, which cut off the pipelines in case of eventual load drop of 
the generator thus preventing the runaway of the turbine. 

The lower part of Fig. 7 shows the suggested new method. Here, the 
boiler generates superheated live steam as is usual at the present time. Subsequent 
reheating, however, is performed by using mercury vapor as a transmitting medium. 
For this purpose, a mercury vapor generator has to be installed at an adequate 
place in the boiler, wlicrc the generation of mercury vapor takes place at a pressure 
of 18.6 at and a temperature of 575°C. Mercury vapor thus generated is led 
through a pipeline to the turbine. The reheaters, which must have in this case very 
small dimensions, are accommodated in the pipelines connecting the turbine casings of 
different pressure and transfer heat between the condensing mercury vapor and the 
superheated steam. The mercury condensate is collected behind the reheaters and 
returned - by means of a pump — to the boiler. In this case the pipeline carrying 
mercury vapor would have a diameter of 2 X 1000 mm, and these dimensions can be 
further reduced behind each reheater. As the figure shows it is suggested that steam 
be reheated five times. 

The applicability and economy of the suggested solution depends upon 
the following conditions: 

a) The dimensions of the reheater must be reduced to such an extent that the 
rehcater can be accomodated in the pipe connecting two casings; 
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b) Pressure drop on the steam side must be low; 

c) The accommodation of the mercury vapor generator in the boiler has to be 
feasible technically and economically. 

In reference first and foremost to the last item, it can be stated that 
mercury vapor generators were successfully tested many years ago and have been 
operating since that time (EMMET procedure). On the basis of experiences gained 
up to now, in principle no difficulties arise with these mercury vapor generators 
The same applies to the pipelines, pumps and fittings. As to the construction of the 
reheater, entirely new tasks have to be faced. 

Strictly speaking, the rcheatcr is a heat exchanger, which on the 
one hand condenses the mercury vapor and on the other hand reheats the 
already superheated steam to a higher temperature. Thus, it is evident that a device 
consisting of finned tubes must be selected. 

In order to achieve a very high efficiency of heat transfer on the steam 
side in the case of a small pressure drop, the heat transferring surface is formed by 
thin plate fins and very small gaps in which the velocity of the laminar flow is low. 
Because of this low velocity flow between the gaps, the frontal area on the steam 
side is very large. Under these circumstances the space requirement of the rcheatcr 
can only be reduced by arranging the transferring surface consisting of finned tubes 
in V-form and by installing as many of these elements as necessary. The upper part 
of Fig. 8 shows one section of the pipeline connecting the turbine casings, in the 
extension of which the reheater is accommodated. Though this figure is not exactly to 
scale, one can see that the pipeline has to be widened only slightly for accommodating 
the heat exchanger. The construction of the heat transfer surfaces with the finned 
tubes can be seen in the lower part of Fig. 8, These surfaces consist of flat tubes and 
very thin stainless steel strips joined by means of a special welding procedure. 
Attention has to be drawn to the dimensions; fin thickness 0.1 5-0.4 mm; gap 0.3‘0.5 
mm and distance between the tubes (thus, twice the height of the fins) 4-6 mm. The 
length of the fins in the direction of steam (low is about 20-60 mm. Apparently, this 
is a special construction realized by means of a special manufacturing technology. 
The strength of the flat tubes is ensured by the welded stj*ucture which makes the 
use of thin tube walls possible. 

The heat transfer coefficient and the pressure drop in the case of 
laminar flow can be calculated on the basis of available technical literature. The 
question, however, arises in what measure flow resistance increases with the arrange- 
ment of the elements in V-form. To answer this question, model tests with air were 
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carried out. They proved that under the above described circumstances it is possible 
to adjust the pressure drop on the steam side to about 0.5% of the absolute pressure. 
Another question is, whether the exceedingly narrow gaps do not become blocked 
by fouling. Obviously, this question can be answered only by long run tests carried 
out under normal operating conditions. Theoretically, it can be said that the forma- 
tion of steam side deposits occurs only on the spots, where steam cools while 
expanding. In the mentioned case, however, neither considerable expansion nor 
cooling takes place, but on the contrary, steam becomes heated. If the Big Sandy 
power station were erected according to this suggestion, it would have been possible 
to achieve a 4.6% savings in specific heat consumption by means of reheating, 
repeated five times. It is evident however, that the realization of the above- 
mentioned suggestion necessitates the reconstruction of the boiler for accommodating 
the mercury vapor evaporator, and an entirely new turbine construction must be 
developed as well. 

Another much simpler solution, which would be accordingly less ad- 
vantageous, consists of effecting alterations only behind the second rehcater. This 
could be realir.cd by accommodating a reheater in the place marked with a dotted line 
in the upper part of Fig. 7. By way of experiment the electric heating of the reheater 
could be taken into consideration, since in this case the boiler ought not to be 
reconstructed, because one can assume that the mercury parts of the installation are 
known. 

The “Lead technology” 

Another method for heat transfer of manifold applicability which uses 
as a transmitting medium a liquid metal — preferably lead — has become known as 
the “lead technology” |4] . This process can be utilized — first and foremost — in 
chemical and pctro-chemical plants, as well as in the processing of synthetic 
materials. It can further be used for waste heat recovery in. the field of metallurgy 
and even for steam generation in nuclear power stations, etc. As this process usually 
works with liquid lead, with a melting point of 327°C, processing above this temper- 
ature level can be taken into consideration. As a matter of interest, it has to be 
mentioned that it is relatively easy to put such installations, into operation since for 
melting 1 t of lead and heating it up to 400*^0 only 18000 kcals are required. The 
heat conductivity of fluid lead is 14 kcal/m h°C, sufficient for maintaining the 
whole metal bath practically at the same temperature. An advantage of the process 
lies in the relatively low cost of lead. Because of the manifold applicability of this 
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process, different devices must be used in various fields. As an example, a steam 
generator of certain kind of nuclear power stations will be dealt with in more detail. 

It is known that in the case of gas-cooled nuclear reactors one of the 
possibilities for generating electric power consists of producing with the hot gas 
high-pressure-superheated steam, which expands in a steam turbine. Usually, these 
steam generators arc comprised of conventional structures, e.g. tubes, headers, etc. 
According to the suggestion made by F. Vollhardt, however, steam generation by 
means of lead technology can be realized in a more advantageous way, as it is shown 
in Fig. 9. This example refers to a helium-cooled high temperature reactor. The hot 
gas leaves the reactor at a temperature of 850°C and is led into a container partly 
filled with liquid lead. The inlet pipe dives into the liquid metal, and thus the gas 
comes into direct contact with the molten metal in the form of bubbles produced by 
means of an adequately perforated plate. Due to the large surface of the bubbles, the 
gas cools down very quickly and the released heat keeps the temperature of the 
liquid metal at about 650°C. As is shown schematically in the figure, the container 
is divided by means of a vertical partition wall into two parts. Consequently, this 
650°C bath temperature prevails only in the left side of the tank. The superheater 
tubes of the steam generator are submerged into the liquid metal. Subsequently, the 
helium gas passes through the partition wall and comes again into contact with the 
fluid metal, in the form of bubbles. In this part of the tank the temperature of the 
metal is about 440°C. From here, the gas returns to the reactor through a droplet 
separator. The evaporator tubes of the steam generator submerge into the fluid 
metal in the second part of the tank. The helium gas leaving the tank can be further 
cooled by the economizer and afterwards is returned to the reactor by means of a 
compressor. Thus, continuous gas circulation is maintained. As has already been 
mentioned, the temperature of the lead-bath is in the first stage around 650°C, and 
here the evaporation of the fluid metal is not negligible. These metal vapors, 
however, enter — together with the helium gas — through the partition wall into the 
second stage, become condensed and retained by the here prevailing, lower tempera- 
ture of the liquid metal. Thus, a certain amount of the liquid metal must be returned 
from the second stage to the first stage. 

The separated metal droplets will be led back into the second stage as 
well. Evaporation in the second stage — at a temperature of 440°C — is already 
negligible. The entrainment of metal droplets by the gas can be kept within accept- 
able limits by maintaining surface loading of the liquid at a low level. Details 
concerning temperature control, etc. are not dealt with. It has, however, to be 
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mentioned that the liquid metal is not sensitive to contamination. Foreign 
substances gather at the surface of the liquid and can be easily removed. 
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Fig. 4. 
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Chapter 6 


THE OPTIMAL DESIGN OF HEAT EXCHANGER NETWORKS- 
A REVIEW AND EVALUATION OF CURRENT PROCEDURES 

T.W. Hoffman* 


In must chemical and metallurgical processes, it is essential on econo- 
mic grounds to recover and recycle energy. The most important part of this energy 
recovery is by way of heat transfer between outgoing hot and incoming cold 
streams. Moreover, temperature specifications on the hot and cold streams must be 
met and at the design stage a decision must be made regarding the use of a process 
stream or an external service (c.g., cooling water or steam) to accomplish the 
required heat duty. In even relatively simple situations, the problem of pairing and 
sequencing of exchanger streams becomes a large one and the use of the computer or 
short-cut techniques is necessary. 

This chapter reviews and evaluates the essential details and evaluates 
some techniques which have appeared in the recent literature to solve this 
combinatorial problem. 


THE GENERAL PROBLEM 

In the design problem considered here there are s fluid streams, n of 
which are to be heated an m to be cooled to specified temperatures. The following 
specifications and/or assumptions pertain: 

(i) All information concerning flowrates, initial temperatures, heat 
capacities of the fluid streams is known. 

(ii) The final temperature requirements of the product, feed and 
intermediate process streams have been identified beforehand by process considera- 
tions. It is recognized that the optimal design of the overall process, of which the 


(*} Department of Chemical Engineering, McMaster University, Hamilton, Canada. 
N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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heat exchanger network is only a small part, may be a strong function of these 
temperature specifications.* 

(iii) The availability of and costs for service heating or cooling (e.g., 
steam cooling water) are known. It is assumed that energy generated within the 
process under study cannot be “sold” outside it, so that recovery is only possible 
within it. 

(iv) Heat exchange is effected in a shell-and-tube heat exchanger and 
the overall heat transfer coefficient is known. This poses a problem since the overall 
coefficient depends on exchanger geometry and fluid properties (and hence tempera- 
ture level) of the exchanging streams. Since the pairing of streams and temperature 
level are not known until the network has been established and further, the geometry 
of the heat exchanger is not known until its size is known, initial estimates of overall 
coefficients may have to be revised and the network reestablished. 

This allows the economic design of any individual heat exchanger to be 
considered after the network has been established. Also, the interaction of the 
pressure drop with the overall process economics can be established later as well. 

(v) Heuristics, such as the minimum allowable approach tempera- 
ture and maximum allowable temperature differences between hot and cold streams 
may be included. 

(vi) Operating cost data such as cooling water, steam, furnace fuel 
costs and capital cost data such as heat exchangers, coolers, heaters, furnaces are 
known. Capital costs of heat exchangers, furnaces etc. arc correlated by a non-linear 
function of some characteristic, Z, by equations of the form: 

C = a, Z. + k, (i: 

C. II I 

I 

where a^ bj and kj are constants depending upon the device i. is exchanger area 
for heat exchangers and heat load for furnaces, etc. 

A constant amortization rate on capital equipment is specified. 

(vii) The controllability and cost of control and start-up which are 
related to process complexity are not considered in the economic objective function. 


(*)Note that decomposition procedures for optimizing processes as suggested by Lasdon (1 ) still require the solu- 
tion of the network optimization problem. 
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LITERATURE REVIEW 

A brief “Statc-of-the-Art” review of previous work is presented below. 

The early attempts at optimizing heat exchanger arrangements con- 
centrated on the optimization of the exchanger arrangement and intermediate 
temperatures between heat exchangers, coolers and heaters for a single cold or hot 
stream. Bosnjakovic et al.[2] , Mickley and Korchak [3] ,and Happel [4 1 consider the 
problem of optimizing the outlet temperature of a waste heat exchanger or 
exchanger trains. Ten Broeck 1 5J considered the optimization of a battery of waste 
heat exchangers. Westerbrook [6] applied dynamic programming to optimize a train 
of heat exchangers and a furnace. Bragin [7] employed the Discrete Maximum 
Principle to optimize the heat allocation and sequencing of hot streams to heat a 
cold stream. In each case however, the basic network was assumed known. 
Moreover, the methods are not applicable to interlocking networks where there are 
multiple hot and cold streams. 

Hwa 1 8] was the first to consider the problem of optimal structure of 
multiple hot and cold streams. His formulation relies on piecewise linearization of 
the objective function and then solution by separable programming. A serious 
shortcoming of his method is that it requires the synthesis of possible network 
structures* beforehand, 

Kcslcr and Parker [9] break up hot and cold streams into small finite 
elements of unit heat flow (e.g., 1X10^ kcal./hr.) which they call exchangelets. 
They then consider the transfer of heat between exchangelets or groups of 
exchangelets. This allows a set of linear equations to be formulated along with the 
costs for each heat exchange combination and hence overcomes the problems 
associated with a nonlinear, nonconvex objective function. The optimal network is 
found by searching via alternate use of an assignment algorithm and a modified 
Linear Programming algorithm. The fact that finite elements arc used may mean that 
global optimality has not been attained. 

A similar linear programming approach has been reported by Kobayashi 
et al. [10]. They divide the process into an internal and external system. The internal 
system is comprised of process strcam-to-process stream exchangers; the external 

(*} The term network structure means the matching and sequencing of streams to achieve their desired tempera- 


tures. 
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system contains external sources and sinks. Similarly to Keslcr and Parker, they 
break each stream up into finite heat elements and then apply an optimal assignment 
algorithm in linear programming to establish the optimum network structure of the 
internal system. Box's complex-method optimizing technique [11] is used to 
optimize the economic objective function of the combined internal and external 
system. Some iteration within this two-level approach may be necessary since some 
of the assumptions involved with the formulation of the internal structure may be 
invalid after the second optimization. 

Nishida and coworkers [12] working like Kokayashi et al. with internal 
and external systems have proposed a graphical method or obtaining the best 
network structure. They then recommend that the optimum sizes and splitting of 
streams within this structure be found by use of Box’s Complex method for 
constrained optimization problems. The rules for the graphical technique have been 
developed from the mathematical analysis of the special circumstance where all 
overall coefficients are equal and the heat capacity-mass flowrate product is the 
same for all streams. The method when applied to other cases does not guarantee 
optimality but does serve as a useful guide in structuring at least a near optimum 
network. 

Masso and Rudd [13] use a heuristic method for building networks. It 
has a built-in learning capability which enables the system to move towards the 
optimal structure. The heuristics permit incorporation of very practical considera- 
tions but destory any guarantee of optimality. 

King, Gantz and Barnes [14] have applied heuristic methods to an 
evolutionary approach to the design problem. Their method is quite general in that 
it can be applied to any process design problem; however, it does require a basic 
flowsheet at the outset. 

Lee, Masso and Rudd [15] employ the branch and bound mathematical 
technique to reduce the amount of calculation required in this combinatorial 
problem. Their method guarantees optimality within the limitations of the heuristics 
that arc included. This technique is ideal for heat exchanger networks where the 
same type of equipment is used in a relatively large number of places in the process. 

Menzies and Johnson [16] have automated the branch and bound 
technique and applied it to optimize energy exchange networks where pressure and 
temperature effects are included. They also coupled this with a modular simulation 
program and lagrangian decomposition techniques to break large systems down into 
sub-Systems of more manageable size. They applied it successfully to high and low 
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pressure ethylene plants. 

McGalliard and Westerberg [17] and Takamatou Hashimoto and Ohno 
[18] apply Lagirangian-based sensitivity analysis to the problem of optimizing a given 
exchanger network. This method thus serves as an alternative to the Complex 
method employed by the Japanese workers mentioned above. As will be shown 
later, except for the branch and bound approach, these methods should find use in 
optimizing the apparent optimum structure found by the other methods. 

The purpose of this paper is to review the essential details of the 
methods of Kesler and Parker, Lee, ct al., Nishida, et al. and Kobayashi et al. This 
will be done by applying these methods to a simple system. The predictions and 
limitations of the methods and some of the difficulties encountered in using the 
methods will be delineated by applying these techniejues to obtain the optimal 
network of a real design problem. The techniques have been used as presented 
in the papers with little or no modification and hence results arc presented from 
the standpoint of the user. 

REVIEW OF METHODS 


The Basic Problem. 

The design problem to be used as a vehicle to demonstrate the methods 
is the one presented by Lee et al. and referred to in their paper as 4SPI. The details 
of the two hot and two cold streams are indicated in Tabic I; the basic economic and 
operating data are indicated in Tabic II. 

The Graphical Method of Nishida, Kobayashi and Ichikawa. 

Nishida et al. considered the heat exchange system to be broken into 
two subsystems (Figure 1): the interior subsystem where the process stream- 
to-process stream heat transfer occurs and the exterior subsystem where the heating 
and cooling by auxiliary services allows the temperature specifications to be 
achieved. This decomposition allows the interior and exterior subsystems to be 
synthesized separately. The key to the method, and indeed the link between the two 
subsystems, is the assignment of a total heat duty to the interior subsystem. This 
total interior heat duty determines not only the overall cost of the total heat 
exchange network but also the structure of the internal system. The initial step in 
applying this method is to determine the internal arrangement of exchangers and 
streams, given its total heat duty. The optimization of the whole system given this 
internal structure follows. 
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TABLE 1 -DESIGN PROBLEM 4SPI 


Stream 

Flow 

Input 

Output 

Heat 

No. 

rate 

Temp. 

Temp. 

Cap. 

l(SCi) 

20,643 

140 

320 

0.70 

2(Sii2) 

27,778 

320 

200 

0.60 

3(SC2) 

23,060 

240 

500 

0.50 

4(SHi) 

25,000 

480 

280 

0.80 


TABLE 2-DESIGN DATA 


Stream (saturated) pressure 962,5 p.s.i.a. for problem 

4SP1 


450 p.s.i.a. for problems 
5SPI and 6SPI 


Cooling water temperature 


100°F 

Maximum water output temp. 


ISO^F 

Minimum allowable approach 

AT's 


Heat exchanger 

’’he 

20'’F 

Steam heater 


25“F 

Water cooler 


20“F 

Over-all heat transfer coefficients 



Heat exchanger 

^HE 

150 Btu/(hr) (sqft) (“F) 

Steam heater 

Uh 

200 Btu/(hr) (sq ft) (“F) 

Water cooler 

Uc 

150 Btu/(hr) (sq ft) (“F) 

Equipment down time 

a 

380 hr/yr 

Heat exchanger cost parameters 

a, b 

350, 0.6 

Cooling water cost 

Cw 

5 X 10-®$/ib' 

Steam cost 

Cs 

1 X lO-’l/lb 
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The basic problem in determining the optimum interior structure is 
defined as: For a given total heat duty in the interior subsystem and given process 
streams, synthesize a feasible exchanger network which will minimize the total area 
in this subsystem. This is stated as their defined optimum system. 

In establishing this defmition they have had to make the following 
additional limiting assumptions: 

(i) The cost of an exchanger is a linear function of heat transfer 
area; this means that the cost index, b = 1, and k = 0 in Equation (1) 

(ii) Only sensible heat is transferred. 

(iii) Each exchanger with its area calculated from the well-known 

expression. 


A 


<1 

UF At. 

l.m . 


( 2 ) 


has the same effective overall heat transfer coefficient, UF. 

In order to synthesize this optimum internal subsystem, they develop a 
number of rules based on analytically derived necessary conditions. An example of 
one of their necessary conditions with its inherent assumptions is: Given a system of 
equal number of hot and cold streams, all with equal hourly thermal capacity 
(weight flowrate-heat capacity product), assuming each stream is heat exchanged at 
most once and equal heat duty occurs in each exchanger, then it is shown that the 
streams should be matched. 


'=)„• =0 >• <Sh,- Sc.) — (=1 . Sc ) 

(3) 

III m 

where T. > T. > T, 

hi h} h 

(4) 

m 

and Tj, > Tj, > T^, 

^ * m 

(5) 


if the number of hot and cold streams is unequal, the matches are made 
in the same way with the coldest set matched with the hot streams if the number of 
hot streams is less than the number of cold streams and vice versa if the number of 
cold streams is the smaller. 

Additional necessary conditions are summarized as follows: 

• if multiple exchange is to occur between a hot and cold then it 
should be done countercurrently. 
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• If splitting of streams into substreams is to occur and each of these 
substreams if exchanged only once, then for optimal assignment of 
heat duty to each exchanger, the same fraction of heat should be 
assigned to each exchanger. Under these conditions the total area is 
independent of the number of exchangers. 

These conditions become the rules for a graphical synthesis of the 
network on what they refer to as a heat content diagram (Figure 2). This is a plot of 
input and output temperatures of all streams in the system against their respectively 
hourly thermal capacity. Hot streams are shown above the horizontal axis, cold 
streams below. The origin of the horizontal axis is separate for each stream. The area 
of the block so formed represents the amount of heat to be removed from or added 
to each stream in order to satisfy its temperature specifications. This representation 
of the problem gives a very clear picture of any network design problem and is 
recommended to network designers. 

Heat exchange is represented on the diagram by matching a hot block 
(or part thereof) with an equal area block in the cold section; this ensures heat 
balancing in an exchanger. Note that each horizontal division of a block corresponds 
to another heat exchanger for this stream; each vertical division corresponds to 
s{ditting a stream. 

The three necessary conditions indicated above are used to establish the 
following rules for constructing the heat exchange network on this diagram: 

(i) Hot and cold blocks are matched (and numbered) consecutively 
in decreasing order of stream temperature (Theorem 1). 

(ii) For the hot blocks, the outlet temperature of exchangers in the 
i-th block is never lower than the inlet temperature of the (i + l)-th block and 
similarly for the cold blocks the inlet temperature of the block is never lower 
than the outlet temperature of the (j + l)-th block. 

(iii) If the total heat duty of the internal subsystem is smaller than 
both the total heat removed from hot streams or total heat added to cold streams, 
the highest temperature portion of hot blocks and coldest temperature portion of 
cold blocks are exchanged in the internal subsystem. The remainder is assigned to 
the heating and cooling external subsystem. 

The application of these rules is demonstrated via the 4SPI problem. 
Figures (3) and (4) demonstrate the steps in solving this problem. 
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(i) Figure 3 ahows the heat content diagram for the atreains listed in TaUe 1. 

(ii) An arbitrary total heat duty is assumed. This is chosen to allow a 20*^F. 
approach to be achieved between the inlet to hot stream ^ and cold stream S(^ | ; hence a 
horisontal line is dravm at 460^F and the total heat duty on the hot streams provides an outlet 
temperature of 251. 5°F. on 

(iii) From rule (ii), horizontal lines are drawn at the boundary temperatures as 
shown by the dotted lines on Figure 3. 

(iv) Boundaries between streams are ignored for tlie moment and the blocks of he.at 
are separated as shown by the dotted lines on Figure 3. 

(v) Figure 4 shows the constnicdon. By rule (1) the highest temperature hot 
stream is combined for exchange with the hipest temperature cold stream (since the number of 

streams are equal). By the heal balance, tlie outlet temperature of the hot stream is 399.2‘’F. 

The remainder of the cooling of S|,| lo 320° F. is provided by part of the 
combined blocks 2 and 3, their outlet temperature by heat balance being 259°F. Since there are 
two streams, must be split, the split (vertical line) or unknown weight flowrate in each 
stream is determined by the heat balance on blocks 2 and 3. The remainder of heat requirements 
on and between 240 and 259 are provided by the combined tlicrmol capacity of 
and between 320 and 306.5. This leads to exchangers 4, 5 and 6 with an additional split on 
stream 1. The remaining heat in all of | is exchanged with part of ^ shown. Exchanger 8 
completes the network. 

Figure 5 is the process flowsheet that arises out of the direct application 
of these rules. Obviously this network is much too complicated for a practical design 
since the control problems and costs may offset any expected saving. 

A much simpler network results if one step in the rules is relaxed, 
namely rule (ii) concerning the minimum inlet and outlet temperatures. If rule (ii) is 
applied to the hot streams, but heat requirements of cold stream is allowed to 
be met entirely by S]^ ^ and if the rules are applied rigorously for the remainder of 
the calculation, the heat content diagram as shown on Figure 6 results. This gives 
rise to the much simpler network, Figure 7. 

This procedure may seem somewhat arbitrary but actually arises by 
considering ways to reduce the complexity of the rigorous network, as Nishida 
et al. have suggested. Note that the lower portion of the process flowsheet (Figure 5) 
shows almost a true countercurrent exchange between ^ and ^ except for the 
flow to exchanger 3 and 5. 
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The next step in the procedure is to determine the economic objective 
function for the entire process. Nishida et al. do not present details of their method 
but the GEMCS modular simulation routine has been found to be ideal for this 
purpose. The details of this technique are readily available* [19]. 

Basically, this simulation technique involves translating the process flow 
sheet into an information flow diagram in which information concerning the flow of 
material and thermodynamic state of any stream is transferred from one unit 
computation or module to another. All incoming information to the module is 
assumed known and this incoming information is modified in the unit computation; 
the outgoing information reflects these changes and becomes the incoming 
information for the next module in a specified calculation order. Here the unit 
computation describes heat exchangers and computes the heat and material balance 
when two or more streams are joined or split. Table III indicates a brief description 
of the modules. The procedure used is to size the exchangers in the network using 
the temperature specifications on each exchanger generated by the graphical 
procedure; this is done by the HEX2 modules (Figure 8a). The process is then 
simulated using the HEXl modules in those situations where the outlet temperatures 
must not meet a temperature specification (Figure 8b}. These exchanger areas arc 
adjusted to ensure that all temperature specifications are met and the objective 
function evaluated. The optimization routine optimizes the entire network through 
manipulation of the fraction splits. If the heat duty of the internal subsystem is very 
much different from what was assumed in constructing the original network, the 
graphical procedure should be repeated to ensure that the internal network structure 
does not change. If it does, the entire procedure is repeated. In the example under 
consideration here the objective function was calculated to be $ 15,340 although the 
structure generated by the procedure was not optimized. 

Global optimality is not ensured by this procedure but the simplicity of 
the procedure is its major advantage. Experience to date suggests that although the 
network structure is different from that generated by other techniques, the objective 
function is very close to that obtained by the other procedures to be discussed. 


(*)' A lifting of the Fortran TV propam and a uier'i handbook are available from die author. 
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HEXl 

HEX2 

HEX3 

FllRNl 

COOLl 

JUNCOl 

Jl)NC02 

CONTL2 

CVRGl 

TESTl 


TABLE ffl - DESCRIPTION OF MODULES USED IN NETWORK DESIGN, 
SIMULATION AND OPTIMIZATION 

calculates the outlet temperature given the heat transfer area and overall transfer 
coefficient by the effectiveness factor method (a simulator) 

calculates the area gjven incoming information and cither the outlet temperature 
specification on one stream or the minimum approach temperature desired (a design 
model) 

calculates the area and stream requirements in order to meet a required temperature 
on the process stream 

calculates fuel requirements in a fiimace to meet a required temperature on the 
process stream given the heating value of the fuel and fiimace efficiency 

calculates the area and water requirements (g^en inlet and outlet temperatures) to 
meet a required tem})erature 

is a stream splitting module which requires specification of the fraction of the 
incoming flow going to each of the outgoing streams 

performs a heat and material balance on mixed streams 

is a convergence tester. Since the networks usually involve recycle of stream 
information and all modules assume that incoming information is known, an iterative 
calculation is required on these streams. This module tests if the assumed and 
calculated information is within a given tolerance 

is a convergence promotion module, Speed of convergence is increased over direct 
iterative calculations on the recycle streams. Model uses the method of Orbach and 
Crowe (20) 

tests if the temperature constraints have been met with the conditions of the 
simulation. If not it ensures appropriate increases/ decreases in heat exchanger areas 
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OEJ 1 evaluates the objective function (coat/year) for any feasible network 

OPTl is a continuous optimizing routine to change the fraction split or other decision 
variable in the optimization 

Branch and Bound Procedure 

Lee, Masso and Rudd [15] were the first to suggest and demonstrate 
successfully the application of the branch and bound technique to the design of heat 
exchanger networks. Their application is reviewed below. 

The mathematical foundation for this method may be simply stated as 
follows [15] [16] . If a given optimization problem A (maximization of an objective 
function, (I^a)) excessively difficult to solve, replace it by branching to a 
problem or set of problems, B, which are similar but much more easily solved than 
A. Problem B, however, must be selected to bound the original problem A. This 
means that if the optimal solution for problem A were available and inserted in the 
problem B, it must be a solution for problem B (satisfy all technical feasibility 
constraints) but not necessarily be optimal for B. This solution of B via the design A 
must indicate an equal or greater objective function Og (D^)than the objective 
function for solution A, order to be a valid upper bound for A. This is 

expressed mathematically as 

0„ (D, 0^ (D^) (6) 

Furthermore, if the optimal solution of problem B is found and is feasible for 
problem A and gives equal values of the objective function when applied to both A 
and B, then it is also the required optimal solution to the original problem A. 

The difficulty in using the method is in constructing the bounding 
problems for particular situations. Lee et al. have suggested the following 
(ii) Two approaches may be followed at this point: 

(a) Combine the stream matches into stream processing paths for each 
primary stream, i.e., sequence the exchan^rs that have resulted from the stream 
matches of a particular primary stream. The cost of each processing path is easily 
determined; half the exchanger cost for a process stream/process stream match is 
assigned to any one path. For the 4SP1 problem 34 = (10 + 5 + 7 + 12} processing 
paths are found. Note that although each path is feasible because streams are only 
used once, combination of paths to form the final network may not be possible 
because of multiple stream use. 
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TABLE IV EXAMPLES OF STREAM MATCHES 


(NOTE: MAXIMUM HEAT EXCHANGE OCCURS IN 
EACH HEAT EXCHANGER 


MATCH 

S^.H 


TEMPERATURE SPEC- 
IFICATION MET WITH A 
STEAM HEATER 

MATCH 

S S 

V H, 

480 Sb 

MINIMUM APPROACH 

C TEMPERATURE CANNOT 
)— BE EXCEEDED -NEfTHER 
PRIMARY STREAM 
SATISRED 

MATCH 

' ♦ 200 (T) 

ONE TEMPERATURE 

SPECIRCATION MET.ONE 

RESIDUAL AVAILABLE 
FOR MATCHING. 


MATCH 



residual matched WITH RESIDUAL 
NO FURTHER MATCH POSSIBLE WITH 
PROCESS STREAMS. 
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Unfortunately this method leads to a large number of possible 
networks: if there are m primary streams and nj (i = l,m) possible paths the number 
of possible networks is 

N = n n. (7) 

ial ‘ 

Although most of these arc infeasible, the computation task may be much too 
formidable even if automated. 

This problem of evaluating all the feasible networks becomes the 
difficult design problem and the branching and bounding procedure is utilized again. 
In this case the difficult problem can be replaced by a set of problems that bound 
the one indicated above. Each set may be solved for the optimum network within it 
and then the optimum network is easily found from among the set. 

In this example, a set of five problems is formulated as shown in Figure 
9. This procedure leads to a drastic reduction in the number of primary stream 
processing paths in each problem. Similar branching can be initiated from any or all 
of these problems in the same way, although similar reductions with some 
eliminations will not result. The reader is referred to the original paper for further 
details. 

This stream matching, path costing, branching procedure has been fully 
automated by Menzies and Johnson [16]. The 4SP1 problem as outlined in Table 1 
was solved using this program. The network is shown in Figure 10; its cost was 
found to be S 1 5,454.* 

SOLUTION BY LINEAR PROGRAMMING 

Two independent solutions of this network optimization problem 
which utilize linear programming procedures have been reported. Kobayashi, 
Umeda, and Ichikawa [10] used the standard solution of the assignment problem in 
linear programming to determine the best internal subsystem network and then 
optimized the combined internal and external systems by Box’s Complex optimi- 
zation procedure. Kesler and Parker [9] formulated a special assignment algorithm 
procedure to determine the optimum total network. No further optimization was 


(*} Tbis figure is different from Lee'i ( 1 5) lincc the amortization rate was assumed to be 25%; Lee did not report 
his value in his paper. 
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suggested. 

Kessler and Parker’s Solution 

To cast the problem in the context of linear programming, Kesler 
defined the network problem in the following way. 

Consider m hot streams and n cold streams as defined earlier. For the m 
hot streams, assuming each cold stream exchanges with each hot stream: 

n 

j 2] Qj. = Ah. i = 1,2 — m (8) 

where Qjj is the heat duty in the exchanger and AH} is the total heat removed 
in the i^l* hot stream. 

Similarly for the n cold streams, 

i |l Qjj = Ah. j = 1,? n (9) 

These linear expressions satisfy the heat balance on each stream and the 
overall balance is indicated by 


111 n 

.2jAH. “jljAh. (10) 

The non-linearities are contained in the cost function, which is to be 

minimized: 


S (Q)Q.i = C (11) 

■j u 

where the cost of removing heat, P}j, is some non-linear function of the amount of 
heat removed, the physical properties of the streams and the temperatures of the 
streams. 

The key to this method is the linearization of Equation (11) by 
fracturing each stream into heat elements or exchangclets, q, sufficiently small* that 
that objective function becomes a linear function of the elements. 


(*) for example, 1 x 10* Kua.I^u. or 3 x 10* kcaL/hr. etc. 
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Mathematically this means, 


K. 


for each of the i-1,2 — m streams each of which has elements and for the n cold 
streams, each with Lj elements 

L. 

J 


C?i 


Ah. 

J 


(13) 


As before ? AH. = ? Ah. 

I 1 J J 


ilh) 


Each exchangelct can be defined uniquely by tlic para- 
meter where i, is the hot stream number, k is the number of the element 

(hence defining the origin of the exchangelet), j is the cold stream number with 
which it is exchanging heat and i is the number of element of stream j; n is the 
number of elements involved. 

By this definition; 


E X 


■kj£n 




(15) 


i,k, It) 


ikjB. 




(16) 


5] \jfi„ = C (n>iniiiiuin) (17) 

and 

X „ = 0 or 1 (10) 

ikjKn 

The set of linear equations (12) through (18) in variables X fully defines the 
problem. The number of equations in the set to be optimized depends upon the 
number of streams in the problem and the number of elements into which each 
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stream is fractured; this does not represent a large number (34 in the 4SPI problem 
to be discussed). The number of possible exchanges of single or multiple 
exchangelcts, i.e., the number of X’s, can be very large. By introducing certain 
limitations such as the minimum approach temperature or maximum difference in 
temperature between a hot and cold stream and the maximum size of a heat 
exchanger, this number can be significantly reduced. In the 4SPI problem (with 
approach temperature and a 300^ maximum temperature difference between 
heat source and heat sink) the number was 444. 

Basically Keslcr’s procedure is to evaluate the cost of exchanging heat 
between each possible cold and hot exchangclet or group of exchangelets to provide 
a main matrix. This main matrix is then used to form an assignment matrix with 
each row representing one of the cold elements and each column representing one of 
the hot elements. This procedure ensures the integer character of the problem as 
expressed by Equation (18). Entries in this matrix other than zero indicate an 
exchange between the respective cold and hot elements. This procedure formulates 
the problem as a classical assignment problem in linear programming. Its solution is 
solved by standard methods although some modification was required to assure 
feasible solutions. 

Kesler*s Solution to the 4SP1 Problem 

The initial step in Keslcr’s method is to choose the size of a heat 
clement. Keslcr provides no guidance in this selection although its size cannot be 
greater than the smallest hourly heat capacity of any one stream. Since it is highly 
unlikely that each stream will form an integral number of exchangelets some heat 
imbalance will arise because of the integer requirements. Decreasing the size of the 
elements will ensure greater accuracy but will increase the dimensions of the main 
and assignment matrices significantly. In the 4SP1 problem the element size 
was 4X10*^ B.t.u./hr. The fracturing of the streams is best represented on the heat 
content diagram, Figure 11. The horizontal lines indicate the temperature limits for 
each exchangclet. The area of each block should be the same. Note, however, that 
the cold streams really do not have an integer number of elements. 

In this solution additional heating and cooling elements must be 
included to satisfy heating and cooling demands that cannot be met with the process 
streams. Furthermore, this method requires an equal number of hot and cold 
elements since each clement must exchange heat with another element in order to 
meet the temperature specifications of all streams. Since an equal number of hot and 
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cold elements arose with our choice of element size, there is a temptation to add a 
steam heater clement (and hence a cooling water element to balance the element) as 
Kesler suggests and to search for a solution. No feasible solution could be found, 
however, since upon inspection it will be noted that the upper two elements 
of cannot be exchanged with process fluids. The actual demands are clearly 
indicated by superimposing the cold part of the heat content diagram on the hot. 
Hence, it became necessary to modify Keslcr*s original program to allow for an 
unequal number of cold and hot exchangelcts and to allow more than one external 
heat unit to be supplied. Unfortunately increasing the number of external hut units 
means that the number of external cold units must be increased accordingly. This 
then leads to different networks that are found by the other methods and represents 
a serious limitation of the method. 

The optimal solution of the 4SPI network is shown as Figure 12. It's 
cost is appreciably greater than that obtained by the previous methods. This 
network was optimized using the GEMCS procedure indicated earlier and the 

o 

20 minimum approach temperature. The resulting cost was S 15,977/year. 

The Method of Kobayashi; Umeda and Ichikawa 

As indicated earlier, like Nishida, Kobayaslii ct al. divide the system 
into the internal and external subsystems. Likewise, a total heat duty is specified for 
the internal system and then the internal network is determined through solution of 
the classical optimal assignment problem in linear programming. 

Their linear programming formulation for the internal subsystem is 
almost identical to that of Kesler and Parker except that they require each 
exchanger to transfer only one unit of heat (one cxchangelet); hence all exchangers 
have the same heat heat duty. Moreover, in this formulation they require an equal 
number of hot and cold exchaiigelets, although they have overcome this problem by 
introducing hypothetical streams which carry a high processing cost, so that they 
will not enter into the final structure. Similarly their solution allows for fewer 
exchangers than the number of exchangelets. A major difference arises in this 
method since it allows for each stream to be processed in more than one heat 
exchanger. This is achieved by splitting hot and cold streams into equal hourly heat 
capacities and hence doubling the number of streams to be considered. No guidance 
is given as to when a stream should be divided nor how large each exchangelet 

Box’s Complex method 1 1 1 1 is recommended for the Anal optimiza- 
tion. This method coupled with linearized modelling of the heat exchange network 
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seems to be much more complex and restrictive than the simulation-optimization 
scheme suggested earlier in the paper. 

No direct evaluation of this method has been made except to note that 
if the streams are split in the way suggested in this paper, Kesler’s method can be 
utilized to find a solution. This was demonstrated with the refinery problem 
presented in their paper and utilized as a case study in the next section. 

A CASE STUDY 

An evaluation of these procedures would be incomplete without an 
application to a real problem. The case presented by the Japanese workers [10] 
[12] "^ involves the heat exchange system around a topping tower in a 80,000 
bbl./day oil refinery. A cold crude oil stream is heated to 135°C at which 
temperature it enters a desalting unit. After leaving the desalter at 130^C it must be 
preheated to 355°C before it undergoes further processing. Seven hot streams of 
rather small hourly thermal capacity must be cooled to specified temperatures. A 
pipe still furnace is available for auxiliary heating and water coolers are used for 
auxiliary cooling. The inlet and specified temperatures along with their flows and 
heat capacities are indicated in Table V. Table VI presents the cost and operating 
data for the system. (The reported conventional system is shown on Figure 13.**); 
the synthesized networks along with their costs are presented on Figures 14 and 15. 

The following points summarize this experience: 

(1 ) Solution via Kesicr and Parker’s Method 

An exchangclet size of 3 X 10* kcal./hr. was used in this calculation 
which corresponded to the hourly heat capacity of the smallest hot stream, S]^ 2 . 
Considerable difficulty was experienced in expanding the original program to accept 
this problem. Approximately 100 k of memory on a CDC 6400 computer was 
required; solution was reasonably fast performing about 5 iterations/sec. If a smaller 

Both authors use the same example except that there arc inconsistencies in the data both between and within 
the papers. Nishida’s description is used here. 


(**) The costs arc not exactly as presented in their paper. This is partly because of inconsistent and incomplete 
data and also because the solution reported by Nishida ei al. seemed to be in error. 
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TABLE 5 

STREAMS PROPERTIES OF THE APPLICATION PROBLEM 

(Hot streams) 

Th 


"'hi 




(“C) 

(“o 

(ton/hr) 

(kcal/kg “C) 

Sh. 

340 

90 

200 

0.69 

0.46 

Sh, 

330 

195 

30 

0.74 

0.63 

Sh3 

270 

55 

60 

0.72 

0.53 

Sh, 

265 

215 

110 

0.71 

0.67 

Shs 

235 

145 

95 

0.75 

0.66 

Sh. 

205 

150 

55 

0.72 

0.67 

Sh, 

150 

50 

315 

0.72 

0.62 

(Cold streams) 

T ■ 
cj 

T+. 

cj 

'"'cj 




(C) 

(C) 

(ton/lir) 

(kcal/kg C) 

si 

25 

1351 

425 

0.50 

0.60 

S| 

130t 

355 

425 

0.60 

0.79 

Sw 

30 

55 


1.0 

1.0 


t Input temperature to the desalting unit. 
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TABLK 6 NUMERICAL DATA OF THE APPLICATION PROBLEM 


Operating condition 

Thermal efficiency of furnace 
Heating value of fuel 
Annual operating hours 
Ee.onomic data 

Annual return of investment coat, 5 
(Operating cost) 

Unit cost of cooling water 
Unit cost of fuel 
Investment cost 

Shell unci tukr type heal exchangers 
Furnace 

.^Viiriual return of the iiive.Ktnient cost 
OfHTating cost 

Unit cost of eckoling water 
Unit I'osl of fuel 


0.80 

9500 

(kcal/kg) 

BOOO 

(hr/year) 

0.25 

0.83 

(rent/ ton) 

1.94 

(Cent/l) 

55.56 X A 

(S/unit) 

2..50X 0® ’ 
0.25 

(S/unit) 

0.83 

(cent/ton) 

1.94 

(ccnl/l) 


heat dement were used it is doubtful whether the available 140 K of memory would 
be sufficient to solve the problem with the present program. 

Only the solution indicated on Fig:ure 14 was found. The progrum 
repeated the same calculations each time it found this solution, so that more 
iterations would have not effected another solution. This network could be 
optimized considerably however by the simulation method presented earlier, so that 
the cost/year could be reduced to $ 8.74 X 1 0^ /year. 

Many networks could be generated using Kobayashi’s stream splitting 
technique; the best of these was not optimized so it is not reported. 

(2) Solution by the method of Nishida ct al. 

The ease with which a network can be synthesized and simulated (and 
hence optimized) even with a relatively difficult system makes this technique an 
extremely powerful one. Moreover, the computer requirements are only nominal, so 
that good networks can be synthesized even on small computers. The cost for 
control and implementation of the rather complicated networks that result should 
be evaluated and included in the objective function before a direct comparison with 
other networks can be made. 
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(3) The Method of Kobayshi et al. 

The complicated structure that results from this procedure is a serious 
drawback. Furthermore other than arbitrary rules for deciding stream splitting must 
be established before the method will prove useful. 

(4) The Branch and Bound Method 

No solution could be obtained with the automated branch and bound 
procedure because of the high demands the method places on computer storage. 
Furthermore, although Lee et al. suggest that their method is amenable to hand 
calculation, this would not be possible in this case. The basic problem is in 
determining the stream matches. In the order of 650 separate exchangers were 
required (representing the feasible primary stream and residual matches). This meant 
that all the cost information of the heat exchangers and the stream history 
information associated with each of these matches had to be stored. This required in 
excess of the 140 K storage available on a CDC 6400 computer. Moreover since most 
of the storage was required for storage of information, overlaying of programs did 
not alleviate the problem. Considerable economy of storage could be effected by 
packing more than one number in each memory location. This modification is 
planned for the future since the branch and bound technique seems to be the most 
powerful optimization method available at present. Computer time to solve this 
problem would be less than 100 sec. on the CDC 6400 computer. 

SUMMARY AND CONCLUSIONS 

A review and an evaluation of the current methods of synthesizing heat 
exchanger networks has been presented. A number of shortcomings of these 
methods has been uncovered when they were applied to a real problem. In particular 
the high demand on computer memory of these methods mitigates against their use 
for designing large systems. 

The method proposed by Nishida coupled with the optimization 
program presented here seems to be worthy of more evaluation mainly because of its 
nominal computer requirements. Since global optimality is not assured by this 
method only experience will dictate its real usefulness. 
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Thl Th2 Thm 


EXTERNAL SUBSYSTEM ' INTERNAL SUBSYSTEM^ 

1. Sell c mat ic: Representation of the Combinatorial Heat Exehangcr Network Design Problem. 


HEAT CONTENT DIAGRAM 



Fig. 2. Heat Content Diagram as Suggested by Nishida ct al. [12). 
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Fin;. Solution of ihc 4SP1 Problem by the Method ofNisInda ct al. 1 12 | . 


SOLUTION OF 4SPI -NISHI0A 



Fig. 5. Procc-ss Flowsheet for 4SPI Problem from Heat Content Diagram (Fig. 4). 
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Fig. 6. Heat Content Diagram for Modified Procedure of Nishida et a1. 1 1 2 1 . 



Fig. 7. Process Flowsheet Arising Out of Modified Method. 
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Fig. 8. (a) Using Modular .Simula Ciun Executive Computer Program in die Design Mode, (b) Using the Executive 
Program in the Simulation (Optimization) Mode, 





ISO T. W. Hoffman 



I.N0 STREAM MATCHING- STEAM OR WATER TO 
SATISFY Tspec 


2. ALL NETWORKS COMPATIBLE WITH A MATCH 
OF Sh, ANO Sc, 



3. COMPATIBLE WITH A Sf-Sh^ MATCH 

4. COMPATIBLE WITH A Sc^-Sh, MATCH 


5. COMPATIBLE WITH A Scj-Sh^ MATCH 



Fi^ 9- Branch and Bound Representation of the 4SH1 Problem Showing Branching to Smaller Size Problems 
where Networks are Considered Which arc Only Compatible with Certain Specified Matches. 
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Fig. 10. 4SPI Process Flowsheet from Branch and Bound Method. 



Fig, 11. The Soiudoii of the 4SPI Problem by the Method of Kcsler and Parker [9] . Exchangelets used in the 
solution Represented on a Heat Content Diagram. 
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KESLERET.AL. 



Fig. 12. 4SPI Ftoceif Flowtheet by the Lineac Ptopamming Method of Keslet and Parker (Q) after further 
Optimization of Flowdieet. 


NISHIDA'S CONVENTIONAL NETWORK 



Ffg. 13. Hie Conventional Procen Flowsheet for the Refinery Heating/Cooling System (Cost 
$11.02 X 10* /year). 
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KESLER'S SOLUTION 



JD© C?] 


Fig. 14. Information Flow Diagram for Design/Simulation Program Showing Solution of the Refinery Problem 
by the Method of Kesler and Parker (Cost by Kesler Method = 13.87 X 10’ ; Optimized Network Cost ~ S8.74 X 
10’ /year). 


NISHIDA'S SOLUTION- REFINERY 



Fig. 15. Solution of the Refinery Problem by Nishida’s Method. (Information Flow Diagram for 
Design /Simulation Program). (Cost ■ 17.33 X 10' /year). 
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A CALCULATION PROCEDURE FOR THE TRANSIENT 
AND STEADY-STATE BEHAVIOR 
OF SHELL-AND-TUBE HEAT EXCHANGERS 

S.V. Patankar and D.B. Spalding (*) 

1. INTRODUCTION 

1.1 The problem considered 

Fluid-dynamics theory, for reasons of history and fashion, has paid 
little attention to the phenomena which occur in industrial equipment such as heat 
exchangers, cooling towers and chemical reactors. Even now, when digital computers 
have removed the obstacles to numerical computation, the prized achievements of 
applied mathematicians concern more often the supersonic flow of air about a 
missile, or the development of an eddy behind a cylinder, than any phenomenon of 
interest to the process engineer. 

As a consequence, the designer of process equipment must usually base 
predicitions of its performance on assumptions about the flow patterns; departures 
from these assumptions are then allowed for by empirically-derived correction 
formulae. Thus a single-pass shell-and-tube heat exchanger may be designed by 
reference to the formula for the performance of an ideal counter-flow exchanger, 
modified by some performance-degradation factor which takes account of depar- 
tures from the ideal flow pattern. 

Unfortunately, although this practice can serve adequately for interpo- 
lation between equipment items of common type with only sUg^t variations of 
geometry, it fails completely where the benefit of new geometrical configurations is 
to be explored; optimum configurations must therefore be determined experimental- 
ly as a rule. 

The aim of the present chapter is to start a new fashion in process- 
equipment design, by applying to a shell-and-tube-heat exchanger a sophisticated 
numerical procedure for calculating fluid-flow distributions. The exchanger geome- 

(*) Engineering Deperunent, Imperial CoUege, London, S.W.7, England. 

N Jt. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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try has been deliberately chosen so as to necessitate a three-dimensional procedure; 
three velocity components have to be computed for the shell fluid at each point; and 
the lack of axial symmetry causes these velocities, and the temperature and pressure 
also, to vary throughout all three space dimensions. 

It will be shown that the fields of velocity, temperature and pressure 
can indeed be calculated, in transient operation as well as in the steady state; 
and it will be argued that the increased realism of the predictions, as compared with 
more conventional calculation procedures, must often have such economic value to 
the designer as to render acceptable the ^eater cost of the computation. 

1.2 Outline of the present paper 

The present authors and their colleagues have reported elsewhere 
(Pfttanker and Spalding, 1972; Caretto etal., 1971) the procedure that they are 
developing for solving the differential equations which govern the flow of a 
continuous fluid. This can be applied to flow in the shell of a heat exchanger in a 
straightforward way, by construction of a finite-difference grid which is sufficiently 
fine to represent realistically the details of the tube-wall configurations. However 
there is another possibility: to regard the space within the shell as uniformly filled 
with fluid, through which however is distributed, on a fine scale, a resistance to fluid 
motion. It is the latter approach which is taken in the present paper. 

This continuum approach has two distinct advantages; firstly, it allows 
use of a g^d which is much coarser than that required for the straightforward 
approach, with consequent economy of computer time and storage; and, secondly, it 
provides an easy way of exploiting the extensive experimental data on the 
pressure-drop and heat-transfer performance of tube banks, without the errors which 
result from assuming that the flow through them is everywhere at the same velocity 
and angle. When computers are larger and our knowledge of turbulent flow more 
profound, the straightforward approach may prove preferable; at present, however, 
the continuum approach seems to have more to offer. 

The organization of the paper is a simple one. In Section 2, we provide 
a brief resume of the main features of the computational technique. Section 3 then 
illustrates the capabilities of the procedure by presenting the results of computations 
which have been made for the steady — and unsteady — state behavior of a 
shell-and-tube heat exchanger. No attempt is made to compare the results of the 
predictions with experimental data; but it is argued in the discussion, in Section 4, 
that such comparisons should now be made by the builders of heat exchangers. If, as 
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seems probable, these comparisons are successful, designers may well decide that the 
present method of computation, or another of similar style, should be regularly used 
in design and optimization exercises. 

2. THE SOLUTION PROCEDURE 


2.1 The equations solved 

2.1.1 Differential equations 

The equations which are supposed to govern the distributions of the 
shell-fluid velocity components u, v and w in the three Cartesian coordinate 
directions x, y and z are: 


"It 'If ■ 

" It *"“11 *"“ly ^""l? * ■ ■ ly ■ 

_ 3w ^ - 3w . . dw - ^ 

^ 5t ^^^37 ■"^'^31 “ - - 37 

Here t stands for time, p for pressure, p for density and f^, fy, f, for distributed- 
resistance coefficients. The latter may vary in an arbitrary manner with position, 
time and the magnitudes and directions of the velocities; but they are always greater 
than or equal to zero. 

It will be noted that the usual terms representing viscous action are 
absent. Though their inclusion in the calculation procedure presents no difficulty, 
their influence is probably negligible inade such densely-filled spaces as the shell of a 
heat exchanger; we omit them entirely here so as to throw the special features of our 
problem into sharp focus. 

The mass-conservation principle for the shell fluid provides another 
differential equation involving velocities, namely: 

It * ^ (pu) ^ (pv) + ^ (pw) - 0 . 


(4) 
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The temperature T> of the shell fluid obeys a differential equation which is similar 
in form to equations (1 ) to (3), namely: 


['C It"* “i “ li* “ I7 J 


(5) 


where and are the specific heats at constant pressure and constant volume, 
o, is a “volumetric heat-transfer coefficient", representing the ease with which heat 
can pass from the shell fluid to the tube wall at temperature T^. Frictional heating is 
omitted from this equation, as well as the usual conduction terms, which here are 
ne^igible. 

The tube-fluid temperature, T*, obeys a similar equation; however, since 
tube fluid flows only in one direction, with mass velocity g^, say, the equation has 
only one convection term. It is: 


BT* 


dT 


P. C if + C 


■ 


( 6 ) 


Here P|, C*, are the relevant properties of the tube fluid, and the tubes are 
supposed to be aligned with the z direction. 

Finally, there is a differential equation for the variation with time of 
the tube-wall temperature T,^. It is: 

p,c;|f -a. (I'-T*) (t'-t’) . (7) 


udiere and are the relevant properties of the tube-wall material. 

There is an important remark to be made about all these equations: it is 
that the densities p, p^, p^ are to be interpreted as the mass of shell fluid, tube 
fluid and solid material respectively per unit heat-exchanger volume. Thus p is the 
density of the shell-side fluid multiplied by the proportion of the sheU volume that 
is not occupied by the tubes and their contents. The p’s can of course vary from 
place to place within the heat exchanger, to correspond with a non-uniform 
distribution of tubes. 
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2.1.2 Auxiliary relations 

It is clear how the densities are to be calculated, but what about the f s 
anda’s? For each of these, we need algebraic relationships connecting them with 
the prescribed geometry, the fluid properties, and the local velocity components. 
Dimensional analysis reveals that these relations must have the forms: 


f « 
s 

pu 



V w \ 
U • u j 


( 8 ) 


with similar expressions involving fy and f,; and: 


a 

s 

* 1 " 



V w C \ 
u * u ’ 


(9) 


with corresponding expressions involving o^. Here IZ stands for a local length 
dimension, for example the tube diameter, X represents the thermal conductivity of 
the shell-side fluid, and p its viscosity. The functions may well possess more 
arguments than are shown above; thus the tube-wall thickness and thermal 
conductivity will normally enter the function F,, in dimensionless form; and it wiU 
be the Reynolds and Prandtl numbers of the tube-side fluid which mainly influence 
the function F^, from which at is obtained. 

The functions F^, Fg,etc. can be obtained from various fairly obvious 
sources. For example, if y is the direction normal to the tube axis, FyCan be deduced . 
from experimental data on the pressure-drop performance of tube banks in 
cross-flow. Of course, it may be that data cannot be found for the particular tube 
arrangement in question, or for the influences of the velocity ratios u/v and w/v: then 
theFy function must be supplied in part by way of a more detailed theoretical study, 
new experiments, or guesswork. 

The Ff and F, functions are obtainable from published or newly- 
-developed correlations for heat transfer in tube banks and rod bundles. Ordinarily 
allowance must also be made for the heat-transfer resistances of the wall material 
and of layers of semi-insulating deposits. 

Siifce our aim in this paper is to demonstrate a calculation method 
rather than put forward expressions for F,, F,, etc., quite crude and simple 
expressions for these functions are employed in our calculations in Section 3. 

It is by way of the quantities f^, fy andf 2 that the presence of the 
baffles is introduced into the mathematical system; for a baffle is nothing but an 
infinite resistance, which allows no flow in the direction aligned with the tubes, no 
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matter how large a pressure gradient is exerted. A leaky baffle will be represented by 
a value which is large but finite for the direction normal to the baffle surface. Of 
course, since the baffles exert little resistance to flow along them, the f s in the other 
two directions will be scarcely influenced by their presence. 

2.1.3 Boundary conditions 

The boundary of a typical heat exchanger can be regarded as a 
nearly-closed surface which is impermeable both to heat and matter, penetrated by 
an entry and exit for shell-side fluid, and a number of entries and exits for tube-side 
fluid. In a multi-pass heat exchanger, several of the latter entries and exits arc 
connected together. 

Information about the rates of entry of shell-side and tube-side fluids, 
and about their temperatures, is easily expressible in terms of values of u, 
gt,Ts and T® for the appropriate parts of the heat-exchanger boundaries. 
For all the other parts, the values of the velocity components must be put equal to 
zero, and the temperature gradients likewise, in order to express the impermeability 
of the boundary. 

The fluid-entry rates and conditions may vary, for an unsteady -state 
problem, as arbitrary functions of time. In such problems the initial temperatures 
and velocities prevailing within the heat exchanger must also be described. 

2.2 The numerical procedure 

2.2.1 Outline of the method 

A brief outline will now be given of the general numerical procedure, 
which has been adapted for the solution of the above differential equations. Further 
information can be obtained from the already-cited references. 

The starting point is the conversion of the differential equations into 
equivalent finite-difference equations, by way of integration over small sub-volumes 
of rectangular shape, each of which contains one of a three-dimensional array of 
points. The points at which the variables p, T^, T^ and T^' are calculated all 
coincide: but the velocity components u, v and w are calculated for points lying 
between those of the above-mentioned grid. 

The solution procedure is iterative, initial guesses for the variables being 
continually replaced by improved guesses derived from them. A special feature is the 
use of guessed values of the pressure distribution in the equations determining the 
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velocity components, followed by correction of the pressures in a manner which 
tends to reduce the imbalances in the mass-continuity equations for each point. 

Transient and steady-state problems are handled in essentially the same 
way. In transient problems, the distributions prevailing at the beginning of a time 
step are usually good approximations to the values for the end of the time step; so 
few iterations are needed before convergence is attained. Steady-state problems are 
formulated by setting the value of the time step to infinity; then about thirty 
iterations may be attained to ensure sufficient convergence. 

2,2.3 Some special features 

Two features of the method are worthy of note in the present context. 
First, because the distributed-resistance terms such as f^u arc often non-linear in 
character, linearization is regularly employed. Thus 

f u = a + "bu , (lO) 

X 

where a and b are constants chosen to satisfy both (10) and the equal-gradient 
relation: 


(f u) = b , (11) 

du X 

Secondly, the wall-temperature differential equation is not solved in the 
same manner as the equations for the other temperatures, because the absence from 
it of convection terms allows the following more advantageous practice. Hie value of 
T*' is eliminated from the finite-difference versions of both (5) and (6) by algebraic 
substitution; then (5) and (6) are solved by the usual iterative means; finally the 
values of T*' are deduced without further iteration from the values of T® and T* pre- 
vailing for the point and time in question. 


3. RESULTS 


3.1 The problem specification 

Geometry. Fig. 3.1.1 shows the geometry of the heat exchanger for 
which we have performed the computations. The shell is a rectangular box with two 
baffles as shown. The inlet and outlet for the shell fluid are rectangular openings in 
the bottom and top walls of the Shell. The tubes are fitted in a five-pass 
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arrangement. Each pass is shown to consist of six tubes. At the end of each pass^ the 
fluid from the six tubes is mixed in a header before it enters the six tubes of the 
next pass. (CXir calculation of the shell-side flow is based on the assumption that we 
essentially have a continuum flow. In this connection, the representation of tubes in 
Fig. 3.1.1 and the mention of six tubes in the above description should be 
interpreted as follows: in a finite-difference calcualtion, the value of a variable at a 
girid point stands for the average value over the “grid cell” surrounding that point; 
similarly, one tube in Fig. 3.1.1 is supposed to represent a group of many tubes 
which would occupy the grid cell associated with that tube.) For clarity, tubes are 
not completely shown inside the shell. It can be seen that there is symmetry about 
the central xz plane; the computations are therefore performed over onc-half of the 
heat exchanger. 

Physical properties. The density and specific heats of the shell and 
tube fluids arc taken as uniform; the specific heat is taken to be equal to the 
specific heat Cp. In the calculation of the flow field in the shell, the distributed 
resistance is calculated from the values fj^L/{pu) = fy L/(pu) = 0.5, and f 5 ^L/(pu) = 
0.1, where L is the x-direction width of the shell. The heat capacity of, and the heat 
transfer to, the shell walls and baffles are supposed to be negligible, The overall 
heat-transfer coefficient between the shell fluid and the tube fluid is taken as 
uniform. The following quantities arc varied in the computations to be presented in 
this section: the overall heat-transfer coefficient, the heat-capacity rates of the shell 
and tube fluids, the heat capacities of the two fluids, the heat capacity of the tube 
walls, the ratio of the heat-transfer coefficients on the shell side and the tube side. 
Unless stated otherwise, the inlet temperatures of the shell and tube fluids are taken 
as 100 and 0 respectively (the temperature scale is immaterial here). 

G^inputational details. All the computations reported in this paper were 
performed on a uniformly-spaced grid which used 5, 3 and 8 cells in the x, y and z 
directions respectively (in the y direction, the grid covered the region on only one 
side of the central xz plane). Thus, in the xy plane we had a grid node for every tube 
shown in Fig. 3.1,1; and in the z direction the inlet, the outlet and the baffles could 
be conveniently represented in 8 cells. The grid chosen is rather coarse, but is 
satisfactory for the present purpose of demonstrating the calculation procedure. The 
steady-state calculations needed about 20 iterations for convergence, and this 
required about 9 seconds on the CDC 6600 computer. For most of the 
unsteady-state calculations, 100 steps in time were performed and this needed 45 
seconds of computer time when the transient behavior of both the flow flied and 
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the temperature was computed. When the flow field was regarded as steady, and the 
unsteady behavior of the temperature field was computed, only 9 seconds of 
computer time were needed for 100 steps in real time. The computer storage 
requirement, including program was approximately 20 K. 

3.2 Steady-state behavior 

Flow field. For the problem described, the velocity field attained in 
the steady state is shown by velocity vectors in Figs. 3.2.1 and 3.2.2. Fig. 3.2.1 
shows the vectors in the central xz plane; here one can clearly sec how the flow is 
deflected by the baffles. Also the recirculations near the two ends of the shell can be 
noted. The velocity field in three different xy planes is shown in Fig. 3.2.2; from 
these figures, the three-dimensional nature of the flow can be imagined. 

Temperature distribution. The heat-transfer coefficient used in the 
calculations can be expressed in terms of N, the number of transfer units based on 
the heat-capacity rate of the tube fluid. For equal heat-capacity rates of the shell 
and tube fluids, the temperature distributions in the two fluids is shown in Figs. 
3.2.3, 3.2.4 and 3.2.5 for N = 1,0.2 and 4 respectively. For presenting the 
shell-fluid- temperature distribution, we have chosen three lines (parallel to the z 
direction) on the central xz plane; the temperature variation on these lines is plotted 
in part (a) of the above-mentioned figures. In part (b), the variation of the tube-fluid 
temperature along the five passes is shown; the temperatures at the nodes nearest to 
the central xz plane are used. 

A number of interesting points can be noted in these figures. Firstly, 
the shell-fluid temperature varies in a manner quite different from that of a 
conventional counter-flow heat exchanger. Secondly, there are locations where the 
shell-fluid temperature drops below even the outlet temperature of the shell fluid; 
this happens in the recirculation regions near the end wall and the baffles. 
Understandably, the temperature non-uniformity is most striking for large values of 
N. The tube-fluid temperature mostly rises continuously as it goes through the five 
passes; but the later passes do not seem to be as effective as the earlier ones. This is 
because large portions of the fourth and fifth passes go through the region of low 
shell-fluid temperature near the outlet in the shell. For N = 4, the effect is so severe 
that for certain lengths of the fourth and fifth passes, the tube-fluid temperature 
actually decreases. The merit of the present calculation method mainly lies in 
revealing such surprising behavior, which cannot be predicted by conventional 
design methods. 
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Influence of the heat-capacity rates. Fig. 3.2.6 shows the variation of 
the temperature effectiveness of the heat exchanger with the number of transfer 
units for three different ratios of heat-capacity rates of the two fluids. Also plotted 
are two dashed curves which show the variation of effectiveness for a counter-flow 
and a parallel-flow exchanger when Cg/0|. equals 1. It can be seen that our 
predictions for the same ratio lie between the two dashed lines. This is expected 
because our heat exchanger can be considered to be a counter-flow one in some 
parts and a parallel-flow one in others. 

3.3 Unsteady behavior: starting up from rest 

Now we consider the transient behavior of the heat exchanger during 
the starting-up operation. Initially both the fluids arc at rest and are at equal 
temperature of zero. At time t = 0, both fluids are admitted through their respective 
inlets; the shell fluid comes in at a temperature of 100, while the tube fluid enters at 
0. The heat-capacity rates are taken to be equal, and N is taken as unity. The 
transient behavior will depend on the heat capacities of the two fluids; the heat 
capacity of the tube walls is taken to be zero for these calculations. The results arc 
plotted in Fig. 3.3.1 for three different heat-capacity ratios. Tlie abscissa is 
t/tfgj where t^gg is the residence time of the tube fluid. With the heat-capacity 
rates taken to be equal, the ratio of heat capacities also stands for the ratio of the 
residence times of the two fluids. Thus, for Hg/H^ equal to 0.1, the residence time 
of the shell fluid is onc-tenth that of the tube fluid, and hence the steady state is 
reached faster. When Hg/H^ is 10, there is a corresponding slow approach to the 
steady state. 

For the heat-capacity ratio of unity, the nominal residence times of the 
two fluids arc equal. Even then the outlet temperatures of the two fluids seem to start 
rising long before one residence time elapses. The apparently surprising behavior 
can be traced to two reasons; firstly, because of the non-uniformities of the 
shell-side flow, some of the shell fluid can travel from the inlet to the outlet in less 
than one (nominal) residence time; secondly, the five-pass arrangement can cause, 
through the agency of the tubes, the temperature effects to transverse the shell in 
one fifth of the time. Once again, it is our detailed calculation of the 
three-dimensional velocity and temperature fields that has enabled us to reveal such 
effects. 
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3.4 Unsteady behavior: variation of inlet temperatures 

The situation considered in this sub-section is the one in which the flow 
field is steady, but the inlet temperatures of the two fluids are varied with time. For 
this situation, the equations become linear and the results for a complex variation of 
the inlet temperatures can be obtained by the superposition of the solutions for two 
basic problems. In these problems, we start from equal temperatures of the two 
fluids; in one problem, the inlet temperature of the shell fluid is suddenly changed 
and maintained at the new value; in the other, the inlet temperature of the tube 
fluid is given a step change. For the calculations to be presented below, the 
conditions used are: N = 1, equal heat-capacity rates, equal heat capacities of the 
two fluids, and zero heat capacity of the tube walls. 

Two basic cases. Fig. 3.4.1 shows the variation with time of certain 
outlet temperatures for the two basic cases. For the first one, the two fluids are 
initially at a temperature of zero; then, at t = 0, the inlet temperature of the shell 
fluid is raised to 100. In the second case, we start with a temperature of 100 
everywhere; then at t = 0, the tube-fluid inlet temperature drops to zero. In both 
cases, the outlet temperatures of the individual passes and that of the shell fluid are 
plotted. The values refer to the central xz plane. It can be seen that the earlier passes 
attain the steady state quicker than the later passes. 

Periodic variation of the tube-fluid inlet temperature. Althou^ the 
solutions for the above two cases suffice to yield, by super-position, the solution for 
any arbitrary variation of the inlet temperatures we can directly handle an arbitrary 
variation of inlet temperature almost as easily as the step change. Since we march 
forward in time, all that is necessary is to reset the inlet temperatures to their new 
values after each time step. To demonstrate this possibility, we now present the 
results for the case in which, after a steady state has been reached with the inlet 
temperatures of the shell and tube fluids as 100 and 0 respectively, the inlet 
temperature of the tube fluid is varied in a periodic fashion about the mean value of 
<.cro, with an amplitude of 20 and a period equal to one residence time of the tube 
fluid. The variation of some of the outlet temperatures with time is plotted in Fig. 
3.4.2. It can be seen that a steady periodic state has been reached after about two 
residence times. The amplitudes diminish as we proceed from an earlier pass to a 
later pass; and there is a phase difference between the various outlet temperatures 
plotted. 



166 S. V. Patankar and D. B. Spalding 


3.5 Unsteady behavior: effect of the heat capacity of the tube walls 

In the calculations presented so far, the heat capacity of the tube walls 
was taken as zero. In this subsection we describe some computations which include 
the heat capacity of the tube walls as an additional parameter. With the inclusion of 
this parameter, it becomes necessary to distinguish between the heat-transfer 
coefficients on the shell side and on the tube side of the tube wall. The thermal 
resistance of the tube wall itself is taken to be negligible. 

Various heat capacities of the tube walls. Fig. 3.5.1 shows the 
transient behavior of the outlet temperatures of the two fluids for different heat 
capacities of the tube walls. The initial conditions are the same as those of 
“starting-up from rest” (Section 3.3). The heat-capacity rates are equal, the heat 
capacities of the two fluids are equal, and the shell-side and the tube-side 
heat-transfer coefficients, o^and Oj, are taken to be equal; N based on the overall 
heat-transfer coefficient is taken as unity. It can be seen from Fig. 3.5.1 that the 
inclusion of the tube-wall heat capacity slows down the approach to the steady 
state. 

Influence of different heat-transfer coefficients on the shell and tube 
side. Lastly, in Fig. 3.5.2, we show, for the same problem as above, the variation of 
the outlet temperatures for three different values ofoCj/oCj.The heat capacity of the 
tube walls is taken to be equal to that of the tube fluid. The number of transfer 
units N is unity based on the overall heat-transfer coefficient. At the start, the inlet 
temperature of the shell fluid is suddently increased to 100. When ot^ is large, the 
shell-fluid and the tube-wall temperatures must rise together, and this slows down 
the approach to the steady state. The value of does not however seem to affect 
the rise of the tube-fluid temperature. This is because the initial step change in inlet 
temperature is made on the shell side: then the tube walls cither lower the available 
temperature difference by slowing down the rise of the shell-fluid temperature (for 
» 1 ) 0 or increase the effective heat capacity of the tube fluid by reducing the 
tube-side thermal resistance (for 1); in either case, the tube-fluid tempera- 

ture rises at about the same rate. 

4. CONCLUDING REMARKS 


4.1 Achievements 

The calculations presented in this papaer have demonstrated that, once 
the appropriate computer program is available, it is possible to make predictions of 
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the performance of shcll-and-tubc heat exchangers that appear to be both plausible 
and interesting, it is true that no successful comparisons with the experiment have been 
displayed; indeed, no special care has been taken to ensure that the inputs to these 
calculations correspond to any particular realizable situation. Nevertheless, it should 
be clear that the method is flexible enough to allow the input of geometrical, 
physical-property and internal-resistance data of arbitrary complexity; and, since no 
earlier method of analysis has actually provided any predictions at all for the 
complex recirculating flow of shell-side fluid, the present method can hardly fail to 
represent an advance in predictive accuracy and usefulness to designers. 

The hcat-cxchangcr which has been the subject of study here has been 
of relatively simple geometry, with only two baffles and five passes. Partly for this 
reason, the grid chosen was a coarse one, allowing speedy and economical 
calculation. However, all that is needed to permit the analysis of heat-exchangers of 
greater geometrical complexity is an appropriately enlarged grid and somewhat 
greater computer time. No difficulties of principle are involved, even when the shell 
has multiple entries and exits, or when the heat exchanger has more than two fluids 
passing through it. It therefore seems that a tool of considerable practical utility is in 
embryonic existence. 

4.2 Future tasks 

It is easy to produce interesting and plausible demonstrations of the 
ability to perform predictions; to turn the predictive scheme into computer program 
that designers can use in their day-to-day work is a task of greater magnitude, 
demanding as much ingenuity but more varied knowledge. Tasks of two distinct 
kinds must be performed. 

First, the predictive scheme must be validated, i.c. demonstrated to give 
realistic quantitative predictions over a sufficiently wide range of conditions to 
provide confidence that predictions for other conditions will also be valid. It is not 
only heat-exchanger experiments which are here in question; for example, the 
general phenomena of three-dimensional flows through bundles of rods and tubes 
have been left unexplored by fluid-dynamicists, quite apart from the heat-transfer 
aspects of the situation. A program of research validating the prediction procedure 
should therefore concern itself with some quite elementary experiments on the way 
a fluid distributes itself through a volume partially packed with a regularly-arranged 
solid. Such studies, it might be mentioned, would be useful also in connection with 
process equipment of different types, for example cooling towers, regenerators and 
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packed beds. 

The second task is to streamline and supplement the computational 
procedure so that it can accept problem specifications of the kind and in the form 
that it is convenient to designers to provide, and can express its results in a form that 
corresponds to the designers need. This means that the computer program must 
contain sequences to choose the optimum grid configuration to suit the specified 
geometry, must select the expressions for fs and a’s by reference to the geometrical 
information, must choose the appropriate property values of the fluids when only 
their names are specified, and must, on occasion, compute the geometry that is 
needed in order to provide a specified performance rather than the performance 
that will result from a specified geometry. 

A question that naturally arises is: when all this has been done, will the 
resulting computer program be so expensive to run that the designers will, after all, 
be constrained by lack of funds to continue the use of their existing methods? No 
final answer is yet possible. At present, it appears that the cost of a performance-pre- 
diction “run” on the computer will cost some tens of pounds; an optimization run 
may cost some hundreds. Probably this expenditure will be small in comparison with 
the benefits; but only time can prove this expectation. 
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NOMENCLATURE 


c 



gt 

H 

£ 

L 

N 


P 

t 

^res 

T 

U, V, w 
X, y, Z 

«s.“t 

oio 

V 

\ 


ft 

P 


specific heat 

specific heats at constant pressure and constant volume 

heat capacity rate of the tube fluid (=gtCp) 

heat capacity rate of the shell fluid 

distributed-resistance coefficients 

mass-flow rate of the tube fluid 

heat capacity per unit volume 

a local length dimension 

the x-direction width of the shell 

the number of transfer units based on the overall heat-transfer 
coefficient and the heat-capacity rate of the tube fluid (=0(o/C() 
pressure 
time 

the residence time of the tube fluid (=H,/C() 
temperature 

velocity components of the shell fluid 
co-ordinates 

volumetric heat-transfer coefficients on the shell side and tube side 

the overall volumetric heat-transfer coefficient 

the temperature effectiveness {=(TJ,m “T[„)) 

thermal conductivity 

viscosity 

the effective density (when used without subscript, it refers to the 
shell fluid) 


Subscripts and 
Superscripts 

in inlet condition 

out outlet condition 

s the shell fluid 

‘t the tube fluid 

the tube wall 


w 
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inlet passl^*^ 

fluid 

inlet 


Fig, 3.1-1 Tile geometry of the heat exchanger. 



z 


Fig. 3.2-1 Velocity vectors in the central xz plane. 



Fig. 3.2-2 Velocity vectors in the three xy planes. 
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a) Variation of die shelUfluid temperature. 



b) Variation of the tube-fluid temperature. 


Fig. 3.2-3 Temperature distribuitiun on the central xz plane for N = 1 and equal heat-capacity rates. 
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a) Variacioji nf the shell'niiid tcmperaturL', 



bj Vaiiation of the tube-fluid temperature. 


Fig. 3.2-4 Tcinpcratiirc distribution on the central xz plane fur N = 0.2 and equal heat-capacity rates. 
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a) Variation of the shell-fluid temperature. 



b) Variation of the tube-fluid temperature. 



Fig. 3.2-6 Variation effectiveness for different heat-capacity-ratc ratios. (The dashed lines represent one- 
dimensional counter-flour and parallel-flow solutions for C^/C^ > 1.) 
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Ig. 3.J-1 Variation of the outlet temperatures of the two fluids in the ‘starting-up from rest" operation. 



a) Step change in the .shcll-nuid inlet temperature. b) Step change in the tube-fluid inh't temperature. 


Fig. 3.4-1 Variation with time of the outlet temperatures for the two basic cases 
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Chapter 8 

TUBULAR HEAT EXCHANGERS WITH BILATERAL HEAT TRANSFER 
AUGMENTATION AND CALCULATION OF A HEAT EXCHANGER 
UNDER UNSTEADY OPERATING CONDITIONS 

E. K. Kalinin (*) 


This chapter summarizes the results obtained by the author and his 
colleagues, G. A. Dreitser, S. A. Yarkho, V. A. Kuzminov, A. S. Neverov, and B. S, 
Baibukov, at the Moscow Aviation Institute. 

The first part of this chapter contains: the experimental results of heat 
transfer intensification in tubes and in longitudinal flow past tube bundles; the 
design relations for tube bundle heat exchangers, and; the description of the 
technology of tube rolling. Then, a comparative analysis of the calculation of heat 
exchangers with bilateral heat transfer intensification and smooth tubes is given. 
Recommendations on a choice of optimum rolling sizes are presented as well. 

The second part of this chapter presents: the results of calculating 
unsteady gas heat transfer in tubes; the results of calculating unsteady heating and 
cooling of tubes, and; a description of methods for calculating a heat transfer 
apparatus under unsteady operating conditions. 

I. 

Heat transfer intensification may serve as an effective means of 
essential improvement of heat exchanger characteristics. We shall show that with the 
help of heat transfer intensification it is possible: 1 ) to decrease a surface, volume and 
weight of a heat exchanger under invariable heat power, flow rates of coolants and hy- 
draulic losses, 2) to increase heat power with invariable volume, flow rates of coolants) 
hydraulic losses, 3) to diminish hydraulic losses (power for rolling coolants) under 
invariable volume, heat power and flow rates of coolants, or 4) to accomplish 
compromised improvement of all these parameters. 

A comparison will be made of tubular counter-flow heat exchangers 


(*) Moscow Aviation Institute, USSR 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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with smooth tubes and tubes with special devices for artificial flow turbulization. 

Usually, artificial flow turbulization is related not only to a heat 
transfer increase (Nusselt number, Nu) but also to an increase of the hydraulic 
resistance coefficient ( . 

The simple analysis shows that intensification allows the above 
improvement of heat exchanger characteristics to be achieved if 


3.S 



The greater the inequality (1), the more effective the method of heat 
transfer intensification. 

The results of the investigation of this method were reported in detail 
at the 1969 Seminar of The International Centre for Heat and Mass Transfer and 
were published [1,2,3,5,7,9,12,13,14,15,16] .Briefly the essence of this method is as 
follows. The smooth tube is rolled by screw rollers, as is shown in Fig. 1. Such a 
simple device allows simple and cheap security of industrial production of rolled 
tubes. As a result of rolling (Fig. 2), at the inner surface of a tube smooth 
projections are formed, and at the outer surface the cross grooves arc formed. In the 
flow past smooth projections inside tubes the cross eddies may not be formed, but 
the system of longitudinal screw eddies is formed. This leads to additional 
generation of turbulence at a height of a projection comb, increases the turbulence 
rate and turbulent thermal conductivity near a wall. When this turbulence starts 
decreasing, the next projection is set up, etc. 

The results on the effect of the height and pitch of projections upon Nu 
and ( are presented in Fig. 3, from which it is seen that with an increase in Re and 
Pr the effective height of a projection decreases and comparatively small 
pitches t/d = 0.25-0.5 are more protitable. 

In the flow past cross grooves eddies are formed at external boundaries 
where there occurs additional generation of turbulence. 

The effect of a pitch and relative depth of grooves upon heat transfer is 
shown in Fig. 4. 

At the Moscow Aviation Institute a great number of investigations of 
this method of intensification in tubes and in longitudinal gas and liquid flow past 
tubes is being carried out. 

The basic design relations for heat transfer and hydraulic resistance 


Tubular Heat Exchangers with Bilateral Heat Transfer Augmentation 17B 


obtained in these experiments are of the form: 

Heat transfer of gases Ret = 10* -:-4.10®) and liquids at 10* <Re<Rc 2 

for tubes 


Nu _r, . gg Re-4 
Nu " L 35 


-^'H3-2expr- -l8.2 (l-d/D "][ 

Jl L (t/D)"-’^ J* 


at d/D = 0.08 0.98: t/D = 0.?5 0.8 


Nu _ tg Re - U 

Nu " 30 

B L 


— ( 3 - 335 - 16.33)1 *(- 3.33 I ♦ 17 . 33 ) 


at d/D = 0.88 -j- 0.90 t/D = 0.8 -j- 2.5 

The hydraulic resistance of liquids and gases at Re = 10* .10^ 

Pr = 0.7 "S' 50 for tubes 


r 100 (SgRe-I*.6)| 

1 1 ^ 

r D J 

ri 

exp 

I.B 1 

25 (1- d/D) 

L cxp(t/D)“-’ -1 

(t/D)"-''® -1 


for d/D = 0.9 0.98 t/D = 0.5 10 


= 1 + 3^5^'^ (1.2 -0.1* I )exp[9.8 (l-d/D)*'’*] 


for d/D = 0.08 0.98: t/D = 0.?5 0.5 

Heat transfer of rolled tube bundles at S/D = 1.1 1.5 : 

■ 

ha/d = 0 0.1 : t/Dp» = 0.25 2 
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at Rei < Re^ < Rej 


Nu 

Nu 

I 


1 + 0.6 



-35 .8 



1 - exp 




0..62 ll 

FToy^JI 


at Rei < Re^< 10® 


0.25 2 and s/d^ =1.1 1.5 


Hydrauliclosses of rolled tube bundles at ha/d = 0 -S- 0.1; t/d^ = 
-|- = 1 + I 1.55 ^ («g Re -3.5) - 0-035 sin j^[l - 22. 1^14 ' 


1 - exp 


at Re = 3.10® 2.10* 


|- = 1 + I 3.21 ^ (Cg Re -2 27) + 0.09 (^g Re-1*,3 )x ' 


X sin 


in [(l - 22 . W ^ ) <r| jl - [- I 


at Re = 2.10* 10® 

Special studies have shown that rolled tubes do not lose strength. 

The technology for assembling heat exchangers consisting of such tubes 
does not differ from that for assembling exchangers with smooth tubes. 
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In order to evaluate the effectiveness of the intensification method 
under consideration, numerical calculations were made of heat exchangers with the 
same grid of a tubular bundle with water flow in an intertube space and with gas 
flow in tubes. Thus, heat transfer is limited by gas heat transfer in tubes. 

Calculations are made for two Re numbers equal to 4.10^ and 4.10^ 
with a different combination of rolling parameters t/D and d/D. 

The calculated results at prescribed values of AP, Q and the flowrates 
of coolants arc given in Figs. 5.6 and 7. As is seen, the effectiveness of rolling grows 
with an increase in Re, since in this case the hydraulic resistance of smooth tubes 
increases considerably. Intensification allows the volume of a tubular bundle to be 
decreased twice. 

Fig. 8 illustrates the results of the same calculation of a change in the 
relation of heat power of heat exchangers made of rolled and smooth tubes at the 
same volumes, Ap and flow rates of coolants. 

In the case of the optimum relation of rolling parameters, the heat 
power increased 1.7 times. 

Finally, in Fig. 9 it is shown how the relation of total hydraulic 
lossesAp/Aps(powers for gas pumping) depends on the rolling parameters and on the 
Re number if such calculation is conducted, provided thatV = V^, Q = Q^and G = G^. 
It is seen that intensification allows hydraulic losses to be decreased more than 5 
times. The best results in this particular case are obtained in the case of rolling with 
d/D = 0.92 and t/D = 0.25. 

The results of calculating intensification effectiveness when the heat 
transfer coefficient of a heat exchanger limits heat transfer in the intertubc space are 
presented in the table (Fig. 10). 

The effectiveness of rolling increases with a decrease in a bundle pitch 
S/D^. The best results are obtained in the case of rolling with t/DH= 0.22 “j" 0.25 
dn/Dn = 0.93 ^ 94. 

The calculations have shown that with comineasurable values of the 
heat transfer coefficients inside and outside tubes, the effect of intensification from 
two sides is noticeably pronounced. 

Our investigations have shown that the intensification method consider- 
ed has greater effect with film boiling in tubes. N. V. Zozulya’s investigations have 
shown its effectiveness of the intensification method for condensers, especially with 
vapor condensation in tubes. 

All the aforesaid allows us to conclude that the intensification method 
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described is technological and very effective for different types of tubular heat 
exchangers. 

II. CALCULATION OF HEAT EXCHANGERS OPERATING UNDER 
UNSTEADY CONDITIONS 

Engineering methods for calculating heat exchangers and other heat 
exchanging devices which have chambers for flow of coolants are usually based on a 
one-dimensional description of the (low in channels using the concepts of heat 
transfer and hydraulic resistance coefficients, if the heat transfer coefficient depends 
on a distribution of boundary conditions along the length, these conditions 
unknown beforehand, then a conjugated problem is to be solved, i.e. the system of 
equations for flows and a wall. 

If this relation is very weak, as for turbulent flows, then by introducing 
the concept of the heat transfer coefficient the problem is reduced to simultaneous 
solution only of one-dimensional energy equations for flows. 

In the case of unsteady operating conditions the problem is, as a rule, 
conjugated. Investigations 1 10| have shown that for turbulent flows the heat transfer 
coefficient a depends, in real cases, not only on the law of a change in wall 
temperature T^or flow rate of a coolant G in time but also on the rate of this 
change dT^/dr. Consequently, the generalized relations for the number Nn may be 
obtained in principle. This means that the one-dimensional description of the flow 
still remains effective for constructing the engineering calculations. 

Thus, the conjugated problem of channel-wall flow may be formulated 
in the following way: 

1) heat conduction equation for a wall 

PCp = div (Xgrad T) + (1) 

or if X = const and a = X/pCp 

|I = a V*T+ q^/pCp 


(la) 




Tubular Heat Exchangers with Bilateral Heat Transfer Augmentation 183 


2) motion equation for flow 


W 3t ^ 0Z 



( 2 ) 


3) continuity equation 


3t ^ 




4) energy equation for flow (assuming di = cpdTb) 


GCp 

W 


IT IT " ^ 




(3) 


(Jt) 


The conjugation conditions assume the equality of temperatures and 
heat fluxes on both sides of a heat transfer surface. This system may be closed if the 
equations for Nn and £ are known. 

For a number of years the investigations of unsteady heat transfer in 
turbulent gas flows [4,6,8,10,1 1,13] have been carried out at the Moscow Aviation 
Institute, and soon investigations of such a problem regarding liquid flows will be 
commenced. 

In these investigations the heat transfer coefficients a = q^/T^ “ T^ 
and tare found when solving the system of equations (1) -r (4), which is closed 
with the aid of measuring a necessary number of qualities in experiments. It was 
shown that with unsteady heating and cooling in the case of a constant flow rate 
G = p wf = const heat transfer may be generalized as follows: 

o 

where 

f IT ^ l/ ^ 

‘ \ ■5r t; 

No is the stationary value of the Nusselt number 
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Nu = f ( f ; Re; 
o a 

The number Kpg takes into account the relation of heat transfer versus a change in a 
wall temperature, which for gases is mainly related to the effect of dTw/dr upon 
generation of turbulence near a wall. The experimental data on gas cooling over a 
range Re = (0.32 -5- 2)10* ^ = T^/T|, = 3 -5- 0.6, = (0 20). 10* were gen- 

eralized by the equation 

J.B5 - 3 ^ 

K = 1 -f [(li+.97^“ 16.07^^- 0.526 lA + 3-193) •( Re- 10'*) + 

+ U 6.7 ^- 119-1 99.09 27 . 08 ) • ( t^TglO^ )] 

( 6 ) 

The comparison of equation (6) with the experiment and the effect of different 
parameters on heat transfer are shown in Fig. 11. 

With gas heating over a range Re = 8.10^ 5.10* = 1 “=" 1.5; 

0 the experimental data arc correlated by the equation: 

1 ) lift of heat load; 

K * 1 + ( 0.185 ^ + 0.038)- expr(2.875 -2-9 ^)-R^-10 

b Lb 

• [exp (l.oe-lC/’-Kj^) - 1 ] 

2) drop of heat load 

K = 1 - (l.ltl ^ - 0.97)[l-exp (A-K^)] (7) 

where 

’ 793 1 I"®-*” at - O-U-IO"® <k;^^<o 

1.47|K;j.g|“®‘* at - 2.2*10"^ < K;|,^<-0.U •10“'’ 

The comparison of this equation with the experiment and the nature of 
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the effect of Kc, K^g upon K arc given in Fig. 12. 

The presence of empirical equations (6) and (7) allows the system of 
equations (l)-(4) to be closed and used as engineering methods for calculating 
unsteady heating or cooling of a channel with a gas. 

Such calculations were made and compared with those in which the 
heat transfer coefficient is found by quasi-stationary relations. 

The first calculation was made for heating a tube by a turbulent gas 
flow when its inlet temperature increases in jumps or according to some prescribed 
law. 

For Bi = a6^/X^ « 1 the calculation was so simplified that it was 
reduced to the use of monograms to a considerable extent. 

The calculated results of one particular case arc given in Figs. 13 and 
14. 

As is seen, calculation involving the use of quasi-stationary relations 
gives deviations in the values of Tj, and T^. 

The second calculation was conducted under gas heating conditions in 
the case of cooling of a tube (inlet temperature of a gas decreased in jumps or 
smoothly) and heating of a tube (heat evolution in tube walls was measured in jumps 
or smoothly). The condition Bi « 1 was also used. The calculation was conducted 
on an electronic digital computer. 

The calculation results are given in Figs. 15 and 16. As we see, here in 
the majority of regimes calculation involving the use of quasi-stationary relations 
gives a noticeable deviation, although in some regimes the difference Ls not great 
when heat evolution is increased. 

In conclusion, the method of thermal calculation of a tubular counter 
flow heat exchanger under unsteady operating conditions will be presented assuming 
that flow rates of coolants and their inlet temperatures are prescribed. 


III. CALCULATION OF UNSTEADY OPERATING 
CONDITIONS OF A HEAT EXCHANGER 

The processes, during which flow rates of coolants (due to a pressure or 
velocity) and their inlet temperatures change with time, will be mainly referred to 
unsteady operating conditions of a heat exchanger. In these processes a very 
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essential fact is that a wall temperature varies with time and consequently the wall 
either accumulates some of a heat flux from a “hot” coolant (with wall heating) or 
transmits additional heat to a “cold” coolant (wall cooling). It is therefore necessary 
to write down a system of three energy equations (for both coolants and a wall). 
Equations (4), for a wall assuming the equality of heat fluxes received and given by wall 
material, will be used for coolants. Then, the system of equations may be presented 
as: 


Cpi 3 Ti 3Ti 

~5F * Uiqi (8a) 

Cpj 3 Tj 3T2 

3t 

= ^1^1+ 1^2 02 ( 8 c) 


Here, subscript “1” refers to a liquid flowing in the intertubal space 
along the tubes, subscript “2” refers to a gas flowing in the opposite direction in 
tubes, and subscript “w” refers to the wall material. is the cross-section of a tube 
wall = [7r(dJ - )] /4; V is the heated wall perimeter; Vi = Trd; V 2 = Trd; d| and 
d are the outer and inner tube diameters, respectively; qi and q 2 are the heat fluxes 
between a wall and liquid and between a wall and gas, respectively. Without 
restrictions on the group of the solution, qi and q 2 will be considered to be the 
known functions of time and a coordinate z. Then, the replacement 


T T 



( 9 ) 
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(where TQ = coust is the characteristic temperature) atCp = coust and w/w = 1 at the 
sections of partition along the channel length reduces system (8) to the form: 

30 “"i , , , 

5ito. H ■ ' '* 

o 

3^2 3®2 Ui d 

~'W ^ GjCpiT^ ' ** 

30^ - Ujqi(Hoi,Z) + U 2 q 2 (Ho,Z) 

3 Hoi ■ p C F W T ^ 

W W W I o 

The relationship between Hoi and Hoj at any time moment may be 
obtained by their differentiation with respect to 


T : 



and 


3H02 W2 
3t “ T" 


Dividing the first expression by the second gives 


dHo, Wi(t) Wi(Ho, ) Wi(Ho 2 ) 
dH 02 “ W 2 (t) “ W 2 (Ho, ) ~ W 2 (H 02 ) 


If the replacement is made in (10) 


q, =a, (Ho, ,Z) I 0 ^(HO, ,Z) - 01 (Ho, Z)] To 
q2 =a2(H02,Z) [0^(HO2,Z) -02(HO2 Z)JTo 


( 11 ) 


( 12 a) 


( 12 b) 


then the system of partial equations of the first type is obtained. Its numerical 
solution on an electronic computer is rather cumbersome. 

Therefore, system (10) is first reduced to the system of integral 
equations. The Cauchy problems for the domains Ho < z < Zj and z < Ho < “ may be 
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solved for equations (10a) and (10b). Since consideration is made of counterflow, 
these domains and the statement of the Cauchy problems for equations (10a) and 
(10b) will then be somewhat different. 

For equation (10a) the solution to the Cauchy problem for the first 
domain Hoi < z < z^.) will be 

Hoi 

e, (HoiZ) * Uf StOi(Y Y + HOj+ Z) dY + V'i(X-Hoi) ( 13 ) 

o 

and for the second domain ( Z < Hoi < “ ) 

Z 

0 i (HOiZ) = 1 »J Stoi(Y + Hoi- ZY)dY + ^^1(110,- Z) (lit) 

O 

The solutions of the Cauchy problem for equation (10b) arc obtained from the 
solutions of equation (10a) by replacing z by - z since the second coolant (in our 
case, a gas) enters into the channel at z = Zg and moves to the side of a decreasing z. 

Mathematically, such replacement is caused by the fact that it is 
convenient to consider the phenomena in different coordinate systems Ho|, Zand 
H 02 , Z with different direction of abscissa axes in the system with a common 
abscissa axis and common coordinate origin but with different scales along the 
dimensionless time axis (coordinate axis). This may be achieved by replac- 
ing Zj =Zg-z. On physical grounds the above becomes obvious, if we recall that 
during time Atj the particle of the first coolant covers a distance Zj = W| Ar/d from 
the inlet and will have a coordinate Z|, and the particle of the second coolant 
moves in the opposite direction from z = z^ and during the same time covers a 
distance Zg-Z 2 =W 2 Ar/d and at a moment Tq + At will have a coordinate Z 2 . Thus, 
for equation (10b) for the first domain (H 02 <Zg-z<Zg)the solution of the 
Cauchy problem [H 02 = 0 ; 1//2 = <^2(Zc "2)1 of fhc form 

II 02 

$2 (HojZ) = Uf St02(YY - H02+ Z - Z)dY + ip(Z - Z - H02 ) 

o e e 

(15) 

and for the second domain (z^ z < H 02 ^^)the solution of the Cauchy problem 
assumes the form [( Z^ » Z ; 02 - \1 '](Ho2 )] 
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Ze>Z 

02 (H 02 Z) = hi St 02 (Y + H 02 - Z + ZY)dY + 
Ze * 

+ ^2(H02- Z^+ Z) 


(16) 


If total dimensionless time is the case, for example, Ho| is introduced 
by means of equation (11), then the system of equations will be written in one 
coordinate system Hoi, Z. It is obvious that in this system the first and second 
domains in a general case are divided not by a straight line but by a curve, since in 
the equation Hoj “ b(Zg “ Z) = 0; b = f (wi /w 2 ). 

The first domain for a gas will be much smaller because the flow 
velocity for gases is usually much greater than for liquids. 

In practice, for gases in the majority of cases it is possible to consider 
only the second domain of a process, and for liquids with small flow velocities both 
domains should be examined. With regard to the transformations made, system (10) 
may thus be considerably simplified by replacing partial equation (10a) by equation 
(13) for the first liquid domain, and by equation (14) for the second domain and by 
replacing equation (10b) by equation (15) for the first domain of a gas or by 
equation (16) for the second domain of a gas. Since in the checking calculation it is 
necessary as a rule to know not the temperature distribution of coolants but only 
their outlet values, these replacements allow additional simplification of a system. 
Then, for example, for the second domain instead of equations (14) and (16) it is 
possible to use simpler equations: 

Zc 

e. (HoiZ ) = Itf Sto, (Y + Ho,- Z Y)dY + - Z ) (I7a) 

o 

0 (H 02 O) = St 02 (Y + H 02 ,Y)dY + I/Zidloi) (l7b) 

^ Ze 

and equation (8c ) may be presented also in the integral form 

llo, 

f - U,(ii(Ho,Z) + U 2 qa(Ho,Z) 

/?w(Ho,Z) =1 p C F W| T 

J w w w o 


d • dHo 


(17c) 
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where qi and q 3 arc determined by equations (12a) and (12b). if it is taken into 
account that Ho| and H 02 are determined by equations (9) and (11) and 


Stoi (Y + Hoi- ZeiY) = 


Uid 

Cp, 


a, (Y + Hoi-Ze)[0^ Y + H 01 - ZeY) -fl,(Y+Ho - Zei Y )] 
Gi (Y + Hoi - Ze) 


(18a) 


U 2 • d aj(Y + Ho2Y)[fl^(Y + Ho2Y) -fl2(Y + Ho2Y)] 

Sto,(Y * HO.Y) = .5^ oTTyT-hST 

(l6b) 

then the system of integral equations (17) may be obtained. This system is 
considerably simpler than (10) for solution on electronic computers. 

In this system, as well as in (10), the heat transfer coefficients Of| 
and 0(2 may be taken from experiments on similar unsteady processes. 

In the case of variable heat capacity the enthalpy of coolants should be 
introduced into consideration instead of a temperature. It is not difficult to see that 
numerical calculation requires a greater number of iterations even for the simplified 
system of integral equations (17) and, consequently, an electronic computer with 
great quick-action and storage. Numerical calculation is more complex than the 
calculation of a heat exchanger operating under stationary conditions. Nevertheless, 
such calculations of heat exchangers arc necessary. 

The aforesaid allows the formulation of problems of future unsteady 
heat transfer investigations as follows: 

1. Development and unification of methods for calculating basic types 
of heat exchangers and devices when solving conjugated problems in the one-dimen- 
sional description of a flow. These methods should be presented in the form of 
electronic computer programs written in basic computer languages. 

2. Study of an unsteady heat transfer mechanism in turbulent flows, 
experimentation and theoretical calculations, and accumulation of design relations 
for the Nusselt number and the hydraulic resistance coefficient in the case of flow of 
coolants in different channels. 




T ubular Heat Exchangers with Bilateral Heat T ransfer Augmentation 1 91 


3. Development of numerical calculation methods for heat exchangers 
in laminar flow of coolants and unification of these methods in the form of prepared 
electronic computer programs. 
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Fig. I, Rolling Cube process 
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Fig. 4. Effect of depth of grooves of rolling ha/d^„ and rolling pitch t/D^« on heat transfer intensification in 
ongitudijial flciw past tube bundles for S/Da = 1,16 -r 1.5 at Re > RCj- 


t/lr. 



Fig. 5. I,cngth ratio of tubular heat exchangers l/lj„ versus rolling depth d/D. 






Fig. 7. Volume ratio of tubular heat exchangers V/V^^ versus rolling depth d/D. 
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Fig. H. Heat power ratio of tubular heal exchangers Q/Q^,,, versus rolling depth d/D, 



Fig. 9. Pressure drop ratio of tubular heat exchangers versus rolling depth d/D. 
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Fig. ] 2, aj RflaEion K = f (Kjg) for different ranges of the number Ke with a stepwise increase of heat evolution 
in tubes. T^//Tjj * l.l -r 1.2. b) Relation of K versus T^/Tj, at different K>pg. 
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Fig. 1 Change of and Tj, in time with gas cooling in a tube (ft = 0.6 nim d = 44.8 nirii). 
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Fig. M. Change of T^and in cime in time with gas cooling in a tube (A ~ 0.186 nun d = H.65 inni). 


TpK] K.q^ 5 10 ’ lo” [ecal/m’s] 



Fig. I 5. Change of K, Qy. in lime with load increase. 
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Chapter 9 

SURVEY OF THE HEAT TRANSFER THEORIES 
IN REGENERATORS 

H. Hausen (*) 


After much experience, 1 have always found that it is a very difficult 
and lengthy task to explain the different theories of heat transfer in regenerators. 
Therefore in such a short survey, only the main ideas of these theories can be 
indicated. I want first to discuss an almost exact theory, which enables the 
determination of an overall heat exchange coefficient for regenerators. If the value 
of this coefficient is known, the heat transferred in a regenerator can be calculated 
in the same simple manner as in a recuperator. 

For practical purposes, however, numerical methods of solution have 
been developed, which allow any reejuired approximation to be calculated to the exact 
values and which can be applied in cases for which exact solutions arc not known. I 
myself want to discuss some of those methods, which can be regarded as a solution 
to the integral equation governing the temperature distribution in a regenerator. 

A regenerator differs from a recuperator in the following way. Through 
a recuperator the fluids flow continuously without any interruption. Usually the 
fluids arc separated by walls, mostly of tubular shape, through which the heat is 
transferred. Contrary to this, a regenerator has a heat string porous mass, called 
matrix or chequerwork (fig. 1). The stream of the fluids is periodically reversed, so 
that at one time only one fluid is passing the regenerator. During the hot period the 
hot fluid gives up its heat to the matrix and is thus cooled. Enuring the cold period 
the cold fluid flows in the opposite direction and is heated by taking up heat from 
the matrix. To effect a continuous heat transfer, at least two regenerators are 
necessary, so that at the same time one fluid is cooled in the first regenerator and 
the other fluid is heated in the other regenerator (Fig. 2). 

An exact definition of a regenerator must include the fact that even in 


(*) Tcchnuche Universic^t Hannover, F.R. Germany 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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the steady state the temperatures of tlie matrix and the fluids depend not only on 
local coordinates but also on time. This dependence on time, which is periodic in the 
steady state, is the reason why the behavior of a regenerator and the theories 
describing it are much more complicated than those of a recuperator. 

The lowest part of Fig. 3 represents the distribution of temperature in 
the matrix of a regenerator during the cold period after the steady state is reached. 
For simplicity it is assumed that the heat capacities of both fluids flowing during the 
respective periods arc equal and do not depend on temperature. The heat transfer 
coefficients are also regarded as constant. In such a case the temperature distribution 
in a recuperator is purely linear. The temperature distribution in a regenerator differs 
from this by two essential features. The temperature lines change with time, for 
example downwards in the cold period, as represented in Fig. 3. Secondly, the lines 
are linear only in a middle part of the regenerator. Near the ends of the regenerator 
they are curved. 

This behavior of a regenerator can be understood if one considers the 
exact solutions of the differential equation which describe the transfer of heat in the 
regenerator. There exists an inflnitc number of partial solutions, called eigenfunc- 
tions, which fulfill the boundary condition for the reversals of gas flow in 
regenerator operation. These correspond principally to the eigenfunctions of a 
stretched string, which are vibrations of different frequencies. As a real vibration of a 
string consists of a basic vibration and of higher vibrations or eigenfunctions, so the 
periodic behavior of a regenerator can be regarded as a vibration of temperatures 
consisting of many cigenfuentions. The basic vibration or zero-eigenfunction is linear 
in space and time (see upper part of Fig. 3). The middle part of Fig. 3 shows the sum 
of the higher eignefunctions, each of them multiplied by an adequate factor. By 
adding this sum of eigenfunctions to the zero-eigenfunction the real temperature 
distribution as represented in the lowest part of Fig. 3 is obtained. 

From the middle part of Fig. 3 one sees an essential feature of the 
higher eigenfunctions. They have their greatest values at both ends of the 
regenerator and decrease with increasing distance from these ends. In regenerators of 
sufficient length they become so small that in a middle part the zero-eigenfunction 
alone governs the changes of temperature. Near the entrance of the fluid, i.c. on the 
left side of Fig. 3 the higher eigenfunctions arc temperature vibrations of different 
frequencies. Near the exit of the fluid they are aperiodic (Fig. 4). 

By combining all eigenfunctions, each multiplied by a suitable factor, 
the constant entrance temperature of the gas can be represented as illustrated in Fig. 
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5. The linear time variation of the zcro-eigenfunction is the more counterbalanced, 
the more higher eigenfunctions are added, The approximation, which is attained by 
using the higher eigenfunctions up to eigennumbcr 4, may be seen from line 4. 

1 want to emphasize, that such a calculation of the periodic 
temperature only involves the mean temperatures in the cross section of the matrix. 
The temperature distribution over a cross section has been determined separately for 
the zero-eigen function. The result is shown in Fig. 6 for the cold period. While the 
fluid temperature decreases and is smaller than the temperature of the elements, the 
temperature in a cross section decreases principally as in Pig. 6, in which the lines 
represent the temperature distribution at different times. At the beginning of the 
cooling period the curve has a parabolic form. The first effect of the cooling is that 
this parabola is transformed into another one of equal shape but open in the 
opposite direction. Finally, the parabola slides down without changing its form. 

If one includes these temperature differences in the matrix elements, 
one is able with help of the theory we have discussed to establish an overall heat 
exchange coefficient for regenerators. Rummcl [1 J has defined such an overall heat 
transfer coefficient k by the equation 

= k F (T + T») A (1) 

in which Qp^^denotes the quantity of heat transferred in one regenerator during one 
period, F the surface of the heat storing matrix of one regenerator, T and T' the 
durations of the two periods and Ai^j^the mean temperature difference between the 
two fluids. is to be determined in the same way as for recuperators. 

As the temperature distribution in a regenerator is composed of the 
zero-eigenfunction and the higher eigenfunctions, the overall heat exchange 
coefficient k, also has to be calculated in two steps. The first step yields a 
coefficient kQ determined for the zcro-eigcnfunction. The next step is to calculate 
the ratio k/ko, which corresponds to the influence of the higher eigenfunctions. 
From the detailed theory of the zero-eigenfunction there follows the equation 



(T+ T') 



(2) 


in which h and h' arc the heat transfer coefficients in both periods respectively, 6 
and thickness and heat conductivity of the elements of the matrix. 0 is a 
function which indicates the degree to which the heat enters into the interior of the 
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matrix elements. It depends on 6^ la (1/T + 1/T'), where a is the thermal 
diffusivity of the matrix. The value of 0 is determined by a complicated theoretical 
equation but can easily be taken from Fig. 7 for matrices, which consists of plates, 
cylinders or spheres. The ratio k/ko is represented by Fig. 8 . The parameters used in 
this figure are the so called “reduced length” A and the “reduced period” 11 . 
|A and 11 are determined by the equations 

k (T+ T') F 

A=2-2— T (3) 

^Per 

k (T+ T') F 

n = 2 -^—7 (M 

B 

in which denotes the mean value of the heat capacities of the fluids passing the 
regenerator during the heating period and the cooling period respectively, and 
C 3 denotes the heat capacity of the heat storing matrix of one regenerator By. 
multiplying ko from equation ( 2 ) by k/ko Pig- the sought overall heat 

exchange coefficient K is determined as defined by equation (1) of Rummcl. 

Fig. 8 for k/ko differs a little from the old one, which 1 published in 
1942. Three months ago I drew the new diagram presented here using values given 
me privately by Willmott and by Schellmann and other values published by 
Lambertson [2] and by Sandner [3]- All these values, which have been determined 
with help of an electronic computer, coincide very well with each other. 

In view of the complexity of the theory, the method described to 
determine k seems to be relatively simple. Once the value of k is found, a 
regenerator can be calculated in the same way as a recuperator for the technical 
purposes. Using equation (1), one cannot only determine the quantity of heat being 
transferred in given regenerators but also the essential dimensions of regenerators to 
be built, in the first place the surface area F, which is necessary for a required 
amount of heat to be exchanged. 

Schofield, Butterfield and Young in their 1961 paper [4] have shovim 
that this method, combined with values of h and h' determined by the experiments 
of Bohm [5|, can successfully be applied to the calculation of hot blast stoves. 

However, with a few exceptions the eigenfunctions themselves, because 
of a special difficulty in determining their coefficients, have never been used to 
calculate the temperature distribution in a regenerator and its efficiency, as well as 
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the ratio k/ko. Even before this method was known, a search had begun for other 
methods. At first methods were proposed which to a great extent are empirica] in 
character and include those of Rummel [1] and Shack f6| . Very useful finite 
difference methods have been developed by Nussclt [7] and Hausen [8] and 
adapted to the use in electronic computors mostly by Willmott. These methods will 
be discussed by Willmott himself. 

A second group of methods is based on an integral equation, which 
governs the steady state behavior of a regenerator and has been published by 
Nusselt |9] . Nussclt has given an exact solution of this equation, which consists of 
an infinite series of integrals. This solution is too complicated for practical purposes, 
and several other solutions of an approximate kind have been developed. One, called 
the heat pole method, had been proposed by myself and later refined by 
Ilffe flOJ and myself. 

The idea of the heat pole method is as follows. The main part of the 
regenerator matrix may have the same temperature as the gas entering on the left 
side of the regenerator. This temperature may be set equal to zero. Only in one 
stripe of breadth Ac the temperature may be higher by the amount 1. The gas 
flowing to the right takes up a part of the heat contained in the heat pole and carries 
it to the other stripes of equal breadth Ac, which lie on the right side of the heat 
pole. So, after some time the heat pole will be distributed over the different stripes 
as shown on the right part of fig. 8. The function Aw representing this distribution is 
called the heat pole function. It is related to Green's function used by the 
mathematicians. Aw indicates the influence of an amount of heat in one stripe on 
the temperatures in the other stripes at a later time. So, if at the beginning the four 
stripes in Fig. 8 have the temperatures fi , f 2 , fj, and respectively, for example the 
temperature of stripe 4, after the considered time will be found 


fiAw4+ f2Aw3+ f3Aw2+ faAwi (5) 

In this way, for a given initial temperature distribution of the matrix the tem- 
perature distribution at a later time can easily be calculated if the values of the 
heat pole function arc known. These values can be determined from theoretical 
equations but arc not simple. 

An advantage of the heat pole method is that the temperature 
distribution in the steady state can be determined directly without the necessity of 
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calculating foregoing periods or intermediate temperatures in a period. The result of 
this procedure is an approximate solution of the integral equation mentioned. In the 
refined heat pole method the mean values of each of the stripes are replaced by the 
values at the limits of the stripes, and the summing after equation (5) is replaced by 
a numerical integration with help of the Simpson rule. 

The method of Nahavandi and Weinstein |11] consists in representing 
the initial temperature distribution f(()by the power series 

m 

( 6 ) 

j-0 ^ 

and inserting this into the integral equation. Finally, one gets in + 1 linear 
equations, which determine the coefficients aj for the steady state. But before 
establishing these linear equations, one has to evaluate for each value of ^ 
numerically m + 1 integrals of the form 

t 

pK(t-e)de (7) 

0 

where K({ ~ e) is the so called nucleus of the integral equation. 

The required temperatures of the matrix are finally determined by 
solving the linear equations for aj and inserting their values into equation (6). 

Finally, 1 want to mention the method of Sandner [31 . Sandner starts 
from the exact solution of the differential equations, as developed by Nussclt. He 
has transformed the integral terms contained in this solution and finally replaced 
them by asymtotic and partially empirical expressions. The approximation of these 
expressions to the exact solution is so good that great distances between the values 
of ^ can be chosen. Thus, in the method of Sandner the complexity of his final 
expression is counterbalanced by the small number of values of for which the 
calculation is to be carried out. The results he obtained using his method arc 
extremely accurate. 
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Fi|^ 1. Cowper stove. 
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Fig. 6. Temperature changes in a cross-scccion of a matrix flemenc. 
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Fig. 7. Factor 0 on the equation for k^. 
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Fig. 9. Heat pole and heat pole function. 




Chapter 10 

DEVELOPMENTS IN REGENERATOR THEORY SINCE THE 
ADVENT OF THE DIGITAL COMPUTER 


A. J. Willmott (*) 


Prior to 1945, the theory of regenerators was progressed in two 
directions. Methods were proposed principally by Nusselt [1 ] and Hausen |2] , and 
later in 1948 by Iliffc 1 3] to solve the differential equations 


3t " 


T 


“ t 


( 1 ) 


aij 


t 


- T 


( 2 ) 


describing tlic temperature behavior of the gases, t(^J7) and the heat scoring 
matrix, T(^,77) in the regenerator. The methods involved lengthy calculations which 
were nor practicable in an era prior to that of the digital computer. Professor Hausen 
has mentioned alternative methods which were developed by Rummel, Shack and 
himself among others, where the regenerator was represented by an equivalent 
recuperator. 

In this chapter, I restrict iny considerations to methods involving the 
solution of the differential equations. 

These methods of solution of the regenerator problem incorporating 
the reversal boundary condition fall into two distinct classes. The ‘*open methods" 
are those in which some arbitrary, but if possible well chosen distribution of 
temperature is imposed upon the solid matrix. Subsequently, the temperatures at 
the end of successive periods are evaluated repeatedly until the mathematical model 
achieves cyclic equilibrium. The solving of equations (1 ) and (2) is regarded as an 
initial value problem and typical of these methods are those of Lambertson |4] 


(*) University of York, U.K. 

N.B. ALL FIOURES gUOI’El) JN THE TEXT ARE AT THE END OF THE CHAPTER 
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(1958) and Willmott [5] (1964). 

Once the digital computer was available, the speed of calculation 
became such that the continuous cycling of the model to equilibrium was no longer 
a deterrent for practical calculations. 

It is interesting to note however, that immediately before digital 
computing machines became generally available, open methods of solution of the 
differential equations were attempted using analogue computers. 

Heindlhofer and Larsen [61 described in 1945 an electrical analogue of 
the flow of heat in a regenerator system. This device, developed in 1935, was used in 
connection with the design of regenerators for open hearth furnaces and coke ovens. 
A very similar device was developed by Tipler f7| with a view to calculating the 
effectiveness of the regenerator applied to the Gas Turbine cycle. 

Essentially, the thermal capacity of the regenerator packing at equally 
spaced positions down the length of the regenerator was represented by a bank of 
electrical capacitances. The voltage on each capacitance corresponded to the 
temperature of the packing at the equivalent position in the regenerator. 

This bank of condensers was scanned first by an initially charged bank 
of condensers representing the hot gas, in series with an electrical resistance 
representing the resistance to heat transfer between the hot gas and the solid. Then, 
in the reverse direction, the condenser bank was scanned by a second initially 
discharged system of condenser-resistance units representing the flow of cold gas 
through the regenerator. See Fig. 1 . 

This electric analogue of the regenerator was cycled repeatedly until 
equilibrium was achieved. 

Hendlhofer and Larsen measured the voltages using an electrostatic 
voltmeter while Tipler arranged for the measured “temperatures” to be displayed on 
a cathode ray oscilloscope. 

These electrical analogues were special purpose devices used to 
represent the temperature behavior of the regenerator. In the late 1950’s and early 
1960’s attempts were made to use general purpose analogue computers. These 
consisted of summing and integrating amplifiers which could be interconnected with 
potentiometers in a variable manner enabling the same analogue computer to be 
applied to different problems. Schuerger and Agarwal [ 8 1 from the United States 
Steel Corporation and Dancy and Meyer [9] at the Jones and Laughlin Steel 
Corporation in Pittsburgh used such general purpose analogues to simulate Cowper 
Stove behavior. 
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In the middle 1950’s, digital computers became more readily available 
for scientific calculations and in 1958, Lambcrtson [4] described his method for 
representing the regenerator. He did not solve the differential equations in an 
explicit manner. In a similar way to that adapted by Hcindlhofcr and Larsen, he 
considered the temperature behavior of successive equally spaced sections of 
regenerator packing. Whereas the electrical analogue could compute the temperature 
variations in a continuous manner, Lambcrtson adopted a step-by-step procedure 
suitable for digital calculations. 

Although Hausen [10] had described a finite difference method of 
solving the differential equations, 1 myself [5] implemented another method for the 
Ferranti Pegasus computer. In my method, the two equations are represented in 
difference from using the trapezoidal rule. 

In this method, equation (1) is integrated using: 



Similarly, equation (2) is integrated in the following manner 


T = T 

r, K 4- 1 r, fl 


^ 1 ( 1 ) 

' r,s + 1 


(k) 


where the subscripts r and s refer to distance and time positions on a finite 
difference grid, and where is the distance step length and At) is the time step 
length. Equations (3) and (4) arc expanded using the replacements 



(5) 


form 


In Hausen’s method, the differential equation (1) is rewritten in the 
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The following finite difference substitutions are then made: 


3t 

t - t + t , , - 1 , 

r + l,s r,a r,S4l 

(7) 


2A5 

dt 

at? 

r ,6 4 1 r .8 r + 1 ,s -4 1 r 4 1 ,s 

2Ati 
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it — t t “ t 1 

_ 1 1 r 4 4 1 r 4 1 ,s r ,8 4 1 r ,8 1 

(9) 
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” Af 1 At? Atj 1 


A similar treatment can be effected with regard to a rearranged form of 

equation (2). 

An exactly similar method to that of Hausen was described by Saunders 
and Smoleneic, f 1 ] ] later reported by dc Allen [ 1 2 1 . 

The importance of these finite difference methods lies in the fact that 
they can be readily adapted to problems in which variable mass flow of the gases and 
temperature dependent thermal properties of both gas and solid arc incorporated. In 
1968, 1 1 131 described a solution to the problem where a variable mass flow of air 
through a Cowper Stove occurs when a by-pass main is included in the regenerator 
system. 

In representing the temperature behavior of a regenerator by 
equations (1) and (2), two important assumptions are made. 

Firstly, it is assumed that the thermal conductivity of the heat storing 
matrix is zero in a direction parallel to that of the gas stream. Secondly, in a 
direction perpendicular to gas flow, cither 

(1) the thermal conductivity is considered to be infinite, in which case 
the solid matrix is isothermal in this perpendicular direction, or 

(2) it is considered to be finite and a bulk heat transfer coefficient, h is 
developed which incorporates the surface resistance to heat transfer 
between gas and solid and the resistance internal to the heat storing 
solid. 
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In this latter case, Hausen proposed a form; 


i + M 

h “ h 3^ 


( 10 ) 


where h is the surface transfer coefficient, d is the semi-thickness of the walls of heat 
storing material surrounding the channels through which the gases flow, X is the 
finite thermal conductivity and 0 is a factor built in to account for the effect of the 
hot-cold period and cold-hot period reversals. 

Professor Hausen has indicated in his paper that the function 0 is 
developed for the zcro-cigenfunction. It is assumed that such a 0 factor is applicable 
when the effect of higher order eigenfunctions is incorporated into the model of the 
regenerator. 

In order to investigate the acceptability of this simplifying assumption, 
^ fuller model of the regenerator has been developed in which the heat transfer 
vinhin the heat storing matrix is calculated directly using the Fourier equation. The 
new model is expressed mathematically by the equations: 

= To- t (11) 


9X _ ^ 
aw ■ az^ 


( 12 ) 


where f is again a “dimensionless distance” down the length of the regenerator, Z 
is the corresponding perpendicular distance and W is the reduced time. These two 
equations arc linked by a surface boundary condition 

II = N (T - t) at Z = 0 (13) 

1 1 1 4 ] have described an open method for solving these equations, 
using finite difference techniques. The importance of this work lies not in the 
methods of solution of equations (11) and (12), but in the comparison between the 
temperature behavior of the same regenerator calculated using equations (11) and 
(12) and that computed using the simplified equations (1 ) and (2). 

The “3-D calculations” involve the dimensions W and Z using 
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equations (11) (12) and (13) while the “2-D calculations’* only involve f and 17 in 
equations (1) and (2). Whereas the 2-D model in general predicts a linear variation of 
exit gas temperature, the 3-D calculations yield a non-linear variation; this non-linear 
effect becomes more marked the lower the value of 0, that is the more severe the effect 
of the reversals in regenerator operation. 

In Figure 2 this comparison is illustrated graphically. A measure 0 of 
the difference between the two computed exit gas temperatures has been defined to 
be 


A2 - B2 
As - ■ B3 


The closer 0 to unity, the closer the 2-D model represents the fuller 3-D model of 
the thermal regenerator. In Figure 3 the variation of 0 with the reduced length A of 
the regenerator and with the correction factor 0 is displayed, where 


A = 


M 

ws 


As A diminishes, so the effect of the higher order eigenfunctions increases over the 
whole length of the regenerator. For each value of 0, the value of 0 decreases as the 
reduced length decreases. On the other hand, as reduced length increases, the value 
of 0 approaches an asymptotic value, su|^esting that under such circumstances, the 
3-D calculated exit gas temperature can be estimated using only the zero-eigenfunc- 
tion. Indeed Professor Hausen has suggested how this might be done. 

The value of 0 is most sensitive to the value of the factor 0. Professor 
Hausen has shown how the temperature changes with time in the cross-section of a 
matrix clement. 

At a reversal, the parabolic temperature profile is inverted. The smaller 
the value of 0, the greater is the proportion of the hot or cold period which is 
devoted to inverting the parabolic profile. This inversion process is reflected in the 
exit temperature calculated using the 3-D method. 

In coming to the end of this paper, I want to turn to the second group 
of methods used for solving the equations describing regenerator behavior. These 
are the closed methods. 

In the closed methods, the reversal condition, which specifies that the 
solid temperature distribution at the beginning of a period is identical to that at the 
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conclusion of the previous period, is incorporated directly. By embodying this 
condition for both hot and cold periods simultaneously, within the mathematical 
method for the solving of the differential equations, one specifies implicitly the 
cyclic equilibrium condition that the solid temperature distribution at the beginning 
of a complete cycle of operation, a cycle consisting of a hot/cold period followed by 
a cold/liot period, is identical to that at the beginning of the previous cycle. 

For equations (1) and (2), Professor Hausen has mentioned a group of 
methods which is based on a pair of integral equations which govern the steady state 
behavior of a regenerator which has been published by Nussclt fl |. A number of 
methods have been proposed to solve these integral equations. 

For equations (11) and (12), Collins and Daws, as reported by Evans 
and Edwards, 1 15] also obtained an integral equation. In the Nusselt method for 
equations (1 ) and (2), the integral equations are solved for the solid temperature 
distributions at the beginning of the hot and cold periods. In the Collins and Daws 
method for equations (1 1) and (12), the integral equations are solved for the time 
variations of the exit gas temperature for the hot and cold periods. 

Now both methods essentially involve the evaluation of a dependent 
variable y as a function of x, that is y(x). In the Nussclt method, y is the solid 
temperature at the beginning of a period and x is reduced distance down the 
regenerator. In the Collins and Daws approach, y is exit gas temperature in a 
particular period and x is time. 

Two possible approaches have been made. Hausen and lliffe for the 
Nusselt integral equation replace the integrals 

jy (e) K (( - e)de 

O 

by numerical quadrature formulae so that the integral equations are reduced to a set 

of simultaneous linear equations which arc solved for the values of yo, yi, y 2 i 

where 

y. = y (jAx) 

where Ax is the distance between the equally spaced positions where y(x) is 
evaluated. In a similar way, Collins and Daws reduce their integral equations to a set 
of linear algebraic equations using Newton-Cotes formulae for integral evaluation. 

An alternative approach has been to represent the initial temperature 
distribution y(x) by a power series 
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y (x) = ao+ aix + a2X^+ .... + a x*" 

m 

Again the integrals 

t 

y (e) K (£ - e)d€ 

are replaced by numerical quadrature formulae. This time a set of simultaneous 
linear equations is generated which is solved for the coefficients aQ, ai , a 2 •... This 
method has been developed by Nahavaiidi and Weinstein [ 1 6 j . 

For 3-D models, | equations (11) and (12)| . Tomeczek 1 171 has 
developed this approach as an alternative to that presented by Collins and Daws. The 
power scries 


9 iti 

ao + ai X + a2 X + . . . , + a x 

ni 

represents the time variation of the exit gas temperature of the regenerator and the 
derived linear algebraic equations are solved for the coefficients no , a j , ^2 

In both approaches, it is required to solve a set of linear algebraic 
equations of the general form 

= h 

This method will break down if the determinant |A| of A becomes very small, that 
is if the matrix A becomes singular. 

When the temperature behavior of the gas/solid is almost linear, that is 
when the zero-eigenfunction dominates the situation, it would seem reasonable to 
use few levels in the regenerator for the Hausen-Iliffe approach to determine its 
overall behavior. Similarly, one might expect to solve the equations (1) and (2) 
with a few elements of the power series in the Nahavandi and Weinstein method. 

In fact the opposite is true. 

The discretisation of the integrals yields a set of simultaneous linear 
equations which becomes increasingly ill-conditioned the larger the ratio of the 
reduced length A to the reduced period II , which parameters A and IT describe the 
regenerator and its operation, and have already been mentioned by Professor 
Hausen. The larger A/Il , the more linear the temperature behavior of the 
regenerator, in both distance and time. 
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The effect of this ill-conditioning is only relieved by taking small step 
lengths in the quadrature formulae, in Figure 4, for a fixed value of reduced 
period, the change in the thermal ratio calculated by Iliffe’s method as the number 
of ordinates taken in the ( -direction is increased, is displayed for increasing values 
of reduced length. It will be observed that quite meaningless results arc computed 
unless a sufficient number of ordinates is employed. This is caused by the 
ill-conditioning of the linear equations. 

One may respond by saying that the lliffc method is just applicable to 
such large A/ll ratios, and indeed the thermal ratio VreG approaches the value: 

A 

A + 2 

Alternative methods of calculation are available if more precise values 

arc required. 

However, once a program has been written for a digital computer 
implementing, for example, the lliffe method of solving equations (1) and (2) 
there always exists the temptation to use this program for data parameters outside 
the ranges for which the computer program was designed. 

The weakness 1 have described in the lliffc method sounds a note of 
caution to those who seize the enormous advantages of the digital computer to 
solve this and other scientific problems. 
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TURBULENT HEAT TRANSFER IN TUBF^ WITH 
VARIAB1,E FLUID PROPERTIES 


B. S. Petukhov (*) 


Introduction 


Modern technological development is characterized by the use of a wide 
variety of heat-transmission media in heat-transfer systems (heat exchangers 
included), as well as by a considerable expansion of the range of temperature drop 
and heat flux per unit area. At the same time, requirements placed upon the 
accuracy in calculating heat-transfer systems tend to become more stringent. 

In the case of great temperature drop and high heat flux per unit area 
and sometimes (for example, in the single-phase near-critical region) in the case of 
their moderate values, dependency of the physical properties of heat-transmission 
media on temperature and pressure affect considerably the hydrodynamics and heat 
transfer. An inadequately accurate consideration of the effect of variable physical 
properties is likely to result in considerable errors, especially when calculating 
stressed heat-transfer systems. Therefore, the problem of heat transfer at variable 
physical properties has recently acquired considerable practical importance. 

The complexity of the problem and inadequacy of the information 
accumulated in the field of hydrodynamics and heat transfer in turbulent flow of a 
liquid with variable physical properties have made analysis of this problem in the 
most general form difficult up to now. 

The analysis can be carried out to cover individual flow conditions and 
specifle groups of heat-transmission media. In the case of turbulent flow of a liquid 
with variable physical properties, one should distinguish between: 

a) a viscous-inertia-gravity flow; and 

b) a viscous-inertia flow. 


(*) Inititute of High Temperatutes, Moscow, U.S.S.R. 

N.IJ. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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In the former, thermogravitational forces have a considerable effect on hydrodynam- 
ics and heat transfer in the case of a forced flow of liquid. In the latter, the effect of 
these forces is rather considerable. 

From the viewpoint of the nature of dependencies of physical 
properties on temperature and their effect upon hydrodynamics and heat transfer, 
one should distinguish between: 

a) liquid-metal he at- transmission media; 

b) non-metal liquid heat-transmission media (condensed media); 

c) gaseous heat transmission media; 

d) single-phase heat-transmission media at near-critical parameters of 
state. 

The temperature dependence of the physical properties of hcat-trans- 
mission media has an effect on both the time mean and fluctuating characteristics of 
the flow, that is, upon turbulent transfer processes. The latter problem has not been 
really investigated as yet, which hinders the development of theoretical calculation 
methods. Although the theoretical methods enable a qualitatively correct evaluation 
of the effect of variable physical properties on heat transfer and skin friction, a 
quantitative agreement of the theoretical calculation and experimental results is, by 
no means, constantly observed. It is, therefore, desirable that the engineering 
calculations should be based upon the results of experimental investigations. 

The objective of the present lecture is to briefly outline the results of 
new investigations in heat transfer at variable properties and show their application 
to the calculation of heat-transfer devices. 


Heat Transfer at Constant Properties 

In order to carry out an analysis and calculation of heat transfer at 
variable physical properties, one should have an adequately accurate equation for 
heal transfer at constant properties. 

Petukhov, Kirillov and Popov |1,2|havc performed a theoretical 
calculation of heat transfer in a smooth, round pipe under conditions of turbulent 
flow of a liquid with constant properties and fully developed velocity and 
temperature profiles. Based on this calculation, the following interpolation equation 
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for tieat transfer has been obtained in [ 1 1 : 


where 


Nu 


i 

0 Re Pr 


K + 12.7 



K = l.OT 


^ _ 0.63 

Re 1 + 10 Pr 


( 1 ) 


^ — is the skin friction coefficient in turbulent flow of liquid in a smooth, round 
pipe. Thus, for instance, according to the formula by Filonenko 

H = (1.02 CgRe - 1.6k) * (2) 

Eq. (1 ) agrees with the most reliable experimental data on heat and mass transfer to 
an accuracy of ±5 percent. It is true in the Reynolds number range from 4.10^ to 
5.10^ and in the Prandtl (or Schmidt) number range from 0.5 to 10^. 

Widely used power dependencies of the type 

Nu = CRe'"Pr" 

at constant values of C, m and n are not sufficiently accurate. This can be seen from 
Fig. ] the ratio of the Nusselc number calculated from the Dittus and Bolter formula 
(C = 0.023, rn = 0.8, n = 0,4) to the Nusselt number according to Formula (1). At 
certain values of Re and Pr the error can reach 30 percent. 


The Effect of Thermogravitational Forces on Heat Transfer 

The effect of thermogravitational forces on hydrodynamics and heat 
transfer at forced turbulent flow is more pronounced the greater the Grashof 
number and the smaller the Reynolds number and, at the same time, depends 
considerably upon the relative direction of the vector of forced flow velocity and of 


(*) TTiu more accurate expression for k has been recently obtained by the authors of [3| . 
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the vector of thermogravitational forces. 

Shown in Fig. 2 for the case of an upward fLow in a vertical heated pipe 
(far from the entrance at - const) are the limiting curves corresponding to the 
Nusselt number by one percent deviation from its value at viscous-inertia flow, 
under the effect of thermogravitational forces. The curves calculated theoretically 
by Poliakov are in good agreement with the measurement results of |4| . The region 
above the curve in question corresponds to the viscous-inertia flow, the region below 
the curve corresponds to the viscous-inertia-gravity flow. 

Presented in Figs. 3 and 4 are the results of our and Sryghin’s |4| joint 
measurements of heat transfer in upward and downward flow of water in vertical 
heated pipes at a constant heat flux density on the wall. The experimental data in 
Figs. 3 and 4 are presented by the coordinates Nu/Nuq, Ka^/Fle^^ (n - 2 in the case 
of upward flow and n = 1 in the case of downward flow) where ^ is the 

measured local Nusselt number far from the pipe entrance (that is, in the region of 
fully developed heat transfer), a = q^/(t^ - 1^) is the local coefficient of heat 
transfer, q^ is the specific heat flux on the wall, and t|, are the wall temperature 
and bulk temperature of liquid in the pipe section under consideration, Nuq is the 
Nusselt number at constant properties, calculated from Eq. (1) at the same values of 
Rc and Pr as Nu, Ct^ Pr is the Rayleigh number, qj. - ^ 

A = dt^ /dx is the axial gradient of the bulk temperature. It should be noted that the 
parameter Ra^/Kc” may be written differently 

. jd 

77 = ~ n.l . Be - T- • 

Re 4 Re 


In the case of upward flow in a heated pipe with an unheated portion at 
the entrance (cf., Fig. 3), the Nu/Nu^ ratio at first decreases with an increase of 
Ra^/Rc^, and then increases at Ray^/Re^ > 10’^ . The observed decrease of heat 
transfer is due to the decrease of turbulent transfer under the effect of 
thermogravitational forces. The growth of heat transfer at Ra^/Re^>l(r^ is due 
to the dominating influence of thermogravitational forces on the time mean flow. 
The function of forced flow in this region mainly consists of the supply and removal 
of the heat transmission medium to and from the pipe. 

The experimental data on heat transfer under conditions of upward 
flow in a vertical heated pipe are described with an accuracy of ±1 0 percent by the 
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equations: 

ifRHA/Re^^lO"^ 



0 

\ ‘ 

R?" / 

(3) 

if Ra. /Re*> 10“^ 

A 

/ Ra. ^ 




JlL , 10 f -4- 

Nu V ^ ' 

O 

1 

1 

(U) 


In the case of downward flow in a heated pipe (Fig. 4), the ratio 
Nu/Nuo, following an insignificant decrease, grows with an increase of Ra^^/Re. 
Some decrease of Nu/Nuq is probably due to a small decrease of the velocity 
gradient near the wall under the effect of thcrmogravitational forces. The growth of 
Nu/Nuq is caused by an intensive mixing of liquid in the wall layer under the 
influences of the same forces. 

The experimental data on heat transfer under conditions of downward 
flow in a heated pipe are described with an accuracy of ±10 percent by the 
equation: 

At Ray^/Rc>1, the second term in Eq. (5) becomes negligibly small and can be 
omitted. 

The physical properties of liquid (X,j3, i^) in Eqs. (3), (4) and (5) have 
been taken at the bulk temperature in the given pipe section. The equations are valid 
at x/d > 40, 300 < Re < 3.10^ . 300 < Ra^ < 8.10® and 2 < Pr < 6. 

in the case of flow in horizontal pipes, the circumferential distribution 
of the heat transfer coefficient becomes inhomogeneous due to the effect of 
thcrmogravitational forces. The measurements taken in water at Re values from 
8.10^ to 35.10-^ and Cr values from 10^ to 5.1 0® show that on the lower 
generatrix of the pipe the heat transfer coefficient increases' 1.1 5 to 1.20 times, and 
on the upper generatrix it decreases 2-3 times as compared to a in the case of a 
viscous-inertia flow. While so doing, the average circumferential heat transfer 
coefficient decreases only 10-15 percent. The inliomogcncity in the circumferential 
distribution of ot is greater than the greater Gr and the smaller Re. More detailed 
information is contained in 1 5] . 


244 B. S. Petukhov 


Heat Transfer and Skin Friction in the Flow of Liquid with Variable Viscosity 

In the case of a viscous-inertia flow of liquid non-metal heat-transmis- 
sion media, the principal effect is produced on heat transfer and skin friction by the 
variation of viscosity with temperature, the other properties of such heat-transmis- 
sion media depending only slightly on temperature. 

The analysis shows that the dependency of Nu on Re and Pr in the case 
of variable viscosity remains about the same as in the case of constant properties. 
Therefore, the Nu/Nu© ratio is essentially independent of Re and Pr. The variable 
viscosity effect can be accounted for by making the Nu/Nuq ratio dependent on the 
parameter i.e., the ratio of viscosity coefficients at a wall temperature and 

bulk temperature of the liquid t|j. This dependency, according to the experimental 
data of a number of authors, is presented in Fig. 5. Groups of experimental points 
are well observed near the curves, to which corresponds an equation from 1 1 .6] : 



where n = -0.11 when heating the liquid and n = —0.25 when cooling the liquid. 
Nuo is found from Eq. (1). The physical properties of the liquid (with the 
exception of/iw) (6) taken at a temperature t^ in the given pipe section, 

and - is taken at a temperature t^ in the same section. 

£q. (6) is valid in the range of values of 40, Re 

from 10^ to 1.25.10* and Pr from 2 to 140. 

As seen from Fig. 5, heat transfer to a liquid whose viscosity is 
temperature-dependent is, in the case of heating, greater and, in the case of cooling, 
lower than at constant viscosity. 

The effect of variable viscosity on the skin friction coefficient is shown 
in Fig. 6 with the aid of measurements by Lafay [71. The experiments were 
conducted in the flow of water in a round, essentially smooth, pipe far from the 
entrance at a constant specific heat flux on the wall. The experiments have shown the 
ratio of the coefficients of skin friction at variable and constant viscosity, (/{g > 
be dependent on both Re and to be practically independent of Pr (on the 

variation of the latter from 2 to 6). As seen in Fig. 6, ( is more dependent upon Re 
the more ju^/fXb differs from unity. With an increase of Mw/Mbthc ratio (/(q incrca.scs 
and, consequently, when heating the liquid ^ should be higher than when cooling 
the liquid. 
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Lafay [7] has described his experimental data and the data by other 
authors obtained when heating tlie liquid, by an empirical equation 


^ = 1 - I (1 + M)"«g (1 + M) 


where 


0.17 




n = 0.17 -2-30"*Re + 

Re 


(7) 


For the case of cooling the liquid in a round pipe far from the entrance 
one can recommend the equation of |6j 



The coefficient of skin friction in the isothermal flow of liquid, (q » 
calculated according to £q. (2) or analogous to other dependencies. The physical 
properties of liquid in (7) and (8), with the exception of , are taken at a 
temperature in the given pipe section; and Mw is taken at a temperature in 
the same section. 

£qs. (7) and (8) are valid in the range of values of Re from 10^ to 
3.10^, Pr from 1.3 to 10, and i^w/Mb from 0.3 to 1 [Eq, (7)] and from 1 to 2 [Eq. 
( 8 )]. 

In the viscous-inertia flow of liquid metals the temperature drop 
through the flow is usually not so great. The physical properties of metals in the 
working temperature range depend only slightly on temperature. Therefore, when 
calculating heat transfer and skin friction, the physical properties of liquid metals 
can be regarded as practically constant and equal to their values at the bulk 
temperature of liquid in the given section. 

Heat Transfer in the Flow of Gas with Variable Properties 

In the viscous-inertia flow of gaseous heat-transmission media the effect 
of variable gas properties on heat transfer and skin friction is usually calculated with 
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the aid of the temperature ratio parameter /T^, . However, such an approach 

is inadequate inasmuch as the individual peculiarities of gases arc not taken into 
account. Such peculiarities manifest themselves in the different nature of tem- 
perature dependencies of the physical properties (Cp,/i,X) of gases. Fig. 7 
fllustrates the relative variation of physical properties of monatomic, diatomic and 
polyatomic gases as a function of temperature. 

If the dependency of p, Cp.X and p on T is described by power 
functions with indexes iip,nj.,n}^ and n^ and if the fact is taken into consideration 
that for a gas with variable properties the dependency of Nu upon Re and Pr is 
about the same as for the case of constant properties, one can readily obtain a 
system of dimensionless numbers reflecting quite fully the effect of variable properties. 
In a viscous-inertia flow of gas with low subsonic velocities this system has the form 



Here, Nu and Nuo are the values of Nussclt numbers at variable and constant 
properties over the entire length of the pipe, the thermal entry region included. 

In accordance with Eq. (9}, the present author, together with Kurganov 
[3] , has processed experimental data on heat transfer to argon, nitrogen, air, 
carbon dioxide and ammonia. All the experimental data refer to the case of heating 
the gas at a constant specific heat flux on the wall. As a result, an equation has been 
obtained which correlates experimental data with a root-mean-squarc error of 2.5 to 
5 percent (for different gases). This equation has the following form: 




Nu 


ob 


0,53 


n + 

p 


1 

3 




(10a) 


If we take into account that np = -1 and use power dependencies for 
properties, Eq. (10a) can also be written in the form: 
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The values of 0(x/d) are 

taken from the following tabic : 

x/d 

10 

20 

30 40 

50 

60 

70 

80 

90 100 « 

Ml) 

0.11 

0.24 

0.38 0.55 

0.73 

0.89 

1.02 

1.13 

1.21 1.27 1.50 


The indexes “b’* and “w” show that the appropriate physical properties 
arc selected at temperatures Ti^ and in the given pipe section. Nuq[, is calculated 
from Eq. (1) with the introduction of a correction for the thermal entry region. 

Eq. (10) is true at Rc^ 7.10-*, 1 <4 <4 and — — < 0.007 (c^i is 

the value of Cp at a gas temperature T^| at the entrance). 

Sliown in Fig. 8 is the dependency of Nm^/Nu^b of ^ according to Eq. 
(10) at x/d = 70 for sonic technically employed gases. The curves for polyatomic 
gases at 1 arc positioned substantially higher than for monatomic and diatomic 
gases. This is an essential difference which has to be taken into consideration in 
thermotechnical calculations. It is worthy of note that the extrapolation of Eq. (10) 
with respect to the gas cooling region to at least the values of yj/ ^0.5(cf., Fig. 8) is 
not at variance with the available experimental data. Indeed, the experimental data 
on heat transfer when cooling diatomic gases show, in accordance with Eq. (10), 
that Nu^/NiiQb — 1 Is within the measuring accuracy ( ±10 percent). In the case of 
cooling polyatomic gases, Eq. (10) predicts the growth of Nu^/Nuj^b with an increa.se 
of yj/ . However, this regularity needs to be experimentally proved. 

Heat Transfer in a Single-Phase Near-Critical Region 

When speaking of heat transfer in a single-phase near-critical region, wc 
refer to lieat transfer proces.scs occurring at higher-thaii-critical pressure and 
close-to-critical or pseudo-critical temperature (i.c., temperature corresponding to the 
maximum of heat capacity at constant pressure). 

The specific nature of heat transfer in the single-phase near-critical 
region lies in the fact that the physical properties of heat-transmission medium in 
this region are subject to strong and specific variation due to temperature and 
depend considerably on pressure. The nature of variations of physical properties can 
be seen in Fig. 9, which presents the data for carbon dioxide at a pressure of 100 
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bar. 

Up to now, a considerable amount of experimental work has been 
carried out on heat transfer in the single-phase near-critical region [*].The 
experiments have been conducted mostly with water and carbon dioxide and, to a 
lesser extent, with other heat-transmission media. Heat transfer was studied mostly 
in the flow in round pipes under conditions of heating at a constant specific heat 
flux on the wall. However, the complexity of the problem and the absence of 
information on the regularities of turbulent transfer on strong variations of 
properties have made it impossible so far to develop adequately accurate and general 
methods for calculating heat transfer in the single-phase near-critical region. 
Therefore, the recommandations provided below are necessarily of an approximate 
nature. 

In the case of single-phase heat-transmission media at ncar-critical 
parameters it is of special importance to distinguish between the viscous-inertia and 
viscous-inertia-gravity conditions of flow and heat transfer. The latter conditions arc 
observed rather frequently due to the strong temperature dependency of density. In 
addition, because of practical reasons one should distinguish between normal 
conditions and conditions of deteriorating heat transfer. The normal conditions arc 
characterized by a smooth (usually monotonic) variation of the wall temperature 
over the pipe length (at q^ = const) without strongly pronounced maxima of t^ 
(cf., curves 1 and 2 in Fig. 10). On the contrary, the conditions of deteriorating heat 
transfer arc characterized by the presence of strongly pronounced maxima (“peaks") 
in the wall temperature distribution over the pipe length (cf, curves 3 and 4 in Fig, 
10). The normal conditions and conditions of deteriorating heat transfer are 
observed both in viscous-inertia and in viscous-inertia-gravity flow of liquid. 

In the case of a viscous-inertia flow, thcrmogravitational forces produce 
no effect on the flow and heat transfer. In this case, conditions of deteriorating heat 
transfer are observed with all orientations of the pipe in the field of gravity. In the 
case of a viscous-inertia-gravity flow, the conditions of deteriorating heat transfer 
observed in an upward flow in vertical heated pipes arc rather weakly pronounced in 
the flow in horizontal pipes and are absent in a downward flow in vertical pipes. In 
all of the aforementioned cases, the conditions of deteriorating heat transfer only 
occur as a result of a certain combination of mean mass velocity and heat flux per 


(*) Cf., review papers 1 6,8,9 1. 
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unit area and, even in this case, only when the temperature of liquid in the given 
pipe section is t|j< while the wall temperature in the same section is t^<t^, 
where is the pseudocritical temperature at a given pressure. 

In heat- transfer systems featuring a present specific heat flux on the 
wall the conditions of deteriorating heat transfer are very undesirable, for they 
involve the danger of an inadmissible increase of the wall temperature. It is, 
therefore, of great importance when evaluating the conditions to rule out the 
possibility of deteriorating heat transfer. According to the data of [10], this 
condition, following the introduction of some reasonable margin, has the appear- 
ance: 


^ (f (11) 

where is the specific heat flux on the waU, 
pw is mean mass velocity, 

Cp and /3 = l/p(3p/3t)p denote, respectively, specific heat and the coefficient 
of volume expansion at constant pressure (the values of Cp and are taken on isobars 
at points corresponding to pseudo-critical temperature t^), and is the skin friction 
coefficient calculated from £q . (2). The relationship (11) is valid for water and carbon 
dioxide at ^ (here, is critical pressure), pw = 400 + 2,500 kg/m^ 

sec, = (0.1 + 5) .10*w/m^ and d = 2 + 20 mm. 

Several empirical formulae have been suggested for calculating heat 
transfer in viscous-inertia flow. Only a few of them satisfy the minimum ac- 
curacy requirements and, if so, only for normal heat transfer conditions. The 
formula by Krasnoschekov and Protopopov [11], which allows calculations to 
an accuracy of about ±20 per cent, offers some advantages. This formula has 
the appearance: 





( 12 ) 


where Nuq^ is the Nusselt number at constant properties calculated from Eq. (1). 
Cp=liw-hb/T^-Ti, is the mean integral heat capacity in the temperature range of 
from T |3 to . 
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For water at 1 .02 < P/^cr^ ^ ~ carbon dioxide at 

I. 02 <P/Pc,< 5.3 m « 0.35 - 0.05 P/Pcr- 

The exponent n depends on T^/T,„ and T|j/T„. This dependency is shown in Fig. 

II . 

Eq. (12) is valid for normal conditions when heating the liquid at 
q^ = const, 2.10^ < Ret <8.10®, 0.85 < Pr < 55, 0.09 < p^/pj, < 1, 0.02 < 

*’p/‘'pb < 4. 

The problems of heat transfer in viscous-inertia-gravity (low have been 
studied rather inadequately thus far. Some idea of the effect of thcrmogravitational 
forces on heat transfer can be gathered from Fig. 12 which presents the results of 
measuring heat transfer in an upward (low of carbon dioxide in a vertical heated 
pipe ca. ^30 mm in dia. [12]. In the Figure, the measured Nusselt number has 
been related to the value calculated from £q. (12) and presented as a function of 
Gr/Re. At Gr/Re <10® thermogravitational forces produce almost no effect on 
heat transfer, whereas at high values of the parameter the heat transfer grows with an 
increase of Gr/Re. Heat transfer grows considerably even at relatively high values of 
Re. Thus, at Re ^10® heat transfer doubles, and at Re ^6.10^ it triples. A 
qualitatively similar picture is observed in the case of a downward (low in heated 
pipes. 

Conclusion 


The problem of heat transfer in the turbulent (low of liquid with 
variable physical properties presents one of the major problems of the heat transfer 
theory nowadays. A comprehensive study of this problem brings about the 
development of more general methods for calculating (lows and heat transfer, which 
are in better conformity with the actual conditions. In order to make progress in this 
field, attention should be paid to the study of the turbulent transfer processes and to 
the development of more perfect models of turbulent transfer on this basis. 
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Fig. 1. The ratio of the Nusselt numbers according to the Ditius and Bolter formula and Formula (Ij . 
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Fig. 2. The limits of the effect produced by thermogravicational forces on heat transfer under conditions 
of upward turbulent flow in a vertical heated pipe. 
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to Eq. (5). 
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Pig. 1 , Relative variation of thermal conductivity, viscosity and heat capacity with the temperature for 
some gases at P = 1 atm and Tg = 373.2** K. 
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Fig. 8. The effect of the temperature ratio parameter on local heat transfer under conditions of turbulent 
flow of various gases (q^ = const, x/d = 70). 
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Fig. 9. Physical properties of carbon dioxide at P = 100 bar. 







Fig. 10. Typical curves of the variation of wall temperature (t^) and bulk temperature of liquid (t|^) 
along the pipe length for the normal conditions (curves 1 and 2) and conditions of deteriorating heat 
transfer (curves 3 and 4). 
















Chapter 12 

ASPECTS OF TWO-PHASE GAS- LIQUID FLOW 
G.F. Hewitt {*) and R. Semeria (**) 


1. INTRODUCTION 

This chapter is intended to give the designer of equipment in two-phase 
flow an appraisal of various aspects of the subject on which work is proceeding and 
where new information relevant to design is emerging. It is also aimed at indicating 
to the research worker those areas in which further work might be profitable. 

Two-phase flow is of very great industrial importance and is also 
fascinating from a basic point of view. These two motives - not always well 
connected - have led to the publication of many thousands of papers. We have, 
therefore, had to be extremely selective in our choice of material and references. 

The field of two-phase flow received great impetus from the needs of 
nuclear reactor designers. In reactors, a far more accurate knowledge of the 
phenomena is required than was considered necessary for industrial plant. Jn the 
light of the results obtained, however, it seems likely that great improvements and 
economics arc possible in non-nuclear equipment by having a better knowledge of 
the heat transfer and flow behavior. 

A close link exists between heat transfer and hydrodynamics in 
two-phase and it is impossible to consider heat transfer except in the context of 
hydrodynamics. Aspects of heat transfer are discussed in a second paper by ourselves 
at this Seminar. 

In discussing two-phase flow hydrodynamics, we shall start with a 
consideration of flow regimes, then go on to define the variables involved and 
indicate their relevance. The general equations of two-phase flow arc then discussed 
and the prediction methods for pressure drop and void fractions are described. 


(*) United Kingdom Atomic Energy Authority, Harwell, U.K. 

(**) Commisariat a ]*Energic Atomique, Grenoble, France 

N.n. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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Finally, we shall discuss the types of equipment used in two-phase flow and indicate 
the types of problem involved. 

Readers wishing to have further information are refered to the list of 
books and major reviews which are listed at the beginning of the reference list at the 
end of this paper. 


2. FLOW PATTERNS 

The main flow patterns encountered in two-phase flow are as follows: 
Bubble flow. Here the gas phase is distributed in discrete bubbles within a liquid 
continuum. Typically, this regime exists for volumetric gas concentrations (void 
fractions) less than 30%. 

Plug flow. In this type of flow some of the gas bubbles have nearly the same 
cross-section as that of the channel and move along in the characteristic 
bullet-shaped bubbles. The bubbles of gas are separated by lengths occupied mainly 
by liquid which may or may not contain a dispersion of smaller gas bubbles. In heat 
exchangers, plug flow is more complex due to interaction with the tubes. 

Chum flow. If the velocity of a two-phase mixture flowing in plug flow in a vertical 
channel is increased (by, for example, adding heat to the system and generating 
more vapor), the structure will eventually become unstable. In wide-borc tubes, this 
instability eventually results in the complete destruction of the slug flow with 
consequential “churning” or oscillatory action. In narrow-bore tubes, the transition 
from slug to annular flow (sec below) is smoother but it is still accompanied by the 
characteristic instabilities in the vapor bubbles. 

Annular flow. In this type of flow there is a liquid layer or film on the channel walls 
which presents a more or less continuous interface to a stream consisting mainly of 
gas, which flows in the center of the channel. The liquid film may or may not 
contain gas bubbles and the gas core may or may not contain entrained liquid 
droplets or agglomerates. Many authors have distinguished between annular and 
“annular dispersed” flow (i.c. annular flow with entrainment) but the existence of 
annular flow without droplet entrainment is rare and it is safer not to make a 
distinction. 

The following regimes are characteristic of horizontal flow: 

Stratified flow. In this case the separation of the liquid and gas phases is complete, 
the liquid flowing at the bottom of the channel and the gas at the top. 

Wavy flow. As the gas velocity is increased in stratified flow, large surface waves 
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begin to build up on the liquid layer, lliis region is called “wavy flow,” 

S/iyf flow. As the gas velocity is further increased in the wavy flow region, the waves 
eventually become big enough to reach the top of the channel. These are propagated 
at high velocity and wet the whole of the channel surface leaving a liquid film 
covering the surface in between the bricking waves or “slugs,” 

• The general nature of these regimes is indicated in Figure 1 for various 
configurations and flow directions. 

The prediction of flow regime for a given situation is very difficult. The 
effects of upstream geometry (bends, etc,} and rate of formation of the phases are 
usually significant. However, the use of empirical correlations (flow regime maps) is 
often useful, if not taken too seriously. Examples of flow pattern correlations for the 
various configurations are as follows: 

(1) Horizontal flow: Baker (1958) modified by Scott (1964), 

(2) Vertical flow: Hewitt and Roberts (1969), 

(3) Heat Exchangers: Grant and Murray (1972). 

Information is lacking on flow regimes in large diameter pipes, at large velocities 
where the flow patterns arc difflcult to characterise and in complex geometries. 

3. THE SYSTEM VARIABLES 


3.1 Independent Variables 

In two phase flows the variables which can be regarded as independent 

are: 

1. The channel geometry: cross-sectional area, shape of the channel in cross-section 
and in length, inlet geometry, especially with a two phase inlet (mode of initial 
mixing of the phases), roughness, nucleation properties on the wall (if degassing, 
boiling or condensation occurs), thermal properties of the wall (coupling in 
instability, etc.). 

2. Flow rates of each phase: not only the inlet flow rates but also the rates of 
change along the channel are important. 

3. Physical properties of the phases: this includes surface or intcrfacial tension, 
wettability of the wall, internal nucleation properties. 

4. Heat flux (for heat exchangers): this includes the total thermal power and the 
distribution of the heat flux (axially and radially). 
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3.2 Classification of Two Phase Flow Parameters 

It is possible to classify two-phase system parameters (dependent 
variables) as follows: 

(a) First order parameters: these are of direct relevance in design and 
can be divided into primary design factors such as pressure drop 
and heat transfer coefficient and secondary design factors such as 
flow distribution and stability. It is information on these para- 
meters that the designer needs in assessing a proposed system. 

(b) Second order parameters: in this category one may classify 
time-averaged observations which are not of primary relevance in 
design, but which assist in the development and testing of 
analytical models of the system. Examples of this type of 
parameter would be liquid film thickness, radial mass flow, 
distribution and particle size. 

(c) Third order parameters: in this class arc included parameters in 
which the time-varying nature of the parameter is important, 
examples being interfacial structure velocity fluctuations and tem- 
perature fluctuations. Measurements of these parameters are aimed 
at providing a qualitative understanding and a quantitative descrip- 
tion of the system and in assisting in building up more detailed 
models. Most two-phase systems arc unsteady in so far as the local 
velocity is varying with time (due to turbulence, say) and, very 
often, the local distribution of the phases is also varying. 

The calssification of the various parameters is as follows: 

First Order Parameters: These can be divided into primary and secondary design 
factors: 

Primary design factors: pressure drop, heat transfer coefficient, mass 
transfer coefficient, mean phase content (void fraction), maximum heat 
flux. 

Secondary design factors: vibration (transient momentum flux), flow 
distribution, stability, flow or quality metering. 

Second Order Parameters: The following parameters are considered: flow pattern, 
time averaged film thickness and amplitude distribution, mass flow distribution, phase 
distribution (local void fraction), velocity and local momentum flux distribution, 
concentration distribution, mixing characteristics (including phase mass transfer), 
drop, bubble or particle size and distribution of sizes, shear stress, temperature 
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distribution, entrainment, contact angle. 

Third Order Parameters: These arc taken to include time variations in film thickness 
(waves), phase and component concentration, velocity, pressure and temperature. 
This grouping also includes photographic observation of local phenomena. 

4. MODELS FOR PARALLEL FLOWS 


4.1 Conservation equations 

The most common approach to setting up equations for two-phase 
flows (see for example Hewitt and Hall Taylor (1970), Wallis (1970)) is to use a 
one-dimensional Qow concept closely allied to similar models for single phase flow. 
Using this approach, a force-momentum balance for two phase flow in a channel of 
constant cross sectional area A and constant perifery S, taken over an element 5^ in 
the direction of flow, gives the following result: 






sinO 8z dA 


where p is the pressure, Tq the wall shear stress, p the local density, 0 the angle of 
inclination of the channel to the horizontal, and G^and lil the local mass fluxes 
and velocities of the respective phases. An energy balance and a mass conservation 
equation can be similarly derived. Assuming constant pressure across the cross 
section and constant shear stress around the wall, the above equation reduces to 


dz A o 


+ pg sinS dA 


[ - 

j dz 




<=c“c> 


dA 


The three terms on the r.h.s. of this equation can be regarded 
respectively as the frictional, gravitational and accclcrational components of the 
pressure gradient. 

Although commonly used, the above approach contains a number of 
hidden assumptions which can sometimes be invalid. An alternative approach is to start 
from the complete equation for the conservation of mass, momentum and energy 
and to carry out the appropriate space and time averaging, with a critical 
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examination of the assumptions involved. Such an approach has been taken by 
Delhaye (1969) and is further developed by Boure (1971 ), and Boure and Reocreux 
(1972). The following description is derived from this work. 

The procedure adopted was to start with the laws of conservation, to 
establish local differential equations and interface jump conditions. The local 
instantaneous equations are then averaged over a surface or over a segment and arc 
then time averaged. 

With reference to Figure 2, let us consider a portion of interference 
between the two phases 1 and 2 and a fixed control volume V such that it is divided 
by the interface into two subvolumes V|(t) and V2(t) belonging respectively to 
the phases 1 and 2. Let Aj(t) be the portion of interface located inside the volume 
V, t(t) the intersection of the boundary of V with the interface Ai (t) and Aj (t) 
the non-material surfaces bounding the fixed volume V in phases 1 and 2. The 
surfaces A|(t) and A 2 (t) are non-material surfaces and mass can be transferred 
across them. They are fixed in space, but their areas vary with time, when the 
interface is moving in such a way that the sum A| (t) + A 2 (t) is constant. 

The conservation equation can be written in a general form based on 
the above description. For example the momentum equation is given as; 


^ J Pi VidV + ^ j" Ps V 2 dV = - J Pi (v|V, ).nidA - J P 2 (v 2 v 2 ).n 2 dA 
v,(t) Vid) A,(t) A2(t) 

j n2 .7r2 dA 


j PiFdV + j P2FdV + 
Vi(i) V2(t) 


111 <iA + 


J 

Aid) 


Aid) 


if we can neglect the effect of surface tension. 

Where the subscripts 1 and 2 refer to the respective phases, v is the 
vector velocity, nj^ the unit normal vector directed outside phase k, F is the external 
force per unit mass and tt is the stress tensor. Delhaye transformed the conservation 
equations to local equations plus interface jump conditions, and performed space 
averaging over the cross section of each phase. For a cylindrical tube of constant 
cross section A, the momentum equations for the respective phase, projected on the 
tube axis, were as follows: 


^ ( E,</>,*k>) + ^ (Sk</>ki'kVV>) - ^ (Bk<irk.n.>) 
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C(*,t) 

.i [ „ 0 

A I k nkii|,C 

Where ^ represents the intersection curve of the interface with the 
cross section plane, the intersection curve of the cross-section area occupied by 
phase k with the tube wall; R|^ the ratio AK/A; w the velocity component along the 
z axis; the normal unit vector to C located in the cross-section plane and 
directed outside phase k; and Vj * the displacement velocity of the interface. The 
interface condition: 

E l^k K M " 1 ^ \| ' ° 

k-1,2 ^ ^ 

has also to be satisfied. Dclhaye then went on to make the following assumptions: 

(a) The space average pressures across the cross-section are the same for 
the two phases. 

(b) There is no mass transfer at the wall. 

(c) The variation of the stress tensor along the axis can be neglected. 
This would be invalid with large pressure gradients. 

(d) The correlation coefficients relating the mean values of quantity to 
the average of the instantaneous local values are all unity. This 
should not be so if there is, for instance, a very peaked velocity 
distribution ! 

The following expression is then obtained for the momentum equation 
projected along the axis: 

^ (RiPiWi + R2P2W2 ) - (RiPi + R2P2 ) F 

dz dz * 

+ if ^ (n,-ir, )^d + ^ (" 2.^2 )^dt 

L fi £2 


_ 1 , dC 

A J k^k ni^n^C 

C(*,t) 

(k = 1 or 2) 
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Where Rj^ is the volumetric concentration of phase k, is the unit 
normal vector perpendicular to the wall, the stress tensor and the part of the 
perifery in contact with the phase k. This equation is similar to the first equation in 
this section confirming the limits and validity of the usefulness of the three terms. 

4.2 Homogeneous model 

The most drastic simplification is the use of the homogeneous model in 
which it is assumed that the phases are homogeneously mixed and flow with a 
uniform velocity. The mean density is given by 

_L - JL + (1-x) 

Pc Pc 

and the momentum equation simplifies to 


^ = S 
dz A o 





+ sinO 


the three terms on the right hand side being respectively frictional, accelerational 
and gravitational components of the total pressure gradient. The usual procedure for 
calculation of the frictional term is to use a two phase friction factor fjp in the 
equation 


f 

§_ 1 S TP 

A o" 2 A p,| 


fpp being calculated from single phase friction factor data using the two phase 
Reynolds number; 


Re, 


TP 


kGA 
SR 


TP 


A number of definitions are available in the literaure for pjp , an 
example being that of Dukler et al. (1962): 
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Where Mo viscosities of the gas and liquid phases respectively. 

In general, the homogeneous model, though simple, does not give very 
accurate predictions of two phase flow and it is usually necessary to use one of the 
distributed flow models 


4.3 Distributed flow models 
4.3.1 Continuous distribution models 

S. G. Bankoff (1960) proposed a slip ratio correlation based on having 
different distributions of void fractions (Of) and velocity (without local slip between 
the phases] over the cross sections of the channel. 

Zuber and Findlay (1964) introduce a local slip ratio and, by 
integration, in the section, obtain the following general relation: 




aA ” ^0 




+ u„ 


where Cq is a distribution coefficient which is calculated from the profiles of void 
and velocities: 


au dA 

B 


It 


with = flUg + (1 


dA . I I dA 


in this formula a, Uj, uq, are local values. 
Similarly: 


a(l-a) ( Ug - Uj ) dA 




a dA 


In fact Co and Uq are empirically determined from experimental data 
by platting QG/oA versus (QG +QL)/S:fora given flow pattern a linear relationship is 
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The direct use of such expressions in computer codes for the 
calculations of pressure drop can lead to some numerical difficulties due to the 
abrupt change of the equations from one flow pattern to another one. Strictly 
speaking, expressions for Cq and Uy allow prediction of hydrostatic pressure drop 
only. Acceleration pressure gradient is approximatively obtained by using the 
separated flow expression and, if need be, the slip ratio K calulated 
from Co and Uq : 


Q 

K = ^ (C„- 1) * V Y 


4.3.2 Separated Flow Models 

An alternative simplifying assumption is tlut the two fluids flow 
separately in the channel. The velocity of each phase is assumed constant, but 
different: a new variable is often defined: the slip ratio K 


K - ^ 


where : 
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This relation shows that it is necessary to know two of the three 
variables a, x, K for defining a separated liquid-gas flow. 

The momentum equation gives the expression for the different pressure 

drop terms: 



dz 




(1 



g sin 0 
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(I - x)^ ' 
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dz 
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For calculating the different terms, one needs: 

- a correlation for a (or K) 

- a method for obtaining To 

In the case of annular dispersed flows, more sophisticated separated 
flow models have been used: for instance a pure liquid film and a homogeneous 
mixture in the core (droplet flow). In this case, a supplementary correlation is 
needed for the determination of the percentage of the liquid mass flow entrained 
in the gas core £. Comparison between the acceleration pressure drop calculated 
with this model and the homogeneous and the separated flow models respectively is 
given in Figure 3. 


4.4 Flow Pattern Models 
4.4.1 Bubble flow 

This flow pattern is the most probable when the void fraction is less 
than 0.3 and if the tube diameter is much greater than the bubble dimensions. The 
size distribution of the bubbles at the beginning of their life is controlled by the 
mode of formation: injection of gas, degassing, boiling. The departure diameter of 
the bubble leaving the birth place is the result of a balance between gravitational 
force, drag, inertia and surface tension; for instance, at atmospheric pressure the 
order of magnitude of diameter is 2 mm. In stagnant liquid and low void fraction, 
bubble dimensions arc stable and the terminal velocity of independent bubbles Uoo 
can be determined. 

In air-water mixture, the terminal velocity is: 
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C is the drag coefficient, a function of the Reynolds, Froude and Weber number as 
follows: 


(Ig < 0 . 3 nim Stokes law for solid spheres is valid 

u d 

C = 2h Re"' Re = ” ° 

0.3 < < 2 mm Circulation in the bubble 

O 

C = 18.2 Re""-®* 

2 mm < < 7 mm Ellipsoidal shape 

C i 0.366 We.Fr"' 

> 7 mm Bubble cap 

C 2.61 

In a bubble swarm, the terminal velocity is lower [Wallis (1970)]. In a 
turbulent flow of liquid the size distribution is controlled by the coalescence and 
breakup phenomena, and an “equilibrium” condition can be reached. At CEN 
Grenoble, R. Roumy has observed that this dimension is reached rapidly after a 
sudden change of section, after a change of (low rate, and after flow through 
obstacles. 

In vertical upward flow, bubbles are moving more rapidly than the 
liquid and the same result is observed in negative pressure gradients irrespective of 
the orientation (for instance downward flow at high velocity). 

The Zuber-Findlay model is well adapted for the bubble flow with 
values of Co and Uo indicated above. Frictional pressure drop at high flow rates 
(Ql/A > 2m/s) can be calculated by the simple formula: 




ri'p 


Ap, 


-1"B 

(1 - a) 


At lower velocities, the interphase friction becomes preponderant and 
at a given a, the measured friction pressure drop is higher than the calculated value. 
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4.4.2 Slug flow 

For slug flow Griffith and Wallis (1959) proposed the use of a formula 
very similar to the Zuber-Findlay expression. The most probable value of Cq is 
given above (Cq = 1.2). Grcskovich and Shrier (1971) have confirmed recently 
that this figure is valid for horizontal or slightly inclined tubes. The value of Uq , 
which is zero in horizontal flow, increased rapidly with the inclination and is equal or 
greater than Uq in vertical position for inclinations greater than 2 deg. 

Greskovich gives the method for calculating the frictional pressure drop 
using an empirical correlation for the slug flow friction factor: 


dT> _ S. 


2p^T 





in horizontal flow 


with 


f = O.OOUa + 3980 Re"’ 


Re 


( 0 ^ ^ 

A. #4. 


In inclined Cubes (2-10 deg.) the same model applies but the determination of the 
liquid slug core holdup leads to a more complicated set of equations. 

An example of the application of slug flow is the gas lift pump. In this 
apparatus (Fig. 4) gas (or another light fluid) is injected at the bottom of a tube 
immersed in liquid: the driving force due to the buoyancy of the gas is used to pump 
the liquid. In spite of the poor efficiency (0.1 - 0.7) compared to a mechanical 
pump, this system is widely used for erosive or corrosive liquids and suspensions. 
Stenning and Martin (1967) have proposed a simple theory assuming a slug flow in 
the tube. Typical results are indicated in Fig. 5. 


4.4.3 Annular Flow 

In annular flow, the independent variables of the system can be 
regarded as the channel geometry (including mode of phase entry), the flow rate, the 
physical properties and the heat flux (if any). The dependent variables include 
critical heat flux, heat transfer coefficient, pressure gradient, liquid film flow rate 
and liquid film thickness. The last three of these are the prime ones from which the 
others can be calculated; since these three variables are inter-dependent, a 
simultaneous solution for all three is required using three simultaneous relationships. 
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Two such relationships are now moderately well established: 

(]) The triangular relationship. Basically, this relationship allows the 
calculation of pressure drop, film thickness or film flow rate from a 
knowledge of the other two. Briefly, this relationship is based on 
evaluation of the shear stress profile in the liquid film, determina- 
tion of the velocity profile from the shear stress profile and the 
effective local viscosity (with due allowance for the effect of 
turbulence if appropriate) and integration of this velocity profde. A 
review of this relationship is given by Hewitt and Hall Taylor 
(1970) and by Hewitt (1970). The performance of the relationship 
is surprisingly good. 

(2) Interfacial roughness correlation. To a first approximation at least, 
it would seem that the shape of the interface is such that, for a 
given mean film thickness, the interface presents a fixed effective 
roughness to the gas core (Gill et al. (1963), Hewitt (1970), Wallis 
(1970)). 

The closure of the annular flow prediction problem requires a further 
relationship which must necessarily involve a prediction of the liquid entrainment 
phenomenon. This could either take the form of a correlation for the fraction of the 
total flow which is entrained or could bo in the form of a relationship for 
entrainment dynamics. The latter form is preferable since it can cope with 
non-equilibrium situations. An extensive discussion of the mechanisms of entrain- 
ment and of the development of entrainment relationships is given by Hewitt 
(1972). 

The most promising approach at the present time appears to be to 
consider the processes of droplet deposition, and liquid entrainment from the surface 
of the liquid film as being independent. The process of droplet deposition is much 
better understood than is entrainment. Cousins and Hewitt (1968) show that the 
rate of deposition is proportional to the concentration of droplets in the gas core 
and that the constant of proportionality was relatively insensitive to the flow 
velocity and tube diameter. The mechanism if deposition appears to be turbulent 
diffusion and the stochastic behavior of droplets in a turbulent gas has been 
investigated by Hutchinson et al. (1970) who show that the calculated deposition 
rate is in good agreement with that observed. 
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The rate of entrainement is therefore, the remaining unknown and 
Hutchinson and WhaUey (1972) have recently proposed a correlation of entrainment 
rate as a function of the group where T\ is shear stress at the interface, 

m the film thickness and o the surface tension. The form of the correlation is 
illustrated in Figure 6 and the fit to existing data is encouraging, though the scatter 
is still unacceptable for accurate calculation. However, preliminary calculations of 
closed solutions of annular flow using Figure 6, arc being carried out at Harwell and 
are showing considerable promise. 

It is clear that the problem of annular flow prediction is far from 
satisfactory solution though there have been some encouraging developments 
recently. Attention needs to be paid to the further development of the interflicial 
roughness and entrainment relationships. 

4.4,4 Drop Flow 

“Drop flow” can be defined as the case where the flow consists of a 
dispersion of droplets in a gas. In adiabatic flow, pure drop flow' does not occur 
since there is almost invariably a liquid film on the wall, in which case the flow 
should be categorised as “annular.” Drop flow can exist, however, in heated systems 
where the wall is kept dry by evaporation. Such a situation would exist, for instance, 
in the “post burnout” region. The properties of the drop flow are of considerable 
importance in determining wall temperature distribution in this region. The vapour 
is cooled by the evaporation of the droplets and is heated from the channel wall. 
The balance between these two processes determines the bulk va[)or temperature 
and then the wall temperature. The rate of evaporation of the droplets depends on 
the difference in temperature and velocity between them and the vapor and the 
acceleration of the droplets depends on the drag force which in turn depends on the 
velocity difference. Also, if the velocity difference is too high, the droplets will split. 
All of these processes can be represented by simple differential equations which can 
be integrated along the channel. This approach has been adopted, for instance, by 
Bennet et al. (1968) who show an encouraging degree of success in predicting 
post-burnout wall temperature distribution. 

4.5 Empirical Models 

4.5.1 Lokhart-Martinelli and Baroezy models 

The correlations most widely used as a first approach for the evaluation 
of the frictional pressure drop in gas-liquid flows are those of Lockhart and 
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Martinclli (1949) and (for stcam-watcr flows) Martinelli and Nelson (1948). There is 
no physical basis for these correlations which assume that the ratio of the two phase 
pressure gradient to the pressure gradient for one or other of the phases flowing 
alone, is function only of the ratio of the pressure gradients for the respective 
phases. Thus: 



f (XM or = g (XM 

In reality <1*^ and are functions not only of X^.but also of G, do , 
physical properties of the fluids (thus pressure), flow pattern, heat flux, etc., so that 
the prediction is sometimes far from the experimental results ( ± 60% and higher) 
especially for steam-water mixtures. Martinelli et al. proposed a classification of the 
two phase flows based on the laminar or turbulent regime of each phase with 
different graphical functions combination. Curves in the original 

papers allow the calculation of the different components of the two phase pressure 
drop (friction, gravitational and acceleration) cither for a given quality or in an 
integral form for a boiling channel with uniform axial heat flux. 

Many authors have published corrections of the Martinelli curves taking 
into account the influence of G, pressure etc.: one correlation which seems rather 
good for a large range of parameters and number of fluids is that of Baroezy (1966). 
Like Martinclli-Nelson he used the ratio 



where (dpp/dz)L() is the frictional pressure drop gradient for the total flow 
flowing as if it had the liquid properties. Baroezy gives graphs of as function of 
a property mass flux and quality as parameters. The 
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complex shape of the curves, which cross each other, is not very satisfactory though 
the accuracy of the correlation is much greater than that of the original Martinelli 
models. 

Such models cannot take into account the abrupt change in pressure 
drop gradients due to flow pattern transition (bubble-slug-annular-dispersed) which 
are sometimes the origin of oscillations and instabilities. 

4.5.2 The Chisholm and Sutherland model 

A model which has a more satisfactory physical basis than do the 
Martinelli type models, is that of Chisholm and Sutherland (1969). These authors 
use the equation: 



where X is the Lockhart-Martinelli parameter and C is a constant. Chisholm and 
Sutherland suggest that the most suitable form of equation for C for general 
engineering purpose was: 



for the condition vq = , C has the required value of 2. The constant C 2 was 

assigned various ''recommended” values for the different situations considered in 
steam-water flow. Those values used in the analysis arc given below: 


Flow condition Q Comments 

Rough tubes 

(1) G > 1,500 Kg/m^s 

= 1.1 X 10®lb./ft.^h. 
or 30>('^G/Vj^)“-s>9 


1 
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(2) 


G < 1,500 Kg/m^s 1500 

for G (Kg/m*s) 


If C2>lt 
let C 2 = 1+ 


Smooth tubes 

(3) G >2,000 Kg/m^a 1 

= 1.5 X lO^lb./ft.^h. 

or 30<(V./Vj 

(U) G < 2,000 Kg/m^s 2000 

for (^G/Vj^ )“-®<9 G (Kg/m^s) 


If C2>1* 
let C 2 = 4 


4.5.3 Effect of surface tension 

None of the empirical models mentioned above cake explicit account of 
the effect of surface tension. 7'his property has a pronounced effect on the 
behavior of two-phase flows but it is only rarely considered. However, the CISB 
group at Milan have developed a series of correlations which include surface tension. 
An example of these correlations is that of Prcinoli et al. (1971) for slip ratio. 

AK = K - 1 = f (G, D, pg, a, /3) 

where a is the surface tension and f3 the ratio of the gas volume (low to the total 
volume flow 

where AK = + I ~ ^ 

where y = i ^ p 


and 


0.SI / Pi \ -ao8 


Ej = 0.0273 We Re 




-0.19/ Pi \ 0J2 


-0.19 /r'Li 
E. = 1.576 E. (^) 
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where Re 


G D 
/'L 


D 

a p 


Also if El y > r — — 
1 + Ejy 


then AK is assumed to equal zero. 


5. NON-PARALLEL FLOWS 


S.l Cross flow over tube banks 

Two phase cross flow over tube banks is of importance in a number of 
heat exchanger applications. The subject has been considered recently in a report by 
Grant and Murray (1972). A new correlation is proposed for two phase crossflow 
pressure drop, Apjp: 

1 400 

J — = 1 + (1^ - l)(x + 0.15 - 0.15 X ) 



andApQQandAp^Qare the pressure drops for the total mass flowing as gas or as 
liquid respectively. The final term on x is introduced to make the prediction satisfy 
the all-gas condition. Grant and Sutherland also discuss the prediction of window zone 
pressure drops for two-phase flow in heat exchangers. 


5.2 Localized Pressure Losses 

When the section of the pipe is gradually changed, it is possible to 
calculate the additional pressure change by using the homogeneous or separated flow 
models. However, for sudden changes in cross section, disequilibrium between the 
two phases occurs: thus, for vapor-liquid flow, one can assume that quality does 
not vary rapidly near the change in cross section. Equilibrium is then reached again 
downstream of the obstacle with an additional pressure changp, which is not 
included in the localized pressure loss indicated in the discussion below. It is also 
ifssumed below that critical flow is not reached in the pipe; critical flow is discussed 
in section 6 below. 
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For practical purposes the Chisholm (1969a) correlation is useful. The 
basis of this correlation for parallel flows was discussed in 4.5.2 above. 

For instance with a short expansion from flow area Aj to flow area 


A2, 


^P*pp “ P2 Pi 



S (1 - 


0(1 - x)^(: 



1 

1 ? 


) 


with 


Ai 


A2 


To obtain this formula, it is necessary to assume that slip ratio K does 
not change through the expansion. Chisholm (1969a) discusses alternative expres- 
sions for when this assumption is invalid. The total pressure drop is composed of 
reversible and irreversible parts. The reversible part of Apjp is 


Ap = 




2Pj^Ar 


3- (1 - sM 


p 7^ c, 




X 

Pn 


1 - X 


and the irreversible part is (pi - pi) - Ap^ 

In the expression of Ap-pp , we can observe that 
x) is the pressure change when the liquid is flowing alone. 
Thus: 




Pl^i 


(1 - 5 ) ( 1 - 




1 



¥ 


which is similar to the expression given for parallel flows. Chisholm suggests the 
following expression for C: 


C = * z ^ ^ 

For sudden contractions the rapid acceleration of the flow increases the 
mixing of the phases so that the homogeneous theory can be used as indicated by 
Geiger and Rohrer (1 966). Thus, the total pressure drop, Apjp, is given by: 
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ARtp 


\ 



with s = A 2 /A 1 andC,. the classical coefficient of contraction, and the irreversible 
loss is 


An = 




For orifices, Murdock (1962) proposed a simple correlation: 

but the Chisholm (1969b) correlation form can also be used for this case for high 
quality steam/water mixtures. Chisholm proposes the equation 


2 

— = 1 + cx + 


(which is similar to the one given above for Ap>pp/Apj^) with: 


C = Z + 1/Z where Z = O.I 9 + 0.92 p/p 

c 

Orifices and venturis can be used for the determination of the quality if 
the total mass flow is measured in another part of the circuit. With high quality and 
high flow rate the mixture is practically homogeneous, but at lower quality, the slip 
ratio increases so that the pressure change is less than that in homogeneous How. 
Upstream influence of the pipe is important, so that for quality measurements, 
calibrations arc necessary. 

For bends, tees and valves, Chisholm (1969a) proposes the use of the 

formulation: 


, c 1 

= 1 + — + 

X 


with C = + \/ 9 j 

With C’*' defined from the following: 

(a) - Bends 
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C* = 1 + 35 I , L 

If there is some 

diameters: 

C* = 1 + 25 7 

Jj 

(b) - Tees 

C* = 1.75 

(c) - Gate valve 

C* = 1-5 

(d) - Globe valve 

C* = 2 . .3 

(e) - Control valve: homogeneous flow (C* = 1) can be used. Sheldon and Schuder 

(1965) propose some correlations for steam-water flows. 

5.3 Flow Distribution in Two-Phase Fluid Flow 

Many practical applications of two-phase flow involve the distribution 
of a two-phase stream between a number of subsidiary streams. Typically, the initial 
stream can be divided into a number of parallel paths at right-angles to the main 
stream flow. Such a situation would occur, for instance, in a two-pass air-cooled 
condenser in the back header leading to the second pass. The Heat Transfer and 
Fluid Flow Service at Harwell has been undertaking a fairly extensive study of this 
problem. 

When a portion of the flow is diverted at right-angles at a T-junction the 
result is a gain of pressure across the junction due to recovery of the forward 
momentum of the original stream. Similarly, when a flow joins the main stream in 
the header from the side tube, there is an additional pressure loss due to the 
acceleration of the fluid. In two-phase flow systems, the pressure change phenomena 
still occur, but an additional feature is that the quality of the two-phase flow in the 
side-stream is different from that in the main stream and varies with the amount of 
the total fluid flow which is taken into the side-stream. Usually, the liquid flow 
tends to be preferentially along the header and the gas flow preferentially into the 
side-stream. Typical results for a variety of cases are illustrated in Figure 7. 


length of the bend. 

perturbation upstream at a distance less than 56 
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Equal quality of the side-stream and main header (low would be indicated by equal 
fractions of the gas (low and liquid (lowing into the side-stream. As can be seen, the 
separation effect is very large indeed. 

In the design of headers for heat exchangers etc., the two main 
alternatives are asymmetric and symetric headers. In the case of asynunctric headers, 
the (low in the inlet header is in the same direction as that in the outlet header and 
vice versa for the case of the symmetric headers. If pressure recoveries and losses at 
the junctions dominate friction losses in the header, then the asynmictric 
arrangement can give very poor distribution since the pressure drop across the first 
tube can be very much less than that across the last tube. The synunetric 
arrangement, on the other hand, gives very much better results for this case, which 
may be surprising from an intuitive point of view. Experimental work on flow in 
multi-tube arrays has been carried out at Harwell over the past two years for both 
single and two- phase flow systems. The type of apparatus used is sketched in Figure 
8. By using pressure tappings on each individual tube as illustrated it is possible to 
deduce the flow rate in the case of single-phase (low. In the case of two-phase flow, 
since the two-phase quality may vary from tube to tube, it is necessary to have an 
additional measurement and, in these experiments, the void fraction was measured 
in each tube by instantaneously closing the valves on each tube as indicated in 
Figure 8. From the pressure gradient and the void fraction, it was possible to deduce 
the flow rates of each phase within each tube. Typical results are illustrated in the 
following table: 

Distribution of lwo-|ilia.oe flow between parallel tul»cK 



Tube No, 

Ratio of tn.ixi- 
mum to mini- 
mum flow 


1 

*1 


4 


Wc/Wcj 

2.05 

1.39 

0.37 

0.19 

10.8 

Wl/Wl I 

0.46 

0.46 

1.J5 

1.93 

4.2 


where Wq and are the actual (lows of the gas and liquid respectively in each 
of the tubes and Wq and are the mean (lows per tube. As will be seen, a 
gross maldistribution occurs and this will have a profound effect on the design. 
The experiments carried out on multi-tube headers for two-phase systems agree 
well with what had been expected from the single T-junction tests. It can be 
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concluded that the design of systems not taking account of these effects must be 
open CO considerable questions. 


6. CRITICAL TWO PHASE FLOWS 
For single phase flow, the velocity of sound u^. can be calculated from: 



where v is the specific volume (reciprocal of the density) and (Bp/Bv)^ the change of 
fluid pressure with specific volume at constant entropy. (= ujy) represents 
the “critical” mass velocity, which is the maximum that can be achieved in a duct of 
constant cross section. 

Ill two phase flow, the velocity of sound and critical mass flow are not 
as strongly connected as in single phase flow due to the complex nature of the 
transmission of sound waves in two-phase flow. However, the above equation is 
usually employed for calculating the critical flow, though a number of alternative 
definitions of specific volume can be postulated [see Cruver and Moulton (1967)]. 
For instance, the homogeneous model specific volume: 

V„ = X ♦ (1 - x) V, 

can be used in which case the expression for the critical velocity u^-jp is given by: 

^cTF _ X + (1 - x) C 

u \/x + ll “ 

where is the critical velocity for the gas phase alone, C the ratio vl/vq and D 
the ratio of the critical velocity in the gas, u^.^^ , to that in the liquid, u^l- 1^ 
be seen that u^.'j'p tends to u^q at x = 1 and u^.^ at x = 0 and that, between these 

two values, it passes through a minimum. 

The use of an arbitrarily defined specific volume is questionable and a 
more detailed study and modelling of the inter-phase interactions is required. 
Experimental measurements of the detailed pressure, flow, film thickness and 
temperature profiles in two-phase flow in an annular reaction are reported by Smith 
et al. (1968). Figure 9 illustrates some of the results obtained and it will be seen that 
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the critical condition is characterized by no upstream transmission of changed in 
downstream pressure. Further detailed analysis is reported by Smith (1972). 

The propagation of sound in a two phase mixture is dependent on the 
signal frequency and on the flow pattern. Jii some recent expcrimeius, Chawla et al. 
(1972) measured the propagation of small pressure disturbances in a tube containing 
a static layer of liquid with a supernatant gas. It was found that the propagation 
occurred in three ways: a rapid pulse through the liquid, a less rapid pulse through 
the gas and, finally, a pulse corresponding to transport through the two phase 
mixture in the tube. The energy in the respective pulses was inversely proportional 
to the square of the transmission velocity. 

The field of critical and sonic flow in two phase mixtures is one 
surrounded by considerable controversy and more basic work in elucidating the 
phenomena would appear to be desirable (Boure and Reocreux 1972). 

7. UNSTEADY FLOWS 
7.1 Hydrodynamic instabilities 

Two phase flow systems are very susceptible to instabilities and these 
fall into a number of different types, some of which can be described as follows: 
(]) System noise. Fluctuating pressures and momentum fluxes occur which are 
closely linked with nucleation and flow pattern. The slug flow regime is 
particularly difficult. The fluctuations in two phase pressure gradient arc often 
of the same order of magnitude as the gradient itself (see for instance Chaudry et 
al. (1965)]. 

(2) Excusive instability. Two-phase systems can show maxima in pressure drop/flow 
characteristics at constant heat input. This implies that there is more than one 
solution for flow at a given pressure drop and an excursion in flow can take 
place. This problem is particularly severe at low pressures and with high velocity 
(nominally liquid) cooling systems. 

(3) Chugging instability. The induction of liquid superheat (due to the absence of 
active nucleation sites for boiling) can lead to a rapid ejection of the liquid from 
the channel once the first vapor is formed. This is a particularly difficult 
problem with liquid metal systems. 

(4) Oscillatory instability. This is the most important kind of instability and it is 
worth checking for in most boiling systems particularly with parallel channels or 
natural circulation flow. The mechanism of this form of instability is well 
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known. It has been clearly given, in particular cases, by Wallis and Heasley 
(1961 ) among others. The general acceptance of this mechanism may be traced 
back to 1967 when it has been explained at the Eindhoven Symposium by 
several authors, for instance Neal and Ziui, J. Boure, and Davies and Potter. 
Figure 10 illustrates their explanation of the mechanism. As was seen above, the 
pressure drop in two phase flow is composed of a number of components which, 
in the steady state, are additive giving the total pressure gradient. However, if 
the inlet velocity is Huctuating with time at a given frequency, perturbations 
occur at the same Frequency in the various components of the two phase 
pressure drop but there is a phase lag between the oscillations in the various 
components as illustrated in Figure 10. The net result is that, at a given 
frequency, the oscillation of the inlet velocity does not give rise to a consequent 
(and counter balancing) oscillation in pressure drop and the velocity fluctua- 
tions trigger the oscillatory instability 

(5) Acoustic effects. Acoustic effects can be observed as high frequency oscilla- 
tions often superimposed on other forms of instability. They occur in systems in 
which pressure disturbances can be transmitted through pipelines and reflected 
at ends, reservoirs etc. As was discussed in section 7 above, the velocity of sound 
in two phase flow can be much lower than that in the pure constituent fluids. 

A more detailed classification of two phase flow instabilities is given by 
Boure ct al. (1971). 

7.2 Vibration (transient momentum flux) 

In recent years, the avoidance of gross over-design in heat exchangers 
and related equipment has led to important problems in itself. One of the most 
significant of these has been the increase in incidence of failure of heat exchangers 
due to tube vibration. This vibration problem is important in single phase flows, but 
the fluctuations which occur in two-phase flows make the problem even worse in 
that case. A body suspended in a two-phase flow is subjected to a variable force 
since the momentum flux of the flow is changing with time. This is an obvious 
source of vibration and such vibration will be particularly serious when the natural 
frequency of the element corresponds to the frequency of the variation of 
momentum flux. Problems of vibration in two-phase flow are discussed, for instance, 
Gorman et al. (1970). 

As was mentioned above, vibration can be caused by the unsteadiness 
of momentum flux. This flux can be measured by turning the flow through a right 
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angle (i.e. destroying the forward momentum) by using, say, a tee. The force on the 
tee can then be measured instantaneously by attaching it to a beam whose deflection 
can be recorded. Measurements of two-phase momentum flux using this technique 
are reported by Andeen and Kern (1965) Yih and Griffiths (1968) (1970), Andeen 
and Griffiths (1968) and Vance and Moulton (1965). The steady state momentum 
fluxes are generally much higher than those calculated by the separated flow model 
and Andeen and Griffiths (1968) found that, on the whole, the momentum flux 
calculated from a homogeneous flow model gave the closest agreement to the 
observations. Such a model would not, of course, actually describe the flow; what 
probably happens is that the non-uniformity in velocity approximately compensates 
for the non-homogeneous nature of the flow. The measurements of transient 
momentum flux can be analysed to give power spectral density data from which the 
peak frequency can be observed. [Yih and Griffiths (1 970) | . There would appear to 
be much scope for further work on unsteady momentum flux determination, 
particularly in more realistic heat exchanger geometries. A particularly important 
case is that of cross flow across banks of cylinders. 

8. EQUIPMENT INVOLVING GAS-LIQUID TWO PHASE FLOW 

8.1 Classification of two-phase flow equipment 

A survey carried out by one of the present authors indicated that about 
60% of all industrial heat transfer equipment involved gas^liquid two-phase flow in 
one form or another. Adiabatic two phase flow is also important and, in addition, 
two phase flow occurs in a wide range of mass transfer equipment. A possible 
classification of two phase flow equipment, with illustrative examples is as follows: 

Adiabatic flow 

Single component: Geothermal wells. 

Multi-component: Oil/gas pipelines. 

Evaporation 

Indirect contact 

Heat flux controlled surface 
Cross flow 

Single component: Shell Boiler 
Parallel flow 
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Single component; Boiling water reactor 
Multi-component: Refinery furnace 
Temperature controlled surface 
Cross flow 

Single component: Cryogenic coil vaporiser 
Multi-component: Kettle reboiler 
Parallel flow 

Single component: Desalination (LTV evaporator) 
Multi-component: Vertical thermosyphon reboiler 


Direct contact 

Liquid continuous 

Single component ; Flash evaporator 
Multi component: Freeze desalination 
Gas continuous 

Single component: Spray desuperheater 
Multi-component: Distillation tower 


Condensation 

Indirect contact 
Filmwise 

Cross flow 

Single component: Power station condenser 
Multi-component: Refinery condenser 
Parallel flow 

Single component: Air-cooled steam condenser 
Multi-component: Plate-fin cryogenic condenser 

Dropwisc 

Cross flow 

Single component: Desalination condenser 

Direct contact 

Liquid continuous 

Single component: Steam injection heating 
Multi-component: Flash condensation (Safety) 
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Gas continuous 

Single component: Turbine 
Multi-component: Spray condenser 

8.2 Example of Hydrodynamic Problems: Vertical Thermosyphon Reboiler 

Distillation columns with vertical rcboilers are of common use in 
chemical industry and the reboilers are generally oversized. In the bundle of the 
vertical tubes, heated by condensation of steam, the mixture of circulating liquid 
and generated vapor flows in natural or forced convection. Two-phase flows exist 
in the upper part of the reboiler and, in design, it is necessary to calculate the rate of 
production of vapor, and the pressure drop (or circulation rate). 

Computer programs for the calculation of pressure drop and circulation 
rate have been developed by HTFS, Harwell and other organisations. These programs 
depend on the stepwise integration of thermodynamic and hydrodynamic equations 
along the channel. Typical results obtained using the HTFS programs arc illustrated 
in Figure 1 1 (the reader should note that the effect of outlet nozzle diameter shown 
is specific for the example chosen and may be different for other cases). It is 
important to be careful about the choice of pressure drop correlation, especially at 
low pressure where the classical pressure drop correlations are not accurate. This is 
illustrated in Figure 12 where the experimental results for total pressure drop (in 
fact, a driving pressure here) are compared with the Martinelli-Nelson correlation for 
a simple vertical tube. 

D. Q. Kern (1950) gives maximum limits of heat flux on the tubes for 
safe and stable operations with different aqueous or organic solutions. The physical 
limits are the onset of oscillations or dry-out of the tubes. It was observed that onset 
of oscillations can be delayed by throttling the flow with a diaphragm, or a butterfly 
valve at the inlet of the reboiler; in a natural convection loop the maximum power 
can be increased by a factor of 2 or 3. This was shown by Shellenc et al. (1968) and 
is illustrated by results obtained at CEN Grenoble on water (Figure 13), and 
water-alcohol mixtures [Croix and Fabrcga (1972) J . A model for prediction of onset 
of oscillations in reboilers was derived by filumenkranz and Taborek (1971) using 
the fioure model (1966). Similarly good agreement with the Shellene et al. data has 
been observed by HTFS, Harwell using the Davies and Potter (1967) model as a 
basis. 

In conclusion it can be stated a better prediction of the performance of 
the reboiler (maximum heat rate, outlet quality, stability, safety) depends on a 
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better knowledge of the thermohydraulics of two-phase flows. 

9. CONCLUSION 

The above brief review illustrates the wide range of topics of active 
current research interest in this field, and their relevance to the design of heat 
exchangers. In our second presentation at this Seminar, we shall be dealing with heat 
transfer respects but it is important to realise that an understanding of the heat 
transfer processes is very dependent on being able to give an accurate prediction of 
the hydrodynamics. In some regions (bubble flow, slug flow, the fundamental 
relationships arc better than the empirical ones as a basis for design. However, in 
annular flow there is still a long way to go largely due to the unresolved problem of 
liquid entrainement and the best plan here is to have recourse to an empirical 
correlation. Tlte study of practical heat exchanger systems produces a whole new 
class of problems - cross flow, vibration, flow distribution etc. - for which design 
data is sparse and on which much further work needs to be done. 
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NOMENCLATURE 


Symbol Definition 


Units 


A 

C 

C 

Cc 

Co 

dfi 

Ftp 

g 

G 

Gc 

Gg 

Gl 

K 

P 

Pc 

Ap 

Qg 

Ql 

Rc 

Rc'j'p 

S 

uo 

“c 

“L 

“s 

Uoo 

V 

Vg 

W 


Cross-sectional area of channel 
Drag coefficient 

Constant in Chisholm model (section 4.5.2) 

Coefficient of contraction 

Constant in Zuber/Finlay model (section 4.3.1) 

Bubble diameter 

Twophase friction factor 

Acceleration due to gravity 

Mass flux 

Critical mass flux 

Local gas mass flux 

Local liquid mass flux 

Slip ratio 

Pressure 

Critical pressure 
Pressure drop 

Volumetric flow rate of gas 
Volumetric flow rate of liquid 
Reynolds number 
Two-phase Reynolds number 
Channel perimeter 
Drift velocity (section 4.3.1) 

Critical velocity in critical flow 
Velocity of gas in the axial direction 
Velocity of liquid in the axial direction 
Defined as ocuq j (1 ■” d)UL 
Bubble rise velocity 
Specific volume 
Specific volume of the gas 
Specific volume of the liquid 
Mass flow rate 


rn 


2 


111 

m/s*^ 

Ivg/lll^S 

kg/in^s 

kg/nrs 

kg/m^s 

N/m^ 

N/ni^ 

N/m-' 

iir^/s 

nr^/s 


m 

m/s 

m/s 

m/s 

m/s 

m/s 

m/s 

m^/kg 

m^/kg 

m^/kg 

kg/s 
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We 

Weber number 


X 

Quality 


X 

Martinelli parameter 


K 

Axial distance or coordinate 

111 

dpp/dz 

Frictional pressure gradient 

N/m^ 

or 

Void fraction 

N/m^ 

P 

Qg /Ql Qg 


0 

Angle of inclination of channel to the horizontal 



Liquid viscosity 


Ik; 

Gas viscosity 


Mtp 

Two phase viscosity 

kg/ms 

p 

Density 

kg/ms 

p* 

Gas to liquid density ratio p* = pc/pt 

kg/m 3 

pg 

Gas density 

kg/in^ 

ph 

Homogeneous density 

kg/m’ 

Pl 

Liquid density 

kg/tn’ 

0 

Surface tension 

kg/s* 

To 

Wall shear stress 

poundals/ft 

hi 

Martinelli parameter 0^; = [(dpp/dz)/(dpy;/dz)(j ] 


h 

Martinelli parameter 0l ~ l(dpF/dz)/(dpp/dz)| | 
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Fig, 1. Flow Regimes. 
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Fig. 3. Comparison of Models for Calculation of Accelcrational Pressure Drop. 
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Fi|^ 4. The Gas Lift Pump. 
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Fig, 6. Correlation of Entrainment Rate in Annular Flow (Hutchinson and Whallcy, A.E.H.E. R 7126, 
1972). 
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Fig. 7. Two-Phase Flow Split at 4 T-Junction, 





312 G. F. Hewitt and R. Semeria 



Fig. 8. Apparatus for Studying Two Phase Flow Distribution in Four Parallel Tubes, 
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Fig. 9. Critical Flow Pressure Profiles for Annular Venturi Showing Influence of DownstrCiim Pressure on 
Upstream Profile Smith ct.al. (1967). 
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Zero frequency ( steady state) 



C 



A -two phase gravity 
B - single phase friction 
C - two phase friction 
D - two phase monumentum 
Note single phase 
Acceleration is neglibigle 
At these frequencies 


10. Components of Pressure Drop in Steady State and Oscillatroy State Oncc-Tlirougfi Boiler 
[Example Described by Davies & Potter (1966)] 



Total flow ~1000's Ib/h Exit quality ♦Vapour product.- 1000's Ib/h 
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Fi|;. 12. Total Pressure Drop Along the Boiling Length. 
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VERTICAL TUBE 
dj=24.85mm 

Pj = 1.3 bar 
Degassed water 



Fig. 13. Influence of Inlet Restriction (or Expansion) an Maximum Heat Rate. 



Chapter 13 


ASPECTS OF HEAT TRANSFER IN TWO-PHASE 
GAS-LIQUID FLOW 

R. Semerial*) and G.F. Hewitt (**) 

1. BOILING 

1.1. Fundamental aspects 

1.1.1. Thermodynamics of phase change 

In condensation and in evaporative heat transfer, the most important 
examples of heat transfer in two-phase flow, we are concerned with a change of 
phase. Before considering the heat transfer mechanisms associated with this phase 
change, it is useful to examine briefly the thermodynamic equilibrium situation 
between two phases and the occurence of departures from this thermodynamic 
equilibrium in the case of real heat transfer situations. 

The situation at thermodynamic equilibrium b illustrated in Figure 1. 
In the case of the curved interface, represented as the case of a bubble in equilibrium 
with a liquid, the pressure inside the bubble b higher than that of the surrounding 
liquid. Furthermore, the vapor pressure over the curved surface b less than the 
vapor pressure over a planar interface (though the difference is often small). The 
equilibrium temperature for the curved interface is higher in the case of bubbles and 
lower in the case of droplets, than the saturation temperature for a planar interface 
at the pressure of the continuous fluid. Since the bubble of a given size will not grow 
until the temperature of its surroundings exceeds that for equilibrium, and since 
most practical situations involve curved interfaces, there b a departure from 
thermodynamic equilibrium as defined for the planar interface. 

In addition to the curvature considerations listed above, there are other 

(*) CommiRariat a I’Energie Atomique, Grenoble, France 

(♦*) United Kingdom Atomic Energy Authority, Harwell, United Kingdom 

N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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reasons why a system can depart from thermodynamic equilibrium. These can be 
divided into two categories ais follows: 

'‘Continuum” effects: These are associated with the existence of a fluid 
in a single phase form at a temperature at which it would be expected 
to be in a two-phase form. The reason for the existence of such cases is 
associated with the failure of the second phase to nucleate, and the 
problems of nucleation will be discussed further below. Cases of such 
continuum non-equilibrium effects are as follows: 

(1) Sub-cooled vapor without liquid droplets. 

(2) Superheated liquid without bubbles. 

Transient and local effects: Departures from thermodynamic equilibri- 
um under this category include those effects where there are variations 
across the fluid in the channel giving local phase changes which would 
not be expected on the basis of the bulk fluid temperature. They also 
include cases where there is a tendency towards a particular state but 
where the finite rate at which that change can occur is limiting. Under 
this category one can define the following cases: 

(1) Superheated vapor carrying liquid droplets. 

(2} Sub-cooled liquid carrying suspended bubbles. 

(3} Sub-cooled boiling in which the wall temperature is higher than the 
bulk temperature and boiling can occur locally adjacent to the 
heated surface. 

(4) Condensation from superheated vapor, which is the opposite of 
case (3). 

The general conclusion is that careful account should be taken of 
non-equilibrium effects and that these can often play a dominant role. 


LI. 2, Nucleation 

l.jL.2.1. Homogeneous nucleation 

Saturation conditions are usually given for a plane interface, assuming 
equilibrium between the liquid and the vapor phase. If no interface preexist, liquid 
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(or vapor) does not “know” that vapor (or liquid) may exist and high disequilibri- 
um, that is high superheat for boiling, or high subcooling for condensation, can 
occur. The extreme limit is the spontaneous formation of nuclei, holes in the liquid, 
due to the fluctuation of local specific mass by thermal agitation or others energy 
sources such as radiations (bubble chambers). The maximum temperature Tnh is a 
little less than the critical temperature T,. far from the critical pressure, Spiegler 
[1963 1 gives 

T ^ 27/32 T 


Using statistical mechanics, one obtains the rate of formation of critical 
nuclei, that is nuclei which radius is high enough for a spontaneous growth 


dt 



U 

exp - - 



with r 

b 



giving dpL/dt'^lO^ for instance, a maximum superheat is obtained. Such 
theoretical results arc confirmed in sonic organic liquids, but not with water. In 
most cases, the observed initial superheat is much lower and is explained by the 
presence of microbubbles or noii>wcttablc areas called sites. 


1.1. 2. 2. Heterogeneous nucleation 

Similar sites on the walls or in the fluid are involved in the cavitation 
inception, condensation and generally in all changes of state. The nature of the sites 
is not completely clear: Westwatcr has shown that they exist preferentially at the 
bottom of scratches, pits, etc... 

The main parameter of a site is its critical radius r^, calculated from the 
initial superheat AT^. giving the first bubble on the site. For small superheats, using 
the Clapeyron relation: 


r 

c 


20 


T 

SAt 



On commercial surfaces, the distribution of sites is very sensitive to the 
roughness, degassing, oxidation of the wall, deposits, and impurities in the liquid so 
that quantitative prediction of the nucleation properties has been impossible up to 
now. On carefully polished and cleaned surfaces (smooth glass for instance) high 
superheats can be observed. 
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In a temperature gradient (heated wall), initial superheat of the wall at 
the onset of boiling are higher than in a uniformly heated liquid. The physical 
explanation is not clear, but models proposed by Hsu [1961| and for forced 
convection by Bergles and Rohsenow 11964] (fig. 2) may give some explanation of 
the effect. They assume that the critical bubble is near hemispheric on the wall and 
that the critical superheat must be reached at a distance near the top. Such models 
can explain iiucleation suppression in thin liquid films in evaporators or in a highly 
subcooled flow; assuming nuclei of any dimension, the initial wall superheat for the 
first bubble will be 


AT 

c w 


/0O T,, (v„- 

I N. 


) 




In forced convection with a heat transfer coefficient h, the nucleation 
of bubbles will start when 


AT 


0 

= u “ I 

h BUb 


If 0/h > AT^^, nucleation will start before saturation conditions and subcoolcd 
boiling occurs. 

if 0/h < AT^^, nucleation starts in superheated liquid: flash boiling is observed and 
may lead to chugging (pulsating boiling) especially at low pressure. 

In fact effective boiling is associated with continuous formation of 
bubbles from the sites. Transient temperature fields in the liquid must be considered 
by using a more complete description of the phenomena. 

The postulation of sites increases rapidly on commercial surfaces with 
heat flux (or wall temperature) and pressure. An order of magnitude is given by the 
following formula in water: 

I = 1,20 lO-*0"p ^ 

p in bars 


N/A in number of sites/cm^ 


1.1.3. Nucleate boiling 

llic descriptive analysis of this phenomenon is now satisfying though 
not very deep for each mechanism involved. Each bubble growing on the wall in 
.leaving it near the end of growth (or condensing), pushes in front of it a part of the 
superheated liquid film and carries away another part of this film by the **drift” 
effect in its wake. After departure of each bubble, the superheated film growths 
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again up to the critical nucleation superheat (Semeria 1963). 

Due to the statistical distribution of both positions and characteristics 
(geometry, critical radius], of the nucleation centers on the surface, the frequency, 
growth velocity and departure diameter of the bubbles arc very dispersed and only a 
qualitative or statistical description is of value. Visualization and statistical analysis 
of the signal delivered by a microthcrmocouple (Delhaye 1972) have confirmed the 
importance of the above-mentioned mechanisms (fig. 4). 

Forster and Zuber [1955] and Rohsenow [1952] have proposed heat 
transfer correlations which can be used as a first approach for the prediction of the 
wall superheat: 

Forster and Zuber correlation: 


Nu = 0.0015 Re®“ Pr'/* 


with: 
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Rohsenow correlation: 
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« n n = 1 for water 

Pr with r, - 

n = 1-7 for other fluids 


C takes different values according to the fluid and wall properties: for 
water C varies from 0.006 to 0.020; 0.013 is the most probable value. 

More recently Rohsenow and Mikic [1968 1 proposed a semi-empirical 
correlation, where wall influence is separated from the fluid properties. 


* - <> • '=.L- 


+ 4 


where is a dimensional constant which depends on boiling surface properties 
and gravity, Cj l l functions of fluid properties, and m depends on the 
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nucleation properties of the wall. 

For boiling of water at high pressure (50 > 140 bars} in pool boiling or 
in low quality forced convection boiling, a simple empirical formula was proposed 
by Jens and Lottes [1951 ] and is used in nuclear reactors: 


AT 


Bit 


0.2S 

8 0 exp - 


-E. 

62 


0 in W/cm2 
p in bars 


In the case of steam generating units, Thom [1965] proposed a 
formula giving higher superheats: 


■ u 

AT = k.26 0 exp - ^ 

8 at 

Russian authors have proposed many different formulas obtained by 
dimensional analysis: some of them are listed in table 1 which illustrates the 
uncertainty in the influence of different dimensionless numbers. The same result is 
confirmed by the table 2 where the influence of the physical properties predicted by 
the various correlations, is indicated; there is a great divergence of results on the 
various parametric effects. 

1.1.4. Nucleate boiling of multicomponent mixtures 

One of the most important studies in this field is that of Van 
Stralen [1970] . For instance, small concentrations of a miscible liquid in water can 
change the nucleation properties of the wall, principally by decreasing the growth 
rate and departure diameter of the bubble, but also by increasing their frequency of 
formation. Heat transfer coefficient and maximum heat flux are affected. 
Feldkamp [1970] compares different formulas to experimental results for some 
aqueous mixtures. The main interest in adding small amounts of a second 
component is that the maximum heat flux can be increased up to a factor of 3 
compared to water. However, the result can be very sensitive to the concentration, 
fouling, etc... Petukhov [1969] has shown that boiling of dissociative 
liquid (N 2 O 4 ) is similar to that of binary mixtures. 

For pool boiling of immiscible or partly miscible liquid-liquid systems 
Westwater [1970] gives eleven possible combinations of heat transfer regimes and 
has studied five of them. 



Aspects of Heat Transfer Two-Phase Gas-Liquid Fiow 325 


Ilf n2 n3 n4 n5 

Nu, = A Pr Pe, K K Ar, 

* * p t * 


Authors 

A 

ni 

"2 

»3 

n4 

Hs 

M.A. Kichigan and 
Yu. Tubilevich 

1.04.10"^ 

0 

0.7 

0.7 

0 

0.125 

S.S. kutateladzc 

7.0.10-^ 



0.7 

0 

0 

V.M. Horishanskiy 
and K.P. Michcnko 

Ci.N, Knizhilin and 

a.7.io-* 

0 

0.7 

0.7 

0 

0 

Yc. K. Averin 




0 


0 

D.A. Labunlsov 


^^9 

0.65 

0 


0 

Nu 

- ^ \ 

a 

i" 




• ■ k [g 

(Pl- p 





Pe. 

0 

r 

a 

1" a 

^1. 


■ 

X [ g (Pj^ - P J . 

1 ■ ■■ 

' ^1, 



[g o {p^ - p^ )J 

(P X)* 

V 


Table 1 from Kutateladzc 1 1963] 















TABLE 2 


326 R. Semeria and G, F. Hewitt 














Aspects of Heat Transfer in Two-Phase Gas-Liquid Flow 327 


In conclusion the physical mechanisms involved in boiling of mixtures 
are the same as in boiling of pure liquids but it is necessary to take into account the 
variation of physical parameters such as surface tension, contact angle and increase 
of the concentration in the less volatil liquid near the interfaces. 

Most results arc needed in forced convection before any definitive 
conclusion can be reached. 

1.1.5. Interface heat transfer 

In addition to nucleate boiling as discussed above, evaporation of a 
liquid can also take place without nucleation by a process of conductive and 
convective transport of heat through the liquid phase to an existing interface leading 
to evaporation of that interface. An example of this kind of process would be 
evaporation from the falling liquid film and the heat transfer mechanisms arc closely 
analogous to those for condensation heat transfer under the same hydrodynamic 
conditions. Often, this type of heat transfer is associated with the existence of liquid 
films on the heat transfer surfaces and is sometimes referred to as ^‘filmwisc” heat 
transfer. However, similar types of heat transfer can occur for other intcrfacial 
distributions (flow patterns) and we prefer the name “interface heat transfer” as 
indicating the generic type of process in which evaporation occurs directly at a 
pre-existing interface. 

A fairly large amount of work has been done on prediction of interface 
(filmwisc) heat transfer and typical examples of solutions are as follows: 

Condensation and evaporation in a falling liquid film (Nusselt laminar 
flow solution): 



Annular flow with a laminar liquid film and an effectively constant 
shear stress across the film : 

" ■ ) 

Annular flow with a turbulent film. In this case, it is necessary to 
integrate temperature profile through the film using an effective thermal conductivity 
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which varies with distance from the wall. Semi-empirical equations can be used 
for evaluation of the effective conductivity and these are discussed in detail by 
Hewitt and Hall Taylor (1970). The results can be expressed in the form: 


Nu^ 


^ = f u (Pr, W"^) 


and data for the case of effectively constant shear stress in the rilm arc illustrated in 
Figure 5. It will be seen that the value of Nuf tends to unity at low values of W* as 
might be expected due to the approach to laminar flow. 

For evaporative systems, the theoretical models tend to ovcrprcdict 
the heat transfer coefficient, possibly due to averaging effects associated with the 
occurrence of interfacial waves. For falling film condensation, the results appear to 
be closer to the theoretical models. Alternative empirical expressions for evaporation 
are discussed in sections 2.2.2. below. 


1.1.6. Inter-related heat and mass transfer mechanisms 

In two-phase heat transfer, one is normally concerned with inter-phase 
mass transfer simultaneous with the heat transfer. The subject area is a very wide 
one and it is obviously beyond the scope of this present paper to deal adequately 
with it. We shall merely illustrate some of the problems by discussing briefly the 
following topics: Interface temperature drop, Effect of incondensibic gases, The 
influence of multi-employment mixtures and, finally, Condensation with imiisciblc 
liquids. 

When a substance evaporates or condenses, a driving force is necessary 
to cause the net deposition or evaporation of molecules at the interface and this 
takes the form of a small temperature difference between the vapor and the liquid 
at the interface. This problem is discussed in detail by Schrage [1953] and the 
temperature difference at the interface between the vapor and the liquid can be 
calculated to a first approximation from the expression: 
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where Ty is the vapor ceniperaturc, R the gas constant M the molecular weight, 
0 , the heat flux, a the condensation coefficient and and vq the specific 
volumes of the lii]uid and vapor phase respectively. The condensation coefficient 
a represents the ratio of the number of molecules which impinge on the interface 

per unit area per unit time and “stick,” to the total impingement rate. It will be seen 
that a low value of o implies a high value of AT|. There has been much discussion in 
the literature of the magnitude of a; earlier measurements on water indicated a 
value of about 0.04 and AT^ would, in this case, become very significant, 
particularly at low pressures where the term (vq — vl) is high. However, more 
detailed measurements (e.g. Mills and Seban 1 1 967 1 gave indications that the 
condensation coefficient was much higher than had been indicated in the earlier 
work). A detailed study of condensation coefficients was made by Meyrial et 
al. 1 1970] . They plotted the various measurements of condensation coefficients for 
liquid metals as indicated in Figure 6. The coefficient shows a tendency to a value of 
unity as the pressure is reduced. Analysing the results statistically, Meyrial et al. 
suggested that the coefficient was likely to be always at unity and that the decrease 
at higher pressures could be ascribed to inaccuracies in the temperature measure- 
ment. They argued that there would be a rejection of all data for which the 
condensation coefficient was greater than unity on the grounds of physical 
impossibility. This would tend to lead people to reconstruct their apparatus and to 
swing the results in the direction of values less than unity. They present a rather 
convincing argument for this point of view. On the whole, it would seem from these 
measurements that the intcrfacial resistance is never likely to be very significant, 
though it is worth calculating from the above expression in the case of operation at 
low pressure, assuming a value of oof unity. 

The presence of an incondensiblc gas has the effect of reducing the 
interface temperature and thus of reducing the driving force for condensation. Due 
to the build up of a mass-transfer boundary layer, the concentration of 
incondcnsibles at the interface is greater than in the bulk vapor and this effect is 
aggravated by the effective “.sweeping” of incondcnsibles towards the interface by 
the condensing vapor flow. The importance of this problem is reflected in the very 
large amount of literature which has been published on it. Reviews of the subject are 
given by Proven [1963J and by Bell and Muller [1970]. Investigations of the effect 
of incondcnsibles in es.sentially static vapors are reported by, for instance, Sadek 
[1968] and Minkowycz and Sparrow [1968] an example of investigations in a 
flowing system in a channel are those of Stewart and Hurd [1963]. The classical 
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treatment of condensation in the presence of incondensible gases is that of Colburn 
and Hougen [1934], Their method assumes the existence of a smooth interface in 
calculating the mass transfer coefficient. In fact, the interface between the liquid 
film and the vapor core is wavy and this gives rise to an enhancement of the mass 
transfer coefBcient making the Colburn Hougen method conservative. However 
recent work by the Heat Transfer and Fluid Flow Service at Harwell has indicated 
that, for horizontal tubes, the Colburn Hougen method may not be conservative due 
to averaging effects around the periphery of the tube. A further discussion of the 
effects of incondensible gases in shell-and-tube exchangers is given below. 

In many practical cases, condensation occurs simultaneously of several 
components within a mixture. This problem is reviewed extensively by Bell and 
Miiller ( 1970| . For binary mixtures, the classical solution for this case is that due to 
Colburn and Drew [1937]. Again, this method may be conservative due to 
interfacial roughness effects. For more than two components, other effects such as 
irreversible thermodynamic phenomena may be important. 

In the boiling of multi-component mixtures, similar muss transfer effects 
occur giving rise to fractionation between the liquid and vapor phases. In nucleate 
boiling of multi-component fluids, the interface of the growing bubble tends to 
become denuded of the lighter phase and the boiling coefficient is often much less 
than would have been expected from the mean physical properties. In both 
evaporation and condensation, the existence of temperature differences along the 
interface in multi-component mixtures can cause circulation and redeposition giving 
rise to sometimes deleterious effects. HTFS is currently working on multi-compo- 
nent evaporation and is conducting both theoretical modeling and experimental 
measurements. 

In a number of practical situations, condensation occurs from a 
multicomponent vapor into two or more immisicible liquids. Sometimes, the first 
vapor to condense forms a liquid film on the channel wall and the second vapor to 
condense cannot be nucleated on the liquid surface. This can lead to extensive vapor 
sub-cooling. 

The area of multi-component evaporation and condensation is one of 
the most difficult and most uncertain fields in two-phase heat transfer at the present 
time. There would appear to be scope for much further work. 
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1,2. Heat transfer in equipment 

1.2.1 Pool boiling 
The Nukiyama curve: 


Heat tranfer in equipments, where pool boiling occurs, is a function of 
the boiling regime: nucleate, transition or film. This is shown on the Nukiyama 
curve (fig. 7) where the heat flux (or the heat transfer coefficient) is plotted versus 
the wall superheat. Nucleate boiling was examined in a preceding chapter; in the film 
boiling regime, the wall is separated from the liquid by a continuous vapor layer so 
that the heat transfer coefficieni is low, except at very high subcooling. 

Correlation of film boiling in saturated liquids arc numerous and 
mostly of the form: 
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Ah - ]/2CyATjjyt + the vapor properties are taken at the vapor film temperature 
that is: 
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For horizontal tubes, Bromley [1953| gives: 
C = 0.62, D = diameter of the tube 


For horizontal plates facing upward, Berenson [1960] gives: 

“ “•'*=5. » = i/ Ttp,"- p,) 

For vertical tubes and plates, HSU and Westwater [1960] and also Borishankii and 
Fokin [1965] obtain the thickness of the vapor layer and the heat transfer 
coefficient by methods similar to those used for liquid films during condensation on 
vertical surfaces. 
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On the Nukiyama curve, the positions of M and m arc of importance 
for equipments operating at constant or near constant heat flux. The values of 
and 0in2U‘e well predicted for large thick walls in pool boiling with isothermal 
surface by hydrodynamical models (Kutateladze 1948, Zuber 1959). 

(Pl- Pjf 

K s£ 0.1 4 and in the range 0.13 - 0.1 9 depending of the geometry and surfaces. 



In subcooled liquids 

f fP f'c AT-l 

4> AT=0 l + a( — ) -V- 

max sub max \ P ' X 

O L y 

AT = ^ “ 0 . 065 * m = 0.8 (Kutateladze) 

AT = in = 0.T5 (Yvey and Morris) 


If the wall is very thin, (less 0.25mm for stainless steel) (l>i^can be 
much lower: this is due to local dry out under the vapor patches which, for thin 
walls, cannot be cooled by lateral conduction. The same effect occurs in equipment 
in certain conditions (intermittent gas pocket for instance): looking at the 
Nukiyama curve, we can see for a constant heat flux heating that no dangerous 
stable dry out is possible if 0 < 0^ ; when 0{^ < 0 < 0^ , an occasional dry out may 
lead to local overheating. With constant heat flux, transition boiling (intermittent 
wetting) is not stable so that an excursion to nucleate or film boiling occurs and the 
prediction of the wall overheating needs a more complete analysis. In fact, a 
constant heat flux is not possible in these transient conditions so that Nukiyama 
curve obtained in steady conditions is not valid. This is shown in an analysis of 
quenching and of boiling belong fins (Beurtheret 1970), (Kovalev and Zhukov 1972, 
paper H3 of this seminar). 

The hydrodynamic limit for can be eliminated by using liquid film 
on the wall instead of high depth of liquid: Kopchikov 1 19691 has shown that the 
limit was practically the Leidenfrost temperature (fig. 8) (i.e. the temperature for 
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spontaneous dewctting of the wall by spontaneous nucleation in the liquid). 
Vaporization of liquid films arc also of interest in heat pipes and in boilers. 

At present the basic knowledge of pool boiling is near complete but 
more analysis is needed for transient or (and) high anisothermal conditions, 

1.2.2. Channel boiling 


1. 2.2.1. Regimes of boiling in a channel. 

In boiling a channel, there is a strong interaction between the hydrody- 
namics of the two-phase flow in the channel and the heat transfer behavior. Figure 9 
shows a conceptual diagram of what happens. Liquid at constant velocity and temper- 
ature enters a tube and the state of flow and heat transfer in the tube for equal 
successive steps in input is illustrated in Figure 9A - 9U. The increment of heat flux is 
equal to that required to heat the input liquid to the saturation temperature at the 
end of the tube (X = 0). The flow patterns developed from single-phase liquid flow, 
through bubbly flow, slug flow, churn flow and into annular flow. The first 
generation of vapor cakes place by nucleation at the wall and the locus of the onset 
of nucleation is line XX. If the heat flux is low (Figure 9B) then nucleation may be 
delayed beyond the point at which the thermodynamic quality, x, is zero. In this 
case, the wall temperature is insufficient to cause nucleation and the liquid can have 
a considerable bulk superheat before any vapor is formed, liquid metal systems arc 
particularly prone to this kind of behavior which can lead to violent vapor growth 
and characteristic excursions when nucleation finally does occur. At higher heat 
fluxes, however, nucleation occurs upstream of a locus of zero thermodynamic 
quality due to sub-cooled boiling. Initially in the sub-cooled boiling region, the 
vapor bubbles tend to remain near the wall. However, as the heat flux is further 
increased, the bubbles detach and undergo condensation to an extent depending on 
the liquid bulk temperature in the core of the flow. As the fluid proceeds up the 
tube, further generation of vapor takes place at the nucleation centers and by direct 
evaporation from the interfaces. The temperature driving force necessary to transfer 
the heat through the liquid phase to the interface by conduction and convection, 
decreases as the quality increases. This mean.s that interface heat transfer increases in 
importance with respect to nucleate boiling heat transfer as quality increases and 
nucleate boiling is pressed since the wall temperature is no longer high enough to 
maintain active nucleation sites. Complete suppression is indicated on Figure 9 by 
locus YY. In the annular flow regime, liquid is lost from the liquid film 
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by evaporation and by entrainment. Eventually, the liquid film flowrate at the end 
of the channel is reduced to zero (Fig. 9L) and the wail becomes dry. For constant 
heat input, the temperature in the dryer region is considerably above that in the 
region below the burnout point. On further increase of the heat flux, the dryout 
point is propagated downstream as shown by the locus ZZ. In most experiments on 
burnout, the test is terminated by cutting off the heat flux as soon as the first 
temperature excursion at the end of the channel occurs, if the heat flux is high 
enough, the temperature rise at burnout can cause melting of the channel and a 
possible locus for this is illustrated by line VV on Figure 9. It should be emphasized 
that the position of VV with respect to Z can vary considerably with mass velocity 
and, in common with the other locii given in Figure 9, the actual position shown 
should be regarded as for illustration only. The situations illustrated in Figure 9R - 
9U are physically impossible due to the melting of the tube and, to achieve burnout 
under the heat flux inlet flow conditions, shorter tubes must be used. It will be 
noted that the line ZZ crosses the lines of constant quality and the regime of flow in 
which burnout occurs changes from annular through to sub-cooled boiling region, 
the mechanism is most probably connected with the onset of film boiling rather 
than with the disappearance of a liquid film as in the annular regime. 

1.2.2. Heat transfer in boiling channels 

As different types of boiling exist in a boiling channel (sec preceding 
chapter), we have to review the different mechanisms involved along the channel. L. 
S. Tong [1972J has published recently the recommended various boiling heat 
transfer equations for use in design. 

— In subcooled boiling or bulk boiling at low quality (bubble or plug flow), 
convective boiling is very similar to pool boiling in the same regime and the main 
mechanism of heat exchange is the intermittent destruction of the thermal layer 
by the growth of bubbles on the wall. Another mechanism is the local thinning of 
the layer when bubbles are sliding along the wall during a part of their trajectory. 
Due to some compensation effects, for instance influence of the velocity on 
nuclcation centers population, bubble departure diameter and frequency, etc..., 
heat transfer in vigorous boiling is near that in pool boiling. Much more 
complicated is the transition between singlephase flow and ‘‘established" boiling as 
is shown for instance by Ricque [1972] for highly subcooled liquids (Fig. 10). 
Similar difficulties are encountered in flash boiling. In both cases the origin of the 
unpredictable behaviour is the starting condition for the sites on the wall or in the 
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bulk; therefore gas content and surface effects arc of importance. 

- In annular regime, heat is transferred from the wall to the liquid film, the flow of 
which is laminar or turbulent; eventually boiling occurs and bubbles exist in the 
film. Vaporisation takes place mainly the interface which is saturation tempera- 
ture. The gas core (with or without droplets) is close to the saturation conditions 
except in some cases where the axial gradient of pressure is high. 

- The simplest case is the heat transfer through the liquid film without nucleation 
(similar calculation are presented for condensation) which is reviewed briefly in 
1.1.1. above and in more detail by Hewitt [1970 chapter 10] ; principle of 
iterative analytical methods are available and can be used in computer codes for 
the prediction for instance of the performance of vertical film evaporators. 

More direct empirical models are of interest for applications in a given range of 
the parameters: the local heat transfer coefficient is often related to the local 
quality or the Martinelli parameter: 

where H|^ is the heat transfer coefficient for the liquid flow 
flowing alone in the pipe. Collier and Pulling [1962] give: 

a = 2.5 and 1) = 0-7 

The correlation proposed by Davis and David 1 964 is as follows: 

« - 0.25 0.87 0.4 

Nu^ = 0.6 P . 


with Re^ = 

— When nucleation occurs inside the film, a single phase flow model for the liquid 
film is no longer valid and the most widely used correlation is that developed by 
Chen [1966] for forced convective flow: the two phase heat transfer coef- 
ficient hjjp is assumed to be the sum of a single phase forced convection 
coefficient hp(^ and a nucleate boiling coefficient h|, 4 Q.. 

hpg is graphically correlated : 

1 

-r— = function of — = F 
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h(s|g is related to coefficient obtained with the Forster - Zuber correlation by a 
suppression factor S: 

S is varying from zero to one when the product F.Rej^ decreases. 

However the spread of data using such a representation indicates that 
we are far from a good physical description of the phenomena. 

— Mist heat transfer in dispersed flow: No liquid film exists on the wall and the 
droplets are uniformly distributed in the core [Cumo - 1972] . A simple 
calculation procedure is to use a vapor heat transfer correlation [Tong - 1972], 
eventually with a corrective term taking into account the influence of the 
droplets [Miropolski - 1 963] . A more complete analysis, proposed by Forslund 
and Rohsenow [1968] , is more difficult to use for practical applications. 

1.2.3. Burnout 

The burnout phenomenon was discussed briefly in the context of the 
discussion of the regimes of boiling in a channel (see fig. 9). The onset of burnout 
can be defined to correspond to: 

(a) for a temperature controlled situation (e.g. a steam-heated evaporator), an 
inordinate decrease in heat flux or heat transfer coefficient with a small increase 
in heat flux; 

(b) for a heat flux controlled situation (e.g. an electrically-heated channel or a 
nuclear reactor), an inordinate increase in wall temperature for a small increase 
in heat flux. 

Burnout is taken here to be synonymous with other definitions commonly used in 
the literature, examples of which are “critical heat flux,” “boiling crisis” and 
“DNB.” 

Because of the resulting reduction in heat transfer efficiency, and be- 
cause of the potentially dangerous temperature excursions which can occur, burnout 
is of great technological importance and has been studied over a wide range of condi- 
tions and geometries, in spite of all this work, there is still considerable uncertainty 
about the mechanism of burnout, particularly in the regime of negative quality (i.e. 
sub-cooled boiling) and low quality. More work has been done on the mechanisms in 
the high quality (annular flow) regions, though even there the picture is not yet 
completely clear and ambiguous. 

The mechanisms of burnout are reviewed in detail by Tong and Hewitt. 
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For the sub-cooled and low quality region, they list the following possible 
mechanisms: 

(]) over-heating due to the spurt of the dry area occurring at a nucleation site 
during bubble growth; 

(2) crowding of bubbles at the heated surface leading to vapor blanketing. This 
implies the formation of a bubble boundary layer which causes inhibition of 
heat transfer from the wall to the mainly liquid core leading to bubble 
coalescence at the wall and a vapor blanketing; 

(3) dryout of microfilm under a vapor clot. In this mechanism, a large bubble 
passes along the channel (e.g. a slug flow bubble) and there is a thin liquid film 
between the bubble and the channel wall. This liquid film evaporates and 
overheating occurs. 

It seems probable that all three of the above mechanisms can occur 
depending on the conditions. The first mechanism is likely to happen at very high 
sub-cooling at the burnout condition and the second mechanism at lower 
sub-cooling and in the low quality region. The third mechanism is likely to be 
restricted to relatively low mass velocities and to low pressures where the existence 
of large vapor bubbles is favored. 

In the annular flow regime, the mechanisms listed by Tong and Hewitt 
1 1 972] are as follows: 

(1) A film-boiling transition under the liquid film of the annular flow. 

(2) Instantaneous film disruption by hydrodynamic instability. 

(3) Spontaneous breakdown of the liquid film due to the existence of a “minimum 
working rate” for the surface. 

(4) Breakdown due to thermal capillarity effects. In this mechanism, variations in 
the interface temperature cause bulk movements of the liquid giving rise to 
dryout of certain areas of the surface. 

(5) Equality between droplet deposition and liquid evaporation. Droplets entrained 
in the gas core arc depositing on the surface and when the rate of evaporation 
exceeds that of deposition, then burnout occurs. 

(6) Dryout between waves. Annular flow is characterised by the existence of large 
disturbance waves, and it is postulated that dryout could occur by a complete 
evaporation of the thin film between the waves. 

(7) Liquid entrainment from the film with no subsequent deposition. This implies 
that the deposition process is so slow, or is inhibited, as to provide no 
compensation for the liquid entrainment. Burnout occurs when the film is 
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therefore entrained and evaporated away, 

(8) Film disruption due to nuclear boiling within the film. There are two ways in 
which nucleate boiling bubbles could affect burnout. In the first, the bubbles 
could grow due to microlayer evaporation and burst through the film thus 
producing an incipient dry spot which has to be rewetted. Secondly, nucleate 
boiling bubbles leaving the film and joining the gas core tend to burst at the 
interface thus producing a cloud of droplets to add to those already existing 
from wave entrainment. 

(9) Integral entrainment-deposition effects leading to zero film flow rate at the 
point of onset of burnout. This mechanism implies the existence of both 
entrainment and deposition of liquid droplets at all positions along the channel, 
in addition to removal of liquid from the film by evaporation, the net result 
being a zero film flow at the dryout point. 

Of the above mechanism, a film boiling transition underneath the liquid 
film is contrary to evidence, complete, sudden disruption of the film does not 
actually take place, spontaneous breakdown docs not occur without the preexis- 
tence of a dry area and breakdown due to thermal capillarity effects is unlikely to be 
significant in the evaporation of pure components and unlikely to be significant at 
anything above moderate mass velocities for multi-component systems. The 
mechanism involving equality between droplet deposition and evaporation may 
sometimes occur, though droplet deposition docs not usually account for all the 
evaporation and this implies that there must be some feed of the liquid along the 
liquid film. Dryout between waves is unlikely since the large waves arc suppressed 
near the onset of burnout. Liquid entrainment with no subsequent deposition is 
unlikely to occur and film disruption due to nucleate boiling giving rise to dryer 
patches which spread is also unlikely to be a significant mechanism. However, the 
influence of nucleate boiling bubbles on promoting entrainment can sometimes be 
important, though for tubes of lengths used in most practical applications (c.g. 2-3 
meters) this mechanism is also thought to be of small importance. The net 
conclusion from all the evidence examined by Tong and Hewitt [1972] was that, in 
the annular flow regime, the mechanism was likely to be one of an integral approach 
to burnout through the cumulative effects of entrainment and deposition. This 
mechanism is illustrated in figure 11 in which data for liquid entrainment flow 
against local quality are shown for both the equilibrium case (adiabatic flow) and for 
the case of the heated tube which has burnout at the end of the tube. It will be seen 
that the actual entrainment curves for the heated case are displaced to the right of 
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the equilibrium curve, indicating the lag in reaching the equilibrium. However, the 
entrainment is always trying to proceed to equilibrium, although it never actually 
does so (except by accident when the two curves cross) due to the changing quality 
along the tube. It is stressed that these entrainment curves result from local 
measurements of liquid film flow in a channel which has burnout at its end. Thus, 
the film flow becomes zero at the end of the channel and the entrained liquid flow 
equals the total flow as indicated. 

Also shown in Figure 11 arc data for cases when part of the tube is 
unheated. The unheated zone (constant quality) results in a shift towards the 
hydrodynamic equilibrium, giving a decrease or increase in burnout quality 
depending upon where the unheated zone (cold parch) is situated. This leads to the 
paradox that an increase in burnout power can be achieved by not heating part of 
the channel in the region of net deposition. 

A very tentative conceptual diagram of the regions in which the various 
burnout mechanisms occur is given in Figure 12 as a function of mass velocity and 
quality. The respective regions shown there are as follows: 

(I) Deposition control. Here, the evaporation rate and droplet deposition rate are 
equal and liquid supply along the channel surface in the film makes a negligible 
contribution at the burnout point. 

(II) In this zone, the burnout quality changes only slowly with increasing heat flux. 
In other words, the quality at burnout is independent of tube length for 
uniform heating at given flow conditions. (A typical heat flux versus quality 
curve is shown in Figure 1 2 A.) 

(III) In this region, the burnout quality decreases more rapidly with increasing heat 
flux due to two probable effects: 

(a) bubble release from the liquid film causing additional entrainment; 

(b) the high liquid entrainment at the onset of annular flow is retained since 
there is insufficient length of tube in which to eliminate the “memory” of 
this early entrainment. 

(IV) In this region, burnout is postulated to occur by the boundary layer crowding 
mechanism mentioned above. A smooth transition between region fV and III 
would occur because a bubble layer would be present within the liquid film 
once annular flow is established (dotted line of Figure 12). 

(V) Here, the sub-cooling is high and the growth of individual bubbles within the 
sub-cooled boundary layer can lead to the creation of dry patches and the 
onset of critical heat flux by the mechanism discussed above. 
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(Vi) The slug growth mechanism can occur in limited situations, and the region 
sketched in Figure 1 2 for mechanism VI is highly tentative. 

The areas occupied by the various regimes on Figure 1 2 should not be 
taken as indicative of their relative importance. If the diagram had been plotted in 
terms of tube length rather than quality, then regions II and III would appear to be 
dominant ones for practical applications. The relative positions of the lines will also 
change with reduced pressure and with changes in physical properties. 

The phenomena associated with burnout arc so complex that it has not 
yet proved possible to predict the onset of burnout from theoretical or 
semithcoretical analyses. One has to rely, therefore, on empirical determination of 
data with the development of correlations for interpolation and (more dangerously) 
extrapolation. There are many problems associated with interpretation of data and 
these arc reviewed in detail by Macbeth [1968|. There arc now a large number of 
correlations available in the literature and it is difficult for the user to select one for 
his particular application. This difficulty is discussed by Becker |1972| who carries 
out selected comparisons between various correlations. A typical comparison with 
some “standard” data produced as a joint exercise by a number of European 
laboratories is shown in the following Table. 



No of 

Runs 

RMS Error in % 

Tong 

Cise 

Macbeth 

Hewitt 

Becker 

G < 4000 kg/m^s 

340 

13.45 

11.83 

6.99 

8.41 

5.08 

G > 4000 kg/ni^s 

24 

41.51 

13.58 

14.75 

11.85 

13.75 

All data 

364 

16.82 

11.94 

7.75 

8.64 

6.05 


Becker’s general conclusion is that the selection of a correlation will 
depend entirely on the data which are used for comparison. It will also depend on 
the mass velocity and pressure ranges. 

It will be seen, therefore, that the state of prediction methods for 
dryout even for a single fluid (water) in the simplest form of channel is not 
completely satisfactory. There are no means at the moment for predicting the 
behavior of other fluids, though a great deal of work has been done on the use for 
Freons for scaling water systems (see for instance Stevens et al. [1964], 
Boure [1970J . Another situation with great importance within the nuclear industry 
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is that of burnout in bundles of rods. There are two approaches to this problem: 
overall correlations have not yet proved sufficiently reliable to avoid the need for 
large scale (and expensive) experimentation and the use of sub-channel analysis 
would appear to be more promising in the longer term. In this type of analysis, the 
bundle flow area is divided into a number of “sub-channels” which are considered to 
exchange mass with adjacent sub-channels so as to maintain an overall pressure 
balance. The burnout prediction is then based on correlations for burnout in 
sub-channels at the calculated local quality. The assumptions in the various 
sub-channel models arc discussed by Bowring |1972|. It is clear that a much truer 
physical picture of what is happening within the sub-channels is urgently required 
and studies of the mechanisms of flow within sub-channels, the mechanisms of mass 
transfer between adjacent sub-channels and the mechanisms of film flow in complex 
geometries would appear to be very desirable. 

1.2. 2.4. Applications of channel boiling 

Description of the evolution of a liquid along a heated channel is given 
in a preceding section. A classical description of the variation of the different 
parameters is given in Figure 1 3 where we can recognise the different difficulties; 

- Prediction of onset of boiling; AT ^(3 

- Hydrodynamics of subcoolcd boiling: Prediction of void fraction, pressure drops 
and wall superheat 

- Hydrodynamics of saturated boiling : idem 

- Critical heating conditions where the wall becomes dry and overheated; wall 
temperature fluctuations 

- Hydrodynamics of dispersed flow: prediction of the heat transfer coefficient and 
the true quality. 

Depending of the heat exchanger, some of the problems arc cancelled 
or of less importance. This is summarized in the table. 

As it was already said, high coupling exists between thermal and 
hydrodynamical aspects so that iterative methods arc necessary, in particular when 
rapid variations of pressure, fluid properties arc occurring along the channel. Very 
heavy computer codes were built for nuclear applications for simple or complex 
channels (rod bundle: subchannel analysis) in permanent or transient conditions and 
are now available for other industrial equipments. 

A great effort is now devoted to a better prediction of the influence of 
obstacles, bends, orientation: for instance the critical heat flux and the dryout limit 
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arc very sensitive to the orientation or the shape of the tube (coil, bended tube) as it 
is shown on figure (14). 

1. 2.2.5. Cross-flow boiling 

There are a number of industrially important applications in which 
boiling occurs in cross-flow over a heated tube or bundle of tubes. This type of 
system is important in some kinds of steam generators, and in horizontal and 
kettle-type reboilcrs where the cross-flow is induced by circulation patterns within 
the shell. 

Studies of boiling in cross-flow from a single cylinder by McKee and 
Bell [1969J show that the boiling curve for nucleate boiling is not strongly 
displaced from the corresponding pool boiling curve, except at low fluxes where the 
forced convection single-phase coefficient is greater than the pool boiling 
coefficient. 

McKee and Bell found that the critical heat (lux was strongly 
influenced by the existence of a cross- flow and this is in line with other data on 
cross-flow heat flux for single tubes and tubes within matrixes of other tubes by 
Kezios and Lo fl958j, Kezios et al. (1961], VJiet and Leppert [1962] and 
Cofficld et al. [1967]. Indeed, Coffield ct al. showed that the critical heat flux for 
cross-flow in sub-cooled boiling is higher than that for the same velocity in parallel 
flow in a tube. 

The case of cross-flow in horizontal and kettle-type rebuilers is 
considered by Palen and Taborek [1971] and Palen and Small |1964|. Figure 15 
shows the results obtained by Palen and Taborek for heat flux as a function of 
temperature driving force. It will be seen that the maximum heat flux is 
considerably below that for the single cylinder. This result is obtained since there is a 
restriction in circulation giving limitation in the access of the boiling fluid to the 
tube. Three limiting mechanisms for boiling within a bundle can thus be discerned: 

(1) Pool boiling burnout. Palen and Small suggest that the system will approach the 
pool boiling situation when the ratio D^L/A is greater than I/tt, , where is 
the shell diameter, L the length of the bundle and A the area of the heat transfer 
surface within the bundle. 

(2) Circulation around the outside of the bundle and then through the bundle may 
* occur giving an increase in the critical heat flux above that for pool boiling, but 

then there will be a limitation also for this case and the type of mechanism in- 
volved will depend on the flow regime. 



TABLE I X important 

— less important 
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(3) Where circulation through the bundle is small, liquid has to enter the bundle in 
counter-current flow against the exit vapor stream. This situation will be 
limited by flooding and it can be shown that a simple flooding criteria will fit the 
data of Palen and Taborek reasonably well. 

Currently, work is being carried out at HTFS Harwell in which the va- 
rious mechanisms of critical heat flux are being investigated. A two-dimensional model 
boiler is being used in whlich the circulation pattern and heat flux can be adjusted. 

2. CONDENSATION 


2.1. Filmwise condensation 

The expressions for interface heat transfer, of which filmwise 
condensation is a case, were described above. Wc shall confine our discussion here to 
two specific aspects of the problem: the influence of condensation on interfacial 
shear and the regimes of heat transfer in a horizontal tube. 

When vapor condenses from a fast moving vapor to a slow moving 
liquid film, there is a transfer of momentum to the film giving rise to an 
enhancement of the iiiterfacial shear stress rj, with a consequent increase in the heat 
transfer coefficient. A treatment of this problem based on numerical integration of 
the boundary layer equations is given by Kinney and Sparrow [1 970] . An 
alternative treatment in terms of the Reynolds Flux concept is described by 
Wallis [1969]. In unpublished work at Harwell, Butterworth has developed an 
equivalent to the predictions of Kinney and Sparrow and consistent with the 
semi-empirical method of Wallis. The ratio of the intcrfacial shear stress to that 
without mass transfer is given by the expression: 


i M 


£ m 


exp 


(f, 


where is the intcrfacial shear stress in the presence of mass transfer, m is the 
rate of mass transfer (mass per unit area), fj, Tj the friction factor and intcrfacial 
shear stress in the absence of mass transfer, py the vapor density and Ug the 
velocity of the vapor at the edge of the equivalent laminar layer. 

This expression has been developed previously by a number of other 
authors including Mickeley et al. [1954]. 
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In the case of horizontal flow, two extreme conditions can occur: 

(1) At high vapor velocities the flow is annular and can be treated by the methods 
described above. 

(2) At low vapor velocities, the condensate film runs down the inside wall of the 
tube as illustrated in Figure 16. The classical expression for the heat transfer in 
this situation is as follows: 


0.725 


'’'s - fw' J 


1/4 


where k|^ is the thermal conductivity of the liquid, T§ is the saturation 
temperature, is the wall temperature and the parameters ftj is related to 
the angle 0 (see Figure 16) and reflects the poor heat transfer through the pool 
at the bottom of the tube and 122 Is a factor including to account for the effect 
of subcooling of the liquid. The question obviously arises as to where the 
transition between the two expressions should be considered to occur. Bell et al. 
[1969J have related the transition to the flow regime map for the horizontal 
two-phase flow. A position is defined at which there is a transition to the 
annular regime. A somewhat similar approach has been adopted by HTFS in 
developing its computer models for condensation in tubes, though more recent 
work at Harwell is tending to favor a new model giving a smoother transition 
between the two types of condensation. 

There is a need for more data on the distribution of condensation coefficient around 
the tube in horizontal flow. 

Condensation of immiscible mixtures is more complicated and different 
models are proposed: film-film, film-drop, discontinuous films, etc. (Bernhardt, 
Sheridan and Westwater - 1 972). 


2.2. Dropwisc condensation 

Compared to the film-wise condensation, heat transfer coefficients in 
drop-wise condensation arc 2 to 20 times higher. Several mechanisms had been 
proposed and now it is generally recognized that dropwisc condensation is a 
nucleation phenomenon like boiling. Analysis of the heat transfer mechanisms shows 
that the heat is transferred by conduction through the growing drop before their 
coalescence. Analytical models have been proposed for the prediction of the local 
heat transfer coefficient around a growing drop, Nijaguna 11971], but for obtaining 



341 R. Semeria and G. F. Hewitt 


the mean value, we face to the same difficulty as for boiling: prediction of the 
number of nucleation centers and of the coalescence time. 

To obtain dropwisc condensation it is necessary to have a bad 
wettability of the surface by the liquid. Gold plating (0.25 
micron + 6/i silver + 12/a Ni) is very efficient (fig. 17) and durable but expensive 
(price X 2 for an industrial application). Other promoters are proposed: some oF 
them are thin layers of teflon or organic products (Parylcne N from Union Carbide) 
and others are injected in the steam (octadecylamin, mercaptan, silicon oils, etc...). 
At the present time, the perfect promoter (non-corrosive, nontoxic, long life, high 
heat transfer coefficient, low cost) is not known, though many laboratories are 
testing new products. In the CEN Grenoble research program on desalination, 
encouraging results have been obtained. (J. Huyghe and F. Lauro 1972): an 
infinitesimal dose of a new promoter injected in the steam induces droplet 
condensation during 3000 h with a heat transfer coefficient comparable to the gold 
plating case. Such improvement is economically interesting if other thermal 
resistances are reduced; the heat coefficient on the water side in particular must be 
increased. 

2.3. In tube condensation 

Some aspects of in-tubc condensation were examined in section 2.1. 
above. We shall now review the main features of the heat transfer during filmwise 
condensation inside tubes in the context of application in equipments. 
(Shell-and-tubc heat exchanger, air-cooled heat exchanger, et. ... Since all 
combinations arc possible a large number of different cases exist. Different cases are 
summarized in the table: The way in which condensation occurs in a cross flow 
system is shown in figure 1 8. 

As in the case of steam generators, high coupling exists between 
hydrodynamical and thermal aspects so that the prediction of the performance 
needs a step by step calculation procedure along the tube from the onset of 
condensation to the completely flooded section (or the outlet). Such computer 
programs are developed, for instance by H.T.F.S. Harwell. The following features are 
important: 

— the choice of a local heat transfer correlation must be consistent with the choices 
made for correlation of other parameters, pressure drop, void fraction, transition 
from laminar to turbulent flow. 

- for low velocities, the pressure drop along the tube is negligible and the classical 
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formula was given above for stratified flow. In vertical tube, Nussclt, formula can 
be used in the laminar zone. These correlations correspond to a heat transfer 
resistance concentrated in the liquid film of condensate. 

— For high velocities the first problem is the choice of the nondimensional 
parameters depending on the relative influence of the gravity force compared to 
the forced convective effects; this is discussed for lamiiuu’ flow on a vertical 
surface by Fujii and Uehara [1972|. With thin liquid films (inlet of the tube or 
(and) very high velocities) the gravity effects are low and an annular model is 
valuable (Traviss, Baron, Rohsenow - 1971 ). 

A rather simple correlation was proposed by Cavallini and 
Zccchin [1971) for refrigerants R-11, R-21 , R-114: 


_ h _ 
Nu = , Re 

* 1 . 



Re 


1 . 


Rcy and Re^ arc estimated with reference to the inside diameter of the tube d^ 
and as if each of the two flows are flowing alone in the whole cross section. The 
Nusselt number is a mean value along the test section, and is correlated with 
arithmetic mean between the inlet and outlet of the Reynolds number. 
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0.8 0.33 

Nu = 0-05 Re Pr^ (15-10^< Re < 200.10^) 

in conclusion, it may be said that condensation inside tube is as boiling 
in steam generators, though there is no burnout phenomenon. Hydrodynamic 
instabilities can also occur in condensation .systems. A great effort must be devoted 
in the future for a better prediction of the pressure drop and heat transfer in 
condensation equipments. 

2.4. Shell side condensation 

The most common method of condensing vapors is to use a 
shell-and-tubc condenser with condcn.sation taking place on the shell side. The two 
main types of condenser are the baffled shell-and-tube condenser and the unbafflcd 
shell-and-tubc condenser respectively. The baffled type is most commonly used in 
the process industry whereas the unbafflcd type is most commonly u.sed in Power 
Stations, etc. 

The principal problems in the de.sign of shell-and-tubc condensers are as 

follows: 

(1) To reduce the pressure drop. This is particularly important in Power station 
condensers since it can effect seriously the thermal efficiency. 

(2) To avoid poor performance of the condenser due to the build-up of 
incondensible gases. 

(3) Estimation of the filmwisc heat transfer coefficient, particularly in the context 
of large amounts of inundation from cubes above the cube in question and the 
effects of vapor cross-flow on the coefficient. 

Considering the case of the unbafflcd condenser, the problems of 
designing such units arc principally those of providing suitable "'lanes” through 
which the vapor accesses the various regions of the bundle and, secondly, the 
removal of accumulated iricondcnsible gases to prevent the effective poisoning of 
incondcnsiblcs in the inlet vapor can give rise to large deterioration in heat transfer 
in unbaffled condensers and the positioning of the vent lines is of paramount 
importance. 

Work on flow and heat transfer in unbafflcd condensers is proceeding at 
the National Engineering Laboratory in England. This work is reviewed in a recent 
paper by Wilson [1972] and is proceeding on two main fronts: 

(1) The use of an experimental unbafHed condenser in which the performance of 
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various vent arrangements can be assessed in terms of local concentration 
measurements of the air. Typical results from this condenser arc shown in 
Figure 19 for various air leakage rates into the inlet. The very high con- 
centrations of air obtained in the center zones of the condenser will be 
observed, 

(2) The development of two-dimensional computer programs for the prediction ot 
flow and heat transfer in the presence of inert gases. Wilson [1972] gives results 
which illustrate that these computer models arc now capable of predicting 
many of the concentration effects which are observed in unbaffled condensers 
but, at the present time, the computer times involved in these calculations are so 
large as to make their use difficult in practice for design work. 

The effects of inundation and vapor cross-flow on condensation arc 
likely to be rather complex. The effect of inundation of condensate is to reduce the 
condensing coefficient, but the reduction is very much less than would have been 
expected theoretically from the expected accumulation of condensate. This is partly 
due to the fact that the “dripping’' action generates turbulence and also the fact that 
splashing occurs such that the condensate does not all fall onto the next tube down. 
An empirical correlation for inundation effects is given by Grant and Osment 
|1968|. The effect ol va|)or velocity on condensation of the outside of a tube has 
been investigated, for instance, by Berman and Tumanov [1962| and it is generally 
accepted that increasing the vapor velocity will increase the condensation heat 
transfer coefficient. Detailed work carried for HTFS (^) at A.E.E. Winfrith, 
(England) has shown that tlie coefficient docs increase with vapor velocity under 
some circumstances, but that there may be conditions under which it actually 
decTea.ses. 

For the past three years, HTFS has had a program of work on 
baffled shell and tube condensers. The types of arrangement commonly found in 
baffled condensers arc illustrated in Figure 20. The baffled arrangement has the 
advantage of promoting a one-dimensional flow and reducing the possibility of large 
areas of the bundle being poisoned by incondensibles. However, the effect of 
incondensible gases is still significant. Experimental work on a baffled shell and tube 
condenser carried out at Harwell has shown, for instance, that a concentration of 
7% by volume of nitrogen in the input vapor stream can reduce the overall heat 
transfer coefficient by the order of a factor of two (this implies a very much greater (*) 


(*) Heat Transfer and Fluid Flow Service, Harwell, England. 
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reduction in the shell coefficient). 

Prediction methods for shell and tube condensers have been developed 
for HTFS by the National Engineering Laboratory at East Kilbride. The programs 
can handle up to four levels of condensers, each level feeding vapor to the 
following level. Each level consists of any number of parallel condensers with various 
shell side arrangements and up to 16 passes on the tube side. Any vapor 
non-condensible gas and coolant combination whose properties are known can be 
calculated. The program determines the condensation rate for various combinations 
of inlet and outlet conditions and flowrates. The condenser is divided into sections 
separated by the baffles and an average heat transfer coefficient is assigned to each 
section. This heat transfer coefficient takes account of the mass transfer of the 
vapor through an incondensiblc gas layer and the effects of inundation, vapor 
share and leakage and by-pass arc taken into account. The temperature profiles on 
the coolant side are estimated by an iterative process such that the outlet tempera- 
ture of pass n is equal to the inlet temperature of pass (n + 1 ). 

The powerful tool that this program represents is best illustrated by an 
example. It is assumed that a condenser is to be designed to condense 4,0kg/scc of 
butane which contains 0.5% by weight of methane. It is assumed that none of this 
methane condenses. Two alternative arrangements of shells are compared: 

(1) Four shells in parallel, each 3.0 meters long having 10 equal sections divided by 
baffles; these shells feed to parallel similar condensers. 

(2) In the second arrangement, the velocity of the vapor has been maintained by 
the use of a non-uniform baffle spacing. The first level conden.sers are 2.5 
meters long and feed a single second level condenser 3.0 meters long containing 
21 non-uniform sections. 

The computer calculation indicates that the performance of the two 
arrangements is virtually identical and the pressure drops small. There has, therefore, 
been a saving of 36% of the required surface area by using a non-uniform baffle 
spacing, resulting in five rather than six shells being required, four of them being 
shorter than the originals. 

The computer prediction methods described above arc relatively 
complex and there is still a place for rapid estimation methods in the calculation of a 
“first guess” of the design required. Such methods are discussed, for instance, by 
Gloyer [1970] and by Bell and Muller [1970] . 

An interesting side-light on the effect of non-condensible gases is 
described by Wild [1969] . In the absence of incondensiblcs, and in the presence of a 
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layer of sub-coolcd liquid at the bottom of the shell, Wild found that there were 
vibrations within the shell which caused mechanical damage. He ascribed these to 
oscillations in the sub-cooled liquid level caused by the following mechanism: a 
small surge in the vapor causes a displacement of the liquid level downwards which 
frees surface for condensing causing a rapid depressurisation and a rise of the liquid 
level. This overshoots, reduces the amount of surface available for condensation and 
causes the vapour to push the liquid down again. The addition of a small amount of 
incondcnsiblc gas completely eliminated this effect since, during very rapid 
condensation, the incondensibles have a very severe restrictive influence, though in 
the average condensation rate of the condenser, their influence was small. 

It would seem that the best approach to predicting the performance of 
shell and tube condensers is to use programs which integrate the appropriate local 
effects. However, much further work is required in confirming the validity of this 
integration and in throwing clearer light on the detailed local parameters. 

3. CONCLUSION 

General conclusions on two-phase flows arc given in the preceding 
chapter so that the following ones are conflned to the heat transfer aspects. 

The present knowledge of the phenomena of boiling and condensation 
is qualitatively satisfactory in .spite of some irritating questions such as the nature of 
sites, the role of interfacial parameters. Therefore models can be proposed for the 
description of a simple (or simplified) heat transfer equipment. The main difficulties 
come from the complexity of the computational procedures due to the coupling 
between hydrodynamics and heat transfer and from the great number of 
experimental results needed for the adjustment of the empirical correlations used in 
the models. This is the same reason which limits the local analysis of two-phase flow 
in complex geometries or (and) in rapid transient conditions. 

New devices or running conditions arc of interest (Semeria 11972]): 
heat pipes, that is two phase flows in porous media, anisothermal boiling on 
complex walls (multilayers, corrugated, etc...), high speed two-phase flows,... We are 
far from the end! 
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NOMENCLATURE 

A 

Cross-sectional area of the channel 


Specific heat 

d 

Q 

Tube diameter 

D 

Diffusivity 

6 

Acceleration due to gravity 

G 

Mass flux 

h 

Planck constant 

h 

Heat transfer coefficient 

k 

Conductivity 


Boltzmann constant 

1 

length 

m 

Film thickness 

M 

Molecular weight 

dn/dt 

Number of nuclei per unit volume and per unit time 

N 

Number of molecules per unit volume of liquid 

P 

pressure 

Pr 

Prandtl number Pr = C'/i/k 

Q 

mi 

Volumetric flowrate per unit perimeter 

r 

Radius 

Tb 

Equilibrium radius of a vapor bubble 


Critical radius 

R 

Gas constant 

Re 

Reynolds number 

t 

Time 

Tc 

Critical temperature 

Tnh 

Temperature of homogeneous nucleation 

Ts,t 

Saturation temperature 

AT 

Temperature difference 

AT 

sat 

Degree of superheat 

AT ^ 
sub 

Subcooling AT = T Tj^ 

u 

Velocity 

V 

Specific volume 

W 

Mass (low rate 
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X 

X 

Xtt 

a 

X 

u 

p 

p* 

0 

a 

T 

T. 

I 

T 

o 

0 

P 

Indices 

L 

V 

Bo 


Dimensionless mass flow rate = WLF/2)rroPL 
Quality 

Martinclli parameter X* = l(dpp/dz)L/(dp^/d 2 )Ql 

Martinelli parameter for turbulent liquid and gas phases 

Void fraction 

Latent heat of vaporisation 
Kinematic viscosity 
Density 

Gas to liquid density ratio p = P^Jp^ 

Condensation coefficient 
Surface tension 
Shear stress 
Interfacial shear stress 
Wall shear stress 
Heat flux 
Viscosity 


Liquid 

Vapor 

Burnout 
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Pig. 5. Nusiclt number in annular flow with effectively constant shear stress across the liquid flow 
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6 ft total length, cold patch3.5- 5.5 ft ( heat flux 61 .7 W/ cm’ ) 
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Fig. 11. Variation of the flowrate of entrained droplets with local quality. • Result of Hennett ct al. (1967) Mass 
velocity 2.19 X 10* Ib/h Tube diameter 0.366 in. Inlet pressure 40 psia. 
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Fig. 12. Tentative qualitative representation of the regions of Burnout 
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Fig. 13. Example of two phase flow evolution in constant heat flux channel. 
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Fig. 14. Critical qualities for different goemctrics from Fabrega et alt. (1971) 
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HIGH VAPOUR VELOCITY (ANNULAR FLOW) 

Fig. 16. Modes of licit transfer in condensation in a horiiontal tube 
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Fig. 17. Condensation on a single horizonul tube (from Huyghe et ah. 1972) 
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Fig. 19. Concentration profile in an experimental condenser (Grant and Purser (1971)) 
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Fig. 20. Types of baffle arrangement in shell-and tube condensers 





Chapter 14 

EVAPORATION AND CONDENSATION PHENOMENA 
IN PROCESS HEAT EXCHANGERS 

H. Baldus and E. Abadzic (*) 


Introduction 

Processing fluids in the clicmical and process industry arc frequently 
complex mixtures of various chemical compounds. With heat transfer to a single 
phase, the composition of the fluid docs nut cause major difficulties. But where 
there is a change of phase, i.c., evaporation or condensation of the mixture, the 
situation may be so complicated that even a definition of the problem may be 
difficult. This whole subject is termed multicomponent multiphase flow in heat 
c.\cl)anger.s. Tlie behavior of such a system is determined by the interaction of: 

a) The specific therinodynamic behavior of the mixture during change of phase, 
and 

b) the hydrodynamics of the two phase flow, with 

c) the heat and mass transfer process. 

In addition the performance of the heat exchanger can be greatly 
affected by hydromcchanical, chemical or electrochemical effects, briefly described 
as fouling of the heat transfer surface. 

Even if we recognize that our present knowledge of this complex 
phenomena is far from complete, the process engineer is still faced with the problem 
of designing actual equipment to operate under such conditions. Usually the 
equipment is overdesigned, resulting in unnecessarily high capital costs. However, 
the underdcsign of only one exchanger in a process plant can be far more costly due 
to production difficulties, excessive downtime, loss of capacity and sometimes 
serious equipment failure. 

For the majority of process heat transfer applications, the baffled 


(’^) Linde Akticngcsellschaft, Munich 
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shell-and-tube heat exchanger is used. For special service, for example low 
temperature processes, the coiled-tubular and plate-fin exchanger arc important. In 
addition, there are many other types in use. The selection of the best type of heat 
exchanger for a given duty is often more influenced by factors not directly related 
to the heat transfer considerations, such as ease of maintenance, cleaning, etc. 

A. Process Requirements 

The first step in salving a process heat transfer problem is usually to 
define the process requirements. These arc conventionally defined on the left hand 
side of the basic differential equation 



In contrast to single-phase flow, the heat load dQ and the temperature 
of the mixture undergoing a phase change and thus AT, arc generally functions of 

a) the specific thermodynamic behavior of the mixture in the two phase region, 
and of 

b) a local equilibrium approach between the vapor and liquid phases during the 
process. 

The first function is usually given by the concept of equilibrium phase 
change of the mixture. Gibbs Phase Rule gives qualitative information on the 
expected behavior of the mixture during the phase change. It may be shown that 
condensation or evaporation of a binary mixture (C = 2) of two immissible 
compounds (P = 3) at constant pressure will be isothermal (resulting degrees of 
freedom F = C — P + 2= 1). 

A similar calculation for a miscible binary mixture indicates the 
non isothermal nature of this process. 

The quantitative estimation of the heat load - temperature relationship 
for mixtures during phase changes may be obtained by measurement or from known 
empirical temperature-enthalpy relations [1,21. The temperature-enthalpy relation 
for a given mixture with sufficient accuracy for engineering work can be predicted 
by means of either an Equation of State [1,31 by the Principle of Corresponding 
States [2,4). 

The calculation can be performed relatively easily nowadays on a digital 
computer, and can take account also of the expected pressure drop gradient in the 
heat exchanger. However, the results are valid only for the assumed local equilibrium 
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between the vapor and liquid phases during the process, which strictly speaking 
never occur in a heat cxclianger. In practice, the approach to the desired equilibrium 
depends on the flow conditions and a mixture can be made to evaporate or condense 
in a number of basically different ways. This will be illustrated for two somewhat 
idealized cases of condensation of a binary mixture with reference to the 
temperature-composition diagrams shown in figures 1 and 2. 

For the first case of condensation of a saturated vapor mixture within 
a tube as shown in figs la and b, the first quantity of equilibrium liquid will have a 
concentration X| corresponding to its dew point temperature t^. The necessary 
temperature of the coolant medium T^,, is slightly below ti- Assuming adequate 
turbulence within the vapor and concurrent condensate flow, the process of 
condensation will be performed at near equilibrium conditions. The temperature of 
the fluid near the end of the condensation process will be close to the bubble point 
temperature of the mixture tg. The wall temperature along the tube t^ and the 
required coolant medium temperature are indicated by the broken line in diagram 
lb. This case is called integral condensation and the heat load-temperature profile 
(dQ/T) of the process can be closely predicted by the enthalpy-temperature 
calculations. 

For the second case of condensation of a saturated vapor mixture 
within a tube, a turbulent flow of the vapour phase, but an idealized laminar flow of 
the cocurrent liquid phase as shown in figs. 2a and b will be assumed. The first 
condensate of the mixture will again occur at the dew point temperature ti . This 
will form the first layer of liquid adjacent to the tube walls. 

The vapor, with a rather greater concentration of the heavy 
component, then forms a second layer of liquid. Assuming that there is no mixing 
between these two and all successive layers, the final vapour at the end of the 
process will have a concentration close to that of the pure high boiling component. 
Therefore the coolant temperature for the end of the process must be much lower 
than for the previous case. This process is called differential condensation. 

The essential differences between the integral and differential 
condensation modes can be demonstrated by a more practical example similar to 
that given by K. Bell [5]. Assuming that a total flow rate M of 100 kmol of the 
equimolal mixture of normal pentane (n-C5H12) and normal butane (n-C4H10) is to 
be condensed, the calculated heat load (dQ) versus temperature (T) dependency 
during the process together with the amounts of liquid condensed (Ml) for 
equilibrium conditions (integral condensation) at a pressure of 1.5 bar is shown in 
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figure 3. The beliavior of the chosen mixture at tlie observed pressure is near ideal 
and the equilibrium constants may be calculated from the partial pressures. The 
calculated dew point is about 37°C and the bubble point is near 

Assuming a countercurrent flow in a suitably sized exchanger and 
cooling water with an inlet temperature of 1 total condensation of the mixture 
can be easily accomplished. 

But if differential condensation is expected, the situation will change 
drastically. This condition may be simulated by a stepwise calculation of 
condensation of the same mixture in a tube bank as shown in figure 4, divided into 
.10 sections. Assuming that the condensation in the first section gives 
10% condensate of the incoming vapor and the second section 20% irom the 
remaining vapor and so on, condensation will end in the tenth section. For this 
situation it is assumed that the liquid condensate from each section is not in contact 
with the remaining vapor. This can be the case with a poorly designed exchanger. 
The resulting Q-T and M^-T curves represented by broken lines in figure 3 indicate 
the same dew point of the mixture at the condenser inlet as for the previous case. 
However, the condensation will end at a temperature of about 8.6°C, because the 
vapor to the tenth section is almost pure n-C4. It is obvious that for this 
condensation mode, the heat to be removed is not much different from the previous 
case, but the cooling water temperature of 18° C will be too high for the total 
condensation of the mixture. 

Similar calculations and conclusions can also be made for evaporation 
of the mixture. Generally it may be assumed that a Cube side flow of the mixture in 
the heat exchanger will give a closer approach to the ideal integral phase change 
mode than by the shell-side flow. 

After obtaining a realistic Q-T plot for the process fluids, the mean 
temperature difference T^ and the process requirements AQ/AT„^ may be calculated. 
For the case of a multistream heat exchanger duty, such a coilcd-tubular or plate-fin 
exchanger, the temperature-enthalpy relationship becomes more complex |6| and 
especially careful consideration has to be given to possible maldistribution 17 ]. 

Besides the heat transfer requirements for the process a certain 
optimum pressure drop in the exchanger is required. This requirement can only be 
satisfied by iteration of the calculation for sizing the heat exchanger. 

Heat exchanger performance, UdF 

According to tlic basic equation dQ/AT = UdF, the prediction of the 
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performance of a heat exchanger for given process requirements reduces in practice 
to the prediction of an overall heat transfer coefficient U, which results from the 
individual film heat transfer coefficients. The heat transfer coefficient of a 
multicomponent multiphase flow is determined by a large number of factors 
including the flow conditions for all phases, the flow orientation and particular 
geometry of the exchanger, and on the various physical properties. Usually special 
consideration of the expected heat transfer mechanism in the liquid phase such as 
nucleate or film boiling or condensation process together with the mass transfer 
rfjisuuiccs mainly in the vapor phase sliould be made. In contrast to the single 
phase turbulent flow in an exchanger, the performance with clianger phase of a fluid 
will to a considerable extent depend on the driving force AT. 

The present state of knowledge and a large number of investigations are 
reviewed elsewhere. It suffices to point out here that all heat transfer correlations 
used for related problems arc based largely on empirical data. At present there is no 
general theoretical treatment of them, and their validity is generally restricted to the 
conditions used in the experiments. Besides published data a large number of 
proprietary methods and correlations are used in industry. 

In order to illustrate the complexity of the problems, some industrial 
approaches will now be considered. Pool-boiling of the liquid may be the controling 
heat transfer mechanism for some types of heat exchanger (kettle-type rcboilcr). In 
the case of pool-boiling of miscible mixtures, poorer heat transfer coefficients than 
for the pure components can usually be expected. For a given temperature 
difference, geometry, surface conditions etc., heat transfer coefficients for the 
nucleate boiling of compounds can be predicted. The values for a mixture may then 
be estimated using any of several published empirical correlations. To account for 
the normal decrease in the heat transfer coefficient for mixtures Fallen and 
Small |8| developed an equation based on the temperature difference between the 
dew- and bubble-points. Stephan and Korner [9| and Afgan ( 1 OJ used the 
concentration difference between the vapor and liquid in a similar manner. 
However, for some important technical mixtures, such as refrigerants with low 
hydrocarbon content, a remarkable increase in the heat transfer coefficient by 
pool-boiling was observed. 

Boiling heat transfer by forced convection in vertical channels is very 
important for a variety of industrial vaporisers (thermosyphon rcboilers, evaporators 
etc.). For such exchanger geometry, the effects of the different two-phase fluid-flow 
patterns (bubbles, slug, annular, dispersed etc.) are dominant for the heat transfer 
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mechanism. Whereas under similar conditions in a kettle-type reboiler a nucleate 
heat transfer process occurs, with this type of exchanger a surpression of the boiling 
mechanism by forced flow is observed. The related heat transfer correlations are 
usually based solely on a liquid convection term and a two-phase factor [11,12]. 
This approach often gives reasonable agreement with measured results. Another very 
important problem in industrial heat exchangers is the condensation of a 
multicomponent mixture. The non-isothcrmal nature of the process by miscible 
fluids is often handled by the two terms for so-called latent and sensible heat 
transfer. In fact the treatment of simultaneous heat and mass transfer goes back 
many years in the literature, and most theoretical works in this flcld arc based on 
the classical approach of Colburn, Hougen and Chilton j 13,14). However, for 
complex mixtures this approach becomes very complicated even if all the necessary 
physical thermal and diffusional properties can be predicted, which is seldom 
possible. For these reasons, industry must have recourse to a large number of 
somewhat crude methods. 

One of these recently proposed by K. Bell [15j ,is based on several 
assumptions which may be briefly described as the equilibrium concept for the 
temperature and enthalpy of the vapor and liquid phases, with idealized separated 
flow conditions, as shown in Figure 5. A lurther assumption is that the total 
heat of condensation and sensible heat of the cooling liquid arc transferred through 
the entire thickness of the liquid film. Assuming that the sensible heat transfer of 
the vapor hy may be considered by an adequate single-phase correlation based on a 
superficial velocity, the final equation is obtained as 


A 

o 
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Chapter 15 


FLUIDIZED BED APPLICATIONS IN HEAT TRANSFER- 
CONTROLLED CHEMICAL PROCESSES 


L. Massimilla and G. Donsi (*) 


1. Introduction 

Fluidization is the technique by which beds of particulate solid 
materials come into contact with upward moving fluid under such conditions that 
pressure drop through the bed remains substantially unchanged, whatever the fluid 
flow rate. 

In theory, at the minimum velocity for fluidization, solid weight is just 
balanced by upward drag forces. Expansion is the bed reaction to the increase of 
velocity above the minimum. With gas fluidization, to which this presentation is 
limited, expansion is mainly related to the appearance of “bubbles”. 

According to the two-phase fluidization theory, there arc: 1) a 
particulate (or dense) phase, containing by far the largest part of the solids, and 
whose properties arc essentially those of the bed at incipient fluidization, and 2} a 
bubble (or lean) phase with a very low solids concentration, through which the 
fraction of flow rate exceeding that required for the fluidization of the material is 
conveyed. 

Solids motion is the main feature of a fluidized bed, to which some of 
the peculiar heat transfer properties of such systems arc related. Bubbles rising up 
the bed are the main, often the only, cause of solids motion. They also characterize 
gas/solids contact. 

Gas fluidization has been used, or suggested, for a number of 

(*) latituco di Chimica Industiiale e Impianti Chimici, Univenita Laboratorio di Ricurchc sulla Combustione, C, 
N.R. - Napoli. 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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applications: drying, mixing, adsorption, reactor engineering, but cxamplifications 
reported here are only related to the latter. The purpose of this paper is to outline 
how the performance of different classes of fluid bed chemical processes rely on 
overcoming resistances related to specific heat transfer steps. To this end theories on 
heat transfer properties of fluidized bed will be briefly reported. For more detailed 
discussion reference should be made to the pertinent literature, particularly to books 
which since 1956 have marked the fast growing interest in fluidization (1-7). 

2. Heat Transfer Steps in Fluidized Beds 

These might be classified as follows: 

a) wall to bed heat transfer 

b) gas to solids heat transfer 1 - between gas and particles in the particulate phase 
2 - between bubble phase and particulate phase 

c) heat transfer inside the particle 

a) Wall to bed heat transfer 

Conductive wall to bed heat transfer mechanism is based on the 
unsteady state transfer developing when particle aggregates at the bulk bed 
temperature reach the bcd/wall interface, which is at a different temperature (8). 

One approach is to consider the actual structure of the a^regatc as 
being made up of particles touching, or in neigliborhood of, the surface and of the 
gas in which they are immersed (9). Then, unsteady state heat transfer calculations 
are made for conductive transfer between the surface and the gas, and between the 
gas and the particle. Because of the very large difference between gas and solids 
specific heats, the rate of heat transfer may be estimated from the change in the 
cumulative heat content of the particles, as a function of the particle residence time 
at the heat transfer surface. This means very high rates of heat transfer to a dense 
bed of small particles touching the surface if they are replaced periodically, so that 
particle residence times at the transfer surface arc very short (1 0). Figure 1 compares 
calculated and experimental heat transfer coefficients as obtained for a stirred, air 
fluidized bed in which the particle residence time could be controlled (11 ). 

Another approach is to consider the aggregate as a whole (12). The 
instantaneous heat transfer coefficient is evaluated by assuming monodircctional 
unsteady state heat conduction and accounting for the time elapsed since aggregate 
renewal at the wall. It is: 
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The effective mean value of the heat transfer coefficient, referred to the entire heat 
transfer surface is then: 
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" ( 2 ) 

lit 

111 

after allowance is made for the heat transfer surface occupied by gas bubbles. 

The trend of li^. as a function of U is evident in equation (2). Increasing 
U, a reduction of t„, is expected because of the faster solid mixing promoted by the 
more vigorous bubbling (13) but, on the other hand, (1-fo) should also decrease 
because of the increasing fraction of heat transfer surface occupied by bubbles. The 
different weight of these opposite effects in different ranges of gas velocities should 
explain the maximum found in experimental curves of li^. as a function of U (Figure 
2). 

From equation (2), the correlation: 


h 




R +0.!3|/ . " - 


6 


mf 






l-e 


e -e 


M 


nif 


(3) 


has been derived. A wall resistance is required in equation (3) for correlating 
experimental results, and is related to the special packing conditions there. Other 
terms arc the same as equation (2), after expressing (1— fej/y^t^ in function of 
fluidization parameters. The maximum inh^is determined by decreasing of both 
(1 - 6)/(1 - e„,f) and (1 - e)/(6 - with U. M is an empirical parameter, which 
should remain constant throughout the range of U and take into account effects, 
including that of particle size, not considered by the model. Figure 2 shows data 
fitting with equation (3) by using M calculated at U for which an optimum of h^ is 
obtained. 

Data for coarser materials in Figure 2 indicate that there is a reversal of 
the trend for h^ at increasing U. This should account for the fact that in these 
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conditions a turbulent component arises, increasing the effective thermal 
conductivity of the aggregate. 

Figure 3 shows the influence of gas velocity and solid particle size on 
heat transfer. The effect of decreasing particles size is that expected from the 
theoretical model based on conductive heat transfer between single particles 
immersed in a fluid and a heat exchange surface (10). It will be noted that the finer 
the particles, the greater is the ratio U/Ll^f at which the largest values of li^ arc 
obtained. 

As regards heat transfer at surfaces of bundles of tubes inside tlic bed, it 
should be noted that differences between values of for horizontal, sloping and 
vertical tubes are small, so that their arrangement in a fluidized bed may be decided 
on the basis of other requirements. There is the tendency to take advantage of such 
internals to control bubble growth and improve exchange between bubble-and 
particulate-phase (14,15). However, care should be taken to check whether their 
baffling effect on the solids mixing docs not lower heat transfer coefficients to 
unacceptable values (16). Correlations arc available for this pruposc in terms of the 
ratio of the transverse (or longitudinal) pitch of the tube bundle to the tube 
diameter (12). 

Temperature effect on heat transfer coefficients is limited to the 
increase of k^^^ with T up to about 800°C. Above this, a radiative component 
should be added to the heat transfer coefficient. Its value rises considerably (up to 
hundreds kcal/m^h°C), the higher the bed temperature, and the lower the difference 
between the temperatures of the bed and of heat transfer surface (17). 

b) Gas to solids heat transfer 

b.l. Between gas and particles in the particulate phase 

According to the two-phase theory of fluidization, the particulate phase 
might be at first regarded as a “packed bed” of the solids permeated by gas 
velocity U^f . 

For conduction transfer, heat transfer coefficients for particles in array 
are available in terms of Nussclt number as a function of Reynolds and Prandtl 
numbers. In comparison to values of Nu from equations for an individual (spherical) 
particle in an indefinite medium, for instance (18): 
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Nusselt numbers for packed beds are greater at Reynolds number above 10^ (Figure 
4). Below, they can become even less than the minimum value 2 for an individual 
particle in stagnant medium, which raises the question of whether experimental 
values of heat transfer coefficients involved in such correlations are *‘truc”, or rather 
“effective”, coefficients, depending on spurious phenomena (19-22). The answer 
should be found in the incomplete accessibility of the transfer surface to the fluid at 
low Re. This causes a part of the exchange surface to operate under negligible 
temperature driving force, resulting in exceedingly low values of lip, when it is 
calculated extending to all the solids surface temperature differences between solids 
and gas averaged over the entire bed cross section. 

Conclusions drawn for fixed, packed beds of particles might be 
extended to the particulate dense phase of a fluidized bed, with two considerations, 
both related to particle mobility in such phase, but leading to opposite results about 
values of Nu to be assumed at low Re: 1} particle migration from one aggregate to 
the other should occasionally remove solids gas contact stagnations and increase 
effective coefficient toward the expected true values, whereas 2) particle aggregate 
adjustment in response to local increase of gas flow should favor non-uniformities 
in gas distribution with consequent reduction in effective gas to solids heat transfer 
coefficients. Cavities and little channels observed in the structure of the fluidized 
particulate phase of fine materials (23) might act for the fluid flow as those 
“microbreak-throughs” which have been considered responsible for low Nu (19). 

In establishing which of the effects above might prevail in actual 
operation the results of measurements of effective gas to solids heat transfer 
coefficient in fluidized beds cannot be of much help. As shown in Figure 4, these 
decrease as Re decreases, but 1) dispersion of data hampers any comparison with 
results of packed bed experiments and 2) they also include the effect of heat 
exchange between the bubble and particulate phase, which also tends to reduce 
values of Nu. 

Only with these limitations might heat transfer coefficients between gas 
and solids in the particulate phase be derived from correlations for packed beds. 
According to one of these (21), it is: 

Nu = 0.142 + 0.35 Re (5) 

with an average voidage of packed bed of 0.394. The asymptotic value of 0.46 for 
Re = 0 has been confirmed by another recent work (22). 

The radiant component of heat transfer coefficient between particles 
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and gas is usually negligible because of the considerably high thermal transparency 
of gases and the thinness of gas layers around the particles (17). Provided all 
particles are equally acting cither as heat sources or sinks, radiative transfer within 
the particulate phase can be disregarded, whatever the solids temperature. 

b.2. Between bubble phase and particulate phase 

Gas to solid heat transfer under these conditions occurs in different 
forms according to whether the bubble phase is actually made of bubbles or 
concentrated in high velocity jets at the distributor. 

Bubbles are found throughout the bed in the case of experimental 
apparatus with porous plate distributors. Bubble diameters tend to increase from 
their original small values as bubbles coalesce at upper bed level. With fine particles, 
usually less than 100 /i, = 0.1-0.2 cm/sec and fluidization ratios U/U^j* as high 

as 300-400 arc reached. At these ratios bubbling regime switches into a turbulent 
regime, considerably enhancing gas and heat exchange rates with the surrounding 
fluidized dense phase (24-25). 

In industrial apparatus, the grid distributor at the bottom produces gas 
jets, which in turn are dispersed in the bed to form bubbles. Jet and bubbling 
regimes in fact coexist at different bed heights in industrial fluidized bed reactors. 

Extending concepts and formulae developed for gas exchange (26) to 
heat transfer, the phenomena dominating heat exchange between the two phases in 
the bubble regime arc the convective component, due to the gas flowing in and out 
of the bubble (qj), and the diffusional component, due to the conductive transfer 
through the wall (q 2 ). We get: 

3/h 11 D* (6) 

0 1,4 7/4 

S = 0-975 n (P,cpgk,) g (T) 

and 



in which is the diameter of the sphere having the bubble volume and h|, an 
overall heat transfer coefficient between the bubble phase and the particulate phase. 
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The convective component of h|^reduces rapidly with decrease in Dp, 
being « Dp. With fine particles the diffusional transfer is practically coincident 
with the overall exchange between the bubble and the particulate phase. In this case 
values of hj^ = 30 — 40 kcaI/m^h°C would be predicted by ec]uation (8) in the range 
of Pg = 5 10 cm, assuming air thermal properties at room temperature. Bubble 

interaction at the onset of turbulence promotes exchange, which might occur at 
rates up to 5-10 times greater. It should be noted that D^. is an average bubble 
diameter at a given level of the bubbling bed. Limiting bubble size increases heat 
exchange rate per unit volume of bubble phase because of the favorable effects on 
the diffusional component of the heat transfer coefficient and, especially, because of 
the increase of the exchange surface. 

Heat transfer at gas injection into the bed is likely to occur through two 
mechanisms 1) an unsteady state conduction at the jet/bed interface, through which 
particles exchange heat with gases at a rate determined by the average time the 
particles remain exposed to the gases and 2) a heat exchange between gases and 
particles entrained in the jet. The first mechanism prevails in downward jets at low 
velocity (27); the second one should occur with turbulent jets at grid distributors 
(28-30). Races of heat transfer from such jets have been expressed by means of 
effective heat transfer coefficient hj referred to a gas column of diameter equal to 
the nozzle diameter. With fine particles, they can be as high as 1500-6000 
kcal/m^li°C, depending on inlet velocity and nozzle diameter (30). Experimental 
results (28) indicate that hj or Dp^ * , contrary to the tendency of the convective 
component of h|j to increase with particle size. 

Comparison between the two modes of heat transfer between the 
bubble and the particulatc-phasc indicates that exchange through jet/bed interfaces 
might be more effective than that through bubble/bed interfaces, thus featuring a 
similar favorable entrance effect noted in fluid bed catalytic reactors (25). 

Gas to solids heat transfer conditions for particles dispersed inside 
bubbles or entrained in jets are similar to those for diluted solid gas systems, and 
relative heat transfer coefficients can be evaluated from Figure 4. There might be, 
however, differences in behaviour between these particles and those forming the 
particulate phase because of the different reactive conditions they might find in 
relation to actual concentration of reactants in the surrounding gas (31-32). 

Due to the large size that bubbles and jets can reach, a check should be 
made for any radiative transfer between the bubble and the particulate phases, 
especially in the case of optically thick process gases. 
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c) Heat transfer inside the particles 

For steady state operation, a check for the relevance of this step is 
made on the basis of the Biot number hpDp/2/kj,. Sizes of fluidized particles are 
commonly in such range Bi < 0.25, i.c. less than the niiniinum for which internal 
thermal resistance limits heat transfer rate (12). 


3. Exchange Equations 


Heat transfer steps involved in fluidized bed reactions are analyzed with 
the assumption that solids and gas arc perfectly mixed in the particulate phase, 
whereas gas in bubble phase passes through the reactor with plug flow. An analogous 
treatment is easily obtained for the case of plug flow of gas in both phases, by 
re-writing, for the heat conservation problem, the conversion equations derived for 
fluid bed reactors operating under these conditions (26). For the sake of simplicity 
only exchange through bubble surface is considered. Entrance effects due to 
distributors are disregarded. According to notations in Figure 5, heat conservation 
equations arc: 

for each bubble in the bubble phase: 


dT 

(q + q ) (T - Tj - U. V, c p — ^ = 0 

12 P b b b PK g dy 


(9) 


in the particulate phase: 


N (q + q ) (T^- T ) dy + U , (T - T ) c p + 

1 2 ^ P O P PP K 


being: 


+ h a H (1 - NV. ) (T - T ) + QH (1 - NV. ) = 0 (10) 

r, e b e p D 


h a (t - T ) = Q (11) 

the heat continuity equation at the interface between the solid and the gas in the 
particulate phase, with Q the amount of heat evolved or absorbed per unit time and 
'unit volume of particulate phase. 

Equations (9-11) do not take into account possible thermal effects of 
solids transfer through the reactor. Should such a transfer occur, another term 
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should be added to equation (10), unless is the inlet and outlet solids 
temperature. A full verification of the two-phase theory of fluidization is also 
assumed, with no solids present in the bubble phase. A further supposition is that 
the particle internal heat transfer resistance is negligible. 

Integration of (9) and (10) with the boundary conditions: 
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respectively, the fraction of gas passing as bubble phase, a heat transfer factor 
between the particulate and the bubble-phases and heat transfer factor between 
the particulate phase and the external heat transfer surface. 

Sometimes Q can be expressed as a function of solids temperature and 
concentration in the bed. In other applications Q derives from heat absorbed or 
generated as the fluid reacts at the solid surface, the reaction velocity being a 
function of the reactant concentration on the solid surface for a given solids 
concentration in the bed. In the latter, assuming a first order kinetics in respect to 
the reacting gas, it is: 


r = kc 


(18) 
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and 


Q = kc^(- AH) 


(19) 


Equation (19) links the heat to the reactant-conservation equation. 
Consistent with the model of gas perfect mixing in the particulate phase and plug 
flow in the bubble phase, it is in fact: 


being: 
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respectively, a gas transfer factor between phases and a dimensionless first order 
reaction velocity constant including diffusional resistance between gas and solids. 
Parallel to equations (13), (15) and (16) the following equations hold fur reactant 
exchange: 
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4. Process Applications 

a) Adiabatic endothermic processes without gas/solid chemical interaction. 

Calcination, dehydration and carbonization processes fall in this class, 
and are usually carried out in continuous multistage reactors. 

Relevant process parameters reduce to c, and Tj, being Q = Q(Cj, TJ. 
At steady state Cj is constant throughout the bed, its value depending on the loss of 
unreacted solids that can be afforded at the outlet. Tj, somewhere in the range 
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500°— lOOO^C, will be the highest temperature at which the material can be raised 
without overburning. According to equation (16), from Q temperature differences 
(Tp “Tg) arc evaluated. These are generally in the range of few degrees due to the 
low solids reactivity at working temperatures. 

Equation (14), simplified for adiabaticity with A = O, shows that, once 
Tp is Axed, heat requirements can be satisfied by suitably choosing between inlet 
temperature Tjj and velocity of hot gases U. Increasing T^ and lowering U might 
prove to be the best solution. Among other advantages, it results in an increase of 
heat utilization efficiency in the bed because, 1) for a given Tp, the heat in 
exhausted gas downstream the bed is smaller with lower gas flow rate, and 2) a 
reduction of U might increase the transfer parameter through a decrease of D^. 
In turn, as shown by equations (13) and (15), an increase of causes Th to 
approach Tp better with bubbling shallow beds. 

A lower limit of the fluidization velocity is fixed by the fact that U 
should be large enough to ensure solid mixing and bed temperature uniformity with 
the rather coarse, widely sized raw materials being used. With upper particle size of 
5-8 mm, velocities up to 5 m/sec (at the bed temperature) might be required. 

Inlet gas temperatures T^^ arc the highest permitted in relation to 
distributor life and need to prevent bed material sintering in dead spots between 
active gas jets. Operation might involve the combustion of fuel directly in the bed. A 
case of submerged combustion is reported in which undiluted combustion gases 
(theoretical temperature above 200()°C) supply heat to a bed of phosphatic ores at 
550°C (33). Hot gases jet into the bed horizontally at the side of slotted downward 
combustor. Solids temperature control is achieved because particles entrained in the 

high turbulent jets or forming the jet/bed interfaces are exposed only briefly to the 
flames. 


b) Adiabatic endothermic processes with gas/solids chemical interaction. 

Pertinent examples are the processes for the reduction of iron ores with 
hot reducing gases (34). Catalytic fluid cracking of hydrocarbons and coking should 
also be considered in this class, with the peculiarity that in such processes reaction 
heat is supplied with proper temperature and flow rate of a stream of particulate 
material. 

Contrary to processes under a) there is a relationship between heat and 
mass transfer, and reaction which involves solid and gaseous reactants. As shown by 
equations (19), (20) and (24), the amount of heat absorbed per unit time and unit 
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bed volume now depends on the rate of gas being exchanged between the bubble 
and the particulate phases, and reacting on the solids at temperature T^, for given 
values of and k^ Inlet T^is then calculated by equation (14), once the gas 
temperature Tp in the particulate phase is obtained through equation (16). In this 
calculation U is already fixed with k'. 

According to equations (13) and (22), temperature and reactant 
concentration profiles up the bed: Tj, = Tt,(y) and cj, = ci,(y) can be calculated as a 
function of Xhy/H and X^y/H, respectively. It appears that trends of and 
towards the asymptotic values of Tp and Cp arc the same only as far as the 
convective components of transfer factors arc relevant. In this case it is Xj,/X(^; = 1. 

Temperature driving forces (Tp “ Tj.) at the particle interface miglit he 
relatively high. For instance, in H-iron process, values of (Tp “T^) about 20 30°C are 
estimated for particles of 0.8 mm upper size (35). 

c) Exothermal solids consuming proccs.ses 

Fluid bed applications under this heading include processes such as 
pyrite roasting and fossil fuel combustion. 

As in processes under b), U is fixed with k^ This, however, does not 
result in a limitation of T^. According to equation (14), T^^ can be suitably chosen 
for any value of T^ by properly selecting A. 

Upper particle sizes of solids are in the range of 3 7 mm. it being the 
result of an optimization of a number of factors including particle elutriation, 
external heat transfer coefficients, reaction rates referred to unit mass of reactive 
solids in the bed, permitted loss of consumable solids in the unburnt particle core at 
bed outlet. Besides corrosion problems, upper solids temperatures, generally ranging 
between 800° and 1000°C, are limited by process requirements. These might be, for 
instance, the complete oxidation of carbon to carbon dioxide in coal combustion or 
the minimization of loss of valuable metal as insoluble solid product in the ashes 
from resting. 

Even with limits on solids temperature, reaction rate constants arc very 
high in processes of this class. As a result, it is from equation (20) c^ ==^0, and from 
equations (22) and (23) ^ Pc~^G. This expresses the determining effect of 

gas exchange between the bubble phase and the particulate phase on the fraction of 
reactant flow rate converted on the solids, and thus on the overall process. In otlier 
conditions, mass diffusional resistance might rise according to equation (24) around 
particles (36). 
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Temperature driving forces (T^ ”Tp) arc usually relevant. Values about 
200°C and 80°C can be estimated, respectively, in the coal combustion and in 
blcndas roasting. 

External heat transfer might become a relevant problem in equipment 
design, especially where heat recovery from outlet gases is imposed by more general 
cycle optimization and the inlet temperature is raised. With Tp fixed at the 
highest level possible in respect to and Q also high, heat balance according to 
equation (14) can only be obtained by increasing A. As also h^ and a^ are 
substantially fixed for a given U and average particle size, an exchange surface 
increase is only obtained with a proper bed depth, which might remain defined by 
this need rather than by solid residence time or other reaction requirements. This is 
the case with coal combustion, in which the need for sufficiently high to locate 
all the necessary heat surfiicc, combines with the opportuneness of keeping down 
the available carbon surface in the bed for complete oxidation. Operationally, this 
results in a very low concentration of carbon in the bed, as low as a few percent 
(37). 

d) Exothermic catalytic processes 

Phis cla.ss of fluid bed applications includes the processes of partial 
oxidation, ammonoxidatioii, cloriiration and oxicloruration of hydrocarbons. They 
are characterized by the occurrence of degradative reactions and the advantage of 
using fluid in respect to fixed bed reactors lies in better control with regard to 
reaction run-away. This is partly made more easy by the possibility of avoiding 
reactant preheating. Equation (14) shows that the lower the smaller may be the 
value of A required to obtain the desired temperature in the particulate phase. 

Fluid bed application to catalytic exothermal reactions also shows the 
inherent relationship di.scussed for processes under c) concerning gas exchange 
between the bubble and the particulatc-phasc and heat being developed in such a 
phase and to be transferred to the internal cooling system. However, requirements 
for catalytic exothermal reactions are usually more constraining, due to the 
narrowness of useful temperature range. Temperature levels arc also lower, usually in 
the range of 3()(r-6()0”C. Tlius, lower temperature differences (Tp “Tj.) are available 
for outer heat exchange. 

Such circumstances call for both, a greater bed temperature stability 
and a high rate of heat extraction from the bed, which are requirements both to be 
fulfilled with adequately high values of A. As shown in Figure 3, use of fine catalyst 
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particles, fluidized at large U/U^f can assure sufficiently large heat transfer 
coefficients to reduce the exchange surface to an acceptable value and, at the same 
time, to assure throughputs required for intensive processes. In some of these, 
powders less than 1 00 ii are used, which further enhances thermal bed properties as 
far as external heat transfer and gas/solid contact between bubble and particulate 
phases arc concerned. As suggested (24), this might be the result of switching flow 
properties from plain bubbling to turbulent bed behavior. Temperature differences 
(Tg-Tp) for such small particles are ncgliblc. 

e) Quenching processes 

Although recognized for a long time (38) the possibility of using fluid 
beds of inert solids as quenchers has not so far received much attention. One 
application is related to the production of acetylene from sooty flames of 
hydrocarbons and oxygen discharged into the beds at tcinperatiirc of 1300-1 500”C. 

The interesting feature of this class of processes is that the relevant heat 
transfer step is all confined to the jet zone. 

5. Conclusions 

Considerations above show that heat transfer steps in fluidized bed 
chemical reactors arc usually associated with other process steps involving reaction or 
mass exchange. 

Flame quenching is of course an application of fluidization to chemical 
reaction engineering in which, for a given burner performance, the process is entirely 
controlled by a heat transfer step. In other applications, factors limiting process 
productivity are related to reactivity and/or to mass transfer, while, according to the 
case, one or other of the intervening heat transfer steps might become controlling. 
This in the sense that reactor design has to take into account the thermal resistances 
arising in that step. 

For instance, choice of bed height and of combination between flow 
rate and temperature of inlet gas stream in adiabatic cndothermal processes is 
directed to face resistance to heat transfer between the bubble and particulate 
phases, the only relevant ones in cases of low solid reactivity. Similar reasoning 
applies to the need for the bed height to locate heat transfer surfaces in exothermal, 
solid consuming process, whose output depends on how large a gas flow rate can be 
p^sed through the bed with efficient mass exchange between the particulate- and the 
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bubble-phase. Also in catalytic processes, which usually operate under conditions for 
mixed chemical and mass exchange regimes, particle size and size distribution inlet 
gas temperature, size and distribution of heat transfer surfaces in the bed arc de- 
signed to achieve the high rates of external heat transfer retjuired to obtain the nec- 
essary close control of bed temperature. 

It appears that from one process to the other needs can change greatly, 
the only feature constantly assumed being the uniformity of solids temperature and 
composition throughout the bed. Then, based on process peculiarities, design 
features are changed according to whether it is exchange between solids and gas in 
the particulate phase, or between the bubble and particulate-phase, or between the 
bed and inside heat transfer surfaces which has relevance, always in the favorable 
situation of a low pressure drop through the bed, whatever the gas flow rate and the 
particle size. This flexibility is perhaps among the most interesting characteristics of 
fluidization as an unit operation. 
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NOMENCLATURE 

area of heat transfer surface per unit volume of particulate phase ni^/m'* 
surface area of solid-gas interface per unit volume of particulate phase, 
m^/m^ 

reactant concentration, kgniole/ni^ 

specific hear of the fluid. kcal/Kg'*C 

specific heat of solids, kcal/Kg°C 

diameter of sphere having the bubble volume, m 

particle diameter, m 

fraction of heat transfer surface occupied by bubbles 
acceleration of gravity, m/hr^ 
bed height, m 

bed height at the minimum velocity for fluidization, m 
heat transfer coefficient, kcal/m^hr^C 
heat transfer coefficient relative to a bubble, kcal/in^ hr'^C 
heat transfer coefficient relative to a particle, kcal/nr hr'^C 
reaction velocity constant, 1/sec 

effective thermal conductivity of an aggregate of solid particles, 
kcal/rnm hr°C 

thermal conductivity of the gas phase, kcal/m hr^’C 

Mass transfer coefficient between particulate and bubble-phase, m/hr 

thermal conductivity of solids, kcal/m hr°C 

mass transfer coefficient between the fluid and the particle, m/hr 

dimensional parameter, hr/iif" 

number of bubbles per unit volume of bed, 1/nr^ 

heat evolved per unit volume of particulate phase and unit time, kcal/lir 
m 

instantaneous value of heat flux, kcal/hr 

rate of heat exchange from a bubble, kcal/hr^’C 

reaction rate, Kgmole/m^h 

thermal resistance, ni^ hr°C7kcal 

bubble surface, ni^ 

temperature, °C 
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time, hr 
mean time, hr 
gas velocity, m/hr 
bubble rising velocity, m/hr 
minimum gas velocity for fluidization, m/hr 
bubble volume, m^ 
vertical coordinate, m 

Greek symbols 

e‘ voidage fraction of the. bed 

voidage fraction at U„j(- 

Pjj bulk density of an aggregate of particles, Kg/m^ 

f)^ density of the gas phase, Kg/ni^ 

Subscripts 

13 relative to the bulk properties of an aggregate 

b within the bubble 

e at the heat transfer surface 

i instantaneous 

j relative to a jet 

H at the bed outlet 

p within the particulate phase 

s at the surface of the solid particle 

at the inlet of the bed 


•'m 

U 

Ub 

Umf 

Vb 

y 


o 
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Fig. 1. (Bottcrill and Williams, ref. 11) • = Supcrfitial air velocity 0.228 fi/s; ' = .Superficial air vdotiiy 0.315 
ft/s; X ' Superficial air velocity 0.378 fi/s; comparison iif the practical data foi tlie stirred, ait fluidi/.ed beds 
with tlieiiretical prediciions. 
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Fig. 2. (CiL'lpcriii jnd Einsicin, ref. 12) Comparison of equation (.1) wiili uspcrimeivcal results. Horizniitul lubes 
(Gelpcrin ct al.); 1 * quart? sand (d^ = 0.2(i J iiini) air, single tube, = 20 mm; 2 A quan/ sand, middle tube of 
horizontal row, sj, = 40 mm, Dj^ = 20 mm; 2a, 3b, curves calculated for mean and local voidage fractions. 
Vertical tubes (Gelpcrin et aL); 3 quartz .sand (d^, = 0.352 mm) air, single tube, = 20 mm; 4 quartz sand, 
= 20 mm, tube bundle, sj^ - 40 mm; distance of tube from center line, • r = 0 mm; i r = 80 mm; or- 160 
mni. Outer cylindrical wall (Mas.similla ei al.); 5 Glass spheres (d - 0.7 mm) air; I) = 90 mni. = tube diameter; 
S|^ - pitch of tube Iniiidles. 
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Fig. 3. (Gcipcrin and Einstein, ref. 12) Influence of air velocity and solid particle dimensions on heat transfer 
from sphere 20 mm diameter (Variggiii 1059). I*) ferrosilicon , d^ = 0.082 mm; 2) hematite, d^. = 0.173 mm; 3) 
carborundum, d^ « 0.137 mm; 4) quartz .sand, d^, = 0.140 mm; 5) quartz sand, d^ = 0.198 mm; 6) quartz sand, 
d^ ^ 0.216 mm; 7) quartz sand, d^ = 0.428 mm; 8) quartz sand, d^ - 0.515 mm; 9) quartz sand, d^ = 0.65 mm; 
10) quartz sand, d^, - 1.1 1 mm; 11 ) glass spheres, d^ = 1.16 mm, 
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Fig. 4. (Gcipcrin and Hinsiein, ref. 12) IntL'rphasc heat transfer in various fluid-particle systems a) in gas/solUl 
suspension and fixed bed; bj at transition of fixed bed to fluidised state. X Particles of alumina, d^ = 0.09 mm; o 
glas.s spheres, d^, = 0. 1 .32 mm ; ^ glas.s spheres, d^. = 0.444 mm ; ■ glass spheres, d^. = ] .1 0 mm. 
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Fig. 5. Fluid bed model .showing lempcra cures and concentrations. 



Chapter 16 


DESIGN OF COOLER CONDENSERS 
AND EVAPORATIVE COOLERS 


T. Mizushina 


Simultaneous heat and mass transfer complicates the design calculations 
for cooler condensers and evaporative coolers. In addition, the non-linearity of the 
relation between saturated vapor pressure and temperature causes further difficulty 
in the calculation process. 

The author and his group have developed design methods for such heat 
exchangers, which will be described briefly in the following. The details arc 
presented in the original papers. 

1. Driving force. 

In the case of simultaneous heat and mass transfer in an air-water 
vapour system, F. Merkel (1925) proposed to use the difference of enthalpy of air as 
a driving force. 


G — 
B dA 
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JL 
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(i - i. ) 

n I 


( 1 ) 


i = C t + X H (2) 

B O 

This combination of two different driving forces is due to “Lewis’ law” 
which is valid for dilute mixtures of air-water vapor. However, “Lewis’ law” is not 
applicable to other cases. Mizushina and Kotoo [1 ] proposed the use of a “modified 


(*) Dept, of Chemical Engineering, Kyoto University, Kyoto, Japan 
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enthalpy driving force” in the design of cooler condensers for general gaseous 
mixtures . The modified enthalpy was defined as 

i' = aC t + \ H (3) 

B O 

and the transfer equation is written as 


r iii 

dA 
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(U) 


In a dilute gas mixture the value of oc is calculated by the following equation. 

a = C (Sc/Pr) 


(5) 


This relation was obtained from the equation of analogy |2J between momentum 
transfer and heat or mass transfer, 


, 1 + (Sc -1) 6.3 Vf/Sc°-^ 

8 1 + (Pr - 1) 6.3 


0 ^ 

(Sc/Pr) 

s 


( 6 ) 


and confirmed experimentally with a wet and dry bulb hygrometer by Mizushina 
and Nakajima [3] . 


2. Design of Cooler Condensers. 

The graphical method proposed in the above mentioned paper 
[1 ] enables us not only to calculate the surface area of a cooler condenser but also 
to trace the change of gas condition in the apparatus. 

However, this deals only with dilute mixtures, and should be modified 
for concentrated mixtures. Mizushina et al. [4, 5] revised the above mentioned 
method and proposed a graphical method which is applicable to practical design* 

For concentrated mixtures, the ratio of the heat and mass transfer 
coefficients is expressed as 

^ <T> 

where 

PflM /^\ 

P, - p. I Pr / 


a s 


( 8 ) 
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h = j C C / (Pr) 


>/2 


(9) 


The enthalpy balance is 

- - hV - V> 

I 

where i’ is the “modified enthalpy” and is defined as 


i' = aCt + \H 
P n P OP 


Therefore 
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To take account of the change of gas velocity due to the condensation 
of vapor, the author derived the following equation, 


C ^C, 


where 


and 


n 


/J = (1 + H ) 


n = for the flow across tube banks 
n = 0.2 for the flow inside tubes 
Substituting equation (12) into equation (11), one obtains 
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A heat balance yields the slope of the operating line as 

dtj = G„ 


( 12 ) 
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The slope of the path line of the gas-vapor mixture is 


di 

B 

dt 


and the slope of the tic line is 
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(18) 


by 


The difference between the enthalpy and the modified enthalpy is given 


i'-i = (a-i)Ct 

B ? 8 


(19) 


Design procedure 

(1) Assuming that the mixture is saturated at die exit, calculate the 
values of j3 at the inlet and exit. 

(2) Taking as a first approximation 0 . = 1 , i.c. hg/kg' = C', , construct 

tie lines of slope -/JlioCg/h^ through the points A and Z on the operating line and 
locate A'"(tj/^''\ iiA ”) hz” ) saturation curve as shown in 


fig. 1. 

(3) Calculate the values of a^^^'and by equation (8) using values 

of Pja'” Pjz'" which correspond to tjA'” and tjz'" respectively. 

(4) Take the arithmetic mean value of Ofy^'"and for ct. Usually, 

the value of a is less than one. 

(5) Using the value of a obtained, follow the usual procedure of 
graphical calculation. 

The error in calculating the heat transfer surface area was within 
±10% in comparison with the experimental value. In addition, the calculation was 
in good agreement with experiment in tracing the gas temperature in the 
experimental apparatus, as shown in Fig. 2. 


3. Calculation for designing cooler condensers with a computer. 

In calculation with a computer, the following Colburn-Hougcn type 
equation of heat balance is easier to use than an equation of modified enthalpy 
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driving force such as equation (10). 
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The total area of the heat transfer surface is calculated by 

A = EAA = E -■ . 

h^(t.- tj) 

and the change of condition of tlic gas-vapor mixture by 
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( 21 )* 


( 22 ) 


(23)* 


The flow charts for the stepwise calculation program are shown in Fig. 
3, 4 and 5. The process of calculation is as follows. 

(1) Calculate the heat transfer coefficienl^^g and mass transfer cocfTi- 
cient k,„ at the inlet for the ga.s-vapor mixture. This process corresponds to 
“CALCULATION OF INITIAL CONDITION” and “CALL SUB I” in flow chart. 

(2) Taking into account that p; is the saturated vapor pressure as tj, 
determine the values of tj and pj by substituting the values of h^and k,,, into 
equation (20). This process corresponds to “CALL SUB 11” in flow chart. 

(3) Choosing the proper increment of temperature of gas vapor 
mixture At^ , calculate t^ and Pg at the following step equation (23). This 
calculation corresponds to “CALCULATION OF MIXED GAS CONDITION” in 
flow chart. 

(4) if pg is larger than the saturated vapor pressure p^ at tg, 

put pg = Ps- 

(5) Add the value of the heat transfer area AA required for an 


(*) In the case of a gas system (3), the power to the Prandd and Schmidt moduli is 1/2 rather than 2/3. 
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increment to A, using equation (22). 

(6) Calculate the value of the enthalpy change of the gas-vapor 
mixture in an increment of temperature, AQ, and calculate the cooling water 
temperature tg from the heat balance by using the value of AQ. 

(7) If tg is larger than tg^, repeat the procedure (1) =« (6). if not, 
proceed as follows. 

(8) Calculate £ A A at the exit gas temperature tg^- The required area 
of heat transfer is given by £AA. 

Though the error in calculating the heat transfer surface area was the 
same as for the graphical method mentioned above, the agreement between 
calculation and experiment in tracing the gas temperature change in the apparatus 
was not as good as with the graphical method. 

4. Simplified calculation for designing cooler condensers. 

Though calculation with a computer makes the design process easier, a 
quick design method is desirable. 

Mizushina et al. proposed a ‘Three points method” [6], a simplified 
calculation which takes a short time to perform and gives fairly accurate results. 
In addition, this method can be applied to gas-multicomponent vapor systems. 

The procedure used for the calculation is as follows. 

(1) The gas rate, the vapor concentration and the gas temperature at 
the inlet, the niole-pcrcentagc of vapor to be condensed and the temperature of the 
cooling water available may be given, 

(2) Assuming that the outlet gas mixture is in equilibrium with liquid 
of the concentration of the vapor component ratio in the inlet gas mixture, and 
calculating tlie total vapor pressure there from the values in (1), the temperature 
and the partial pressure of each vapor component arc determined. Since this is not 
the actual case, the values thus determined may be erroneous. However, this docs 
not cause any serious error in the final results for the heat transfer surface area. 

(3) From the total heat balance, the total heat transferred, the rate and 
the outlet temperature of the cooling water are determined. In this balance, the 
temperature of the condensate is assumed to go down to chat of cooling water for 
the sake of conservative calculation. 

(4) A fictitious middle point is assumed where the gas temperature, the 
race of each component of vapor, and the cooling water temperature are the 
arithmetic mean of those at the gas inlet and outlet. 
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(5) The heat balance of Coiburn-Hougcn type as shown below, are 
applied to the three points, viz. inlet, middle and outlet, to calculate the 
temperatures at the interface between condensate film and gas at those points. 


ho (t.- tj) 


h (t - t. ) + X k In 

K g 1 in ni 


Pt- ^ 
p» - 


(2li) 


where Sp means the sum of partial pressures of vapor components. 

The average value of the combined conductance Iiq can be calculated 
from the heat-transfer coefficient of cooling water and the condensation coefficient 
computed from Nusselt’s equation. This average value is used for all three points. 

The gas film coefficient of heat transfer, and that of mass 
transfer, are calculated from the following equations: 
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In these equations the average values of Pr and Sc are used for all the three points. 

(6) As shown in Fig. 6 the relation of At = tj - tj^ and Q is assumed to 
be represented by two straight lines - the dotted lines - between the inlet and the 
middle point and between the middle and the outlet point respectively, though the 
actual temperature difference is supposed to follow the solid line curve. Hence, the 
heat-transfer surface area can be calculated by 
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(25) 


On the other hand, on the assumption that the curve of 1/At vs. Q is 
parabolic, Simpson’s method was applied to calculate the surface area, but the error 
was larger than that obtained using equation (25). 

Since the solid line in Fig. 6 is always convex in the upper direction, the 
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calculated results should be conservative. Comparison of the calculated results for 
the heat transfer area and the experimental values shows that the error of calculation 
for air-water, air-benzene, air- toluene, air-methanol and air-chloroform mixtures is 
within +13% and “6%, that the error of calculation for air-methanol-water, 
air-metlianol-benzene, and air-benzene-water mixtures is within +21 %' and -4%, 
and^ that the error of calculation for air-acetonc-mcthanol-watcr mixture is 
within +20%^ and +5%.. 

5. Design of multi-pass cooler condensers. 

The methods mentioned above arc applicable only to single-pass type 
heat exchangers. Attempts to apply the methods to the design of multi-pass cooler 
condensers were so complicated as to be useless. 

Mizushina et al. |71 presented two simplified methods and one 
step-wise method for designing multi-pass cooler condensers, and compared these 
three methods with each other and with the experimental results. The conclusion is 
the simplest method is useful, and the calculation error is not too large for design 
purposes. Therefore, only this simplest method will be described here, as follows. 

(1) Assume that the temperature of the cooling water is constant at the 
arithmetic mean of its inlet and outlet temperatures. 

(2) Then apply the “Three points method” mentioned above. 

The maximum error in the calculation of the heat traJisfer surface area 
is "6.1% compared with the step-wise method and +19.0% compared with the 
actual area used in experiments with Air-H20. Air-CCl 4 , Air and Air-C,, H,, 

systems. 

6. Cooler condensers with finned tubes. 

Finned tubes arc often used in gas coolers or heaters, and a factor for 
fin efficiency is introduced in designing them. Though finned tubes arc used 
sometimes in cooler condensers, a design method has not been established for them, 
because the fin efficiency in this case is different from that for transferring only 
sensible heat. 

Owing to the additional transfer of latent heat, the fin efficiency in a 
cooler condenser is much smaller than that in an ordinary sensible heat exchanger 
and varies from the inlet to the exit of the exchanger. 

Mizushina ec al. [8] defined fin efficiency in cooler condensers and 
presented a design method for cooler condensers with finned tubes. 
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The fin efficiency is defined as the ratio between the actual heat in 
through the fin, and the heat in on the assumption that the whole surface of the fin 
is at the temperature of the tube surface at the root of fin. Because of the nonlinear 
relation between saturated vapor pressure and temperature, accurate calculation is 
quite complicated and should be conducted with a computer. To simplify the 
calculation, the relationship between vapor pressure and temperature was assumed 
to be linear in the range between the temperature of the gas mixture and of the root 
of a fin at a cross-section. Though the values of fin efficiency calculated by the 
accurate and simplified methods are different from each other, as shown in Fig. 7, 
the results for the calculation of heat transfer are not different, and were confirmed 
to be within the accuracy of practical use by comparing them with the experimental 
value (the calculation error is within ±10%). Accordingly, the simplification 
mentioned above is valid and practical for design purposes. 

Further simplification of the calculation is achieved by adopting the 
“Three points method’*. Namely, the temperature of the inside surface of the tube is 
calculated at the gas inlet and outlet and a fictitious middle point using the 
following equation, in which the thermal resistance of tube wall is neglected. 


h' t^){ (A “ A^)} = tg) Aj (26) 


where Af, A,, and Af are the area of fin, total outside and inside surface 
respectively, andh*. is an apparent heat transfer coefficient on the surface of 
fin calculated from 


h' 


1 


1 

h + k a 



(27) 


where a is the inclination of tlic linear equation for vapor pressure and temperature 
assumed at these points as shown in Fig. 8, and calculated by 


a 



( 20 ) 


J2is calculated making use of the apparent heat transfer coefficient h' and charts, 
such as those of Gardner, used for calculations on ordinary finned-tube exchangers. 
Then, one can calculate the heat transfer surface area as described in Section 4, 
using lit and ((^“tK) at the three points. The calculation accuracy of this, the 
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simplest method, is a little worse than that of the more accurate method described 
above, but is still good enough for practical use. (The error is within ±1 5%). 

7. Design of evaporative coolers 

In evaporative coolers, water is circulated and sprayed on the outside 
surface of the tube bundle while air is blown from the bottom, and the process fluid 
inside the tube is cooled by utilizing the latent heat of evaporation. Heat is 
transferred from the process fluid to the water spray from which sensible and latent 
heats are transferred to the air stream. 

Thus, the heat transfer mechanism involves heat transfer between three 
kinds of fluids and is complicated. In addition the temperature of the circulating 
water varies in the apparatus as shown in Fig. 9. 

Mizushina et al. 19,10,11 ,1 2,1 3] proposed a design method, and 
presented the correlating equations for three transfer coefficients between the 
process fluid and the inside wall of the cooling tube, the outside wall of the cooling 
tube and circulating water, and between circulating water and blowing air, which are 
measured experimentally. Since the range of operating condition is limited 
automatically from the heat balance between the three fluids when the condition of 
one fluid is fixed, it is necessary to determine the condition of each fluid at the inlet 
and exit of the apparatus as a first step. Then the heat transfer surface area can be 
calculated. 

Mizushina ct al. developed a design procedure and compared the results 
of their calculation with the experimental results. Both analytical solution and 
numerical calculation of the basic differential equation to obtain the heat transfer 
area gave results which were accurate enouth for practical design. (The error is 
mostly within ±10%, the worst case being ±20%. 

In addition, a simple equation to calculate cooling surface area was 
derived from the assumption that the temperature of the circulating water was 
constant throughout the apparatus. 



The calculation result is again accurate enough (the error being generally within 
±10%), and this simple method may be recommended for practical use. 
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NOMENCLATURE 


A 

area of transfer surface 


Af 

area of fin surface 

m^ 

At 

total area of finned surface 

m^ 

c: 

specific heat 

kcal/kg°C 

^'s 

humid heat 

kcal/kg of dry g.'is°C 

f 

friction factor 

— 

(•B 

flow rate of non-condensable gas 

kg of dry gas/ hr 

G' 

mass velocity of gas vapor mixture 

kg/m ^ hr 

H 

humidity 

kg/ kg of dry gas 

h 

heat transfer coefficient 

kciil/m^hr°C 

1/ 

apparent coefficient of heat transfer 

kcal/in^ hr°C 

hb 

fictitious coefficient of heat transfer when 

kg/m^hr 


only non-condensable gas flows 

kcal/m^hr®C 

^»o 

combined conductance other than the gas film kcal/m^ hr^C 

*'v 

heat transfer coefficient of condensation 

kcal/ni^hr°C 

i 

enthalpy of gas vapor mixture 

kcal/kg of dry gas 

• f 
\ 

modified enthalpy of gas vapor mixture 

kcal/kg of dry gas 

j 

j factor in heat and mass transfer 

— 


mass transfer coefficient 

kg/m^ lir(kg/kg of dry gas) 


mass transfer coefficient 

kg/rn^ hr mrn 

^rii 

mass transfer coefficient 

kg-rnolc/m^ hr 


overall coefficient of mass transfer 

kg/m^ hr(kg/kg of dry gas) 

L 

flow rate of cooling water 

kg/ hr 

Lf 

flow rate of process fluid 

kg/hr 

P 

partial vapor pressure 

minHg 

Pt 

total pressure in condenser 

mmHg 

Pw 

saturated vapor pressure at t^ 

ininHg 

Pbm 

average partial pressure of non-condcnsable 

gas in gas film mmHg 

Q 

total heat to be transferred 

kcal/hr 

t 

temperature 

"C 

a 

constant defined by equations (5) and (8) 

— 


variable defined by equation (13) 

— 

X 

latent heat of vaporization 

kcal/kg 
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latent heat of vaporization 

kcul/kg-mule 

^0 

latent heat of vaporization at 0°C 

kcal/kg 


fin efficiency 


Pr 

Prandtl number 


Sc 

Schmidt number 


Subscripts 

B 

non-condeiisable gas 


c 

circulating water 


f 

process fluid 


g 

gas vapor mixture or gas Rim 


i 

interface 


c 

cooling water 


W 

tube wall 


1 

gas inlet 


2 

gas outlet 
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Fig» 1. Enthalpy and modified enthalpy-temperature chart 
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Fig. 2. 
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MAIN PROGRAM 



Fig. 3. Flow chart of stepwise calculation program fur cooler condenser 
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SUBROUTINE SUB -I 



Fig. 4. Subroutine of calculation 
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SUBROUTINE SUB- II 


♦ 



Fig. 5. Subroutine of culcuUtion 
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Fig. 7. Comparison of simplified method (M-l) and aecuraic method (M-2) 


Fin efficiency [-] 
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Fig. 8, Assumption of lineality of relation between p and t 



440 T. Mizushina 



Fig. 9. An example of temperature distribution of circulating water 




Chapter 17 


SOME RECENT DEVELOPMENTS IN AUGMENTED 
HEAT EXCHANGE ELEMENTS 

T.C. Carnavos (*) 

Introduction 

In recent years, the need to augment or intensify heat transfer has had 
engineers urgently searching for new methods and techniques. Motivation has not 
only come from economic pressures but also from the developing technology 
requiring more efficient equipment smaller in size and weight. 

The heat transfer design engineer has always been receptive to methods 
which improve heat transfer coefficients. It is only recently that comprehensive 
experiments have been performed and reported which more clearly defines the 
conditions an augmentative technique will improve heat transfer. These techniques 
may be broadly classed as follows; 

(1} Augnientive stimulation is continuously supplied. 

(2) Turbulence promotion. 

(3) Extended heat transfer surfaces. 

(4) Enhanced heat transfer surfaces. 

Typical examples of (1) are fluid additives, electrostatic fields, and surface or fluid 
vibrations. Some examples of (2) are coiled wires, inlet vortex generators, twisted 
tapes, displaced promoters, and spirally grooved tubes. Category (3) houses the large 
and well established family of finned surfaces. Tubes with externally finned surfaces 
are the most commonly used. The use of internally finned tubes is not unknown in 
the art but not commonly used. Interest in this type of surface has increased in 
recent years. Enhanced heat transfer surfaces are a relatively new class of surfaces 
that yield heat transfer coefficients that are several orders of magnitude greater than 

(*) Noranda Metal Industries, Inc. Newton, Connecticut 06470 U.S.A. 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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conventional surfaces. These gains are usually brought about by permanent surface 
treatment. Some examples of (4) are applied hydrophobic coatings for condensing, 
applied porous coatings for boiling, and textured or formed surfaces for both 
condensing and boiling. 

The absolute classification of an augmentation technicjue is not possible 
since generally it can be beneficial for several modes of heat transfer. Externally 
finned tubes are a good example wherein they have been used to good advantage in 
natural and forced convection, pool and forced convection boiling, and condensing 
applications. The use of any augmentation technique will heavily depend on the 
economics of a particular situation with the final decision being made on the basis of 
total minimum cost comprised of operating and first costs. Many published studies 
provide the data necessary for the design engineer to establish the impact on 
operating costs. Such studies cannot provide data to assess the impact on first costs 
since each situation is unique and such information must come from the equipment 
manufacturer. 

This presentation reports on the performance of four augmented heat 
exchange elements chat arc receiving increased attention and have reached the stage 
of commercial use. They fall into the general classifications of (2), (3) and (4) ns 
defined above. Much of the data are recent and not previously available in the open 
literature. Some of the data have been reported upon in the open literature at 
various times but may not be broadly known and are presented here for the sake of 
completeness. 

(A) Fluted Surfaces 

The first reported use of fluted enhanced surfaces was by Gregorig 1 1 1 
who showed by calculation and experiment that fluting the outside surface of a 
vertical tube in a steam condensing application gave heat transfer coefficients 
between 10,000 and 20,000 BTU/hr. ft.^ °F. Condensation was in a film wise 
manner yet coefficients ware produced in the dropwisc range. Diedrich and Lotz [ 2 J , 
using the basic ideas of Gregorig, developed a tube fluted on both sides for Vertical 
Tube Evaporators in desalination applications. A final tube configuration developed 
is shown in Figure A-1 and differs from Gregorig’s tune in the number of flutes per 
unit of circumference and their shape. Gregorig's tube had a higher flute density and 
were more sinusoidal in shape. 

The principle of operation for the double fluted tube is pictorially 
shown in Figure A-2. The condensate film is subjected to surface tension forces 
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acting to drain it from the crests into the grooves. This results in the major portion 
of the flute having a very thin film of condensate, which greatly reduces the 
resistance to heat flow through the crest area. Tlie condensate in the grooves is 
channeled off by gravity with the heat flow through this area somewhat less. The 
falling film of feed on the boiling side also tends to drain into the grooves. Boiling 
takes place in the thin film on the crests as well as in grooves. The crests arc kept 
constantly wet by the splash from the boiling action in the grooves. The generated 
vapor is preferably exited out the bottom of the tube. The flutes perform a 
secondary but very important function in organizing and controlling the falling film 
to assure a uniform distribution down the tube length. 

Condensing and boiling heat transfer performance for double fluted 
tubes was reported by Carnavos [3]. Typical condensing performance Ls shown in 
Figure A-3 left side. Data by Lustenader and Staub |4| are shown on the right hand 
side for a smaller diameter fluted tube. The filmwise coefficient, based on total 
outside surface, for fluted tubes are 4-1/2 to 7 times greater than obtained for a 
comparable smooth tube at a given heat flux and are within the accepted range of 
dropwise condensation. 

The novelty of the double fluted tube is that it provides enhancement 
both sides. Typical falling film boiling coefficients for sea water feed are shown in 
Figure A-4 and are compared to smooth surface data of Young and Hummel [51 . 
At a typical operating heat flux of 40,000 BTU/hr. ft.^ a three-fold increase in 
coefficient was realized. 

Chia |6| has recently reported the overall performance for seven 
configurations of 2"0.D. XlOft. long double fluted tubes. Also tested under 
identical conditions was a smooth tube. Chia reports overall heat transfer 
coefficients, based on nominal or rubber band outside surface area, that are 
consistently a factor of 2.4 times higher than smooth tube for the best configuration 
tested. Double fluted tubes of this type typically have from 1.25 to 1.35 more 
outside surface than a smooth tube of equal diameter. Taking a 1.35 surface 
correction, the enhancement factor is about 1.8 which would be consistent with the 
individual condensing and boiling coefficients previously mentioned factoring in 
tube wall resistance. 

Double fluted tubes have potential use as feed preheaters and 
condensers in VTE desalting plants as well as vertical tube condensers for other 
applications. Overall heat transfer coefficients were reported by Carnavos [7] and 
shown in Figure A-5 for this type tube operated with a spray film tubeside. Overall 
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coefficients of 1200 to 1400 BTU/hr. ft.^ based on total outside surface were 
realized dependent upon the tube material and is typical of the effect metal 
resistance can have on enhanced tubes. More recently Eissenberg [8] reported data 
for a l" O.D. tube operated with a flooded tube side. Figure A-6 shows the tube 
configuration tested with Figures A-7 and A-8 detailing the heat transfer and 
pressure loss performance obtained all based on rubber band diameters and areas. 
The convective constant Cj, defined by the Colburn type equation: 

Nu = C. R P 

had a value (0.0312) higher than for a smooth tube (0.023-0.027) by slightly more 
than the amount expected for the developed area produced by the flutes. The 
estimated developed area ratio is 1.13. The friction factor curve lies about 25% 
above the conventional smooth tube line, which reflects the loss in flow area 
due to fluting, since the friction factor was defined based on the nominal inside 
diameter. The overall coefficient of 1350 BTU/hr. ft.^ at 5.25 ft. /sec. tube side 
velocity is almost double that for a vertical smooth tube. The experimentor noted 
the grooves of the flutes were almost completely filled at the higher heat flux 
(31,000 BTU/hr. ft.2)runs. 

(B) Spirally Grooved Surfaces 

The heat transfer performance of spirally grooved surfaces arc of 
interest due to the high coefficients that can be obtained, both sides, by means of 
this enhanced surface configuration. An increase in pressure drop will naturally 
occur in forced convection sensible heat transfer since the augmentation mechanism 
is turbulence promotion. The high tubeside pressure drop for these tubes do not 
negate high utilization in applications where this is not a limiting condition but 
compactness and weight are primary considerations. A typical spirally grooved tube 
configuration is shown in Figure B-1. 

Palcn, Cham, and Taborek fl J have reported on the performance of a 
spirally grooved tube configuration in a baffled shell ajid tube condenser. An 
identical bundle constructed with smooth tubes of the same diameter was also tested 
for comparison. Figure B-2 shows the spirally grooved tube bundle tested while 
Table B-1 details tube and bundle geometry as well as the range of experimental 
conditions. Figures B-3 and B-4 present the overall heat transfer coefficient obtained 
c6rrected for tube wall resistance as functions of the tubeside flow rate and 
condensate rate respectively. Within the range tested, this spirally grooved tube 
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exhibited an overall enhancement factor of somewhat over 2 and was relatively 
insensitive to the condensate loading or temperature difference at constant tubeside 
flow rate. The increase in overall heat transfer coefficient with an increase in 
tubeside flow rate indicates the tubeside heat transfer resistance is a significant 
portion of the total resistance. Figure B-5 presents condensing film coefficients as a 
function of total condensate rate. These data are derived from Wilson plot analysis 
of the test results and cannot be given the high level of confidence of the directly 
acquired data due to assumptions that must be made. Within this framework, certain 
trends can be ascertained. The effect on the condensing coefficient of shcllsidc 
pressure over the range of 55 to 105 psig and condensate loading is small. The 
condensing coefficient was enhanced by a factor of slightly over 2 as was the overall 
coefficient for this spirally grooved tube. The experimentors report no statistically 
significant increase in shell side pressure drop over the plain tubes for this particular 
baffle arrangement. They concluded the increased condensing coefficient for this 
spirally grooved tube was probably due to better film drainage and/or promotion of 
turbulence in the otherwise laminar condensate film. Special surface treatments and 
tests preclude the possibility that dropwisc condensation was occurring. A more 
general conclusion was reached, within the accuracy of the Wilson plot technique, 
that this particular configuration increases both tubeside and shcllside coefficients 
by about a factor of 2 as compared to a smooth tube under equal flow conditions. 

it was not possible to obtain meaningful tubeside pressure drop 
measurements since tube length was small and entrance and exit effects obscured 
frictional losses. Separate measurements were made and the results arc presented in 
Figure B-6. It is quite evident the conversion of pressure drop to heat transfer is 
inefficient for this spirally grooved tube relative to a smooth tube. However, if 
pressure loss is not the omitting design condition, much higher heat transfer rates are 
obtainable from these tubes at a given flow rate. 

Blumenkrantz and Taborek f2| have reported on the heat transfer and 
pressure loss performance of spirally grooved tubes in the turbulent regime. A wide 
range of configurations were tested and Table B-2 presents the dimensional 
characteristics of the tubes that will be reported on here. Water or air were used as 
test fluids circulating inside the spirally grooved tube, while the service fluids, 
condensing steam or cooling water, were circulated in an external annulus. The 
system was operated as an open loop when air was used. Tubes were tested ranging 
from 3/8" to 1" outside diameters, including a smooth tube for compariosn, with 
the tube length kept constant at 8 ft. 
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The cxpcrimencers have reported their results in a most complete 
manner in the reference. The design engineer is most interested in the comparison of 
the tube performance in terms of heat transfer rate versus pressure drop for a 
rational selection of the most suitable configuration. Figure B-7 presents UA as a 
function of pressure loss. Several observations were made as follows: 

(1) UA increases approximately with the 1/3 power of the pressure loss. 

(2) The pressure loss required to transfer the same amount of heat 
increases as the tube diameter decreases. 

(3) Tube 21 was basically the outstanding performer and, in its 
diameter class, had the shallowest groove depth and coarsest pitch. 

This suggests the tight pitched and deep grooved tubes obtain their enhancement 
from the smaller free stream cross-section and increased core velocity at the cost of 
pressure loss. The fluid in the deep and narrow grooves is almost stagnant reducing 
considerably the ability of this portion of the tube surface to transfer heat. 

In the cases where the service fluid was condensing steam, Wilson plot 
analysis of the data was performed to separate liquid-side and steam-side 
contributions to heat transfer. The results of this investigation were consistent with 
those obtained in Reference [ 1] this section. The groove valleys contribute in casing 
the drainage of condensate, thereby decreasing the film resistance at the top and, 
may, at lower condensate loadings, induce film turbulence. The mechanism is 
analogous to that set forth in Section A for fluted surfaces operating in the 
condensing mode. 

(C} Porous Surfaces 

Much effort has been expended in developing surfaces that will enhance 
nucleate boiling heat transfer. Generally accepted theory is that nucleate boiling 
requires the presence of microscopic vapor nuclei in the form of bubbles entrapped 
on the heat transfer surface. Surface tension at the vapor-liquid interface of the 
bubbles exerts a pressure above ambient on the vapor. This additional pressure 
requires the liquid to be superheated in order for the bubbles to exist or grow. On 
conventional surfaces the starting vapor nuclei contained within surface pits or 
scratches are quite small and require substantial superheat to grow. Surfaces that arc 
artificially roughened, scored, cross-knurked, etc., have been developed to improve 
performance over smooth surfaces. 

A novel surface has been developed that increases boiling heat transfer 
coefficients significantly, extends the nucleate boiling range to very low temperature 
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differences and delays the onset of vapor binding. The surface consists of a porous 
metallic matrix which is bonded to the outer or inner diameter of a tube. Figure C-1 
shows such a tube. This surface appears as a roughened finish, is on the order of .01 
to.02 inches thick, and has a void fraction of 50 to 65%. Figure C-2 pictorially 
represents the principle of operation. The porous surface is able to substantially 
reduce the superheat required to generate vapor by stably entrapping a high density 
of relatively large vapor nuclei in the sites or cavities. The entrances to the sites are 
restricted which prevents them from being flooded out but many are interconnected 
so that active ones arc continuously supplied with new liquid. A second temperature 
difference exists across the liquid film between the wall and vapor. This temperature 
difference can be made small if the liquid film is thin and the total area of the film 
per unit of superficial surface is large. The high density of active nuclei fulfills these 
conditions. Figure C-3 presents comparative boiling performance data for three 
typical organic fluids. The enhancement provided by the porous surface is quite 
remarkable. Figure C-4 presents overall performance for a Vertical Thcrinosiphon 
Reboiler condensing steam and boiling 1 5% ethylene glycol at 45 psia. The porous 
surface tube exhibited a seven-fold increase in heat flux capability over smooth tube 
at equal overall temperature differences. Figure C-5 presents long term performance 
in an cthylcne-propylcnc reboilcr-condenscr. Ethylene is condensed at 250 psig 
against propylene boiling at 6 psig. The propylene refrigeration system was of the 
reciprocating type and, at times, oil concentrations in the propylene were as high as 
9%. In spite of these conditions, performance was maintained for 2-1/2 years at 
about six times that obtainable from conventional tubing. 

(D) InCcrnally Finned Tubes 

Finned surfaces have been extensively investigated for both the sensible 
and two-phase conditions. The majority of the reported information has been 
confined to externally finned tubes and plate-fin type surfaces. Tn recent years new 
manufacturing techniques have made it possible to produce a wide variety of tubing 
with integral internal fins that may be straight or spiralled. Figure D-1 shows such a 
tube. These types of surfaces provide augmentation by the additional heat transfer 
surface and, in the case of the spiralled fins, the vortex motion produced. 

Prior work with internally finned tubes have been reported by Hilding 
and Coogan 1 1 ] testing with air, Lavin & Young [21 evaporating refrigerants, and 
more recently Bergles et al. |3] with water in the turbulent regime. In the sensible 
heat transfer tests augmentation was reported over smooth tubes in the range of 
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110% to 190% at constant pumping power. Nucleate boiling coefficients for 
refrigerant R-12 were reported to be much higher on a square foot of area basis than 
those for a plain tube. Other experimenters boiling on external finned tubes have 
noted this same effect. It was postulated the sharp corners found in each fin tube 
configuration provided conditions favorable to nucleation. Three tubes with 
approximately the same corner length per foot were correlated by a single line. A 
fourth tube with about one-third the corner length per foot fell about half-way 
between the plain tube and other data which appears to support the explanation. 

More data [4, 5J than previously reported in the open literature, are 
now available for a wider range of internally finned tube configurations with water 
in turbulent flow. Seventeen internally finned tubes, five with straight fins and 
twelve with spiral fins, were tested. A plain tube was also tested for comparison. 
Figure D-2 presents cross-sectional views of these tubes and Tabic D-1 lists 
important dimensions. Figures D-3, 4 and 5, present friction factors based on the 
equivalent diameter of each tube tested. Figure D-6 presents equations correlating 
this data for straight and spiral finned tubes within acceptable standard deviations. 
Figures D-7, 8 and 9 present heat transfer performance based on the inside tube 
diameter and nominal area. In essence, these plots indicate the effect on 
performance when replacing a smooth tube with a finned tube. Several observations 
are made as follows: 

(1) Thc performance of either a spiral or straiglit finned tube 
approaches that of a smooth tube as the Reynolds Number 
increases. 

(2) In the lower Reynolds Number range (10,000) spiral finned tunes 
were superior performers. 

(3) In the higher Reynolds Number range (100,000) both spiral and 
straight finned tubes were nearly equal in performance except the 
low spiral Tube 19 which is higher. 

Figure D-10 presents the heat transfer performance on an equivalent 
diameter and effective area basis. In order to correlate the data it was necessary to 
use an approach similar to the friction factor correlations. Figure D-11 presents equa- 
tions that correlated the data within acceptable standard deviations. Tube 19 with 50 
very low fins on a tight spiral which almost approaches a thread type roughness gave 
substantially higher Nusselt numbers than predicted by the spiral fin tube correlating 
equation and was excluded. The experimenters report their work is essentially in 
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agreement with that of Bergles et al. except for Bergles Tube 5 which also gave 
higher heat transfer performance. The Bergles Tube 5 configuration also approaches 
a thread type roughness but with a higher density of very low fins of the same height 
as Tube 19 and with a slightly tighter pitch. It should be noted the fin shape of Tube 
19 is very near triangular as were the fins of Bergles Tube 5 which may have 
influenced performance favorably. The fin shape of the other tubes tested either in 
this work or Bergles ct al. arc more nearly trapezoidal. More work should be done 
with trapezoidal and triangular shaped fins to better understand their influence on 
performance. 

Figures D-12, 13 and 14 present the heat transfer coefficient ratio at 
constant pumping power as a function of Reynolds Number which is one of many 
ways to compare performance. The best performance was exhibited by the spiral fin 
tubes with Tube I 8 in the low and Tube 19 in the high Reynolds Number range. The 
sudden increases in performance ratio for Tubes 15 and 18 coincide with the 
decrease in friction factor. Straight fin tubes gave a slightly lower performance than 
spiral fin tubes as might be expected upon inspecting the correlating equations 
which reveal the Nusselt Number increases more rapidly with spiralling than docs the 
pressure drop. None of the straight fin tubes exceeded an enhancement ration of 
1 . 6 . 

Closure 

The work to date in the art of augmentation is only the beginning. It is 
so obviously beneficial that it will only be a question of time before conventional 
tubing will be passd. Much work has yet to be done and as it gets done augmentation 
of both sides of the heat transfer surface will be more the common occurrence than 
the exception as it is today. 
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Fig. A-l. 3" Od nominal double-fluted tube configuration. 
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Fig. A-4. Fluted tube boiling heat transfer. 
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Fig. A-5. Double-fluted tube spray film condenser. 
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Fig. A-0. 1 ” Od nomiiul doiihlc-flutccl tube toiifigurati 


Vertical Tube Condenser 



A-7. Wilson plot of 1 " double-fluted condenser tube. 
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Fig. B-2. Tube bundle with spirally grooved tubes. 
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TABLE B-1 


TUBE GEOMETRY Specificalion 


Tube T ype 

Plai n SpiralJv Grooved Tube 


Tube plain end OD. in, DTO 
Wall Uiicknctt. in, i 
Number of Groove Starts, n 
Groove Depth, in, e 
Pitch Length, in, P 
Tube Material 

Thermal Conductivity Equation: 


1.0 

0.036 

0 

0 

0 


90-10 cupro- 
nickel 


kJBTU/hr ft ^F) » 25.75 ♦ 0.0I9T 

Tin *^F 


1.0 

0.038 (plain end) 
4 

0.19 

2.25 

97.5% copper 


150 



Bundc Geometry. 


a) Tube length between tubesheets (L): 3.75 ft. 

b) Number of tubes (NTT): 196 

c) Shell ID (D5): 24 in. 

d) Number of tubes in vertical row at bundle diameter (N^): 16 
c) Number of baffles (NB): 3 


Ranfe of Experimental Conditions. S hcliside (Steam) 


Steam pressure 

Condensate temperature, (saluraiion) 
Condensate flow rates 
Fraction condensed 


55 psig and 105 psig 
303 Fand 341 F 
3000 10.000 Ib/hr 
0.75 0.93 





TABLE 


Some Recent Developments in Augmented Heat Exchange Elements 463 


<ii(i](i)^e«[>ODo 


* 





ON 


ON 

m 

GD 

r- 

K 

< 

fNJ 




in 



ON 

m 

r' 

rH 

u 





m 


CN 



ON 

ON 

a: 





• 


■ 

■ 

. 



< 





iH 


iM 

(N 

c 

rH 

rH 

s: 


r- 

in 


r-H 

1-^ 


fN! 

rH 

0 


u 

c 

fM 

fN! 


O' 


0 

fM 

a 

in 




fsi 

r' 

m 

rn 

UN 

UN 

0 ^ 

r- 

CM 


l-» 


• 

- 

• 

• 

i 

• 

■ 

■ 

• 


c. 


fsi 

CM 

r-t 

rH 

I— 1 

rs: 

rH 

0 








UN 


oc 





W X 




r: 

GC 

pr 

VO 

r'. 

V 

VP 

> Fh 


oc 

0 

va 

r- 

ON 

va 

UN 

VD 

0 

C Ch 

-H 

r-< 

fN 

0 

0 

0 

rH 

rH 

0 

rH 

c u 


• 

■ 

■ 

. 

■ 

■ 

■ 

■ 

• 

O' a 


0 

C 

0 

0 

0 

0 

0 

0 

0 

c 











0: 

in 











h- 










m u. 

O' 





pn 


UN 

PN 

PO 


E c < 

D H 

TT, in 


T. C 

UN 

0 

pn 

VP 

fN 

X 

fN 

ON 

0 

VD 

D W -H 

GO 

in 

UN 

ON 

r- 

VO 

X 

rH 


rH 


in 

VO 

pn 

m 

pn 

VP 

UN 

fN 

00 

ON 

M H 

• 

• 

■ 

■ 

• 

■ 

■ 

■ 

m 

■ 


0 

0 

0 

0 

0 

0 

0 

C 5 

0 

0 


M 2; H 
S H Q 


< ■- 

0 

0 

X 

00 

w 

0 

0 

00 

0 

Z Q C 

0 

0 

N. 

\ 

N. 

0 

0 


0 

M - -iH 

S O'- 

0 

rH 

• 

in 

in 

in 

iH 

•H 

pn 

rH 


in ON o tH 


^ r* ON H rH 
1 -^ iH fvi CL 


*This is the inside heat transfer area of an R ft. long tube 


464 T. C. Carnavos 



Condensate Rate » 6 . 9 1 


Some Recent Developments in Augmented Heat Exchange Elements 465 



Jo-ziJ-aH/nia 
'luapiiiaoQ ja|sueji 
leaR iiejaAQ papajJOQ 


o 


Fig. H-3. Corrected overall heat transfer coefficient as function of tubeside flow rat 



Tubeside Flow Rate-550-io^ Ib/hr 
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Fig. B-4. Corrccced overall heal transfer cncfficicni as function of condensate rale. 







Condensing Heat Iransfer Coefficient ( Steam) 
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Fig. B-5. Derived steam condensing heat transfer coefficients. 
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Fig. B-6. Friction factor for spiral tube based on plain end inside diameter. 
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Fig. C-] . 1 'XM nominal high ilux tubing. 
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WPOR BUBBLE TRAPPED IN 
ACTIVE SITE 


Fig. C-2. Porous surface principle of operation. 
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Fig. D-2. Cross-section of Inner Fin tubes tested. 
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Fig. D-4. Friction factors for high spiral fin cubes based on equivalent diameter. 
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STRAIGHT FIM TUBES 


0.406 b i 0.16 
D_ 


,0.39 

Re, 


5,OOO^N ;^75,000 

e 

STANDARD DEVIATION * 10.8% 

WHERE b > AVERAGE DISTANCE BETWEEN FINS 


SPIRAL FIN TUBES 


0.614 






5,000a^Nj^^ « 75,000 


STANDARD DEVIATION t 12,3% 

WHERE P B PITCH OF FIN (LENGTH PER TURN) 

FIGURE D-6 FRICTION FACTOR CORRELATIONS 
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Fig. D-6. Frjciicin factor correlations. 
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Fig. D-7. Heat 



Tube 



and inside 
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Fig. D-11 . Hcac transfer correlations. 
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D-13. Conscjiit pumping powLT comparison frir high spiral fni tubes. 
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Fig. D'14. Constant pumping power comparison for low spiral fin cubes. 




Chapter 18 

NUMERICAL SIMULATION OF THE THERMAL BEHAVIOR 
OF CONVECTIVE HEAT TRANSFER EQUIPMENT 


F.W. Schmidt (*) 


L INTRODUCTION 

The simulation of convective heat transfer equipment has long been an 
area of interest to engineers. Through these techniques the steady state and transient 
performance characteristics of heat exchangers can be determined quickly, accurate- 
ly, and economically. The steady state results are used primarily for the design and 
sizing of units. In addition to the temperature distributions in the fluids and the 
rates of heat transfer, the pressure drops and the thermal stresses in the matrix 
structures may be determined and the condensation or evaporation rates obtained if 
changes in phase occur. The transient response of the unit to changes in the flow 
rate and/or temperature of the entering fluids is easily determined using simulation 
techniques. These characteristics are extremely important in the design of control 
systems for chemical processing and power generation plants where the heat 
exchangers are integral components in the overall system. 

Various levels of sophistication can be used in defining the mathemati- 
cal model for the heat exchanger, several of which have been discussed by 
Thal-Larson 1 1 1 . The model must, however, satisfy the physcial laws, namely; the 
laws of the conservation of mass, momentum and energy for the fluids and of energy 
for the heat exchanger matrix, if these relationships are expressed in differential 
form a set of nonlinear partial differential equations results. Assumptions are usually 
made to reduce the equations to a manageable form and their solutions are obtained 
using analytical or numerical techniques. It is commonly assumed that the 
temperature of the fluid at any axial location is uniform, i.e. the temperature of the 
fluid varies only in the direction of fluid flow while the velocity profile remains 


(*) The Pennsylvania Sute Univeiiity, University Park, Pa. 16802 U.S.A. 

N.H. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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constant through the length of the heat exchanger section. In order to calculate the 
rate of heat transfer and the pressure drop the concepts of a convective heat transfer 
coefficient and friction factor are introduced. The exact form of the energy 
equations for the counterflow shell and tube heat exchanger shown in Figure 1 is; 

[ 9 t, 3 Ti 1 

"St” "Sir “ hi Pi ( Ti - Ti ) 

3T 

Tube: = hiPi(Ti- ) + hiPjCTj- ) 

rdTj 3T2 I 

Shell fluid: P2 C2A2 — V2 = 1^2 P2 - T2 ). 

This analysis is called the distributed parameter model with the equations written in 
terms of a fixed coordinate system. 

Several simulation methods using numerical or analog techniques 
employ a coordinate system which moves with the fluid. The left hand side of the 
fluid energy equations is then expressed in terms of the substantial derivatives: 

DTi 

Tube fluid: Pi ci Ai = hi Pi (T^ - Tj ) 

DT2 

Shell fluid: P2C2A2 = h2P2(T^“ T2)- 

The energy equation of the tube is still expressed in terms of a fixed coordinate 
system. 

The lumped parameter approach is quite frequently used. In this model 
the conservation equations are integrated over the complete region so that the 
exchanger is represented by a set of ordinary differential equations. The tempera- 
tures are thus only a function of time. For the exchanger shown in Figure 1 the 
equations are: 

dT, 

Tube fluid: PiCiAi — = hiPi(T^- Ti ) + Pi Ci V, Ai (T^,. - 

dT 

Tube: A^p^ S "dT “ ^ ^ 

SheUfluid: ^ * >»P.(T,- T,) + P.CjV,*, (T,., - Tj 

dt 

Considerable inaccuracies are introduced in the results obtained with the lumped 
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parameter model may be a satisfactory representation of heat exchanger com- 
ponents in a complex process control system analysis. 

Many times the heat exchanger is divided into subsections and the 
expression for the conservation equations is obtained directly by writing mass, 
momentum and energy balances. These methods arc especially useful in complex 
systems since the expressions in many instances can be expressed in terms of existing 
well defined relationships. As an example, the heat exchanger in Figure 1 has been 
divided into four sections, Figure 2. In steady state operation the solution technique 
can incorporate the NTU-cffcctiveness relationship or the LMTD method where the 
overall heat transfer coefficients arc constant but may differ in each subsection. For 
a parallel flow heat exchanger the temperatures at the outlets of each sub-region can 
be calculated by proceeding from the subsection at the left to those on the right in a 
stepwise fashion using either the NTU-eor LMTD methods. The final outlet 
temperatures can be evaluated. 

Several survey papers on heat exchanger dynamics have been presented 
in the past notably by Williams |2| and Kruger [3|. Analytical techniques usually 
involving Laplace transforms have been used in determining the transient response of 
certain types of heat exchangers. For many units, however, analytical solutions 
cannot be obtained and simulation techniques must be used. Initially, heat 
exchangers were simulated using passive electrical circuits or hydraulic networks. As 
analog, hybrid and digital computers became available new simulation techniques 
were developed so that these facilities could be used. A survey of the application of 
these various methods will now be presented. 

II. ANALOG NETWORKS 

The analogy between the flow of heat and the flow of electrical current 
or the flow of heat and that of a fluid has been utilized in the simulation of heat 
exchangers using either a fluid flow network or a passive electrical network. The 
electrical network may incorporate mechanical devices to assist the simulation 
process through switching operations. The electrical network may also incorporate 
specially designed electrical components to allow the current in a branch of the 
network to flow only in one direction (cathode followers). The majority of the 
studies employing these analogies was conducted in the 1950’s with flow or 
electrical networks actually constructed and utilized in obtaining the numerical 
solution for various heat exchanger configurations. 
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A. Hydraulic Analog 

The use of hydraulic analogs for the study of heat exchangers has been 
reported by Juhasz and his co-workers. The application to steady state heat 
exchangers is reported in (4) where the liquid levels of the fluid in the hydraulic 
network are proportional to the temperature distribution in the heat exchanger. The 
application of the basic hydraulic analogy for the determination of heat exchanger 
transient was discussed in |5,6 |. The simulation utilizes the network's capacitance 
and resistance to fluid flow with a sudden filling process representing a step change 
in temperature. The decay of the liquid levels in the various sections of the network 
is proportional to the transient temperature variations in the heat exchanger. 

B. Passive Electrical Analog 

The passive analog networks have been used for the determination of 
the steady state and transient response of shell and tube heat exchangers without 
phase changes, regenerators and multi-fluid heat exchangers. A resistance capaci- 
tance network, R-C, was used by Mozley [7] for the prediction of the response of a 
shell and tube heat exchanger to sinusoidal variation in the temperature of the tube 
fluid. A distributed parameter model was used and satisfactory agreement with 
experimental results was obtained. An electrical network using resistances, capaci- 
tances and inductances was proposed by Ford |8|. In subsequent discussions the 
inductances were replaced by electronic amplifiers and feedback techniques were 
employed. A passive network with buffer amplifiers and variable resistors was used 
by Kummel [9] to simulate a shell and tube condenser. The distributed parameter 
model was used. 

The evaluation of the steady state performance of a heat exchanger 
using an R-C network was presented by Paschkis-Hlinka f 10] where the length 'of the 
heat exchanger was subdivided into discrete sections. For transient studies an R-C 
circuit was proposed which incorporated unit gain cathode followers in the sections 
of the network representing the fluids. Two pure resistance networks were proposed 
by Wyngaard [11]. One of the units incorporated cathode followers while the other 
utilized the Lagrangian approach for the flowing fluids and was composed entirely 
of resistive elements. The derivatives with respect to time were replaced by 
backward finite difference expressions, thus making it possible to represent the heat 
capacitances by pure resistances. The Lagrangian approach was also employed by 
Cima and London [12] in the simulation of a counterflow heat regenerator for a gas 
turbine. Standard representation of the thermal resistance to the transfer of heat and 
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the capacitance of the tube was employed while the simulation of the fluid flow was 
accomplished by the movement of discrete capacitance in rolling contact with the 
rest of the network. The speed of the contacts was proportional to the velocity of 
the fluids. This analog was also used in subsequent studies by London et al. [13] . 

All of the above are simulations of shell and tube heat exchangers. The 
evaluation of the steady state performance of a three fluid heat exchanger with 
interconnecting extended surfaces between the confining channels has been 
presented by Paschkis and Heislcr [14J. An R-C network is used with a delta 
resistance circuit employed for the representation of the transfer of heat from the 
fluid to the passage walls directly, as well as indirectly from the fluid to the 
supporting extended surfaces, and then by conduction to the passage wall. 

The most lasting contribution of several of these studies, exclusive of 
the results obtained, has been the development of the techniques which utilize the 
analogy between the flow of heat and electrical current in the modeling of the heat 
exchanger. Once the electrical network has been formed, KirchhofPs voltage and 
current laws can be applied and the solution of the resulting set of equations 
obtained using high speed digital computers. 

HI. ANALOG AND HYBRID COMPUTERS 

Analog and hybrid computers are commonly employed for the 
simulation of heat exchangers. The analog computer has proven to be extremely 
useful for large complex processes composed of many different components where 
the heat exchangers can be satisfactorily represented by a lumped parameter model. 
The major objectives of these studies have been to utilize the simulation for 
dynamic analysis to establish and verify the control systems for the processes. The 
analog computer is used in these analyses since it has the capability of high speed 
solution of ordinary differential equations. When the physical system is described by 
sets of partial differential equations the equations must be reduced to a set of 
ordinary differential equations using finite differences in order to use the analog 
computer. Simulation of discontinuities and logical functions can also be easily 
handled by an analog computer. 

The hybrid computer combines the analog computer and a digital 
computer. The interconnecting link between these computers provides for: the high 
speed conversion of data from analog to digital and from digital to analog; the 
communication of logical information between the two computers and the 
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monitoring and control of the analog computer. The digital computer is used for 
off-line digital processing, function storage and playback, analog computer set-up, 
checkout and control as well as many other applications. The digital computer is 
sometimes used for the numerical solutions of differential equations when the 
accuracy of the analog computer is not adequate or when the size of the problem 
exceeds the amount of analog equipment available. The hybrid computer has, in 
many cases, proven to be more economical in the solution of problems than either 
the pure analog or the digital computers. 


A. Analog Computer Application 

In a previous section several mathematical models describing heat 
exchangers have been presented. In the distributed parameter model, the differential 
equations for the fluids contain derivatives with respect to space and time, in order 
to solve the resulting set of equations using the analog computer the partial 
differential equations must be reduced to a set of ordinary differential equations 
using finite difference techniques. One has a choice as to which variable is left in 
continuous form. If the space derivative is replaced by a finite difference expression 
the resulting set of ordinary differential equations can be solved using the analog 
computer. The simulation of the counterflow heat exchanger shown in Figure 1 
using an analog computer is accomplished by subdividing the exchanger into discrete 
sections identified by the subscript i, Figure 2. A backward finite difference is used 
for the approximation of the derivative with respect to space. The differential 
equations reduce to the following form for interior sections: 


Tube fluid: 
Tube: 

Shell fluid: 
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A forward or a central finite difference scheme could have been used also. The block 
analog circuit diagram for the “i”th section is shown in Figure 3. For the circuit 
shown each spacial subdivision would require seven integrators, three multipliers and 
nine potentiometers. This procedure is often called the “parallel” solution technique 
and although no computational instabilities arise in the solution, a considerable 
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quantity of equipment is involved. 

A comparison of a numerical and “parallel” type solution to a shell and 
tube heat exchanger for changes in cube fluid flow rates has been presented by Wood 
and Sastry 1 1 5 1 . Their results were compared to experimental data and satisfactory 
agreement was found. It is interesting to note that an analog circuit was set up for 
the “parallel” solution, however, an analog-digital simulator program known as 
Continuous System Modeling Program (CSMP) was used to obtain numerical values. 
A model of a parallel flow heat exchanger using a Lagrangian approach, referred to as 
time lumping, was proposed by Schmidt and Clark 1 1 6 1 . A considerable saving in 
the amount of necessary computational equipment was indicated. Results for step 
changes of inlet velocities were reported and compared with those obtained using a 
spacially lumped model. An analog computer simulation of a counter flow heat 
exchanger where a central finite difference approximation was used for the spacial 
derivatives was discussed by Privott and Ferrell [17|. The exchanger was divided 
into six spacial subdivisions and the dynamic behavior determined for variations in 
the flow rates of the two fluids. 

The simulation of very complex systems such as steam boilers and 
nuclear reactors using analog computers has been reported in the literature |18 to 
22 1 . The various sections of the steam generator; boiling channels, risers, 
downcomers, steam drums, etc., are handled individually. The main objective of 
these studies was to evaluate the response of the steam generator to various types of 
control systems. 


B. Hybrid Computer Applications 

In a distributed parameter model of a shell and tube heat exchanger the 
time derivatives can be replaced by a backward finite difference method. The 
differential equations for the counter flow heat exchanger of Figure 2 become: 
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where j is the index for the time step with c)=jAt . The initial temperature 
distributions are known along with the inlet conditions of the fluids. The spacial 
variable is scaled to computer time. The set of ordinary differential equations can be 
integrated with respect to x if provisions can be made for the storage and recall of 
the temperatures as required by the differential equations. This computational 
technique is called the “series” method and is particularly suited for a hybrid 
computer. Considerable saving in equipment results when this method is employed 
since the analog equipment may be re-used for each successive time step. 

A detailed discussion of the application of this method to the shell and 
tube heat exchanger has been presented by Silvey and Barker |23|. In order to 
facilitate the computations, the equation for the tube is rearranged to yield: 
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To remove computational instabilities a spacial transformation of the form y = L-x 
was used for the shell fluid energy equation. The resulting equations are rearranged 
with Ti , T] , and T^ representing stored temperatures. 
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Shell fluid: 
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The computer block diagram is shown in Figure 4 and computations for the values 
of the temperatures at time j proceed in the following manner with the storage units 
being already loaded with T]]"^ 1 T 2 J"*, and . The equations for the tube 

fluid and the tube arc integrated from x = 0 to x = L to obtain values of 
T,Jandl\j. The values of 'Pj and T^j overwrite the current values in the respective 
stores. The shell fluid equation is then integrated from y = 0 to L and the new 
values of T 2 J are placed in storage. 

An analysis of the accuracy of the “series” method was made by 
Vichnevetsky [24| for the simplified transport equation of the fluid: 


dT 

3t 


3t 


An exact solution was obtained for a step in the inlet temperature. A comparison of 
the “scries” solution with that of the exact indicated that if a backward time 
difference technique was used the high frequency components moved too fast and 
were attenuated, while if the central time difference was used the high frequency 
components were not attenuated but moved too slowly. For cither case the 
frequency response was found to be in error. A modification of the “scries” method 
was proposed by Bosgra and Buis | 25| in order to improve its frequency response. 
A method of characteristics was proposed by McAvoy |26] and was applied to a 
counterflow heat exchanger with changes in fluid inlet temperature and a ramp 
function change in the velocity of the fluid. In all studies the heat transfer 
coefficients were considered to be constant and the results indicated excellent 
frequency response for this method. 

The hybrid simulation of a heat exchanger-reactor control system was 
made by Carlson | 27 1 using the “series” method. The system studied was similar to 
that analyzed by Douglas ct al. 1 28 1 where a pure analog computer was used. Three 
partial differential equations were used to describe the heat exchanger and reactor. 
The results of Carlson’s studies indicated that the hybrid simulation used 
approximately 30% less hardware than required by the pure analog computer 
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solution, A reduction in computational cost from one tenth to one twentieth was 
noted when comparing the results to those obtained using a digital computer. 

The hybrid simulation of a complete nuclear power plant has been 
presented by Blake ct al. [29| and Vichnevetsky |21 J . A more recent study of the 
simulation of a natural circulation boiler using a hybrid computer was reported by 
Lawrence et al. [30]. The boiler was divided into preheater, mixing and boiling 
regions. Each of these regions was divided and the differential energy equations were 
solved using the ^^parallcl” method. 

IV. DIGITAL COMPUTERS 

The most popular method of simulating heat exchangers is through the 
use of digital computers. The derivatives with respect to time and distance in the 
differencial energy equations arc replaced by finite difference expressions. Many of 
the methods previously presented in Section I for the mathematical modeling oi the 
heat exchanger have been used in the development of the computer programs. Some 
of the programs have been very general in nature while others arc for specific classes 
or pieces of equipment. Programs which fit into this latter category are those 
developed by companies for the design of their products as noted by Rissicr |3I j. 
These programs arc usually classified as proprietary information and are not 
available or described in the open literature. The more general programs are 
occasionally described and made available to other users. 

As the use of digital computers increases in industry the engineer is 
often faced with the decision of whether to develop his own program or use 
programs by someone else. In many cases, company policy will determine when he 
may purchase, lease or license programs developed outside of his organization. These 
external programs are available from various sources. Many arc not widely publicized 
so it is difficult to obtain enough information to evaluate the accuracy of the 
methods. Several organizations have taken steps to improve the distribution of 
information concerning those programs which are available. A listing of computer 
programs for sale, lease or license was published in the July 12, 1971 issue of 
‘‘Chemical Engineering’'. Several heat exchanger design programs were listed. A 
Computer i^ogram Directory was published in 1 971 by the Joint Users Group of The 
Association for Computer Machinery. The objective of the directory is to facilitate 
the exchange of program documentation among the various user groups. Provisions 
have been made to make this an annual publication. Algorithms arc also published in 
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periodicals such as the “COMMUNICATIONS OF THE ASSOCIATION FOR 
COMPUTING MACHINES”, “INTERNATIONAL COMPUTER PROGRAMS 
QUARTERLY” and “COMPUTER AND INFORMATION SYSTEMS”. Computer 
manufacturers have established user program sharing systems such as IBM’s 
“SHARE” and CDC’s “SWAP”. NASA publishes the “COMPUTER ABSTRACT 
JOURNAL QUARTERLY” which is an index listing of documented computer 
programs developed by or for NASA, the Department of Defense and the A.E.C. and 
arc for sale. Programs which arc “sharablc” within NASA and U.S. government 
agencies and contractors arc listed in another separate journal published by NASA. 
A discussion of the Argonne National Laboratory Computer Code Center was 
presented by Butler et al. |32| with the history of the center and the documentary 
procedure described. The center has a working arrangement for the exchange of 
programs with the ENEA Computer Programme Library at Ispra, Italy and several 
other national computer libraries. 

A. Shell and Tube Heat Exchangers 

The application of finite difference techniques for the prediction of the 
transient temperature distribution in a heat exchanger was described by Dusinberre 
1 33 and 34 1 . An energy balance method was used in the formation of the difference 
equations. A comparison of the transient response of a shell and tube heat exchanger 
using the finite difference method proposed by Dusinberre, the electrical analog 
network of Paschkis and Hlinka | lO] and an exact solution obtained using Laplace 
transformations were presented by Wyngard and Schmidt 1 35 1 . Step changes in 
inlet temperatures and fluid velocities were studied and it was found that the finite 
difference methods generally yields more accurate results. Further comparison of 
the results obtained by these three methods for a two pass shell and tube heat 
exchanger was presented by Cygnarowicz |36| and substantially verified the earlier 
findings. A finite difference solution of the distributed parameter model shell and 
tube heat exchanger was presented by Privott et al. |17|. Central finite differences 
were used for the space derivatives and a forward difference method was used for 
time. A comparison of the results obtained using an analog computer and a 
“parallel” computational method was presented. 

The transient response of heat exchangers with one fluid having an 
infinite heat capacity is described by. Myers et al. [37]. A step change in the 
temperature of the infinite capacity fluid is assumed and the distributed parameter 
model is used for the other fluid and the tube. The two energy equations were 
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combined to yield a second degree hyperbolic equation. The equation is rewritten in 
terms of its characteristic coordinates and a solution is obtained using finite 
difference techniques. The dynamic response of a condenser was also determined by 
Heidemann et al. [38], Forward finite difference techniques can be used for the 
derivatives with respect to time whereas central finite difference techniques can be 
used for the derivatives with respect to distance. The application of these techniques 
to the exchanger shown in Figure 2 yields the following relationships: 
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The discretization errors are of order and Ac. Stability requirements impose a 
limit on the maximum value of At which may be used for a given number of 
subdivisions in x. The results for a step change in the coolant rate were compared 
with experimental data. The authors indicated that the lack of agreement found 
between the predicted and experimental results was due to the inaccuracies in the 
estimation of the convective film coefficients especially those on the condensing 
side. Wood [15] used the same numerical technique for the analysis of a counter 
flow, water to water heat exchanger and noted good agreement between the 
predicted and experimental results when only 10 spacial subdivisions were used. 

High order approximations could have been used for the approximation 
of the first derivative with respect to space at all interior nodes. A backward finite 
difference method might also have been employed in forming the difference 
approximation of the derivative with respect to time and would result in an 
unconditionally stable set of implicit relationships being formed. 

In the above analysis the temperature of the fluid was assumed to be 
only a function of axial distance since the radial or transverse variations in the 
temperature profile were neglected. These assumptions were not made in the 
determination of the rate of heat transfer between two non-Newtonian fluids in 
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counter flow plate heat exchanger by Gutfingcr et al. [39] . Both flows were laminar 
and had fully developed velocity profiles. The thermal capacitance and the resistance 
of the walls between the fluids were neglected. The differential energy equation for 
each fluid was solved independently and an iterative method was used to match the 
temperature gradients at the interface. 

B. Periodic Flow Regenerator 

Several studies have been made of the simulation of rotary periodic 
dovi heat exchatv^ets. The thetmaV conductivity of the matrix was assumed to he 
zero in the direction of fluid and ^‘mctal” flow, and infinite in the direction normal 
to the fluid flow by Larnbertson |40|. The regenerator was subdivided in the axial 
and circumferential directions and each element was regarded as a crossflow heat 
exchanger. Lumped parameter energy balances were written for the matrix and the 
fluids in terms of the temperatures at the surrounding elements. The resulting set of 
difference equations for the steady periodic operation of the regenerator was solved 
by using a digital computer with an iterative procedure to match the metal 
temperature circumferentially. The method proposed by Larnbertson was extended 
to consider a matrix with a finite thermal conductivity in the direction of fluid flow 
by Bahnke and Howard |41 J . 

A slightly different lumped parameter analysis for a radial flow 
regenerator was used by Mondt [42] . The procedures used in the initial set up were 
based on the work of Paschkis and Hlinka [lOJ where the metal was represented by 
an R-C network. A digital computer was then used to simulate the R-C network and 
to determine the temperature distribution in the regenerator. The computer program 
developed by Mondt was subsequently used by London ct al. [43] to determine the 
transient response of periodic flow regenerators. 

Willmott [44] utilized finite difference techniques for the determina- 
tion of the thermal response of a stationary regenerator where hot and cool gases 
were alternately passed through the unit in a periodic manner. Both the heat 
capacity of the gas and the axial conduction in the matrix were neglected. The 
differential energy equations for the gas and the matrix were solved numerically 
using central difference approximations. For constant properties and film coeffi- 
cients the integration was performed along the characteristics of the equations. The 
author describes a procedure which could be utilized when the thermal properties 
are functions of temperature and the heat transfer coefficients and mass flow rates 
are time dependent. 
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V. SPECIFIC APPLICATIONS 

The discussion to this point has been concerned ^^rith a general survey 
of the various methods which have been used for the simulation of heat exchangers. 
Both the lumped and distributed parameter models have been used with the 
^tributed parameter model more commonly used for shell and tube heat exchanger 
while the lumped parameter model is used for more complex systems. A full 
appreciation of the power of the lumped parameter analysis may be best illustrated 
by describing its application for the determination of the performance characteris- 
tics of a steam generator and a multifluid heat exchanger. 

A. Multifluid Heat Exchanger 

A study of the thermal behavior of a compact plate fin multifluid heat 
exchanger in steady state operation has been represented by Demetri and Platt |45| . 
A sketch of a section of a counterflow and parallel flow unit as well as a cross-flow 
unit is shown in Figure 5. The complete heat exchanger may be represented by a 
number of passages stacked in a repeating pattern. The channel walls are 
inter-connected so that it is possible for heat to be transferred from fluid ‘*a*’ to 
fluid ^‘c" directly by conduction as well as by convection from fluids “a" to ‘'b’* 
to“c”. 

The procedures used in these calculations are similar to those described 
by Paschkis and Heisler |24] in that an electrical analogy is established to represent 
the transfer of heat between the fluids flowing in the channels. The current flow in 
the various sections of the electrical network and thus the heat transferred, however, 
are found using the digital computer. A section of a parallel flow heat exchanger 
network analog is shown in Figure 6. 

The expressions for the resistances to the transfer of heat in this 
network are determined in the conventional manner where the exchanger has been 
subdivided in the axial direction. The convective heat transfer resistances between 
the fluid and the channel '‘a” walls for each of these sections are expressed as: 

= r~hT = 1 - (A,/Aj (l - ) 

oa ■ t 

and Af is the surface area of the fins, A^ is the total heat transfer area including the 
exposed area of channel “a” and the cross sectional area of the fins, h^ is the 
convective heat transfer coefficient in channel ‘‘a” and ijf is the fin efficiency. The 
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resistance to heat transfer from channel “a” to “b” directly by conduction through 
the fins is expressed as: 


1 

R, = 

f.. 

where is the length of the constant cross sectional area fins, is the total cross 
sectional area of the fins in channel “a”, and k( is the thermal conductivity of the 
fins. The resistance to the transfer of heat offered by the channel wall is: 
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where is the wall thickness and k^.,!, is the thermal conductivity of the channel 
wall. The delta resistance circuits have been replaced by “T’* circuits for simplicity. 
In the electrical analogy the fluid temperatures are analogous to the voltages and the 
current flow is proportional to the flow of heat to or from the fluids. 

The orientation of the flow channels will determine the computational 
algorithm. For a parallel flow heat exchanger all of the fluid temperatures at one end 
of the heat exchanger are known. The electrical resistances for the first section are 
determined and Kirclilioff's voltage and current laws arc used to determine the values 
of the currents i., ^ etc. The temperatures of the fluids leaving the 

subsections are then found using an energy balance. For example, the temperature 
of the fluid leaving channel “a” is given as: 
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where ih is the mass rate of flow. The calculations move to the next subsection, the 
necessary changes arc made in the values of the resistances and the new values of the 
fluid temperature just computed arc used to determine the heat transfer in these 
sections. The process is repeated until the temperatures of the fluids leaving the heat 
exchanger are found, if the heat exchanger is counterflow or crossflow an iterative 
procedure must be used to obtain a solution which is consistant with all the 
temperatures of the entering fluids. 


B. Steam Generator 

The operating performance characteristics of a steam generating unit 
can be obtained by subdividing the unit into discrete segments and utilizing a 
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lumped parameter analysis. The application of these techniques to obtain the outlet 
conditions of the steam leaving a high liquid mass flux ‘*once-through” shell and 
tube heat exchanger shown in Figure 7 will be discussed. The water flows through 
the tubes entering as a subcooled liquid and leaving as a superheated vapor while the 
high temperature gas enters the unit at the left and flows perpendicular to the tubes 
in the direction indicated. One may appreciate the complexity of the system and 
realize that numerous assumptions will have to be made in order to obtain results 
with a reasonable amount of computational time. 

Although only one tube is shown on the schematic diagram it is 
assumed that many water tubes are connected in parallel to the inlet and discharge 
manifolds. The steam generator is divided with vertical subsections each containing 
tubes in one vertical water pass. The vertical subsections undergo additional 
subdivision as shown in Figure 7. The total tube surface areas and the boundaries of 
each of the regions are obtained in the following manner. The mixing temperature of 
the hot gases and the condition of the water entering the regions are known together 
with the mass rate of flow of the gases and water. The temperature of the water or 
the steam leaving the unit is specified if the flow is single phase, if the flow is two 
phase, a mixture of water and steam, the exit quality or void faction is specified. 
This procedure has been proposed by Kiely [46] and has resulted in extremely 
accurate prediction of the heat transfer and pressure drop in a '‘once-through” steam 
generator. The size in the “step” in temperature, quality or superheat, is governed 
by the accuracy desired. An energy balance of the region, Figure 8, is used to 
determine the rate of heat transfer and the mixing temperature of the hot gases 
leaving the region. The heat capacities, ilic, of the two fluids can be calculated 
making note of the fact that when the water undergoes a change in phase the heat 
capacity is infinite. The total surface area for the region is obtained using the 
NTU-effectiveness method. The effectiveness, the rate of heat transfer divided by 
the smaller heat capacity multiplied by the differences in the temperatures of the hot 
gas and water entering the region, can be calculated. The NTU, overall heat transfer 
coefficient times surface area divided by the minimum heat capacity, can be 
determined using the relationships presented in Kays and London |47] . If the over- 
all heat transfer coefficient is known the surface area and the length of the region 
can be determined. 

The evaluation of the overall heat transfer coefficient will usually 
require an iterative procedure since the fluid properties are strongly dependent on 
temperature and pressure. The convective heat transfer coefficient for the gas side 
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can be determined using a single phase cross flow relationship such as those 
presented by Crimson |48|. Few serious difficulties are encountered in the 
evaluation of the convective heat transfer coefficient if single phase flow, water or 
steam, is present inside the tubes. However, the evaluation of the coefficient for two 
phase flow is much more involved. 

Before proceeding with the analysis it is worthwhile to investigate the 
physical phenomenon associated with the flow of water through a “oncc-through” 
unit and to note how the various flow regimes will influence the convective heat 
transfer coefficients. The water enters the unit as a single phase fluid and as it moves 
through the tubes its bulk temperature is increased due to the transfer of heat from 
the hot gases. The temperature of the heating surface is normally less than the local 
saturation temperature in this region. The temperature of the heating surface will 
increase also and once it has exceeded the local saturation temperature by a 
predictable amount nucleate boiling can and normally will occur. The bulk mixing 
temperature will still be lower than the local saturation temperature so the bubbles 
will condense soon after they arc formed and the boiling is classified as subcooled on 
local boiling. As the fluid continues to move through the unit its bulk temperature 
increases and once it reaches the local saturation temperature the flow becomes 
classified as fully developed nucleate or saturated boiling. The majority of the 
bubbles do not collapse as they arc entrained in the main stream of the fluid and it 
becomes necessary to consider the mixture to be composed of both a liquid phase 
and a vapor phase. Since the density of steam is much smaller than that of water, the 
fluid is greatly accelerated as it moves through the two phase region. Two phase flow 
mixtures have been classified as: 

1. Bubbly - The liquid phase is continuous and the vapor phase is 
discontinuous. 

2. Slug - The vapor bubbles combine and the flow consists of relatively 
large slugs of vapor and liquid following each other. 

3. Annular - The liquid phase is continuous in an annulus along the 
wall and the vapor is continuous in the core. As the flow moves 
downstream discontinuities in the liquid annulus occur. 

Once all the liquid has been vaporized only steam passes through the tube and the 
flow can again be treated as a single phase. 

A schematic sketch of the flow and heat transfer regimes encountered 
in a “once-through” steam generator is shown in Figure 9. The mathematical 
arc used for the determination of the rate of heat transfer and the 
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pressure drop are dependent on the flow regime. It should be noted that in a high 
mass flux ‘‘once-through” steam generator the length of the sections where bubbly 
and slug flow occur is very short and the complete two phase flow may be 
considered to be annular when total evaporation is desii'ed. A detailed discussion of 
these relationships is not possible at this time so the reader is referred to several 
books which treat the subject in considerable detail [49-521. There is a variety of 
models which can be used for each of these flow regimes and one must evaluate the 
complexity of the model along with the effect of its inaccuracies on the overall 
performance of the steam generator. It should be noted that the same flow model 
must be used for both the hydrodynamic, pressure drop, and heat transfer 
calculations. Since boiling always results in a increase in the fluid velocity, the 
pressure drop due to the acceleration or change in momentum of the fluid is 
significant and must be considered. 

In order to calculate the film coefficient on the water side and to 
obtain the overall heat transfer coefficient, U, it is first necessary to determine the 
pressure drop and the wall temperature. Since these items are interrelated the 
calculation of U must therefore employ an iterative process, An outline of the 
computational procedure to be followed for the evaluation of the convective heat 
transfer coefficients on the water side will now be presented with the flow diagrams 
shown on Figure 10. It is important to note that computer subroutines must be 
supplied in order to evaluate the thermodynamic properties and transport properties 
of the water and steam at the local fluid pressures and temperatures. 

1. Single phase region - The temperature of the water or steam leaving 
the region is specified and the physical properties of the fluid are 
evaluated. The convective heat transfer coefficient and the overall 
heat transfer coefficient are determined. The surface area is 
determined using the NTU-effectivencss method and the average heat 
flux is calculated. The wall temperature at the exit of the region may 
be estimated and the exit pressure determined. The film temperature 
is found, the physical properties re-evaluated and the calculation of 
the convective film coefficients repeated. The procedure is repeated 
until the convergence of the calculated area has been obtained. 

2. Nucleate boiling — Several different methods can be used in the 
evaluation of the convective film coefficients in the two phase 
region. The methods proposed by Kiely will be discussed. The heat 
transfer in this region is considered to be composed of two 
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components as indicated by Rohsenow, namely, a forced convection 
component and a nucleate boiling component. As noted previously, 
if the water experiences subcoolcd boiling, the size of the region is 
obtained by specifying the exit temperature of the water while if the 
bulk temperature is equal to the local saturation temperature the 
quality, X, or void fraction at the region’s exit is specified. This is 
done in order to facilitate the determination of the heat transfer and 
pressure drop for two phase flows. The forced convective component 
is proportional to the temperature difference between the wall and 
the bulk fluid, and the nucleate boiling component is proportional to 
some power of the temperature difference between the wall and the 
local saturation temperature. An iterative procedure as shown in 
Figure 10 is used. The total heat flux is calculated and the overall 
heat transfer coefficient is determined. The NTU-effectiveness 
method is used to determine the surface area and the length of the 
region. The pressure drop is calculated using the appropriate 
expressions for the flows involved. The local saturation temperature 
as well as the exit wall temperature are determined. The calculations 
are repeated until the calculated surface area converges. 

The complete set of calculations progresses from the water inlet to the 
exit in a stepwise manner following the flow path taken by the water. It may be 
assumed that the gas mass flux is constant in all regions of the generator. Complete 
mixing of the gas entering a region occurs with the resultant uniform gas 
temperature computed using an energy balance as shown in Figure 8. A sketch of 
the computational flow diagram is shown in Figure 11. Slight modification of the 
process must be made when one approaches the return bends in the water tube 
section. Once the quality exceeds 1.00 the computations proceed in the same 
manner as for the single phase liquid regions although different relationships are 
used for the evaluation of the heat transfer coefficients and the pressure drop. The 
calculations continue until the exit of the steam generator has been reached. 

If the condition of the steam leaving the unit is not within the desired 
limits, adjustments in the conditions of the gas or water entering the unit can be 
made and the computations repeated. An iterative procedure is used to obtain the 
required outlet conditions. 
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VI. SUMMARY 

A review of numerous significant contributions in the simulation of the 
thermal behavior of heat exchangers has been presented. These have involved passive 
electrical networks, analog, hybrid and digital computers. The most popular methods 
use the digital computer with some interest indicated in the development of 
techniques which utilize the hybrid computer. 

Tlie accuracy of all the methods which have been used for the 
determination of the performance characteristics of heat exchangers is dependent 
upon the ability to accurately determine the convective heat transfer coefficients. 
The techniques for simulating shell and tube heat exchangers are well documented in 
the open literature. The applications of these methods to other types of heat 
exchangers, however, are not as well publicized. This is due in part to the fact that 
computers are now used extensively for design purposes by nearly all the heat 
exchanger manufacturers and the details of their programs arc considered by many 
of them to be proprietary information. 

Through the use of these simulation techniques more accurate analysis 
can be obtained quickly and at low cost. Besides heat transfer calculations, studies 
can be made to determine pressure drops, stress analysis, as well as optimum cost. 
These programs serve as an indispensable tool for industry to use in providing an 
inquiry service for its customers. The economic and technical importance of 
obtaining accurate simulations of heat exchangers will undoubtedly stimulate the 
development of new and faster methods utilizing the fullest capabilities of the 
digital, analog and hybrid computational facilities. 
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A 

NOMENCLATURE 

area 

c 

specific heat 

h 

convective film coefficient 

ifl 

mass rate of flow 

p 

perimeter 

q 

rate of heat transfer 

T 

temperature 

t 

time 

V 

velocity 

X 

quality 

P 

density 

Subscripts 

1 

tube fluid 

t 

tube 

2 

shell fluid 

i 

space increment index 

Superscripts 

j 

time increment index 
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Fig. 1. Shell and Tube Heat Excliangvr-Counterflow 
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Fi^ 2. Subdivision of Shell and Tube Heat Exchanger 
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Fig, 3. Block Diagram - Analog Computer 
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POTENTIOMETER SETTING GIVEN IN TABLE 2 


Fig, 4. Block Diagram - Hybrid Computer 
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Fig. 6. Parallel Flow Multi Fluid Heat Exchanger Section 
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Fig. 8. Incremental Region of Steam Generator 
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Fig, 6. Parallel Flow Multi Fluid Heat Exchanger Section 
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Pig. 8, Incremental Region of Steam Generator 
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Fig. 1 1 . Computer Flow Diagram for Steam Generator Calculations 
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PREDICTION OF PERFORMANCE CHARACTERISTICS 
OF HEAT-EXCHANGING EQUIPMENT 

C.L. Spigt, F. van der Walle, H.l. Bardoux (*) 


1. Introduction. 

A detailed knowledge of the heat transfer and flow phenomena in 
heat-exchanging equipment may be considered as a prerequisite for obtaining a 
compatible and reliable design. For instance, the designer of such equipment may 
like to know whether he has not overestimated the dimensions of the heat-exchanger 
resulting in bad economics, or in poor control of the system. Also, he may be 
interested in the magnitude of the wall temperatures because of strength 
considerations and the occurrence of melting (burn-out) phenomena or in the 
possibility of encountering flow oscillations resulting in fluctuating wall tempera- 
tures which sometimes cause corrosion problems and in many cases damaging of the 
cubes. 

In the following the stability and the transient characteristics of 
steam-generating units will be dealt with. 

A steady state is called stable if, after a small disturbance, the system 
will ultimately return to the original steady state condition. The concept of small 
disturbances is used in this defuiicion, as it will always be possible to destroy 
completely a steady state condition if the applied disturbance is sufficiently large. It 
is not sufficient to know whether the steady state is stable or not. Also, the response 
characteristics of an otherwise stable configuration, as described fur instance by the 
amplitudes and frequencies resulting from disturbances,’ are important to the 
designer. In order to obtain information on the stability of a steady state condition 
of a boiling system a frequency response analysis has to be carried out from which 
these transfer functions can be obtained. The assumption of small disturbances in a 
stability analysis means in many cases that the system cam be considered linear, 

(*) DYNAFLOW-INFONET, Amsterdam, The Netherlands 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 



526 C. L. Spigt, F. van der Walle, and H. I. Bardoux 


which simplifies its analysis and makes the transfer function approach more readily 
applicable. 

Some investigators have performed stability analysis using the Ledinegg 
instability [6| for explaining the onset of hydraulic oscillations. Ledinegg was 
amongst the first to point out that an instability can arise in a heated two-phase 
system having a negative slope in a part of its hydrodynamic characteristics, i.e. in the 
flow-pressure loss curve. At one time this was regarded as the primary criterion for 
instability in such systems. Flow oscillations, however, result from a dynamic 
interaction between the void distribution in the channel and the inlet mass flow, 
which is largely influenced by the dynamic aspects of the boundary conditions 
imposed on the channel. The Ledinegg criterium simply states that in a region with 
negative slope, i.e. decreasing steady state pressure drop with increasing mass flow, 
that any temporarily introduced displacement from the steady state condition will 
tend to become larger with time as a consequence of this negative slope. In a positive 
slope region any displacement will tend to become smaller directly after the source 
of the introduced disturbance has been removed. 

In order to be able to evaluate the Ledinegg stability criterium in 
relation to the harmonic analysis approach it is desirable to define two basically 
different definitions, namely: 

- Condition of Static Stability 

A system is considered statically stable if, directly after an initial displacement 
from a steady condition, the system tends to move in the direction of the original 
steady state condition. 

- Condition of Dynamic Stability 

A system is considered dynamically stable if, upon an initial displacement from a 
steady condition, the system will ultimately attain again the original steady state 
condition. 

This means that the resulting dynamic behavior after the initial displace^ 
ment has to converge with time to the original condition. This convergence process 
may be either of a periodic or of an aperiodic nature. 

It is evident that the only stability criterium that is of interest for the 
dynamic behavior is the dynamic stability condition. It follows from the above that 
a system can only be dynamically stable if it is also statically stable. However, a 
statically stable system need not be dynamically stable; an example of this is a 
damped mass-spring system. With a positive mass and a positive spring constant the 
spring force will always try to reduce a displacement from the equilibrium condition 
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and the system is therefore statically stable. However, in case the damping is 
negative the resulting dynamic behavior afterwards will exhibit ever increasing 
amplitudes and the system is therefore dynamically unstable. 

The Ledinegg stability criterium is in fact the static stability criterium 
and it follows from the above that it is neither a sufficient criterium for stability nor 
a necessary criterium for stability. 

It is true, however, that once the Ledinegg criterium shows a statically 
unstable condition the systems will be dynamically unstable. A complete study of 
the stability characteristics, therefore, cannot be made using solely the equations 
describing the steady state, but has to start from equations incorporating dynamic 
effects. 

In the following, the basic equations and the solution procedures are 
described. Furthermore, some examples are given of the prediction of the stability 
and transient characteristics of steam-generating units by means of digital computer 
codes. 

2. Basic Equations and Correlation Functions. 

Considering a coolant channel in which evaporation takes place and 
which is heated by a liquid or gas How, the following conservation laws can be 
formulated for the evaporating part. 

Conservation of mass 

A|p,(l-a) v,4p_asv,). 0 (1) 

Conservation of momentum 

V, ♦pasv,} 4^1p,(l-a) v,=4p,as-v, = } 

+ + g (p, (1-a) + P,a}+ F = 0 (2) 

Conservation of energy 


^(p,(l-o) CT,+ P.P(CT + «)} 4 ^|P|(l-») 


+ 
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+ P,aSV,(cT + e +^)|= (3) 

The local heat load cannot usually be given generally beforehand but has to be 
calculated from the given mass flow and inlet temperature of the heating fluid and 
the heat transfer characteristics between the two process streams. Assuming 
countercurrent flow of the two process streams, this equation btxomes 
, BT BT . 

and 

q, = h (T^ - ) (5) 

The heat transmission coefficient h is composed of the heat transfer coefficients at 
the primary and secondary side and of the material characteristics of the separating 
wall. 

In the calculations the evaporating cliaiincl is subdivided into four 

regions: 

(a) the non-boiling region Tj < and a = 0 T[^ is liquid temperature 

at which bubbles detach from the wall. 

(b) the subcooled boiling region T^< Tj < T ; for the void fraction an extra 
equation must be given 

i)| . .Q, (6) 

(c) the saturated boiling region T| = T 

(d} the supcriicated region a = 1 

The outlet of the coolant channel may fall in any one of these regions. 
Within each region a further subdivision can be made according to an existing flow 
regime, e.g. slug flow, bubbly flow, froth flow, mist flow, etc., each having their own 
flow and heat transfer correlations. 

In the three conservation laws there are four main unknowns a, V| , T| 
and Tg. The other quantities in the conservation laws are given by the equations of 
state which are expressions for the physical quantities of the fluid in an analytical 
‘form and the heat transfer and fluid flow correlations. In the computer codes the 
physical quantities may vary along the coolant channel and with time. The equations 
of state can be formulated as 
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p. = f (T P, = f (T, T = f (p) c = f (T, ) e f (T, (7) 

Correlation functions have to be given for the slip ratio S, for the wall friction force 
F, for the heat division parameter k, for the liquid temperature (definition of 
boiling region) where bubbles detach from the wall, and for the quantity h in the 
heat transmission equation (5). The wall friction force per unit cross-sectional area 
and per unit length for a two phase mixture can be expressed in terms of Fanning 
friction factor f and the two phase friction multiplier R, see ref. [4] . 

Together with the conditions to be fulfilled in each sub-region, the 
equations (1),(2)and (4) can be solved. The equations describing the steady-state 
characteristics can be derived by omitting all time-dependent terms in the equations 
mentioned before. 

3. General Description of the Computer Programs and the Solution Procedures. 

The equations that determine the therrno-hydraulic behavior of a 
system can be divided into: 

— the conservation laws for mass, momentum and energy, describing the variations 
of a number of unknowns along the length of the heat-exchanger as a function of 
time. 

— a number of heat transfer and fluid flow correlation functions. 

— the equations of state. 

— a number of boundary conditions e.g. prescribed conditions of natural or forced 
circulation, constant pressure drop across the heat-exchanger, programmed 
control, etc. The equations describing the boundary conditions relate the 
conditions at the exit of the coolant channel to those at the inlet of the coolant 
channel. The imposed boundary conditions are sometimes simplified by assuming, 
for instance, a constant pressure at the exit of the channel and a constant 
temperature at the inlet of the channel and an imposed pressure drop. 

Regarding the study of the transient behaviour of a two-phase flow and 
the occurrence of hydraulic oscillations, different approaches have been used in the 
past for the solution of the equations. In many studies, the coolant channel is 
divided into a number of spatial increments for which the general equations, e.g. the 
conservation laws, the equations of state, etc., are formulated. In some of these 
studies the number of increments has been assumed to be small, e.g. only two, 
namely the non-boiling and the boiling region. As a rule, in these studies time delays 
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are used to simulate the transport time of the fluid through the system and the 
equations are solved by means of an analogue computer. These studies are normally 
referred to as ‘‘lumped parameter studies” and these should be distinguished from 
“distributed parameter studies” in which the number of increments is large and the 
increments are mostly evenly distributed along the length of the channel. 

In this last case the equations arc solved by means of a digital 
computer. Another group of studies consists of those in which the occurrence of 
hydraulic oscillations is considered as an isolated phenomenon and in which an 
attempt is made to study the possible mechanism or controlling parameters. 
Examples of this group arc the studies of Ledinegg | ref. 6 ) and Stenning | ref. 5 1 . 

The general solution procedure is as follows 

— The differential equations (conservation laws) together with the correlation 
functions and equations of state are integrated by a straigh forward integration 
technique starting with given or assumed values for the unknowns at the 
inlet of the heat-exchangcr. 

— The resulting outlet values together with the inlet values are checked for 
compatibility with the boundary conditions. The correct values for the assumed 
inlet values are determined either straightforward or by an iterative process in 
which successive, increasingly accurate values for the unknowns are used. 

The procedure to integrate the differential equations and the solution 
procedure for the boundary conditions is dependent upon the type of the problem 
as far as the time dependence is concerned. 

Two cases can be distinguished: 

a. steady-state performance 

b. unsteady performance, further divided into: 

b.l. harmonic analysis by small perturbation techniques leading to the calculation 
of transfer functions 

b.2. transient analysis to large amplitude disturbances. 

In the steady state (a) the conservation laws become ordinary 
differential equations that can be integrated by well-known integration techniques as 
e.g. Runge-Kutta. The boundary conditions become simple algebraic expressions and 
the iterative solution of the correct starting values can be obtained by well-known 
techniques such as Newton or Regula Falsi. 

In the harmonic analysis (b.l.) every unknown is written as 

X = \ \ •®'“‘ • (0) 
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where X,, is the steady state value and 
i u> I 

X. -e is the perturbation. 

Small harmonic variations arc assumed which means that 

(9) 

o 

and Xjj as well as X- (in general complex) are only functions of the space 
coordinate. After linearization of the equations and after subtracting the steady 
state equations and dividing by a set of ordinary quasiJincar differential 

equations results, which can be integrated in exactly the same way as the steady 
state equations. The frequency cj appears as parameter in the equations, and the 
equations therefore have to be solved for each value of co that is of interest. The 
boundary conditions arc treated ui the same way and result again in algebraic linear 
expressions for Xj with cj as parameter. The boundary conditions can be solved at 
once as the whole system of equations is linear, which enables the use of the 
superposition principle. 

In the transient analysis case (b.2.) the simplifications as mentioned 
above are not applicable so that the complete partial differential equations have to 
be solved in ^he space-time domain. Sometimes a simplification is possible when the 
dynamic analysis is made for systems with large response times. 

In those cases it is possible to treat the time derivatives in the partial 
differential equations as small perturbations, which means that it is assumed that 
the 3/3t — terms arc of an order of magnitude smaller than the 3/3x “ terms. The 
integration can be performed then in the space domain, only similar to the steady 
state procedure, while the 3/3t - terms appear as additional terms in the right-hand 
sides of the equations. 

In this publication some examples of applications of the computer 
codes in the analysis of the performance characteristics in steady and unsteady 
operating conditions of hcat-cxchanging equipment will be given. 

4. Electrically Heated Natural Circulation Boiler. 

At first an example is given of the prediction of the steady state and 
stability characteristics of an electrically heated boiling water channel simulating a 
simple fuel assembly of a nuclear reactor. A simplified flowsheet is given in Fig. 1. 
The channel formed by the heating element and the shroud is the riser, the one 
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formed by the shroud and the pressure vessel is the downcomer. Since the shroud is 
open at both ends the two channels are in direct connection with each other. When 
the element is heated the water in the riser starts to boil and vapor is formed. 
Owing to the resulting density difference between the fluid in the riser and in the 
downcomer the steam-water mixture in the riser flows upwards by a natural 
circulation process. At the water surface the steam and water are separated. 
The water returns to the inlet of the riser through the downcomer passing a 
subcooler. The steam flows to the condenser and the condensate is returned 
to the downcomer. 

In this case the electrical power is prescribed so the heat load need not 
be calculated. Therefore, there is no need to consider the equations 4 and 5. For the 
wall friction force, F (see equation 2), the Fanning equation is used in the single 
phase region. 

in the two-phase region use is made of the Two Phase Friction 
Multiplier R as evaluated by Martinclli-Ncison and formulated by Jones, Ref. f 1 j . For 
the slip ratio S (equation 1, 2 and 3) the correlation of Zuber-Findlay is used with 
experimentally determined values of the distribution parameter and the local 
drift velocity, Ref.[21.The correlation used for (detachment of bubbles) was 
based on the criteria of Bowring, Ref. (31 , while for the heat division parameter k the 
correlation developed in Ref. 1 4 1 has been used. 

The calculated distribution along the boiling channel of the void 
fraction and the liquid and the saturation temperature for two operational steady 
state conditions (electrical power 100 and 150 KW, subcooling .7°C, system 
pressure 16 atm) have been plotted in Fig. 2. Furthermore, the calculated natural 
circulation flow-rate Vj„ has been given with some results of experiments. As can 
be seen there is an excellent agreement between the measured and predicted void 
fraction data and a slight discrepancy between the measured and calculated 
values of the inlet mass flowrate. 

Also the dynamic performance characteristics have been calculated. 
These have been performed by a harmonic analysis as outlined before leading to the 
calculation of transfer functions. An open loop as well as a closed loop analysis was 
followed. With an open loop analysis the concepts of control theory can be applied. 
The required cut in the closed loop has been made in the downcomer at the inlet of 
the riser, see Fig. 1 . 

A stability criterion has been derived, defined as 
(T J 
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G| determines the change in saturation temperature (pressure) at the outlet of the 
downcomer upon a variation in saturation temperature (pressure) at the inlet of the 
riser. 

An instability can be expected when the modulus of Gi is equal or 
larger than 1 and at the same time when the phase angle between the two 
temperatures in eq. (10) has reached a value of 0 or 360°C. In this case any 
disturbance in pressure at the inlet will be amplified. 

Calculated open and closed loop characteristics have been plotted for a 
saturation temperature of 200°C (system pressure of 16 atm) in the intermediate 
frequence range of .6 to 1.4 c.p.s. for different channel powers in Figure 3. In the 
plot of the open loop characteristics Ci it is shown that an unstable condition is 
passed when progressing from 150 to 151 kW channel power. At 150 kW the 
modulus of Gi becomes larger than unity but the phase angle docs not approach the 
value of 0*^ or 360°C. At 151 kW the modulus of Gj is larger than unity and the 
phase angle becomes zero, which indicates that the system is unstable. In the 
right-hand side of the figure the transfer function from power to inlet flowrate has 
been plotted. 

A comparison between the open and closed loop results at 150 and 151 
kW leads to the conclusion that large amplitudes in inlet mass flow occur. The 
predicated instability threshold of 1 51 kW at a frequency of .947 c.p.s. corresponds 
with the experimentally determined value of 162 kW and a frequency of .93 c.p.s., 
sec Ref. 4. In the calculation of the closed loop transfer functions the characteristics 
of the heating element were not yet taken into account, which makes it quite 
difficult to compare the calculated closed loop results with the experimentally 
determined transfer functions. 

In Fig. 4. open loop characteristics are presented for the low and high 
frequency range. In these frequency regions G| also approaches or exceeds unity 
and the phase angle is probably close enough to 0° for oscillations to develop. By 
means of quantities b^ etc the dynamic characteristics of the condenser and 
subcooler can be varied in the computer code. As can be seen, the subcooler and 
condenser characteristics greatly influence the results in the low frequency range. It 
may be concluded that low frequency oscillations will develop over a wide range of 
heating powers. The channel power has a stabilizing influence in this low frequency 
range. These results are comparable with the observations made by Stenning, Ref. 
[5], and probably correspond with the instability criterion developed by Lcdinegg, 
Ref. [6] , for an aperiodic excursive stability. 
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In the high frequency range the phase angle of Gi exhibits very strong variations 
with frequency. 

As could be concluded from the calculated distribution along the 
length of the liquid velocity during perturbation these high frequency oscillations 
are characterized by near zero variations of the liquid velocity at the inlet and have 
the character of standing-wave oscillations, see Ref. |4| . 

5. Water Heated Once-Through Steam-Generator. 

Secondly, an example is given of the calculated results of the heat 
transfer and hydraulic characteristics of a water-heated once-through steam- 
generator. 

A simplified flowsheet is given in Figure 5. The apparatus consists of a 
primary water circuit working under a pressure of 2200 psi and a secondary circuit 
with an outlet for superheated steam and a feedwater supply. The secondary fluid 
enters the steam-generator in nearly saturated conditions at the bottom, undergoes a 
phase change and exits superheated. The once through steam-generator changes in 
load by exchanging boiling surface for superheating surface. For the calculations the 
saturated boiling region was .subdivided into a bubbly flow region, each having its 
own heat transfer correlations. 

The st^dy state part of the computer program calculates the fluid and 
wall temperatures, phase velocities, steam qualities, void fractions, pressure drops 
and the heat flux distribution along the heat transfer path for given values of the 
primary mass flow, pressure and inlet temperature and the secondary feedwater mass 
flow, temperature and pressure. Some results of calculations arc .shown in Figs. 6 
and 7. Fig. 6 shows the variation of the primary fluid temperature, the wall 
temperature and the secondary liquid and steam- temperature. In the curve of the 
wall temperature the main heat transfer regions can be clearly distinguished. The 
subcooled boiling region with a wall temperature sharply decreasing with length, the 
saturated boiling region with a slightly increasing wall temperature owing to the 
slight change in the heat transfer capabilities of a two-phase flow mixture with 
increasing void fraction, followed by a sharp increase in wall temperature indicating 
a change in the heat transfer mechanism in that of film boiling. In the film boiling 
region the wall temperature increases somewhat owing to the decrease in the forced 
convection heat transfer. A further sharp increase indicates that the fluid has 
become superheated. In the superheating section the tube wall temperature 
approaches the primary liquid temperature since the heat transfer coefficient of the 
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primary water inside tlie tube is considerably higher than the coefficient of the 
steam surrounding the tube. 

In Fig. 7 the calculated results are plotted of steam quality, void 
fraction and heat transferred. As shown, most of the heat is transferred in the 
boiling region. Furthermore, in this figure values are given of the total heat 
transferred, the primary outlet temperature, the pressure loss in the boiler part and 
superheated part. 

For the configuration outlined above the dynamic performance 
characteristics have been calculated. These have been performed by a harmonic 
analysis as outlined before leading to the calculation of transfer functions. In this 
case a closed loop analysis was followed while the material characteristics of the 
tubes have been taken into account. 

By means of the transfer function from a perturbation of inlet pressure 
drop to the resulting change in inlet velocity (both secondary side) the dynamic 
performance characteristics arc analyzed. Some results of the calculations are given 
in Fig. 8. as a function of the frequency. The plotted values (curve = 1 ) can be 
interpreted as the percentage change in inlet velocity relative to the steady state 
value due to an inlet pressure drop fluctuation of about .0025 psi. As is shown, three 
resonance peaks are present: the dominating one in the middle, a lower and a higher 
frequency peak. The system’s low inlet pressure drop coefficient makes it somewhat 
sensitive for oscillatory behavior. In the same figure the influence is shown of the 
inlet pressure drop upon stability. Increasing the inlet pressure (k^j^ = 210) drop 
has a large stabilizing effect on the dominating peak. This stability becomes doubtful 
as the two neighboring peaks become more dominant at larger values of the inlet 
pressure drop. 

The peak values of the three resonance frequencies have been plotted as 
a function of load in Fig.9. From the shape of this curve it can be concluded that, 
for the low inlet pressure drop coefficient, between 60% and 80% load unstable 
conditions may develop in the middle frequency region. At lower and higher loads 
the peak values rapidly become less pronounced. 

Comparison with unpublished results of experiments showed a good 
agreement regarding the variation of the temperatures along the height of the 
channel in the steady state conditions as well as the frequency and the amplitude of 
the oscillatory behavior. 
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In the high frequency range the phase angle of G| exhibits very strong variations 
with frequency. 

As could be concluded from the calculated distribution along the 
length of the liquid velocity during perturbation tlicsc liigli frequency oscillations 
are characterized by near zero variations of the liquid velocity at the inlet and have 
the character of standing-wave oscillations, sec Ref. [4 1 . 

5. Water Heated Once-Through Steain-Gciicrator. 

Secondly, an example is given of the calculated results of the heat 
transfer and hydraulic characteristics of a water-heated once-through steam- 
generator. 

A simplified flowsheet is given in Figure 5. The apparatus consists of a 
primary water circuit working under a pressure of 2200 psi and a secondary circuit 
with an outlet for superheated steam and a feedwater supply. The secondary fluid 
enters the steam-generator in nearly saturated conditions at the bottom, undergoes a 
phase change and exits superheated. The once through steam-generator changes in 
load by exchanging boiling surface for superheating surface. For the calculations the 
saturated boiling region was subdivided into a bubbly flow region, each having its 
own heat transfer correlations. 

The steady state part of the computer program calculates the fluid and 
wall temperatures, phase velocities, steam qualities, void fractions, pressure drops 
and the heat flux distribution along the heat transfer path for given values of the 
primary mass flow, pressure and inlet temperature and the secondary feedwater mass 
flow, temperature and pressure. Some results of calculations arc shown in Figs. 6 
and 7. Fig. 6 shows the variation of the primary fluid temperature, the wall 
temperature and the secondary liquid and steam-temperature. In the curve of the 
wall temperature the main heat transfer regions can be clearly distinguished. The 
subcooled boiling region with a wall temperature sharply decreasing with length, the 
saturated boiling region with a slightly increasing wall temperature owing to the 
slight change in the heat transfer capabilities of a two-phase flow mixture with 
increasing void fraction, followed by a sharp increase in wall temperature indicating 
a change in the heat transfer mechanism in that of film boiling. In the film boiling 
region the wall temperature increases somewhat owing to the decrease in the forced 
convection heat transfer. A further sharp increase indicates that the fluid has 
become superheated. In the superheating section the tube wall temperature 
approaches the primary liquid temperature since the heat transfer coefficient of the 
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primary water inside the tube is considerably higher than the coefficient of the 
steam surrounding the tube. 

In Fig. 7 the calculated results are plotted of steam quality, void 
fraction and heat transferred. As shown, most of the heat is transferred in the 
boiling region. Furthermore, in this figure values are given of the total heat 
transferred, the primary outlet temperature, the pressure loss in the boiler part and 
superheated part. 

For the configuration outlined above the dynamic performance 
characteristics have been calculated. These have been performed by a harmonic 
analysis as outlined before leading to the calculation of transfer functions. In this 
case a closed loop analysis was followed while the material characteristics of the 
tubes have been taken into account. 

By means of the transfer function from a perturbation of inlet pressure 
drop to the resulting change in inlet velocity (both secondary side) the dynamic 
performance characteristics are analyzed. Some results of the calculations arc given 
in Fig. 8. as a function of the frequency. The plotted values (curve = 1 ) can be 
interpreted as the percentage change in inlet velocity relative to the steady state 
value due to an inlet pressure drop fluctuation of about .0025 psi. As is shown, three 
resonance peaks are present: the dominating one in the middle, a lower and a higher 
frequency peak. The system’s low inlet pressure drop coefficient makes it somewhat 
sensitive for oscillatory behavior. In the same figure the influence is shown of the 
inlet pressure drop upon stability. Increasing the inlet pressure (k^j^ = 210) drop 
has a large stabilizing effect on the dominating peak. This stability becomes doubtful 
as the two neighboring peaks become mure dominant at larger values of the inlet 
pressure drop. 

The peak values of the three resonance frequencies have been plotted as 
a function of load in Fig. 9. From the shape of this curve it can be concluded that, 
for the low inlet pressure drop coefficient, between 60*% and 80% load unstable 
conditions may develop in the middle frequency region. At lower and higher loads 
the peak values rapidly become less pronounced. 

Comparison with unpublished results of experiments showed a good 
agreement regarding the variation of the temperatures along the height of the 
channel in the steady state conditions as well as the frequency and the amplitude of 
the oscillatory behavior. 
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6, Sodium-Sodium Heat-Exchanger. 

An example will be given of the calculation of performance character- 
istics of a sodium-sodium heat-exchanger in steady-state conditions and of the 
response characteristics to a large disturbance. A simple sketch of the 
sodium-sodium hcat-exchangcr is given in Fig. 10. The primary process steam flows 
top to bottom between two concentric tubes. In this space the secondary process 
steam flows from bottom to top inside a number of tubes. In fact the computer 
program has been written for a sodium heated steam-generator using a description 
where the two-phase mixture was considered as a onc-phasc medium with a certain 
density, enthalpy, temperature, etc. Because all mathematical procedures were 
already developed within this program, this computer code was also used for the 
sodium-sodium heat-exchanger. 

Owing to the fact that for this case the response of the heat-exchanger 
to large disturbances had to be calculated, the partial non-linear differential 
equations have to be solved in the space-time domain. The disturbances were, 
however, relatively slow : say, 3 seconds or more. In a system consisting of many 
components the coupling of the various components is such that the high frequency 
content of the response is not passed on from one component to the other. As a 
consequence the system as a whole responds more or less according to the time scale 
of the large disturbance. This characteristic makes it possible to treat the time 
derivatives in the partial differential equations as small perturbations, which means 
chat it is assumed that the d/dt terms are smaller than the d/dz terms. As a 
result, the integration of the equations can be performed with rather large 
integration steps in the time without resulting in inaccuracies. 

Some results of calculations will be given in which a 90% reduction in 
the secondary process stream was given in 25 seconds. In Fig. 11 the variation 
is given with time of the secondary process stream 0^, the primary outlet tem- 
perature and the secondary outlet temperature. During the perturbation of the 
system the primary inlet temperature and the secondary inlet temperatures 
have been kept constant. As is shown, the secondary outlet temperature approaches 
already in a short time the primary inlet temperature, which means that in the top 
part of the heat-exchanger no heat is transferred. This is shown in Fig. 12 more 
clearly, where the primary and secondary sodium temperatures have been plotted 
along the length of the heat-exchanger for c = 0, t =25 seconds (end of excitation) 
and t = 45 seconds. It is clearly shown that at low loads the length over which the 
heat is transferred in the heat-exchanger is very short. The advantage of this 
computer code is that for these low loads an accurate temperature distribution over 
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the length can be determined also, owing to the large flexibility with which the 
stepsize of the integration can be chosen. 

7. Sodium-Heated Once-Through Steam-Generator. 

Finally an example is given of the calculated results of the heat transfer 
and hydraulic characteristics in a steady state condition of a once-through 
countercurrent steam-generator heated by sodium as a primary fluid and of the 
response characteristics to a large disturbance in secondary mass flow and inlet 
temperature. The apparatus consists of a primary sodium circuit Clow from top to 
bottom and a secondary water-steam circuit flowing in a number of tubes from 
bottom to top of the heat-exchanger. The secondary fluid enters the generator 
subcooled at the bottom, undergoes a phase change and exists superheated. For the 
calculations the total length of the steam-generator has been divided into six regions, 
in the calculations the two-phase mixture was considered as a one-phase medium 
with a certain density, enthalpy, temperature, etc. 

The six regions are : 

(a) the non-boiling region 
(b} the subcooled boiling region 

(c) the saturated bubbly flow region 

(d) the saturated heat transfer crisis region 

(e) the saturated mist flow region 

(f) the superheated region. 

In the non-boiling region the secondary wall temperature is smaller than 
the saturation temperature. For the heat transfer a single-phase heat transfer 
correlation can be used. In the subcooled boiling region the secondary wall 
temperature is equal to or larger than the saturation temperature, but the enthalpy 
of the fluid is smaller than the enthalpy for saturated liquid conditions. A subcooled 
boiling heat transfer correleation is used. In the three saturated boiling regions the 
enthalpy is equal to or larger than the enthalpy for saturated liquid conditions but 
equal to or smaller than the enthalpy for saturated steam conditions. In the bubbly 
flow region the same heat transfer correlation is used as in the subcooled region. 
When the heatflux becomes larger than a critical value, the start of the saturated 
heat transfer crisis region is defined. In this region the heatflux is taken according to 
an assumed burn-out correlation. When the burn-out heat flux becomes smaller than 
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the heat flux calculated from a mist-flow heat transfer correlation, the start of the 
saturated mist flow region is defined. 

The solution procedure is the same as described before. The computer 
code calculates the fluid and wall temperatures, pressure drop and the heatflux 
distribution along the heat transfer path for given values of the primary mass Flow 
and inlet temperature and the secondary feedwater mass flow, temperature, and 
pressure. The system can also be perturbated with a disturbance in the foregoing 
independent variables. 

In Fig. 13, some calculated results have been plotted of the primary 
sodium temperature, the wall temperature at the primary and secondary side and the 
secondary fluid temperature as a function of the axial coordinate along the height of 
the steam-generator. Also, the start of the six heat transfer regions is indicatcd.The 
calculated total of heat transferred amounts to 29.4 MW while the secondary mass 
flow was taken as 18.45 kg/sec. As is shown, most of the heat is transferred in the 
boiling region. In this case the saturated bubbly flow region (region 3) was very 
short, owing to the fact that at the end of the subcooled region the heat transfer rate 
was almost equal to the one calculated from the burn-out correlation. 

In the following figures some results are given of the calculated 
response characteristics to a 90% reduction of the secondary process stream in about 
40 seconds. In Fig. 14, the primary sodium temperature, the secondary fluid 
temperature and the wall temperature are given as a function of time at the bottom 
side and in Fig. 1 5, at the top side of the stream-generator. The wall temperatures 
show the largest variation with time at the bottom side, while the two imposed 
boundary conditions, constant primary sodium temperature at the tup and constant 
secondary fluid temperature at the bottom, are clearly shown. Finally in Fig. ] 6, the 
variation of the temperatures along the length of the heat-exchanger 55 seconds 
after the start of the excitation are given. In the curve of the wall temperatures the 
main heat transfer regions can clearly be distinguished. The subcoolcd boiling 
region’s wall temperature decreases with length and the saturated boiling region with 
an increasing wall temperature, owing to the change in the heat transfer capabilities 
of a two-phase flow mixture with increasing void fraction. A further sharp increase 
indicates that the fluid has become super-heated. In the superheating section the 
tube wall temperatures approach the primary liquid temperature since the heat 
transfer coefficient of the primary water inside the tube is considerably higher than 
the heat transfer coefficient of the steam film inside the tubes. 
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8. Concluding Remarks. 

From the examples given it is clear that the computer techniques 
developed can be used in the analysis of the performance characteristics of 
heat-exchanging equipment in steady and unsteady operating conditions, and in the 
dimensioning and optimalization of such equipment. The result can be a more 
economic design or a solution of particular design difficulties. 

Further development work is under way regarding the phenomena 
governing the onset and character of the hydraulic instabilities. Particular attention 
is given to the low-frequency range and to the pressure drop characteristics in order 
to derive analytically the relationship between the Ledinegg instability or Static 
Stability (S-curve of the pressure drop-mass flow characteristics of the boiling 
channel) and the Dynamic Stability derived from the equations given before. 
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NOMENCLATURE 

heat capacity of liquid at constant pressure per unit mass, t~^ T~' 
latent heat of evaporation at constant volume, 
wall friction force per unit cross-sectional area per unit length, 
frequency, t”* 

open loop transfer function, see eq. 1 0 
gravitational acceleration, 
transfer function 

heat transmission coefficient, Mf ' £" * T“' 

amplitude ratio 

pressure loss coefficient 

length, L 

mass, M 

system pressure, Ml7 ' t" ^ 
local pressure MC ‘ f * 
heat input, ML* t~ * 

heat transported per unit cross-sectional area per unit length, MC ' t~* 
slip ratio = V^/Vi 
time, t 

temperature, T 

liquid temperature at which bubbles detach from the wall, T 
subcooling temperature “ Tj„) 

velocity, Lt”' 
steam quality 

coordinate in axial direction, L 
void fraction 
density, ML"'’ 

heat division parameter (defines part of heat load that is used for steam 
production in the subcoolcd region) 
mass velocity, Mt"' 
phase angle 
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SUBSCRIPTS. 


1 

liquid 

s 

vapor or steam 

sc 

secondary circuit 

p 

primary circuit 

w 

wall 

sat 

saturated conditions in condenser 

in, ci 

inlet coolant channel 

do 

downcomer outlet 

i 

harmonic variation from steady state 

o 

steady state value 

A 

amplitude of sine 
difference between two values 

mod 

modulus. 
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NOMENCLATURE 

heat capacity of liquid at constant pressure per unit mass, T~‘ 

latent heat of evaporation at constant volume, t~^ 
wall friction force per unit cross-sectional area per unit length, ^ 

frequency, t”* 

open loop transfer function, see eq. 10 
gravitational acceleration, Lt" ^ 
transfer function 

heat transmission coefficient, Ml7 * € ’ T“' 

amplitude ratio 

pressure loss coefficient 

length, L 

mass, M 

system pressure, MC ' iT * 
local pressure MC * f * 
heat input, ML* f * 

heat transported per unit cross-sectional area per unit length, MC' t~* 
slip ratio = Vj/V, 
time, t 

temperature, T 

liquid temperature at which bubbles detach from the wall, T 
subcooling temperature - Tj„) 
velocity, Lt”' 
steam quality 

coordinate in axial direction, L 
void fraction 
density, ML"* 

heat division parameter (defines part of heat load that is used for steam 
production in the subcooled region) 
mass velocity, Mt"' 
phase angle 
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SUBSCRIPTS. 

1 liquid 

s vapor or steam 

sc secondary circuit 

p primary circuit 

w wall 

sat saturated conditions in condenser 

in, ci inlet coolant channel 

do downcomer outlet 

i harmonic variation from steady state 

o steady state value 

A amplitude of sine 

difference between two values 
mod modulus. 
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Fig. 1. Flow sheet of the pressurized boiling water loop. 
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Fig. 3. Open and closed loop transfer functions in the intermediate frequency range, Test Section 1. 
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Fig. 5. Flowsheet Watcr-heated once-througb steamgencracor. 
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Fig. 7. Water-heated once-through steam genera tor. 
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Fi{$. 8. Watcr-hcatcd once-through steam genera tor. 
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Fig. 9. Wacer-hcatcd once-thruugh steam genera tor. 
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Fig. 10. Sodium-Sodium heat exchanger. 




Fig. 11. Sodium-Sodium heat exchanger. 
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Fig. 12. Sodium -Sodium heat 
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Fig. 13. Sodium-heated once-through steamgencrator. 




556 C. L. Spigt, F. van der Walle, and H. I. Bardoux 



Fig. 14. Sodium-heaccd once-through sccani generator. 
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Fig. 15. Sodium-heated once-through steamgenerator. 
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Fig. 1 6. Sodium-heated oncc-through sicam generator. 


Chapter 20 


HEAT TRANSFER AND FLOW RESISTANCE CORRELATION 
FOR HELICALLY FINNED AND STAGGERED 
TDUE BANKS IN CROSSFLOW 


Z. Mirkovi6 (*) 


INTRODUCTION 

A number of reports have been published in recent years describing 
attempts to improve the heat transfer from gas — cooled surface using a finned tube 
surface in heat exchanger designs. But even with this information there is still not 
enough knowledge of the effect of various geometrical and other parameters on the 
heat transfer performance in the heat exchanger with a finned tube surface. 

In the development of any design method for heat exchangers it is 
necessary to know the heat transfer and pressure drop characteristics of the 
exchanger. When the geometry of the exchanger becomes sufficiently complicated, 
it is necessary to develop the experimental correlation for heat transfer and pressure 
drop performance in order to obtain reliable design procedure. In the exchangers 
with the finned tubes heat transfer coefficient on a finned surface depends on the 
arrangement of tubes, tube pitches, tube diameter and height and pitch of fins. 

When a general relation for the Nusselt and Euler number in the 
function of the Reynolds number and geometry of the exchangers is derived, it is 
evident from the previous works (6) and (14) that it is very difficult to define the 
adequate equivalent diameter included in the Re number which will reduce heat 
transfer and pressure drop data in the narrow range around such dependence. In 
order to obtain single correlation for the heat transfer and pressure drop correlation 
with a reasonable scattering of experimental data, it is necessary to introduce 
correction terms, including the geometrical parameters in dimensionless form 

(*) Research and Development Center for Thermal and Nuclear Technology — ENERGOINVEST Sarayevo 
Yugoslavia 

N.W. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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effecting heat transfer and pressure drop performance. 

The subject of this work was to define the functional relation of the 
dimensionless heat transfer and pressure drop parameters to the different 
geometrical parameters describing staggered arrangement of helically Tinned tubes. It 
was kept in mind that this correlation will be used in the algorithm for the 
calculation of heat exchangers operating in different plants when the range of 
dimensionless geometrical parameters was adequately selected. 

ON THE PROBLEM 

Generally, we can assume that there is a relation for heat transfer in the 

form of 


Nu = Nu ( Re, Pr, h/d. S/d, n/d, ) (l! 

where Nu is the mean value of the dimensionless number characterizing heat transfer 
and is based on the total surface of the finned banks formed of iij^ cube rows. It is 
most convenient to use the usual form 


„ . „ ^ iti 

Nu = A Re t Pr 


(?) 


where A^, Bj, m and 0| are the values which arc to be determined experimentally. 
It is possible to simplify the experiment if the value of m = 0.33 will be accepted 
as the exponent of the Pr number. 

The value 0^ = 0j (h/d, 6/d, n/d, ^T/d, ^L/d, n|^), which is a function of 
geometry, can be represented in the form of 


ti 


where 0(j is the function of a dimensionless geometrical group 

0.. = Z. * 


ti 


Similar procedure can be applied for the Eu number as well 

Eu = Eu (Re, h/d. S/d, n/d, ®T/d, ®L/d, n^) 


; 3 ) 


(M 


( 5 ) 
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Eu = Aj^Re 


where 


h. , ^hi 

I = I 


0,.= Z/ (6) 

hi 1 

For the Nu and Eu number the same dimensionless geometrical 
parameters are taken as follows 




1 - n6 


Accordingly, the general correlation can be written as follows 


Nu = AjRe Pr 


Rt„ ^ 


)(V)( 


1 - n6 




B. ,S„. - d x''!/ S - d V •>2 


) (^) 


Based on the above, the aim of the experiment is to determine the unknown values 

Af , Bi , ai , aj , as 

Aj^ . » Bi , 1 d 2 . bs 

The values aj and bj are obtained by investigating how Nu i.e. Eu is changed as a 
function of Zj, for a certain constant Re number. After establishing the values of 
a; and bj, the following function is formed 

0 33-i B 

ICj = Nu Pr 0^ = A,Re (lU) 
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-1 B 

Kp = Eu 0^ = A^Re (15) 

from whicli it is possible to establish the values and A|^, B|, . 

EXPERIMENTAL EQUIPMENT 

Helicoidally finned tubes in cross-flow of staggered tube banks are chosen 
for tests. The cross section of the test section is 570 x 600 mm. There are 40 to 48 
tubes in the test section, depending on tube arrangement. The test section is 8 rows 
deep. The geometry of the tubes and the tube bank is given in Table No.l. The test 
was performed on 13 different heat exchangers. 

The air rig for testing of thermal and aerodynamical characteristics is 
shown in Figures 1.1 and 1.2. This is an atmospheric rig accomodating a fan, air 
heater, test section, elements for dircctioning of fluid stream and measurement 
instruments. The device is comprised of three circulating circuits : primary circuit 
with air, secondary circuit with cooling water and tercial circuit with heating steam. 

The measurement of air and water flow is performed with a 
measurement oriPice (DIN 1952), and the temperature is measured with thermo- 
-copies Chromes-Alumel. The position of thermoelements is given in Figures 1.3. and 
1.4. Mass flows were within the values of 2.35 kg/s(].nis. On the basis of these mass 
flows and also on the basis of geometry, Re numbers were achieved in the range 
from Rcj, = 1600 to Rej, = 31000 for aerodynamic characteristics and witliiji the 
range from Rcj = 3000 to Rcj = 56000 for thermal characteristics. Measurements 
of pressure drop were carried out at ambient temperature, and measurements for 
determination of thermal characteristics were carried out at temperature range from 
90°C to 1 3ifC. 

The physical characteristics of the fluid arc based on the mean 
temperature of fluids. For calculations a GAMMA— 30 computer was used, and the 
FORTRAN language was applied. 

RESULTS AND DISCUSSION 

The overall heat transfer coefficient, k^, based on inside tube surface 
was determined by measuring the inlet and outlet temperature of gas and water in 
the test section and by measuring the mass flow of the gas. 



TABLE 1 — Finned Tubes and Test Section Data 
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G c at 

k = -L-El 

U A At \p 
cu In At 


(16) 


By assumption that the heat coefficient on the water side, a, , can be calculated 
from Hausen’s relation for the tube and that the thermal conductivity of the tube, 
Xp, is known, it was possible to determine the heat transfer coefficient on a finned 
surface, a| , for a surface efficiency reduced to unit. 


a. s 


c A^^[ l/k^- l/ai- d, /2X^ln (di/d, )] 
Now it is easy to get the Nussclt number 


(17) 


Nui = 


a, de^ 

“V 


( 18 ) 


The Euler number was determined by measuring pressure drop and mass flow at the 
narrowest cross section. For adiabatic flow, Q = 0, the Euler number is given by 


Eu 


6P-, r (wpi)^ IP AP, I 


The Re number 


Re = 


(Pi w)de 


( 20 ) 


is also based on the mass flow at the minimal cross section and at the equivalent 
diameter which is given for the thermal characteristics by the formula 


2A 


de. 


uk 


and for aerodynamical characteristics by the formula 




h V 

A . 

uk 


( 21 ) 


( 22 ) 


The results Nu = f (Rc^) and Eu - f (Rej,) for individual exchangers are given on 
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diagrams, Figures 2 and 3. 

Based on the results of tests on heat exchangers IT-2, IR-4 and IT-5, the 
values for exponents of dimensionless groups (Sj /d-1) are obtained (Figures Nos. 4 
and 7), 

ai = 0.1 

bi = O.ll) 

By testing the heat exchangers IT-1, IT-3 and lT-4, the values for group exponents 
(Sl /d-1) are obtained (Figures Nos. 5 and 8). 

&2 = - 0.15 

bj = - 0.18 

Tlte effect of the interfin space is tested on heat exchangers IT-6, IT-8, IT-9, lT-10, 
lT-11 and IT-12. Based on Figures 6 and 9, the values of the exponent group 
(1 ~n6)/nh are obtained 

as =0.25 



The above relations are obtained on the tube bank with eight rows. The Euler 
number refers to one row of tubes. 

On IT-5 and IT-6 heat exchangers the effect of the number of rows on 
the Nu number is examined. The results of these tests have shown that the 
coefficient of heat transfer has a smaller value on the fust rows. As tests were carried 
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out with eig^t rows, it is necessary to use a correction factor for some other number 
of rows in the bank, in accordance with the diagram, Figure 12. 

CONCLUSION 

This experiment has shown that for the tested range of Re numbers it is 
possible to find the functional dependence between the dimensionless values for 
heat transfer and pressure drop on one side and the geometrical values of the tested 
finned tube banks. 

— Increase of transversal tube pitch, S^, for constant tube diameter, d, acts in such 
a manner that both the Nu and £u numbers increase. 

— Increase of longitudinal tube pitch, S|^, for constant tube diameter, d, acts in such 
a manner that both the Nu and Eu numbers decrease. 

— Increase of tube diameter, d, for constant transversal and longitudinal tube pitches 
acts in such a manner that both the Nu and £u numbers increase. 

— Increase of width of the interfinned space, I - 116 , and decrease of height of fin, h, 
act in such a manner that the Nu number increases, and Eu number decreases. 

— All the rows do not transfer the heat equally. The first row transfers the heat in 
the poorest manner. From the third row and on heat transfer is more or less 
constant. 

" General correlations fur the dimensionless value of heat transfer and pressure drop 
over quite well the results of some other authors as well. Figures 13 and 14. 
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NOMENCLATURE 
inside tube diameter 
diameter of bare tube 
diameter of fins 
height of fins 
thickness of fins 

number of fins per unit lenght of tube 

number of rows in tube bank 

transversal pitch 

longitudinal pitch 

equivalent diameter 

volumetric equivalent diameter 

dimensionless geometry 

inside tube heat transfer surface 

total heat transfer surface 

perimeter of finned tube 

free volume 

mass flow^ 

specific mass flo>v 

dynamic viscosity of air 

thermal conductivity of air 

heat capacity of gas at p = const. 

Reynolds numbers 

Praiidtl number 

temperature drop of gas 

mean log. temp. differcnce-MLTD 

correction factor for MLTD 

surface efficiency 

overall heat transfer coefficient 

Heat transfer coefficient on air side and water side, respectively 

Nusselt number 

Euler number 

functions of geometry 

static pressure drop 

function of Nu and 0^ 

function of Eu and 0 
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Fig, 1.1. Flow diagram 










Fig. 1.2. View of experin*' 
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Fi^ 1.3. Horizontal position of therm oelcmcnts. 














Correlation for Helically Finned and Staggered Tube Banks 573 


Li:. 




’ — □ L A ,1 L_ 


j*iu::-i:]r:zrrrrzD 

a 


[1.11 11 ~ 11 Z 1 1 Z L QHZ 11 IZJ 

C-T. -T" rZ_ "Z Z □ CZ JE A ru ■ zAjiii Q”^ ZZ~. Z " 

'-.rr.r.:-.jjii:-;:_gs=-3 CZ-T-=z; 



-0- -0-' 


.... “'z^tii □!“ J 

^-^-1^181^51^-1^-4 

c niri: z _ ..i iii z z_®rz7.i] ci z z 7 i □ 

.0. 4>lli0. .Q- S0- 

f r H E^«i I r - - 1Z.-_'.7J-J 

apiiassAidhoabuuiqi 


j ^ jj- - ■ j7toii7UL‘Z77 D 

lliuoiirsail'apuos jiiioiiisoirapuos I lioDiSDdiapuds 

= ar, 

339 39a9a g 3 

^ ^ ^ £i £ £i ^ 


Fig. 1.4. Vertical position of thermoelemenrs. 
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heat exchangers. 










NuPr’° 



Fig. 5. Influence of group (Sy/d - 1) on NuPr“ 
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Fig. 13. Comparison of Kj - function with results of other authors. 
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Chapter 21 


APPLICATION OF HEAT TRANSFER FINNED SURFACES IN 
HIGH TEMPERATURE HEAT EXCHANGERS 

V.l. Tolubinsky, N.V. Zozulya {*) 


The problem of creating effective heat exchangers and apparatus 
characterized by intensive heat transfer through a separating wall is among 
important scientific problems. This problem is specified in particular by the fact that 
in realizing energetic and technological systems based on thermal processes, at least 
30-40% of metal is consumed for heat exchange et|Liipinent manufacture. 

To solve this problem, complex development of the following topics is 

necessary: 

— investigation of methods of heat transfer intensification from the 
heating surface, development and research of heat exchange surfaces, and construc- 
tions of pew heat exchangers, 

“• improvement and creation of new technology for manufacturing 
both heating surfaces and apparatus as a whole. Work in this field has been carried 
out at the Institute of Engineering Thermophysics of the Academy of Sciences of 
the Ukrainian SSR. 

The most attention has been paid to equipment operating under high 
pressures and temperatures, since the production of this equimpent is the traditional 
style (from smooth tubes] leads to high metal consumption and structural 
awkwardness. 

The intensity of heat transfer through the separating wall in heat 
exchangers is unequal on different wall sides as a rule. Under these conditions metal 
consumption and construction dimensions are known to be determined mainly by 
the side where heat transfer intensity is lower. Smooth tube and plate heat 
exchangers have a substantial disadvantage due to the fact that the whole heat 
transfer surface should be able to stand the pressure gradient between heat carriers. 


(*) Institute of Engineering Thermophysics, Aculemy of Sciences, Ukrainian SSR, 

N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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That is why extremely thick walls are needed, although they are unnecessary from 
the point of view of heat transfer. Improvement of the characteristics of 
smooth'tube heat transfer surfaces is attained by a flow velocity increase, through 
use of compact bundles and tubes of small diameter. However, these measures arc 
expedient within certain limits because of an increase of hydraulic resistance, the 
danger of surface erosion, and a decrease of the reliability of the construction. 

A process of insufficiently Intensive heat transfer to the wall can be 
compensated by a finning of its surface extension. This method of increasing the 
effectiveness of heat transfer and of improving the weight and dimensions of heat 
exchangers is acceptable especially for heat exchangers operating under the high 
pressures of heat carriers inside the tubes since the main heat transfer surface, i.e. 
fins, (which is 5-10 times greater than that of the smooth tube) can be of lesser 
thickness than the tube wall and, as well, can be made from a cheaper metal. This 
latter point is advantageous when the separating wall is made from expensive 
corrosion-proof materials. 

For a long time the application of finned surfaces in high-temperature 
heat exchangers has been obstructed by the lack of a technology for joining a thin 
fin with the tube — a technology which would provide reliable operation of the 
finned tube under high operating temperatures (several hundred degrees) and which 
would be characterized by high efficiency and profitability. I'his has encouraged the 
search for a solution through the joint work of the Institute of Engineering Thermo- 
physics and other technological institutions. As a result, from the compared methods of 
manufacturing finned tubes - soldering with hard solder, casting, drawing from 
melt, pressing, knurling (fig.l) and electric welding — the last proved to be the most 
prospective as applied to ferrous metals and stainless steels. The complex work of 
the Institute of Engineering Thcrmophysics and E.O. Paton Electric Welding 
Institute, both of the Academy of Sciences, Ukr.SSR, has been completed by the 
development of production technology flj, the study of thermoaerodynaniic 
characteristics, and the creation of a calculation method for heat transfer surfaces 
from tubes with various kinds of welded finning (Fig, 2). 

The results of thermotechnical and technical-economical investigation, 
as well as new technological solutions in the field of manufacturing finned heating 
surfaces, have substantially broadened the limits of their application for high- 
temperature energetic and technological heat exchange devices. 

It is known that the use of finning reduces heat transfer intensity 
(calculating on the basis of the heat-absorbing surface unit) as compared with 
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non-finncd surfaces, since the fin efficiency is defined not only by connective heat 
transfer (dg^^jy ) but also by its niaterial thermal resistance. 

The efficiency increase of finned surfaces and primarily of tubes with 
various kinds of welded finning has been given special attention at the Laboratory of 
Heat Exchange Apparatus of the Institute of Engineering Thermophysics. From this 
point of view, improvement of geometrical parameters and choice of materials for 
the manufacture of finned tubes are of great importance. However, the main way of 
improving such surfaces of thcrmoacrodynamic properties is by searching for 
methods of heat transfer intensification to the fin surface. This is confirmed by the 
well-known studies by Case and London [2] in the field of small-scale heat 
exchangers. AntuQev M. V. [3|and by other workers, as well as by many years of 
research at the Institute of Engineering Thermophysics aimed at perfecting a variety 
of heat exchangers for industrial purposes. 

It should be noted that in finned tubes, with longitudinal finning in 
particular, the potential possibilities of heat transfer intensification are substantially 
greater than in smooth tubes. Mainly, this is due to the fact that in tubes with 
longitudinal finning the possibility of counterflow motion of heat carries is realized 
and the flow (gas, as a rule) is separated and moves along narrow channels. This 
results in decrease. 

Low liydraulic resistances cause a velocity increase in the interfin 
channel which, taking into consideration the counterflow of heat carriers, improves 
the heat transfer process. 

The investigation of specimen and bundles of longitudinally finned 
tubes of various dimensions [4,5 1 , carried out in laboratories and using half- 
industrial and industrial conditions, has shown the validity of application of tubes of 
usual similarity equations (at high quality welding for finned parts) : 

Nu = 0,02 Re®’**; t 

k F 

In this case d = - 77 * 

e i|U IV. u 

is the parameter with an accuracy sufficient for engineering design {t3%) and 
suitable for characterizing heat transfer and flow aerodynamics. 

It is known that the intensity of the heat transfer process and the 
surface aerodynamic resistance depend mainly on the nature of the flow near the 
wall. Evidently, optimal solutions for the development of effective heat transfer 
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surfaces should be searched for only in the above usage rather than in the flow 
turbulization at the expense of its velocity increase. 

Interconnection among the surface configuration, the flow structure, 
and heat transfer has been studied at the Institute during experimental investigation 
of this problem on plates, in the channel, inside the tubes and at flows around the 
interfin channels of tubes with deformed fins. The solution of the question from the 
engineering point of view has been facilitated by the fact that the thermo- 
aerodynamically expedient deformation of fins can be technologically realized on 
fins welded to the bearing tube. 

A rather simple method of flow turbulization near the wall, aimed at 
heat transfer intensification, can be put into practice by using roughness elements on 
the wall 1 6,7 1 . 

To find the effect of the height h, the configuration of baffles and their 
location (spacing S] on the flow structure and heat transfer, the investigation of air 
flows around the plate with one, two and many roughness elements has been carried 
out. Preliminary tests on the smooth plate have revealed good correspondence of the 
local heat transfer coefficients (sm-smooth, loc-local) with the known data 

[8,9] and thereby have approved the experimental technique. 

Under the condition of isothermal flowing around the plate with a 
single baffle and its heating, investigation of velocity fields and turbulent pulsations, 
as well as determination of = q(tfoo “ ^wloc) (r-rougli), has confirmed [10] 
the presence of the flow breakaway and allowed specification of the flow motion 
pattern in the vicinity of the baffle. The following zones have been determined: 
Stagnation zones within 1-2 h before and behind the baffle; the flow breakaway zone 
of the length 1 = 10 h from the baffle edge with increase in this zone up to 
the maximum value at the point of joining (due to intense agitation in the vorted 
and exchange processes between the vortex and the outer flow); the flow joining 
zone in the section 1 > 10 h where > 1 is attributed to a new boundary 

layer formation. 

Investigation of in the presence of two baffles (when h changes 
from 10 to 2 mm and S/h changes from 4 to 12) has shown that the breakaway 
zone length behind the first baffle is affected by the second baffle, which reduces 
the former 1.5-2 times. 

To determine optimal values of h and S/h, investigation has been 
carried out on the plate with many periodical roughness elements at various flow 
velocities. As a result, it has been stated [11 1 that the ratio (S/h) opt =^14 and 
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agrees with [12], Optimal baffle height value h depends onU^. This dependence 
character is shown in Fig. 3 in coordinates various 

Uoo where the laminar sublayer thickness for a smooth plate 6|^ has been 
defined by the mean tangential stress value for the section corresponding to the 
location of the roughness elements. It has been stated that within the limits 
1-10®< Rej< 5-10^ 

(— ) = O.OU&Keg ; Re = — — 

\ tsm / K ’ r V 

opt 

Periodical roughness elements in the form of baffles of rectangular and 
circular section have proved the independence of from the geometrical 
configuration of the baffles. 

The data obtained from the plate with periodical roughness have been 
used to investigate tubes on the longitudinal finning for which elements of periodical 
roughness have been used. 

For the intensification of heat transfer, the application of elements 
with small geometrical dimensions for finning is of interest 1 1 3 ] . In tubes with 
longitudinal finning such elements can be obtained by the perforation of the fins, in 
this case, in each working fin element exist conditions for the formation of a kind of 
new boundary layer on the fin. This layer can be influenced by similar formation on 
preceding elements. 

Figure 4 presents the influence (at U = const) of the length of the 
perforated fin’s working clement on the convective heat transfer coefficient. For 
comparison, there is the value of for the tube with non-perforated finning 
presented in this figure. 

The degree of dependence of on perforation parameters — the length 
of the working clement ( a 5-20mm) and the punching length ( (i l-2mm) arc 
determinded by the empirical formula [ 14] : 


Nu 


O.B 

O.OI 45 Re 



It is of practical interest that at aerodynamic resistance growth not 
more than that of heat transfer, such fin deformation readily realized can increase 
ot^ 1.5 ” 2 times more than with smooth tubes. 

The further the dimensions of working elements decrease, the more the 
transition to wire finning of tubes longitudinally flown around in particular brings 
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additional heat transfer intensity increase. 

In the studies on tubular surfaces with deformed longitudinal finning, 
which were carried out at the Institute, one can mark surfaces with the fin dissection 
into petals for which the optimal angle of petal turn with respect to the flow axis 
has been determined. 

High thermodynamic properties are characteristic for longitudinal 
finning with the dissection of fins into elements which arc parallel to the flow axis 
and which have entrance and exit rims slightly bent in different directions. As visual 
and analytical studies have shown, due to the occurrence ol a negative pressure 
gradient behind the rim bending and of a positive gradient from another side of the 
fin before the rim bending, viscous sublayer suction and blowing into the adjacent 
interfin channel are caking place. 

A comparison between longitudinally finned tubes deformed in this 
way and tubes with continuous finning is given in fig. 5 at different working 
elements lengths t and at the rim bending height h 0.1 

It should be noted chat in this case as well, heat transfer intensification 
is accompanied by almost linear growth of hydraulic resistance, which is much more 
benificial than achieving the same results at the expense of an increase of the heat 
carrier velocity. 

The quality criterion of heat transfer surfaces is the comparison of their 
weight, volume and energy indices as the function of power consumed for heat 
carrier transport. Witli a certain conditionality (assuming the temperature head 
between heat carrier and the wall to be 1°C) some of the surfaces investigated 
(fig.6) have been compared (fig.7) in the coordinates of the type 
= f(N) where is the reduced heat transfer coefficient allowing for the thermal 
resistance of the fin, is the total heat transfer surface, and N is power 

consumption. 

From this comparison it is seen that at N = idem energetic (as well as 
weight and volume) characteristics of the best kind of longitudinal profile firming 
with rims bending aside are 1.5 times higher than for tubes with non-deforrned fins 
and considerably better than for smooth tubes. 

Tubes with transverse finning are of great practical interest. 

‘ Investigations of their thcrnioaerodynamic characteristics, especially with welded 
finning, at the Laboratory of Heat Exchange Apparatus of the Institute have been 
carried out during a number of years. 

These studies determined the effect of leading flow turbulization on 
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heat transfer of a bundle of tubes transversely finned [15] and showed that account 
should be taken of bundles with a small number of tube rows into the depth. In 
addition to characteristics already known [16,17] a detailed study of characteristics 
for tubes with strip finning has been carried out. These characteristics are evaluated 
as being affected by production technology of finned tubes (corrugation at cold 
strip coiling, flash at its welding). Heat transfer changes along tube rows have been 
determined together with the effect of composition and spacing of tubes located in 
bundles on their heat transfer and hydraulic resistance. At sta^ered tubes 
composition 1 18 J with helical strip finning heat transfer is determined by : 


/Si-d 

Nu = 0,ll4 j 

where diagonal pitch 



and Re is defined by the outer diameter of the tube. 

As a result of investigations of tubes [19| with transverse finning 
dissected into small elements (welded petals and wire), a positive effect has been 
obtained, although relatively smaller than that in tubes with longitudinal, deformed 
finning. 

On the basis of a technical-economical and operational comparison, it 
has been discovered that for operation under higher fluid temperatures, the tubes 
with welded finning arc the most prospective. Constant cooperation with branch 
design and industrial institutions has made it possible to trace the ways of 
investigating the application of results and in many cases to realize them in concrete 
industrial apparatuses. 

Surfaces with various kinds of longitudinal and transverse fins welded 
to tubes are widely adopted in regenerators, tap water preheaters and heat recovery 
units of gas-turbine power plants. They are promising also for economizers and air 
preheaters of steam boilers and steam-gas plants, and they are used in heaters of air 
preheating, an in superheated vapour temperature controllers. In a number of heat 
transfer devices in atomic power stations, and above all in intermediate steam 
superheaters, the change from smooth tubes to finned tubes offers essential gains. 
Such surfaces arc prospective in various heat transfer apparatuses of different 
chemical engineering plants. 
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The experience in the application of tubes with welded finning 
confirms the data cited above. For example, substitution of smooth tubes, in a 
gas-turbine power plant with the capacity of 50,000kw, for tubes with welded 
finning allowed a decrease of consumption of the tubes by 400,000 running meters 
and the weight of the regenerators by 200 ton. 

The production technology of tubes with longitudinal, helical strip 
and wire finning is mastered in a number of plants. 

The wide application of such tubes has been promoted by : a) study of 
their work intensification methods and characteristics necessary for calculation, b) 
development of technology and automatic equipment for the production, of finned 
tubes, c) joint experimental production (of the Institute of Engineering Thermo- 
physics and E.O. Paton Institute of electric welding) of 250-300 thousand running 
meters of tubes with various kinds of welded finning for experimental and pilot 
samples of new heat exchangers. 
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Fig. 1. Finned tubes. 
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Fig. 2. Tubes with welded finning. 
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Chapter 22 

EFFECTS OF TURBULENCE PROMOTERS ON THE PERFORMANCE 
OF PLATE HEAT EXCHANGERS 


D. PescodI*) 


1. INTRODUCTION 

Heat exchangers may be used in air conditioning applications for heat 
recovery, for dehumidification systems in conjunction with refrigeration, and for air 
cooling by means of the evaporation of water 1 1 1 . 

Cooling systems may use regenerators |2|, |3|, but plate heat 
exchangers (recuperators) possess certain advantages. They have no moving parts, 
the passages are easy to seal and there can be complete separation of the two fluid 
streams. One limitation with plate heat exchangers when used for gases is the 
quantity of gas which may be passed through; for this reason crossflow arrangements 
arc frequently used even though there is some loss of efficiency when compared 
with counterflow arrangements. 

When the fluid pressures are low it is possible to construct the heat 
exchanger of rigid plastic film such as polystyrene or polyvinyl chloride. Provided 
thin material is used, say 0.25 mm or less, the poor thermal conductivity compared 
with metals is not important, as the temperature gradient across the plates is low. 
These plastic materials arc suitable for vacuum forming into various shapes, and 
designs were made with protrusions in the form of spikes or ripples to increase the 
turbulence in the air passing between the plates and thus to increase the heat 
transfer coefficient when compared with plane parallel passages, and economize in 
material used. The protruding spikes also provided physical support between 

(*) Diviuon of Mechanical Engineering, Commonwealth Scientific and Industrial Research Organization, Highett 
Victoria, Australia. 


N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CH AI’TER 
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adjacent plate:* 


2. DESCRIPTION 


2.1. Heat Exchangers. 

The heat exchangers used for the experimental investigation were made 
from polystyrene plates approximately 200 mm square and 0.25 thick. With later 
heat exchangers, rigid polyvinyl chloride was used, and the thickness was reduced to 
0.20 mm. This size was chosen to provide relatively large differences in temperatures 
and thus the most accurate measurements of effectiveness possible with the 
equipment available. For practical heat exchangers of high efficiency, large plates 
would be necessary. 

The main parameters were passage width and spike spacing, and six heat 
exchangers with protrusions in the form of spikes were constructed with dimensions 
as given in Table 1. A seventh design of heat exchanger was made by drape moulding 
the plastic sheets over expanded metal to create a pattern of ripples or “pockets.'’ 
Adjacent plates nested together with a few protrusions to provide correct spacing. 

In all cases the plates were heat scaled or electronically welded at their 
edges to from alternate passages at right angles to each other as in the normal cross 
flow arrangement. The height of the heat exchangers was approximately 150 mm. 

TABLE 1 


Plate type 

Passage Width 

Spike Spacing 

Symbol for 


mm 

mm* 

Graphs 

Spike 

3.40 

6.7 

X 

Spike 

2.82 

6.7 

C.) 

Spike 

2.16 

6.7 

• 

Spike 

3.56 

9.5 

□ 

Spike 

3.40 

13.4 

A 

Spike 

3.40 

13.4** 

V 

Pocket 

3.56 

34 + 

+ 


* All spikes were on a diamond pattern 

Plates coated with rayon fibres to retain water for evaporative cooling tests 
+ Pocket spacing : 9.5 mm X28.5 mm. 
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2.2. Test Set-up 

Tlie arrangement of the test rig is shown in Figure 1. The experimental 
heat exchanger is scaled into a thermally insulated box. Air is drawn through the 
heat exchanger and then through a mixer to obtain a more uniform temperature. 
The air then flows through an electric heater and another mixer before passing 
through the alternate passages of the heat exchanger. The air is mixed again and 
blown to atmosphere through an exhaust fan. The air flow rate and electric heating 
could be varied. With low air flows, the pressure differences across the heat 
exchanger were small, and thus the measurements were less accurate. Pressure 
measurements were made with an inclined manometer and a “Betz** micromano- 
meter. 

A grid of nine temperature measurements was made after each mixer, 
using calibrated mercury in glass thermometers. 

The electrical power to the heater was measured with a wattmeter, and 
the air flow rate could be calculated from the heat input and the rise in air 
temperature. 


3. TESTS 

The air flow rate was varied from 4 to 54 1/s, corresponding to 
approach velocities of 0.3 to 4 m/s. The electrical heat input was varied from 30 to 
660 watts. 

A total of 89 test runs were made; each one required several hours 
for conditions to stabilize. No distortion of the plates was detected with temperatures 
up to 50®C, but on one occasion when the temperature of the air was accidentally 
raised above 50^*0, some distortion of the moulded plates was observed. 


4. THEORETICAL ANALYSIS 


From the measurements of temperatures, air pressures, and electrical 
heat input, and the physical sizes and known properties of the heat exchangers, the 
air flows, friction factors, heat transfer coefficients, Reynolds Numbers and Stanton 
Numbers could be determined. 

The Reynolds Numbers and friction factors were based upon the width 
of the passages. In the case of the rippled plates, no corrections were made for the 
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extended surface area compared with flat plates, because the area of the extended 
surface would have been difficult to measure. Values of heat transfer coefficient in 
all cases refer to projected area. 

From the calculated values, graphs were prepared, and these are 
presented in Figures 2 to 7. Figures 3 to 7 are plotted on logarithmic paper. In 
Figures 3 to 5, curves for pane parallel walls have been included for comparison. 
These were obtained from Kays and London |4| . 

In Figure 2, some theoretical curves of effectiveness vs. approach 
velocity are included for comparison. 

The curves have the general form 

€ = 1/(1 + A V,E) (1) 

This is based on the general equation for heat transfer coefficient 

h = Fv’’ (?) 

Such curves arc shown in Figure 6. 

For a given temperature difference across a heat exchanger plate, fi , 
the total heat flow H = GV , where G is a constant relating to the physical 

properties of the heat exchanger. ( 3 ) 

if changes in the density of the air as it pas-ses through the heat 
exchanger are negligible, then the mass flow may be taken as 

M = DV (h) 

With balanced air flows, the temperature change of air passing through. 


(t - t .) = (t - t ) = F v‘*/DV = (F/D) 

CO Cl hi lio 


The effectiveness 


(F/D) 

(F/D) B 


= 1/(1 + (BD/F) V^*'**^ (6) 

Substituting V, for V and using a new constant 

A in place of (BD/F) 

Then € - 1/(1 + A ), where E = (1-b) 

In Figure 8, curves in the form 

.75 

Pressure gradient Ph/L = C V, were drawn for comparison with 
the test results. 



Effects of Turbulence Promoters on the Performance of Plate Heat Exchangers 605 

5. RESULTS 

In Figure 2 the heat exchanging effectiveness is plotted against 
approach velocity of air for tlic various heat exchangers, using symbols for the points 
as in Tabic 1. It may be seen that the pocket design has a different characteristic 
from the spike designs. 

In Figure 3 the product Stanton Number x (Prandtl Number) 2/3 is 
plotted against Reynolds Number for a range of Reynolds Numbers between 93 and 
1870. Again it may be seen that the pocket design is distinctly different from the 
spike designs and both higher Stanton Numbers than plane parallel walls. 

In Figure 4 the friction factor is plotted against Reynolds Number. 
Again, the pocket design is different from the spike designs but the friction factors 
for the primary circuit is different from the friction factor for the secondary circuit 
because of the elongated shape of the pockets. 

In Figure 5 the product Stanton Number x (Prandtl Number) 2/3 is 
divided by the friction factor and plotted against the Reynolds Number, to illustrate 
the relative efficiency of heat transfer. While there is considerable scatter of results, 
some designs appear to be superior to plane parallel passages. Bergles and Morton 
[5] in a survey of techniques to augment convective heat transfer, have shown that 
this is possible. 

In Figure 6 the heat transfer coefficient is plotted against approach 
velocity of the air and again the pocket design and spike designs fall into distinct 
groups, with the spike designs more characteristic of turbulent flow. 

In Figure 7 the air pressure gradient is plotted against approach velocity 
of the air. In this graph it may be seen that the different designs have their own air 
resistance characteristics but all tend to have the same slope corresponding to 

, 1.75 

Ph/L = C V, 

This is similar to turbulent flow characteristics. Furthermore, the effect 
of passage width is insignificant, indicating that the air resistance is almost entirely 
due to the protrusions. 


6. DISCUSSION 


The curves in the graphs indicate that the flow through parallel passages 
having small protrusions in the form of spikes is consistent with turbulent flow for 
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Reynolds Numbers, based on width of passage, as low as 200. The curves also 
indicate that the width of passage is not very significant within the range of 
dimensions tested; consequently the most compact heat exchanger could have plates 
spaced about 2 mm apart. 

The high values of heat transfer coefficient show that these designs are 
economical in material. The poor thermal conductivity of the plastic is compensated 
by the use of thin films; typical values of mean temperature difference across a plate 
is 2% to 8% of the mean temperature difference between the air streams. The lower 
value could be used for practical applications. 

A unit capable of handling 500 1/s with an effectiveness of 0.70 and a 
pressure drop of 7 mm of water could use plates of spike design, 0.2 mm thick and 
400 mm square, spaced 3 mm apart to form a stack 760 mm wide. The plates could 
have a spike spacing of 13.4 mm. A unit capable of handling 190 1/s with an 
effectiveness of 0.62 and a pressure drop of 10 mm of water could use plates of 
pocket design 0.2 mm thick and 150 mm square, spaced 2.3 mm apart to form a 
stack 760 mm wide. 

These types of heat exchangers have been used successfully as air coolers 
by wetting the plates with water on one side only. Air exhausted from a room is 
drawn over the wet surfaces before being discharged outside and the evaporation of 
the water cools the plates. Outside air is passed over the dry side of the plates where 
it is cooled by heat transfer without the addition of water vapour, and it is then 
discharged into the room. 

It is possible to obtain lower room temperatures than those obtainable 
with simple evaporative coolers. 

The results of this work have provided a basis for patents and 
commercial applications. 


7. CONCLUSIONS 

Turbulence promoters moulded into plates of heat exchangers can 
result in economies of material without increase in fluid power input requirements, 
compared with plane plates of similar proportions. 

Plate heat exchangers made from vacuum formed rigid plastic films arc 
.effective for applications where the temperatures and fluid pressures axe modreately 
low, as in air conditioning applications. 
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Plate heat exchangers of this type may be used as air coolers by 
evaporating water from one side of each plate. They do not add water vapor to the 
air entering the space to be cooled. 

LIST OF SYMBOLS 


Cp 

Specific heat at constant pressure 

kJ/kg °C 

D 

Hydraulic diameter of passage 

tn 

f 

Mean friction factor, defined by 

P _ APD 
■ apL 

h 

Heat transfer coefficient 

W/m* °C 

k 

Tlterinal conductivity 

W/m°C 

L 

Total flow Icngtli through heat exchanger 

m 

P 

Pressure 

Pa 

Ph 

Pressure 

mm of water 

Pr 

Prandtl number, defined by 


Re 

Reynolds number, defined by 

..-If 

St 

Stanton number, defined by 

= Fv'cp 

t . 

Cl 

Temperature of cold air in 

®c 

t 

00 

Temperature of cold air out 

°c 

^hi 

Temperature of hot air in 

°c 

^ho 

Temperature of hot air out 

°c 

V 

Velocity 

m/s 

Va 

Approach velocity 

m/s 

A 

Difference (t 

- t. ) + (t - t . ) 

no iti Cl 

6 

Effectiveness, defined by c - 

2(t - t .) 

hi Cl 

P 

Density 

kg/m® 

P 

Viscosity 

Pa s 

NOTE : The SI system of units is used in this paper; a table of conversions to British 
units is given in the Appendix. 
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Fig. 1. Arrangement of test rig. 
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Stanton No. x (Prandtl No. ) 2/3 vs. Reynolds No. 
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Fi^. 4. Friction factor vs. Licyiiolds No. 
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Fig. 6. Heat transfer coefficient vs. approach velocity. 
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Fiit 7- Pressure gradient vs. approach velocity. 






Chapter 23 

INVESTIGATION OF THE HEAT TRANSFER PROCESSES 
IN TUBE-BANKS IN CROSS FLOW 


S. Oka, Z. Kostic, S. Sikmanovic* 


1. INTRODUCTION 

Heat exchangers with tube-banks in cross flow arc still of great practical 
interest due to their wide use in thermal and chemical engineering. In the last few 
years appeared several very exhaustive articles which deal with mean and local values 
of flow resistance, pressure coefficients and Nussclt numbers, as well as with flow 
and heat transfer processes in tube-banks [1, 2, 3|. Besides the great number of 
experimental data, it is not yet possible to get a clear idea about the flow and heat 
transfer processes in tube-banks because of the very complicated geometry and the 
great number of involving parajneters. 

It is very difficult to make local measurements in cube-banks in order to 
discover response of flow and heat transfer processes to the changes of some 
(especially geometrical) parameters. It is also very difficult to divide the influence of 
different parameters. 

In order to investigate real physical processes of flow and heat transfer 
in tube-banks and their response to the change of different parameters, it is possible 
to make experiments on properly choosen, simple geometrical models, in which it is 
possible to make measurements of local values, and to investigate the influence of 
only one separate parameter. 

The aim of our investigations was to explore on such simple models the 
influence of geometrical parameters : transverse pitch, longitudinal pitch and 
position of tube in the bank, on the flow and heat transfer processes around the 


(*) Thermal Physics and Engineering Department, Boris Kidric Institute, Belgrade, Yugoslavia. 
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tube in the bank. 

As simple experimental models were chosen ; a single transverse row of 
cylinders for investigation of influence of tranverse pitch, two cylinders in cross flow 
(one in the wake of another) for investigation of longitudinal pitch, and single 
cylinder in cross flow of fluid with high turbulence intensity and different 
macroscales for investigation of the influence of tube position in the bank. 
Experiments were carried out in the subcritical region of flow in a tube-bank, 
i.e. in the Reynolds number range from 10^ to 2.10^ . 

2. EXPERIMENTAL APPARATUS AND CONDITIONS 

All experiments were carried out in the wind-tunnel with cross section 
500x500 mm and with cylinders of 100 mm in diameter (except the experiment in 
which the shedding frequency was measured, in which cylinders of 14.5, 25 and 
44.5 mm in diameter were used). 

Velocity and turbulence intensity profiles in the channel were uniform 
[4]. It was possible to obtain velocities from 2 to 6 m/scc. Turbulence intensity in 
the empty channel was 0.3%. 

A detailed description of the experimental apparatus, measuring tubes 
construction, measurement methods, and a check of the results are given in 1 4, 5, 6, 

7|. 

An experiment with the single transverse row of cylinders (investigation 
of the influence of tranverse pitch) was carried out on Re -r 30000 and for the range 
St/D~ 1.066-^5. 

An experiment with two cylinders in cross flow (one of them in the 
wake of another) was carried out in the Reynolds number range from 12,000 to 
40,000, and for the distance between cylinders (longitudinal pitch) in the interval 
1.6 < L/D < 9. 

Measurements of the shedding frequencies for the same geometrical 
model behind the first and the second cylinder, was carried out for Re = 2,950 
-5- 8,800, and for L/D = 1 40. 

An experiment with the single cylinder in cross (low of fluid with 
different turbulence intensities and different macroscale of turbulence was carried 
out for Re — 20,000. Turbulence intensity was changed from 2.7% to 26% and the 
macroscale A/D = 0.05 0.2. 
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SINGLE TRANSVERSE ROW OF CYLINDERS IN CROSS FLOW 
The basic results of this experiment are given in [8]. 

3.1. Mean heat transfer and form drag coefficient 

When the transverse pitch decreases up to 1.6 D the mean Nusselt 
number docs not change essentially, although distributions of local Nusselt numbers 
and pressure coefficients already show a noticeable change in the character of flow 
compared to the single cylinder. For Sy/D = 1.6 the mean Nusselt number is 
greater only by about 5%. The form drag coefficient is increased threefold [8] . 

For Sj/D < 1.6 the mean Nusselt number sharply increases followed 
by a more severe increase of the form drag coefficient. For S-p/D = 1 .066 in this 
experiment Nu|^ = 320 (or 27% greater), and Cj^p = 154 (or 1200% greater) 
compared to the values for a single cylinder [8]. 

3.2. Distribution of local values and flow patterns 

For S-p/D > 4.4 the character of flow is very similar to the flow around 
a single cylinder. On the front side of the cylinder the laminar boundary layer 
develops, with the separation point at = 82^. Pressure distribution in the rear side 
is also changed slightly. The distribution of the local Nu number shows a slight 
increase in the laminar boundary layer region, as a consequence of the increased 
velocities between cylinders (for the same Uq ). In the rear side a significant increase 
in heat transfer | 8 J shows that the shedding frequency is increased because of the 
presence of other cylinders [9 1 . 

Greater differences in flow character appear for Sy/D<4.4 (Fig. 1). 
With the decrease of SylD the static pressure on the front side changes more and 
more sharply, and the minimum static pressure on the cylinder surface decreases 
rapidly. As a result of the flow acceleration the separation point shifts downstream. 
For Sj/D 1 .6 separation point (SL) is on 92®. 

Because of the increased velocities between the cylinders (for the same 
Uo), for SjID = 2.2 and 1.6 (Fig.l) the laminar boundary layer transition to the 
turbulent boundary layer occurs (transition point ST). The turbulent boundary layer 
separation point is at (p= 1 20®. With further increase of favorable pressure gradient 
(for Sip/D <1.46), the laminar boundary layer stabilizes and turbulent boundary 
layer disappears. 

For S-p/D >1.6 heat transfer on the front side of the cylinder is only 
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slightly greater, and on the rear side the further change of the structure of the wake 
takes place, with the probable increase of shedding frequency. 

Up to Sj /D = 1.25 the character of flow is still similar to the flow 
around blunt bodies (fig. 2). The minimum local static pressure is already at 
\p = 90°. The minimum pressure coefficient slightly differs from the value obtained 
from the Bernouli equation for nonviscous fluid. That means that because of the 
great acceleration, the laminar boundary layer thickness became very small. Because 
of the smaller boundary layer thickness on the front side for Sj/D = 1.6 and 1.46 
(Fig.l), heat transfer intensity sharply increases. Because of the acceleration for 
those values of Sj/D, the boundary layer thickness decreases downstream, and the 
maximum Nusselt number is no longer at the front stagnation point. 

Distributions for the local static pressure coefficient and local Nusselt 
numbers for SyjD = 1.066 show a quite different flow character. Flow through tlie 
row of cylinders with such a small transverse pitch is very similar to the flow 
through the convergent-divergent channels. Minimum static pressure is in the most 
narrow cross section (\p = 90^) and the 10 cal Nusselt number also increases up to 
ip = 90 and reaches maximum value at this point. The distributions of local pressure 
and of the Nu number in the divergent parts of those channels do not correspond 
further to the distributions at the rear side of the cylinders. Separated flow in this 
part gives very high heat transfer intensity. 

4. TWO CYLINDERS IN CROSS FLOW 

In this experiment one cylinder (in the text, the second cylinder) was in 
the wake of the another (in the text, the first cylinder). The basic results of this 
experiment are given in [4, 5, 6, 1 0, 1 1 , 1 2| . 

4,1. Mean Nusselt number and form drag coefficient 

(a) The first cylinder. The first cylinder form drag coefficient differs 
slightly from that of the single cylinder (fig. 3, L = <»). Slight changes can be noticed 
at shorter distances when the vortex region is formed. 

The mean Nusselt number for the first cylinder, at the distance L/D = 
3, does not show any difference from those for the single cylinder. At shortened 
distances deviations (3 > L/D > 1.6) are no greater than ±8% as compared to those 
for the single cylinder (fig. 4), with tendency of decreasing for L/D < 2. 

(b) The second cylinder. The form drag coefficient for the second 
cylinder is significantly smaller than that for the single (and the first) cylinder, even 
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at large distances between cylinders (L/D = 9, Fig. 3). When the closed vortex 
region is formed between the cylinders, the form drag coefficient for the second 
cylinder suddenly begins to decrease, and becomes negative for L/D < 2. 

For L/D > 3.8 (when the closed vortex region is not formed) the mean 
Nusselt number for the second cylinder is 25% higher than that for the single 
cylinder (Fig.4). With the dcxrease of the distance between the cylinders the mean 
Nusselt number remains constant. For distances L/D < 2.3 the mean Nusselt 
number for the second cylinder decreases with the decreasing of distance. 

(c) The dependence of the mean Nusselt number on the Reynolds 
number. When a large part (about 50%) of the cylinder surface (either of the first or 
the second cylinder) is covered by laminar boundary layer, the mean Nusselt number 
is proportional to Re”'* (Fig.5). 

When the largest part of the cylinder surface is in the vortex region, the 
mean Nusselt number depends on Re^^‘^ , as is the case for the second cylinder for 
distances less than 2.7 D (Fig.6). 

4.2. Distribution of the local values and flow patter 

(a) The first cylinder. Distribution of the local static pressure 
coefficient and Nusselt numbers for the first cylinder differ very slightly from those 
for the single cylinder. Only on the rear side at short mutual distances (1.6 < L/D ^ 
3), when a closed vortex region is formed between the cylinders, the local Nusselt 
numbers arc increased for distances L/D = 2.5 and 2, probably because of more 
intensive and better defined vortex flow between the cylinders. For L/D = 1.6 
velocities in the closed vortex region evidently are smaller, so Nusselt numbers are 
again decreased (4, 5| . 

(b) The second cylinder. Distribution of the local static pressure 
coefficient and Nusselt numbers for the second cylinder show that, at distances L/D 
= 9 and 6 (when the closed vortex region is not yet formed between the cylinders) 
the laminar boundary layer becomes turbulent before separation |4, 5 1 . 

The heat transfer intensity within the laminar boundary layer is 
increased by about 20% (when compared to that of the first cylinder). This is the 
result of the increased turbulence level (and probably A/D 1) of the oncoming 
flow [4, 51 . 

Qualitatively different local static pressure coefficient and Nusselt 
number distributions on the surface of the second cylinder are obtained at distances 
L/D <3. In this case, two reattachment points arc obtained at the front side of the 
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second cylinder. They are actually the impingement points of the free shear layers 
separated from the first cylinder and which correspond to the maxima on the local 
static pressure coefficient distribution curves. The closed vortex region is already 
formed at these distances. The greater distance at which two pressure maxima were 
observed on the front side of the second cylinder (critical distance is 3.8 |4, 5 1 . 

Starting from these rcattachmerit points, laminar boundary layers arc 
formed towards the front and rear stagnation points. The maximum heat transfer 
coefficient is obtained near the rcattachment points. 

The laminar boundary layer becomes turbulent also at these distances. 
Transition points are shifted downstream (compared to the L/D = 9 and 6) at 
[p = 115^ “ 120°, but the turbulent boundary layer separation points arc 
approximately at the same place (i^ = 1 50° - 1 55°) 1 4, 5 1 . 

The front side of the second cylinder is in the closed vortex region for 
these small distances. Due to the decrease of the velocities and the increase in length 
and thickness of the boundary layer developing towards the formed front stagnation 
point, the local Nussclt numbers on the cylinder front side decrease simultaneously 
with the decrease of L/D, but are still higher than on the rear side of the first 
cylinder |4, 5 1 . 

On the basis of those results, it was possible to develop an idea of the 
pattern and mechanism of the flow around the two cylinders (Fig.7.). 

At distances between cylinders greater than a certain critical distance, 
(when the closed vortex region is not formed between them), the second cylinder 
has no influence on the processes developing on the first. The pattern and 
mechanism of flow in the wake of the first cylinder is the same as that for the single 
cylinder. 

As the second cylinder is in the wake of the first, the increased 
turbulence level of the oncoming flow causes the transition (SL) of the laminar to 
turbulent boundary layer to occur before the separation (ST). The wake of the 
second cylinder is thus more narrow which causes significant decrease of the form 
drag coefficient. The flow around the second cylinder is similar to the supercritical 
flow (Re > 2.10^) around single cylinder. Heat transfer in laminar boundary layer is 
increased due to the high turbulence intensity and possibly macroscale of the order 
of cylinder diameter. 

At distances shorter than critical, the free shear layers which separate 
from the first cylinder impinge on the front side of the second cylinder, and the 
closed vortex region is formed between the cylinders. It has been found that 
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(L/D)cr = 3.8. The critical distance is greater for greater Reynolds numbers (in the 
range from 12,000 to 40,000). 

On the second cylinder downstream of the rcattachment point (R), a 
laminar boundary layer is formed which becomes turbulent before separation (SL). 

4.3. Shedding frequency behind the first and second cylinder 

The basic results of these measurements are given in 16| . 

Fur distances greater than 10 D (Fig. 8) the shedding frequency behind 
the first cylinder is equal to that of the single cylinder (S = 0.21). For smaller 
distances (but greater than the critical) the shedding frequency slightly decreases. At 
a critical distance the shedding frequency suddenly falU to a very small value. The 
vortices do not shed more. 

This result confirms the assumption that for distances less than critical 
the closed vortex region is formed between cylinders with two stable, symmetrical 
vortices (free cavity, Fig. 8). 

With the increase of the Reynolds number from 2,950 to 8,800, the 
critical distance decreases (Fig. 8). It seems that this is not in contradiction with the 
dcpcndance of the critical distance obtained in the Reynolds number range 13,000 
to 40,000 |4|, because of the different behavior of the length of the vortex 
formation region in these two Reynolds number ranges 1 1 31 . 

For distances L/D < 20 the frequency of shedding behind the second 
cylinder increases up to the critical distance. Probably this is because the vortices 
shedded from the first cylinder flowing near the second cylinder create an effect 
simflar to the channel blockade [9|. Besides, the higher turbulence intensity shifts 
the separation points downstream which cause the increase of frequency [6] . 

At critical distance the frequency of shedding behind the second 
cylinder falls to the value characteristic for distances greater than L/D = 20. For this 
distance there is no more shedding of vortices from the first cylinder, and influence 
of the first cylinder disappears [6| . 
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5. INFLUENCE OF THE MAIN STREAM TURBULENCE STRUCTURE ON HEAT 
TRANSFER FROM THE SINGLE CYLINDER 

The basic results of this experiment are given in [7 ] . 

5.1. Mean Nussclt number and form drag coefficient 

Fig. 9 shows the change of the mean Nusselt number with the change of 
turbulence intensity. The Reynolds number was about 20,000. For turbuletice 
intensity of about 16%, the mean Nusselt number is increased by about 24%. The 
increase of the Nussclt number becomes smaller for a greater turbulence intensity. 
Results obtained for five different grids and at the four distances behind them (that 
means for 20 different turbulence levels and 20 different macroscales) can be 
represented by a single curve with a maximum scatter of about i2%. With careful 
analysis the influence of A can be noticed, but the differences are too small to find 
real dependence for this range of macroscale (A/D = 0.05 D 0.1 ). 

Fig. 10 shows the comparison of our results for Nu| (Re = 20,000) 
with the results for higher Reynolds numbers 1 18]. There is great difference in the 
turbulence level influence on Nu^ (the same case also applies to Nu|y^) depending 
on the Reynolds number. For Re = 20,000 and Tu = 7% the increase of heat 
transfer in laminar boundary layer region is 15%, and for Re = 10* about 60%. 
Obviously the reason is the different boundary layer thickness for different 
Reynolds numbers. 

The same Fig. also shows that heat transfer in the laminar boundary 
layer increases much more than the mean heat transfer from the cylinder. For Tu = 
16% the increase of Nu^ is about 32%. 

The form drag coefficient of the single cylinder is significantly 
decreased only when the transition to turbulent boundary layer for this Reynolds 
number appears on tlic surface of the cylinder for T u greater than 6-8%. For Tu = 1 6% 
the form drag is decreased by about 30% 1 7 | . 

5.2. Distribution of local values and flow pattern 

In Fig. 11 are shown the distributions of the local static pressure 
coefficients for four different turbulence intensities ranging from 4% to 14%. In the 
region of the laminar boundary layer can be noticed a slight acceleration of the flow 
outside the boundary layer with an increase of turbulence, although the minimum 
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pressure and the separation point are at almost the same place (70° and 90°). For 
Tu = 14% exists the laminar to turbulent boundary layer transition, and the 
turbulent boundary layer separation point is at about 140°. 

Fig. 12 shows the distributions of the local Nusselt numbers for the 
same values of turbulence level as in Fig. 11, compared with the distribution for a 
cylinder in the empty channel (Tu = 0.3%). The great increase of the heat transfer 
intensity is easily seen in the laminar boundary layer region, especially around the 
stagnation point where the boundary layer thickness is smaller. 

An increase of heat intensity exists also in the wake region of the 
cylinder. The cause of this increase was believed to be the macroscale of turbulence 
|19 | (this was the explanation of the experimental results of |15j). Recent results 
1 1 6 1 show that the reason for the change of structure of the wake is the turbulence 
intensity and not the turbulence macroscale. The increase heat transfer intensity in 
this region certainly occurs because of the change of structure of the wake, but our 
results do not show the reason for this change. 

For Tu = 8% there arc already signs of the transition to turbulence, 
and the heat transfer in the rear side of the cylinder is significantly increased. For Tu 
= 14% the existance of the turbulent boundary layer is evident. This is the reason 
for great increase of heat transfer intensity in this region and in the wake region too. 
of course, the value of Tu on which the transition to turbulence occurs depends on 
the Reynolds number. 

The greatest increase of heat transfer in the laminar boundary layer 
region can be noticed for smaller turbulence intensities (Tu<6%),and for greater 
values the increase is smaller. The same case is evident after the transition to 
turbulence. The further increase of heat transfer in the turbulent boundary layer and 
wake region is smaller, too. This is the reason for the smaller increase of heat 
transfer for the whole cylinder at greater turbulence intensities. 

6. DISCUSSION 

The experimental results on simple geometrical models have shown that 
the characteristic changes of mean values (with the change of transverse and 
longitudinal pitch, and also for increased turbulence intensity) are similar to those of 
the tube-banks. This can help us to use the described results for explanation of the 
physical background of behaviour of tube-banks. 

We shall note some examples of the main processes which take place in 

tube-banks. 
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With the decrease of transverse pitch the heat transfer increases in an 
in-line tube-bank [1] , as our results (see 3) show mainly because of the acceleration 
of flow and signifleant decrease of boundary layer thickness. The decrease of heat 
transfer for tube-banks observed for very small Sj/D < 1.053 f 1] and also for small 
longitudinal pitches, probably occurs because of laminarisation of flow in the bank 
due to the great favorable pressure gradient. 

The decrease of the heat transfer with the decrease of Sj/D in 
staggered tube-banks [1] cannot easily be explained on the basis of our results. 
Experiments on other simple experimental models are needed. 

Experiments with two cylinders in cross flow (Sec 4) explain very well 
the influence of longitudinal pitch and partially the influence of the tube position. 
For pitches of S^^/D greater than a certain critical value, the increase of heat transfer 
is the consequence of the high turbulence level. With the decrease of the longitudinal 
pitch the heat transfer in a tube-bank |1| increases slightly due to the increase of 
the turbulence level at smaller distances from the up-stream transverse row, which 
serves as a turbulising grid. For our experiment (and Rc = 2,000) the critical pitch is 
about (3-4) D, but in the tube-bank it should be smaller because of the narrower 
wake behind tubes in inner rows. 

The most favorable conditions for heat transfer is when the pitch is 
equal to the length of the vortex formation region, i.c. Sl/D = 2 — 4 in the 
subcritical region. With further decrease of pitches the heat transfer decreases 
because of slow circulation in the vortex region between the tubes 1 1 1 . 

The change of the exponent “m” in the dependence Nujy^ = c • Rc™ for 
in-line tube banks ( 1 ] with the change of transverse and longitudinal pitches is the 
consequence of the change of mechanism of heat transfer on the tube surface (see 
Sec.4). With the change of pitches (especially longitudinal) the ratio of the area 
under laminar, turbulent boundary layer and vortex region is changed. These changes 
are greater up to Sj^/D ^ 2. For staggered tube-banks this ratio changes less, and the 
exponent “m” is constant [ 1 ] . 

Influence of turbulence is manifested for the pitches Sl,/D = 3-4, 
mostly because of the increase of heat transfer in a laminar, boundary layer and 
because of the laminar to turbulent boundary layer transition. For smaller distances 
influence of turbulence is of less importance because of the formation of a closed 
vortex region. 

Although immediately behind the cylinder the turbulence intensity is 
about 30-40% [16], in tube-banks [1], and also in an experiment with two 
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cylinders (Sec.5), it is not noticed that the increase of heat transfer is adequately 
high for this turbulence level. The reason is the very fast decrease of Tu behind the 
tube and the small increase of heat transfer for such high turbulence intensity. 

Of course, the processes in simple geometrical models arc not the same 
as in the tube banks. Upstream transverse rows, side longitudinal rows and other 
tubes are an influence on processes, so they differ quantitatively from those 
described for simple models. However, the main characteristics of the processes 
remain the same. To investigate these influences it is necessary to make experiments 
on more complicated geometrical models. 
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1 w 

Cop = ^ f Cpocos^pd^ 

NOMENCLATURE 

~ form drag coefficient 

^po “ (P “ Pmax)/®’ 5p Uo - local static pressure coefficient 

Com.. =Cdp ■ Ui/lfi 

max 

D 

tube diameter 

[ 

frequency of vortex shedding 

Nu=ad/X- 

1 W 

Num = ^ / Nu • d«p- 

local Nusselt number 

mean Nusselt number 

Nul “ 

mean Nusselt number in the laminar boundary layer region 

Nulq-Nul 

for zero turbulence intensity 

P 

local static pressure on cylinder surface 

Pmax 

maximum local static pressure 

q 

heat flux 

Re = UoD/v 

Reynolds number based on Uq 

^^max 

Reynolds number based on Uj^^j, 

Sj 

transverse pitch 


longitudinal pitch (L-iii experiment with two cylinders) 

S = f • D/U„ 

Strouhal number 

Tu = y/u^/Ug - 

turbulence intensity 

‘w 

local wall temperature 

tf 

temperature of undisturbed fluid 

Uo 

u„ = i/u ,V- 

velocity of undisturbed fluid 

mean velocity around cylinder 

Um,, 

velocity in the most narrow cross section 

P 

II 

1 

local heat transfer coefficient 

A 

heat conductivity 

A 

macroscale of turbulence 

<P 

angle measured from the front stagnation point 

P 

fluid density 

V 

kinematic viscosity 

Eu = Ap/pUg 

Euler number, flow resistance coefficient 
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Fig. 1. Distributions of the local static pressure coefricient and Nusselt number on the surface of the tube 
in the single row for Sy/D = 3.2 to 1.6. 
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Fig. 2. Distributions of the local static pressure coefficient and Nusselt number on the surface of the rube 
in the single row for Sj/D = 1.46 to 1.006. 
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Fig. 3. First and second cylinder: form drag coefficients in dependence on distance between cylinders. 
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Fig. 8. Shedding frequency behind Arse cylinder. 



Fig. 9. The influence nf turbulence intensity on mean Nusselt number. 
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Fif(. 10. llic influence of turbulence intensity on heat transfer in laminar boundary layer region. 
(Coinpahsoti with | J 8 J ). 



Fig. 11. Distributions of the local static pressure coefneient for different turbulence intensity. 
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Chapter 24 


INVESTIGATION OF THE EFFECT OF TURNS ON TURBULENT FORCED 
CONVECTION IIFAT TRANSFER IN PIPES 

S. Kakaf, Y.Goflu;, M. R.OzguI*) 

1. INTRODUCTION 

The knowledge of the heat transfer between a pipe and a fluid flowing 
through it is a prerequisite for a wide range of applications. The distribution of heat 
transfer coefficient near the thermal entrance of a circular pipe is a special but 
important problem of this area. The distribution of heat transfer coefficient depends 
not only upon the boundary conditions, but also upon tlie flow conditions, 
especially when the pipe is preceded by a bend. In many heat exchangers for a 
variety of reasons the pipes are not straight but include bends of various angles and 
radii. One of its important applications is in the design of cooling systems for 
chemical industry. Also heat exchangers with curved pipes can be found in power 
refrigeration and nuclear reactor technology. The effect of a bend in .some of the 
cases may be very substantial and can be of importance with its influence on the 
over-all performance of a heat exchanger and with problems as hot spots, thermal 
stresses and so on. 

Despite the importance of bends in heat exchangers, only a few 
investigations have been carried out in this particular area. Ede [ 1 ] worked on the 
effect of right angled bends on heat transfer in a pipe. The working fluid was water. 
To obtain constant heat flux boundary condition, alternating current was used in 
some of experiments, whereas in most of the experiments direct current was 
preferred. The experiments covered a range of Reynolds numbers from 700 to 
50000. The heat flux employed varied from 70 m W/cm* to 16 W/cni^ at the lowest 
and highest Reynolds numbers respectively. He found as much as sixteen times 


(*) Middle Kast Technical University, Ankara, Turkey 

N.B. ALL FICJURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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greater heat transfer coefficient due to right angled bend if the flow was laminar. In 
case of turbulent flow the influence of the bend is not so strong. His experiments at 
the Reynolds numbers 2000 to 10000 indicate tlic flow behaves sometimes like 
turbulent and sometimes like laminar. After strongly curved bends the sudden 
increment of the Nusselt number is succeeded by a minimum where it gets even 
smaller values than the fully developed Nusselt number. The relaminarization in the 
curved pipe was expected to be the reason of this abnormality which continues till 50 
diameters length. Even the experiments with unheated bends preceding the heated 
straight pipe are reported. 

Mori and Nakayama [2, 3, 41 investigated forced convection heat 
transfer in curved pipes analytically and experimentally. Both constant heat flux and 
uniform temperature boundary conditions were used for laminar and turbulent 
flows. The velocity profile in the bend was fully examined analytically for laminar 
flows. 

Two investigations of 1 80° bends were carried out by Boelter ct al. | 5] 
and Mills (6]. The investigations were for air and refer to a 180° bend of 
unspecified radius. 

The aim of the present investigation is to determine the effect of 180° 
bends on the heat transfer coefficient in the region following the bend. The case of 
steady-state, forced convection turbulent flow is considered. The variables arc: 

a. Reynolds number 

b. Ratio of radii of bend to pipe. 

The wall heat flux is assumed to be uniform in all cases investigated. 
However variations in the uniformity of the heat flux is expected due to the 
following reasons : 

i. Variation of the resistance of the pipe material with temperature, 

ii. Variation of the tube wall thickness, 

iii. Nonuniformity of the pipe insulation, 

iv. Axial heat conduction in the pipe material. Heat loss being greatest 
at the ends, due to the axial conduction. 

Out of these deviations the largest one is the end heat loss due to axial 
conduction. But this deviation occurs also in the heat exchangers. 

2. DESCRIPTION OF EXPERIMENTAL APPARATUS 

A schematic diagram of the experimental set-up is shown in Fig. 1 and 



Effect of Turns on Turbulent Forced Convection Heat Transfer in Pipes 639 


2. Air from a filter-mounted fan successively flowed through a horizontal pipe 4 
inches in nominal diameter, adopter, flexible hose, a calming tank, a velocity 
developing pipe, the test section and a mixing cup. Immediately after the fan there 
was a valve and a by-pass pipe with a regulating valve. By means of these two valves 
the flow rate and thus the Reynolds number was adjusted. 

Flow measurements were made by means of an orificemeter (B.S.S. 
1042) with D and D/2 tappings. Orifice plates with different plate to pipe diameter 
ratios were used for different desired How rates. A copper-constantaii thermocouple 
was inserted into the pipe measure the air temperature. 

Air from the calming tank was led vertically downward through a one 
meter long pipe until it reached the 1 80° bend. Thus the air just before the entrance 
of the bend had a fully developed velocity profile. The inlet air temperature was 
measured by means of a copper-constantan thermocouple inserted into the pipe. 

The test section was insulated thermally and electrically at both ends as 
shown in Fig. 3. 

The experimental pipe, which was made of steel, had a 36 mm inside 
diameter, 40 mm outside diameter and 1.70 m. long. Heat was generated within the 
wall of the pipe by passing alternating current through it. The potential was applied 
between the flanges welded to the ends of the pipe by a low voltage supply from a 
20 KVA 380/5-20 V single-phase tapped transformer. The condition of uniform heat 
flux was thereby imposed, and variations in the value of the local heat transfer 
coefficient were recorded as variations in the temperature of the pipe wall. This was 
measured at a number of stations by copper constantan thermocouples attached to 
the external surface of the pipe at the positions shown in the Table. Because of the 
expected large variation of heat transfer coefficient at the inlet, a large number of 
thermocouples at the inlet were used. 

In the Table, the primed numbers denote thermocouples on the side of 
the pipe following the outside surface of the bend and the numbers without prime 
denote thermocouples on the opposite side. The position of each thermocouple is 
identified by the ratio of its distance x from the start of the test section to the 
diameter D of the pipe. Since the temperature of the pipe wall was expected to vary 
around the periphery, at each station some thermocouples were placed around the 
periphery of tube as well. 

The rate of heat generation within the tube wall was determined from 
the measurements of the current by means of a current transformer and of potential 
difference between the two ends of the test section. The estimated error in the 
power input measurenvents was less than 1.2 percent. The test section was insulated 
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against heat losses to the environment. This was achieved by the use of 35 mm 
asbestos. The whole pipe was then placed in a wooden box and the empty space of 
40 mm is filled with glass wool. The bend and the straight pipe preceeding the bend 
were also insulated to prevent the loss of any heat, that was axially conducted from 
the experimental pipe to bend, to the environment. 

The four bends which were used for tests were carefully constructed 
from straight pipe and were nearly perfect. The wall thickness, however, was 
substantially modified by the bending process. 

A mixer was attached to the end of the test section to measure exit 
bulk temperature of the air. For mtermediate stations along the pipe, the bulk mean 
temperature of the air was calculated from the measured inlet temperature, the rate 
of flow of air, and the measured heat input up to the station in question; corrections 
being made for heat losses. 

3. EVALUATION OF THE HEAT TRANSFER COEFFICIENT 


The local heat transfer coefficient is defined in terms of the local heat 
flux and the difference of wall and fluid temperatures: 


h 


X 



( 1 ) 


It varies by the distance from the inlet (x) and by the peripheral location. At a 
certain distance the following three heat transfer coefficients arc of special 
importance: at inside with respect to the curvature of the bend (hj), at outside 
with respect to the same curvature (ho) and the peripherally averaged (or local 
average) heat transfer coefficient, 


2ir 

''x = 

o 

Each of these heat transfer coefficients leads to a Nussclc number according to the 
relation Nu = hD/k. 

Similar to h, the Nusselt number may be subscribed by i, o, and x denoting local at 
inside with respect to bend, local at outside with respect to bend and local average at 
a distance x from the entrance. 

The evaluation of heat transfer coefficients necessitates the measurement 
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of heat flux to the fluid, wall and bulk temperacurcs. The bulk mean temperature 
Tbx at any point along the pipe is calculated from the measured inlet temperature 
Tjj, mass flow rate W and the total heat input to the third (Qfx)» proceeding the 
point in c|uestion according to the relation 


bx 


T.. + 

II 


A 

w c 


( 2 ) 


The small heat amount which flows to the fluid through the unheated bend which 
touches the heated tube is neglected. It is not practical to measure the wall 
temperature at the inside surface of the wall directly. First the outside wall surface 
temperatures are measured by means of thermocouples, then from the equation of 
temperature distribution in the tube wall, the inside wall surface temperatures are 
calculated. For this purpose the steady-state energy equation in cylindrical 
coordinates with constant properties, uniform heat generation and subject to the 
adiabatic boundary condition at outside surface is solved. It gives a relation for the 
temperature difference of inside and outside surfaces, (T^x “"fox) > terms of 
inside and outside radii (ri, ro ) and q which is the generated heat amount per unit 
time and per unit volume of the tube. 


or 



(3a) 


(3b) 


where is the inside wall temperature and Qt is the total heat input over the 
length of the tube. The power input to the test section and outside wall temperature 
of the tube are measured, and therefore T^ can be calculated. 

For the exact determination of the heat flux to the fluid (qf) some 
corrections must be applied to the nominal heat generated in the tube material. 

q = V.I/2irrl 

II 

These corrections are due to: 

4L : Radial heat loss through the insulation 
4a : Axial heat loss by conduction 
4p : Peripheral heat loss by conduction 

4u : Reduction in the nominally generated heat by nonuniformity of wall 
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thickness. The desired relation for determination of qf is obtained 
from energy balance applied to an area element (ds) of the tube wall 
in the following way: 


ds.q^- ds.q^= ds.q^+ ds.q^+ ds.q^+ , 


s.' s.’- •'*’ 

The heat loss by conduction in the axial direction is calculated according to the 
following relation : 





T ,+ 
n+1 


T - ? 

n-1 




(5) 


The second relation is the finite difference form which is suitable to apply to 
experimentally determined temperature profile. The correction due to heat loss in 
the peripheral direction is not included in the following results because of missing 
information about the peripheral variation of temperature. It docs not affect the 
average heat transfer coefficient; but the actual difference between the local inside 
and outside heat transfer coefficients with respect to bend is probably larger than 
those given in our results. This correction may be estimated by assuming a sinusoidal 
temperature variation around the periphery. 

The last two corrections together as a function of wall temperature is 
determined by measuring the electrical heat input required to maintain the tube, 
which was closed at both ends and filled with glass wool to reduce natural 
convection and radiation, at stcadyrstate for a given room temperature. Because 
qf ^ 0, the generated heat amount (qn ” qa) is equal to q^ + qL according to eq. 
(4). if qu is small, this correction will consist mainly of qj^ which is proportional 
to the difference between tube wall temperature and the room temperature. 

The experiments were repeated for three different heat generations and 
the temperature of each point of the test section is plotted against the corrected 
heat generation. It was found that the variation of (q^ + qL) is linear with the local 
temperature of each axial location. 

Q + q, = C + BT (6) 

where Cx, Bx arc constants and Tx is the temperature, all at distance x from the 
entrance. 
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One check of the correctness of this is that “Cx/Bx ks constant for all 
points along the pipe, and according to eq. (6), this constant is the ambient 
temperature before applying any heat flux. 

4. THE RESULTS 


The variation of the average local Nusselt number with x/D for the 
bend with curvature ratio R/ri - 5,7 is plotted in Fig. 4. The succeeding Figs. 5, 6 
show the variation of the local average Nusselt number along the pipe for Re 
numbers 9000 to 55000 with a bend to pipe radius ratio 8,3 and 17,2 respectively. 

Fig. 7 shows the entry effect of bends on the average local Nusselt 
number approximately at Reynolds numbers 55000 and 28500 respectively. 
Velocity in the direction of flow inside the bend increases as we move from the 
inside curved surface to the outside of the bend. It is thus expected that heat 
transfer coefficient along the tube surface following the outside curvature of the 
bend will be higher. This explains the circumferential variation of heat transfer 
coefficient around the test section. 

The local Nusselt numbers on the inside and outside of the tube with 
respect to the bend are shown in Figs. 10, 11, 12 and 13. Fig. 14 shows the effect of 
axial heat conduction in the tube wall. For fully developed turbulent flow in straight 
smooth tubes, the following relation is recommended by Me Adams (71. 

0.8 0.4 

Nu = 0.023 (Re) (Pr) (T) 


The values of Nusselt number from eq. (7) are also shown in Figs. 4, 5, 6, for 
comparison. Flow in a circular tube whose centerline is on the arc of a circle is 
complicated by the fact that a secondary flow is induced, resulting in higher local 
conductances on the outside than on the inside of the curve. This problem has not 
been successfully analyzed analytically, but some experimental data are available. 

Seban and Me Laughlin conducted experiments with water and found 
that the average peripheral convection can be satisfactorily correlated by the analogy 
relation: 

0.6 

St.Pr = f/2 (8) 


where the friction coefficient is given by the following equation [ 8] : 

lOlOS ,2 

for Re 


f (straight tube) 


■= "'(t) 
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where 

-Ol25 

f(straight tube) = 0.079 (Re) ; 5 Xlo’<Re < 3 XlO® (lO) 

Nusselt numbers which are calculated from eq. (7) and (8) in connection with eq. 
(9) and (10) are also plotted in Figs. 4, 5, and 6 for comparison with experimental 
data obtained on a straight pipe preceded by a bend. Under the fully developed 
conditions, it can be shown that 

^ ^ ^ ( 11 ) 

3x 3x 3x 

This explains that away from the bend the wall temperature and tlie bulk 
temperature vary linearly with x . Variation of wall temperature and bulk 
temperature as a function x/D for two different Reynolds numbers is plotted in Figs. 
8 and 9 respectively. Variation of wall temperature and bulk temperature became 
nearly linear at 12 - 14 diameters from the test section inlet. 

5. DISCUSSION OF RESULTS AND CONCLUSIONS 

Under the conditions prevailing in this work, the thermal entrance 
effect is modified as a result of a change in flow conditions at the tube entrance 
since the bend proceeds the heated tube. 

The character of the flow at the outlet of the bend is modified by 
secondary currents generated within the bend. The initially fully-developed velocity 
profile is severely distorted at the bend outlet i.c. inlet to the heated tube and there 
is some additional degree of turbulence in the flow stream. A higher degree of 
turbulence in the flow stream implies in general higher rates of heat transfer. Hence, 
heat transfer coefficient is higher than would be obtained in a developing turbulent 
boundary layer where the turbulence originates from the surface. It would appear 
that the effect of a distorted velocity profile is mainly revealed as a variation of the 
local circumferential heat transfer coefficient. 

a. The Nusselt number decreases with increasing x/D as it is 
expected. The value of the Nusselt number became almost constant 
at x/D= 12-14. 

b. The local Nusselt number in the entrance region of the heated tube 
depends on the tube length, the ratio of bend radius to tube radius, 
and the Reynolds number. The value of the local Nusselt number 
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diminishes with increase of the ratio of bend to tube and with 
decrease of Reynolds number. 

c. At a given x/D near the entrance, the value of local Nusselt 
number increases with increase of Reynolds number. 

d. The thermal entry length decreases with increase of Reynolds 
number. 

e. The effect of bend on local Nusselt number is more pronounced in 
laminar flow conditions. 

f. The minimum value of Nu^ occurs on the inside and maximum 
on the outside of the tube with respect to the bend. Circumferential 
distribution of Nu^ is nearly symmetrical about the plane of the 
bend. At high Reynolds numbers, the difference is larger and 
continues to increase with x/0 values whereas at low Reynolds 
numbers the difference is small and diminishes at high x/D values. 

g. The circumferential distribution of tube wall temperatures at several 
positions down stream of bends are observed. It is also observed that 
the circumferential temperature distribution is almost symmetrical 
about the plane of bend, for all four bends investigated. 
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NOMENCLATURE 


A Surface area, tn^ 

B Constant 


C 

c, 

D 

1 

L 


Nu (= hD/k) 
Pr (=iiCp/k) 

Q 

f 


q 

R 


Re ( = dDIu 
T 
U 
0 
w 

X ( = x/D) 

X 


Constant 

Specific heat at constant pressure, kcal/kg°C 
Inside diameter of tube, m 
Current, Amp. 

Length, m 
Nusselt number 
Prandtl number 

Heat Supply per unit time, kcal/h 

Heat generation per unit volume, per unit time, kc<il/ni'’li 
Heat flux, kcal/hm^ 

Radius of bend, m 
Radius of tube, m 
Reynolds number 
Temperature, C 

Local axial velocity component, m/s 
Average axial velocity, m/s 
Mass flow rate, kg/h 
Dimensionless distance 
Axial distance, m 



Potential difference. Volts 

Heat transfer coefficient, kc.il/li m^ °C 

Thermal conductivity of tube material, kcal/hm °C 

Thermal conductivity of air, kcal/hm *’C 

Dynamic viscosity, kg/hm 

Kinematic viscosity, rn^/s 

Density, kg/m’ 


The meaning of any other symbols arc given in the text as they occur. 
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Subscripts 


a 

b 

i 

ii 
1 

X 

0 

t 

w 


Axial 
Mean bulk 

Inside with respect to bend; inside of the tube 

Inlet 

Loss 

Local 

Outside with respect to bend; outside of the tube 
Total 

Wall or surface 
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Fig. 1. Schematic view of the test set-up. 
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Fig. 2. Schematic view of the test Section and Instrumentation. 
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Lg. 4. Variation of local average Nusselt number along the pipe for Re numbers 9000 to 55000 with 
ratio of bend to pipe radius 5.7. 







Effect of Turns on Turbulent Forced Convection Heat Transfer in Pipes 653 



Fig. 5. Variation of local average Nusselt number along the pipe for Re numbers 9000 to 55000 with 
a bend to pipe radius ratio 17.3. 
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Fig. 9. Variation of bulk temperature along the pipe. 
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Fi^ 10. Variation of outside Nusselt number along the pipe for a ratio of bend to pipe radius 8.3. 
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Fig. 11. Variation of outside Nusselt number along the pipe for a ratio of band to pipe radius 5.7. 
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Fig. 12. Variation of inside Nusselt number along the pipe for a ratio of bend to pipe radius 8.3. 
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Fig. 14. Influence of axial heat conduction on the calculation of Nusselt number. 




Chapter 25 

STEADY AND UNSTEADY FLOW PHENOMENA IN AND 
BEHIND STAGGERED AND IN-LINE TUBE BANKS 


E. Heinecke, C.B. von der Decken(*) 


Tlic aim of this chapter is to give an impression of the problems with 
which engineers are confronted, when trying to construct and to build heat 
exchangers. As experience has shown it is not sufficient to know, within a certain 
margin, mean heat transfer and pressure loss coefficients. Numerous defects in high 
loaded heat exchangers in conventional as well as in nuclear power plants have 
shown, that detailed knowledge about instationary and stationary flow phenomena 
is needed, to be sure that unforeseen failure does not occur. Three items are 
discussed : The excitation of standing acoustical waves in heat exchangers caused by 
narrow band flow fluctuations, the development of nonuniform velocity profiles 
especially behind in-line tube banks, and the coupling of mechanical vibrations of 
the tubes and their wake flow. 

In heat exchangers with tubes in cross flow the tubes themselves 
generate a wake flow with instationary components. Depending on the arrangement 
of the tubes (staggered or in-line, longitudinal and transverse pitches) and Reynolds 
number, the spectrum of the velocity and pressure fluctuations may either be of 
narrow band or broad band (highly turbulent) character, in any case the pressure 
fluctuations may have two cansec|uences. Firstly : The fluid within the heat 
exchanger shell has a series of acoustical eigenfrequencies. That means that standing 
waves of high intensity can be excited by the flow induced pressure fluctuations. In 
this case all components of the heat exchanger are liable to high mechanical stresses, 
especially if one of the mechanical cigenfrequencies coincides with an acoustical 
one. In case of acoustical resonance also the pressure drop coefficient rises above 


(*) Kernfbrichungsanlage JQlich GmbH, JUlich/Germany 

N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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normal level. 

Secondly: Instationary flow in the wake of a tube means that drag and 
lift coefficient have time dependent components. The tubes are forced to vibrate 
mechanically also if acoustical resonance is not observed. Here one has to discern 
between two possibilities: 

Firstly: The displacement of the tubes is so small that there is no 
coupling between the wake flow and the movement of the tubes (Stiff tubes). 
Whether mechanical failure will happen or not depends on the damping of the whole 
structure. Secondly : The ratio amplitude/diameter reaches a value, that a feed back 
coupling between the movement of the tubes and their wake flow occurs (aeroclastic 
effects). It needs no detailed explanation that all the above mentioned effects arc 
the more pronounced, the more the flow fluctuations are of narrow band character. 
It has been the aim of many model tests to find out if any predictions can be made 
to help engineers to construct heat exchangers with minimum risk. 

Several techniques were used to get an insight into the instationary flow 
phenomena. At Re-numbers < 10^ flow visualisation tests with water as fluid were 
done, in the Rc-number region 10^ - 10^ experiments in air with hot wires and 
microphones as pickup were performed. The test rigs and measuring techniques arc 
described in [ 1 ] . 

Figure 1 shows a staggered tube bundle [Re = 500] . The vortices in the 
wake of the tubes develop almost synchronously at the same sides of the tubes. 
There is obviously a strong coupling of the instationary wake flow between 
neighboring tubes. 

The figure shows that the wake flow is still laminar. Now it would be 
naive to expect, that for higher Reynolds numbers the instationary phenomena would 
be as regular in character as in the laminar flow regime. 

In an atmospherical windtunnel (cross section of test area : 0.5 X 0.5 
m) tube banks have been investigated (10^ < Re < 10*). Microphones and hot 
wires were used to measure the spectral distribution of flow fluctuations. Figure 2 
shows the spectral distribution of the pressure fluctuations measured with a 
microphone which was flush mounted to the wall of a heat exchanger between the 
first and second row. It is obvious that most of the energy is concentrated at a very 
small frequency band. (Similar curves are found if the velocity fluctuations arc 
measured with hot wires.) Experiments have shown that for a great number of 
staggered arrangements such spectral distributions exist. Further downstream the 
spectral distribution becomes broader. However one dominating frequency can 
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always be detected. The frequency of instationary fluctuations is usually described 
by the Strouhal number Str = F • D/u. Taking that frequency at which the energy 
shows a peak one can define — together with tube diameter D and the mean velocity 
u between neighbouring tubes of one row — a Strouhal number for tube banks. The 
3rd figure shows Str as a function of Re-number and longitudinal pitch. The 
transverse pitch is 1.86. 

Obviously the longitudinal pitch has the greatest influence on the 
dimensionless frequency. For other transverse pitches (1.36, 2.06, 2.61) similar 
results were obtained. Detailed investigations on the distribution of the static 
pressure around the tubes and on the angle of separation of the flow explain the 
variation of Strouhal number with Re-number and geometrical array [IJ. Now 
experience has shown that in tube banks acoustical resonance may happen. The flow 
induced pressure fluctuations may excite standing waves inside the heat exchanger 
shell, which as any gasfilled volume has a series of acoustical eigenfrequencies. By 
equating these eigenfrequencies with the frequency of the flow induced fluctuations 
one gets a limiting condition for the excitation of standing acoustical waves. This 
condition is discribed by the straight lines with 45° slope in figure 3. The first line, 
situated most left in the diagram, gives the condition, that the first acoustical 
eigcnfrequency is excited. The next ones correspond to higher modes. The lines arc 
calculated for a tube diameter of 25 mm, a velocity of sound of 345 m/s and a 
square test section 0.5 X 0.5 ni. In figure 4 the equations arc given. 

Experiments with in-line arrangements showed that instationary (and 
stationary) flow phenomena differ in many cases from those observed in staggered 
tube banks. Whereas staggered arrays with small longitudinal pitches used to produce 
spectral distributions with well marked peaks at one frequency, in-line arrangements 
of comparable pitches behave quite adversely. For longitudinal pitches <2.0 the 
pressure fluctuations proved to be statistical in character. Figure 5 shows a typical 
spectrogram for in-line tube banks. The clear consequence is, that the definition of 
a Strouhal number for such arrays is no longer possible. That means that, contrary 
to staggered tube banks, no reliable prediction can be given, whether in a tube bank 
acoustical resonance can be expected or not. Only if the longitudinal pitch is > 2.0, 
the instationary flow fluctuations become regular. (Figure 6). For these 
arrangements the Strouhal number was found to be 0.17, a which in good agreement 
with results published by Borges [2]. Flow visualisation test at Re-numbers <10^ 
confirm the results which were gained with air as fluid. 

During the investigations on the instationary flow fluctuations in in-line 
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arrangements another striking effect attracted our attention : Tube banks with 
longitudinal pitches < 2.0 tend to develop velocity profiles behind the last row 
which are extremely nonuniform (See also 1 3] , [4 ] ). Figure 7 gives an example for 
such a velocity distribution measured 170 mm behind the last row of a tube bundle 
10 rows in depth. A linearized hot wire bridge was used. 

Especially in reactor technology in-line heat exchangers with very small 
longitudinal pitches are preferred to minimize costs. It must be feared now that in 
the interspaces between succeeding parts of a heat exchanger such velocity profiles 
develop and as a consequence may lead to high mechanical and thermal stresses. 

It showed however, that it is possible by simple means to avoid the development of 
nonuniform velocity profiles, if the first three rows of a tube bank have a 
longitudinal pitch of 2.0 or greater — the following part having a longitudinal pitch 
< 2.0 - than the velocity distribution behind the last row becomes almost uniform. 
The effectiveness of such a mixed array of tubes has been investigated for tube 
banks with 1-21 rows of tubes. 

In further experiments we are trying to find a reasonable explanation 
for these effects. Possibly in-line arrangements with mixed longitudinal pitches have 
a lower pressure drop coefficient, because the equalization of a nonuniform velocity 
profile is accompanied by loss of energy. 

At last an example of aeroelastic effects is given. In a high pressure 
windtunnel [5|, an in-line test bundle consisting of artificially roughened copper 
tubes (Sq/D = 1.7; S| /D = 1 .3; length of the tubes 0.9 m; diameter 25 mm) had to 
be tested (figure 8). Preliminar)' investigations with hot wires and microphones at 
low pressures had given the result, that the flow fluctuations had a spectral 
distribution resembling the one of figure 5. So the danger of the excitation of 
mechanical or acoustical resonance seemed to be low. 

The heat transfer tests were started at a pressure of 40 bars, with 
air as fluid. Seven of the tubes were destroyed within 15 minutes. Subsequent 
experiments with accelerometers, which were fixed to tubes, gave the result, that the 
tubes always vibrate in one of their mechanical eigenfrequcncies with a very low 
amplitude, if the dynamic pressure is low enough, if the aerodynamic forces exceed 
a value, the exact high of which is not yet known in this case, the tubes vibrate with 
amplitudes in the order of 15 mm. It is surmised that a coupling of wake flow and 
tube vibrations similar to the flow around a single circular cylinder, occurs. Further 
experiments are needed to get more information on this obviously intricate 
problem. 
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PICKUP = CONDENSER MICROPHONE 


Sq/Dsi.B6 S|^/D = 1.5 
0 = 25 

staggered arrangement 


Fig. 2. 
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Sq/D=1.5 sl/D=1,5 


Pickup: Condenser Microphone 
Fig. 5. 



Fig. 6. 
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D=25mm Sq/D=1.5 sl/D=1.25 Re =4.2 10^ 

Fig. 7 



Sg/D=1.72 SL/D=I 3 


Fig. B. 






Chapter 26 


SIMULTANEOUS HEAT AND MASS TRANSFER IN REGENERATORS 
W.H, Granville and G. Bird (*) 


INTRODUCTION 


Many cryogenic chemical processes involve the purification of a high 
pressure gas stream before it enters the cryogenic separation process. In addition, it 
is usually a requirement to have efficient heat exchange between the warm high 
pressure feed gas and the cold products from the separation process. The removal of 
impurities from the feed stream may be necessary either to achieve high purity 
products from the separation process and/or to prevent blockages in the equipment 
at the cryogenic temperatures. In some cases it may be permissible to recontaminate 
one or more of the separation products at the higher temperature levels where 
blockages are no longer a problem. Such processes normally involve passing the high 
pressure feed gas stream through purification and heat exchange equipment. 

This chapter describes a process wliere the purification and heat 
exchange are achieved in a single stage, that is, in a regenerator unit packed with 
adsorbent. From the point of view of heat transfer the adsorbent stores and releases 
heat in the usual manner but there are also some additional heat effects due to 
absorption and desorption. As far as mass transfer is concerned the unit acts as a 
short cycle pressure swing gas ad.sorption unit where the impurity is adsorbed at a 
high pressure and desorbed at a low pressure in the presense of the revert gas which 
may be the whole or part of the purified gas stream. This process differs from a 
conventional short cycle pressure swing adsorption unit using part of its purified 
product as a revert stream in that the adsorption beds have large longitudinal 
temperature gradients. 

Figure 1 illustrates the essential features of the process. The hot gas at a 
flow rate G/^ is cooled from a constant temperature T^^ to a mean outlet 

(*) Postgraduate School of Studies in Chemical Engineering, University of Bradford England. 
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temperature the partial pressure of the impurity is reduced from a 

value to a mean outlet value pressure revert gas at a (low rate 

enters the second regenerator at a constant temperature and is warmed to the 
mean outlet temperature T^om > whilst the partial pressure of the impurity is increased 
from the mean value ppini to the outlet mean value pooin* difference between 
streams and Gj^ will result in some other flows such as G| and G 2 and these may 
be warmed in the regenerators by using coils or tubes. After a given period time 
automatic changeover values reverse the gas (lows through the regenerators in the 
normal way. The cryogenic process indicates in Figure 1 may be a gas separation 
plant, a closed cycle cryogenic refrigerator, a liquefaction plant, or a cooler to 
improve the performance of a conventional short cycle pressure swing adsorption 
unit. 

The process is similar to that in which the impurities arc frozen on a 
conventional regenerator packing but this process has the additional advantage that 
some puridcation is achieved at the higher temperature levels which occur during the 
start-up period of a cryogenic process. 

DESCRIPTION OF PILOT PLANT 


The process was simulated in the laboratory using a feed gas consisting 
of high pressure helium with nitrogen as the impurity. Purified helium leaving the 
regenerator was cooled in a liquid nitrogen cooled heat exchanger and returned at a 
lower pressure to the second regenerator. In some of the experiments part of the 
purified gas was removed as a product and the remainder used as revert gas for 
desorption and heat exchange. The regenerators did not have heat exchange coils or 
tubes to permit the additional heat transfer between this product stream and the 
feed stream. 

Figure 2 illustrates the essential features of the pilot plant. Feed gas of 
the required composition was scored in the storage vessels (16, 17, 18). This gas was 
compressed using a diaphragm compressor (1) and fed to the top of a regenerator (3) 
via a constant temperature water bath (10). The gas (low rate and pressure were 
controlled. Solenoid valves and a timing device allowed the gas to pass alternately 
down through each regenerator in the correct manner at a predetermined cycle time. 
Purified gas leaving the regenerator passed through a throttling valve (6) and the 
liquid nitrogen cooled heat exchanger (5) before entering the second regenerator. 
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When operating on partial revert the product gas was removed immediately before 
the throttling valve. The revert and product streams passed through rotameters (14, 
15) before being recycled to the storage vessels (16, 17, 18). The regenerators, 
throttle valve and liquid nitrogen cooled heat exchanger were enclosed in a vacuum 
ves.scl (21 ) which was maintained at a vacuum of 1 0"^ Torr by a mechanical vacuum 
pump (22) and an oil vapor diffusion pump (23). A liquid nitrogen transfer pump 
(25) maintained the level of liquid nitrogen in the cooler at a controlled level. 
Temperatures at the ends of the regenerators (Ti T 2 T 3 T 4 ) were measured with 
copper-constantan thermocouples and recorded whilst the temperatures of the 
product (Tft) and revert (T 5 ) streams were measured with nickel resistance 
thermometers and recorded. Katharometers continously sampled, analysed and 
recorded the feed (A3), purified product (A2) and final outlet revert (Al) 
compositions. 

The regenerators were made from thin wall cupro-nickel tubing and had 
brass flanges. They were 0.025 m in diameter and were packed to a depth of 0.268 
m with 0.063 kg of granular activated carbon. These granules had an equivalent 
particle diameter of 0.001 13 ni and the total external surface area of the granules in 
each bed was 0.1 93m^ . 

EXPERIMENTAL WORK AND RESULTS 


Adsorption Isotherms 

Some 60 adsorption measurements were carried out on a B.E.T. 
apparatus to obtain the adsorption isotherms for the activated carbon at 78°k, 
195°k and 27 3° k. A summary of these data is given in Table 1. 

TABLE 1 — Isotherm Data 


Equilibrium Pressure 
mm Mercury 

Volume of Nitrogen Adsorbed 
cm{[STP)}^ per gm solid 

at78°K 

at 19S"K 

at 273^’K 

10 

254 

8.3 

0.3 

50 

298 

17.5 

1.3 

100 

321 

25.0 

2.0 

300 

342 

44.2 

6.0 

500 

352 

56.5 

9.2 

760 

368 

68.2 

12.4 
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Pilot Plane Eieperiments. 

The ranges in the various experimental conditions arc given in Table 2. 
Tabic 2. — Experimental Conditions 


Feed Concentration 
Adsorption Pressure 
Desorption Pressure 
Feed Gas Flow Rate 
Revert Ratio 
Period Time 
Product Concentration 
Revert Concentration (outlet) 
Hot Gas Inlet Temperature 
Hot Gas Outlet Temperature 
Cold Gas Inlet Temperature 
Cold Gas Outlet Temperature 
Reynolds Number 


2 to 8 mole % 

4x 10'" to 15 X 10" Nm'2 
1.36 X 10^ Nnr^ 

0.2 to 0.8 kgm"^ s"’ 

0.6 to 1.0 
4 to 60 s 

0,005 to 4.0 mole % 

2 to 8 mole % 

300“ K 

100“K to 160“K 
90“ K to 110“K 
260“K to 300“K 
1 0 to 70 


Experimental Efficiencies 

The hot heat transfer efficiencies were expressed in the form : 

T - T 
_ 'hi ^oin 

ni ’ T. , - T . 

hi Cl 

and the adsorption mass transfer efficiencies as : 


E 


A 


^Ai ^Aom 
^Ai “ ^Dim 


Figures 3, 4, 5, 6, and 7 illustrate the heat transfer and mass transfer efficiency data 
obtained and show that the general trends in the data were : 

(a) heat transfer efficiencies decreased with increasing period times as 
would be expected. 

(b) heat transfer efficiencies decreased with increasing flow rates at 
the longer period times as expected, but at the shorter period times there appeared 
to be little effect of flow rate on heat transfer efficiencies and it should be noted 
that whilst this is not generally predicted there have been similar supporting data 
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presented by Gifford et al. [3J, Dermott [2J and Bretlierton et al. [IJ who have 
carried out experimental work on short period small cryogenic regenerators. 

(c) mass transfer efficiencies decreased with increasing period time, 
the rate of decrease becoming very rapid after a particular period time which varied 
with operating conditions. 

(d) mass transfer efficiencies decreased with increasing flow rate 
except at very low period times when all efficiencies were very high. 

(e) mass transfer efficiencies at partial revert were lower than those at 
total revert as expected. 

Figure 8 illustrates a peculiar effect of pressure on mass transfer 
efficiencies. Below pressures of 11 x 10^ Nm“^ the mass transfer efficiencies 
increased with increasing pressure as would be expected. Above this pressure level 
there was a fall-off in efficiency. Unfortunately, it was not possible to work at 
higher pressures to determine whether the fall-off was localised as may be possibly 
deduced from figure 8. Similar pressure swing adsorption runs at ambient 
temperature gave the same result but later adsorption work with longer beds did not 
show this peculiar effect. It is thought that the fall-off with short beds may have 
been due to hold-up effects and to the rapid sweeping of feed gas down and out of 
the bed during the instantaneous changeover of the valves. It is possible that this 
effect would not have been noticed if the outlet valve on the regenerator had been 
kept closed until after pressurisation had been achieved. 

SIMPLIFIED MODEL 

if it is assumed that: 

(a) there is plug flow of the gas through the bed. 

(b) there is no heat transfer to the walls of the regenerator. 

(c) there is no “hold-up” effect of the gas in the voids. 

(d) there are no longitudinal heat and mass transfer effects. 

(e) that only low concentrations of impurities are present so that mole fractions 
can be taken equal to mole ratios and that the thermal effects of adsorption are 
small relative to the overall heat transfer between the gas streams. 

then the partial differential equations for heat and mass transfer arc analogous. 

During the period in which the bed is being heated and the impurity 
absorbed the following equations may be written for a length and time 
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increment (10 : 


h (adz) (T - t ) 
m 


9t 

imdz) 



( 1 ) 


rate of heat transfer _ rate of heat accumulation rate of heat transfer 

from gas to solid in solid from gas to solid 


MadzXp-i.) = - £ 

i 

rate of mass transfer rate of mass accumulation 
from gas to solid in solid 



rate of heat loss 
from gas 


Similar equations may be written for the period during which the bed is 
being cooled and the impurity desobed. 

It follows from these equations that the hot heat transfer and 
adsorption efficiencies are given by : 


E, =f(V V 


(3) 

(M 


where A = dimensionless length or reduced length 

n= dimensionless period time or reduced period 

subscripts H and C refer to the heating and cooling periods (heat 
transfer and the subscripts A and D to the adsorption and desorption 
periods (mass transfer). 


A) 



D 



A or D 


n s fljM.) 

’ II or C \ MC / H or C 
P 

/kA Ki 0 V 

* or D ~ I M / A or D 


In these expression h and k are the overall heat and mass transfer 
coefficients for transfer of heat and mass from the gas into the solid and are given by 
the equations ; 
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If the boundary conditions are taken the same, that is, if T|,j , 
and pDim iirc all taken as constant then the solutions to equations (3) and 
(4) become identical and f = f . Methods of solution for equation (3) for this 
condition of constant inlet conditions and constant reduced parameters, have been 
reported by several workers such as Hausen [5J, lliffc [6] and Willmott |10] and 
others. 

In this particular process the partial pressure of the impurity in the 
purified gas leaving the bottom of the one regenerator, py^u , varies and hence the 
partial pressure entering the bottom of the second regenerator, , also varies. 
The method of solution proposed by Willmott for equation (3) may be used to 
introduce this varying inlet boundary condition in the solution of equation (4) for 
mass transfer. For the particular experimental conditions reported in this paper 
there is, however, little effect of taking pD^ as a constant and equal to pDim- This 
is shown in Table 3. In this table the degree of unbalance is given by jU, where: 

\ 

\ "a ■ Pd^a 

Furthermore in this tabic FI = FI because this condition describes the process. 

A I) 


COMPARISON OF PREDICTED AND EXPERIMENTAL EFFICIENCIES 


Heat Transfer Efficiencies 

The Reynolds number range was 10 to 70 and the gas film heat transfer 
coefficient, hg, was evaluated according to the data of Littmann et.al. 1 7 1 . For the 
computer program this data was represented by the equation : 

0.98 0.68 

Nu = 0.36 Re Pr 

Solid phase heat transfer coefficients, h^, were evaluated according to 

the proposed method of Hausen [5]. This method is based on linear longitudinal 

temperature gradients and should give reasonable values when A/Il is large and 

when(G C ) = (G C ) . In the case of spheres this method gives : 

K H R C 
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where 0 
and 0 



/d^ \ 

(sj) s ao 
> 20 


TABLE 3 — Comparison of Predicted Adsorption Efficiencies 


Aa 


Ha, Hj) 

0 

Ea 

(Variable Pj,,) 

Ea 

(pjjj taken as 
constant = ppj^) 

10 

5 

1 

2 

0.955 

0.949 

8 

4 

1 

2 

0.925 

0.923 

1 

0.5 

1 

2 

0.345 

0.349 

10 

1.67 

1 

6 

0.986 

0.985 

1 

0.17 

1 

6 

0.365 

0.367 

16 

4.0 

2 

4 

0.998 

0.999 

8 

2.0 

2 

4 

0.953 

0.964 

1 

0.25 

2 

4 

0.316 

0.320 


* Values computed using method similar to Willmott’s heat transfer method, 
t Values computed using method similar to Iliffc. 
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Applying these equations it was found that the heat transfer was gas 
film controlled. All properties were taken at the mean temperatures of the beds. 

Figure 9 shows the ratio of predicted to experimental heat transfer 
efficiencies for the heating period. It will be noticed that reasonable agreement is 
reached when Is greater than unity. In these experiments the heat effects 

due to adsorption were about 10% of the heat transferred and Figure 10 shows how 
these results compare with data of some other workers when there have been no 
thermal effects due to adsorption. 


Mass Transfer Efficiencies 

The correlation of Gupta and Thodos |4| was used to predict the gas 
film mass transfer coefficient, kg : 


5/M„ 


Sc 


2/3 


2.06 

DTTT 

e. Re 


In order to obtain solid phase mass transfer coefficients the analogy was drawn once 
again with heat transfer, replacing the Nusselt number by the Sherwood number 
giving : 


where : 


k d RT 


8 p 



d* 

0.1 - o.oom ^ 


1 

0' 



^ 20 


and; 


I' = 




( ^ 




for d* /De0 > 20 
P 


This expression for k^ is only approximate since in the experimental 
work 0 varied from 3 to 11, whereas it should be unity for the equations to be 
correct. However, Hausen has suggested that in the case of heat tran.sfer little error is 
introduced for values up to about 4. 

The modified Knudsen diffusion coefficient was calculated from the 
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equation : 

- n V 

^Km " " Tortuosity 

and a value of 1.5. was taken for the tortuosity. 

The effective diffusivity for the solid was derived on the assumption 
that the nitrogen was transferred into the particle by Knudsen diffusion through the 
pores and that all points along the pores there was equilibrium between the solid and 
the gas in the pores. This model leads to the following expression for \\ for this 
particular system : 


D 

e 


vD, 


Km 


V + 


k pp 

K. P 
1 


B 


R 


where 4 = molecular weight of helium. 

Comparing the values for and k^ the system under consideration was 
shown to solid phase controlled so that 11^ = 

Figure 11 shows a comparison between predicted and cxpcrimcjital mass 
transfer efficiencies for that data where the experimental efficiencies were greater 
than 0.85. This limitation was imposed because of the nature of the experimental 
mass transfer efficiency curves below this efficiency level where the fall-off in 
efficiency was very marked. The data shows that better agreement was obtained at 
larger values. In predicting values of it was necessary to estimate mean 
values for the dimensionless groups. In general properties were taken at the mean 
operating conditions but where the slopes of the isotherms were involved log-mean 
values were taken between the values at the ends of the regenerators. 


DISCUSSION OF RESULTS 

1. The heat transfer data in Figures 9 and 10 indicate that the results 
are similar to those obtained by other workers. Discrepancies between predicted and 
experimental efficiencies must be expected because the model does not include for 
the thermal effects of adsorption, maldistribution of flow, regenerative effects of the 
walls, hold-up of the gas in the voids in both the formulation and solution of the 
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partial differential equations and longitudinal conduction. In addition, there are 
considerable errors in estimating heat transfer coefficients at low Reynolds numbers 
and an error in considering a granular particle as a sphere. 

2. In the case of mass transfer the hold-up effect of the gas in the 
voids may be more important particularly at high pressure ratios. The model predicts 
a zero adsorption efficiency at a zero revert gas flow rate whereas the mere 
reduction of pressure will give rise to some efficiency. In the experimental work 
there was a factor of 20 between Kj at the ends of the beds and hence depending on 
the mean value chosen the data in Figure 1 1 could have been moved nearer or 
further from unity. However, the data as plotted arc consistent with other 
adsorption data obtained on the same plant at ambient temperature. The value of 
the product kA used in the predictions may well be questioned. Errors in k arise 
from the fact that the equations for 0' are not strictly correct because P is not 
unity and there arc further errors in the values used for Kj and the tortuosity. The 
assumption of basing the external surface area A as an equivalent sphere may be 
unrealistic for an adsorbent when the mass transfer is controlled by diffusion within 
the solid. 

3. The errors due to the product kA may be illustrated further. 

Efficiency predictions are very sensitive to and values when these are low. 
If A - 2, A = 0.33 andn = II = 1, then the predicted efficiency is about 0.6. If 
the value kA is multiplied by 2 then A^= 4, Aj^= 0.66, 11^= “ 2 and the 

predicted efficiency becomes 0.8 which is an increase of 33%. Increasing the initial 
kA value by a factor of 4 would give a predicted efficiency of 0.93 which would be 
an increase of 55% and this would have been within 6% of the experimental 
efficiency. Tlius if all kA values had been increased by a factor of 2 the data in 
Figure 11 would have been much closer to unity, and if all kA values had been 
increased by a factor of 4, then Figure 1 1 would have shown a very good agreement 
between predicted and experimental efficiencies. 



O lO 
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A 


a 



M 


m 

Mw 

P 

P 

P* 

PJn 

Pm 

PAom 

PDi 

PDim 


NOMENCLATURE 

external surface area of particles in each bed 

external surface area of particles per unit height 

heat capacity of gas 

heat capacity of particles 

effective mass diffusivity 

diameter of particle 

Knudsen diffusion coefficient 

modified Knudsen diffusion coefficient 

interstitial voidage 

mass transfer efficiency (adsorption) 

heat transfer efficiency (hot period) 

gas flow rate 

gas mass flow rate 

overall heat transfer coefficient 

gas film heat transfer coefficient 

solid phase heat transfer coefficient 

overall mass transfer coefficient 

gas film mass transfer coefficient 

solid phase mass transfer coefficient 

slope of isotherm 

mass of particles in each bed 

mass of particles per unit height 

molecular weight 

total pressure 

partial pressure of inert gas 

partial pressure of transferable component 

equilibrium pressure for isotherm 

mean partial pressure of transferable component in particle 
inlet partial pressure of transferable component during adsorption 
outlet partial pressure of transferable component during adsorption 
mean outlet partial pressure of transferable component during adsorp- 
tion 

inlet partial pressure of transferable component during desorption 
mean inlet partial pressure of transferable component during desorption 
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PDom mean outlet partial pressure of transferable component during desorp- 
tion 

R universal gas constant 

Rf revert ratio 

T temperature of gas 

inlet temperature of gas during hot period 
'^hom mean outlet temperature of gas during hot period 
T^j inlet temperature of gas during cold period 

^ com mean outlet temperature of gas during cold period 
t,„ mean temperature of particle 

V intraparticle vuidage 

X concentration of transferable gas in particle (isotherm) 

z distance along bed 

or thermal diffusivity 

0 degree of unbalance 

0 time and period time (period time = 1/2 cycle time) 

Pg density of gas 

Pg density of particle 

0 penetration factor for heat transfer 

0' penetration factor for mass transfer 

Dimensionless Groups 
Nu Nusselt number 

Rc Reynolds miinbcr 

Sc Schmidt number 

Ah Of c reduced length for heal transfer 
Aa Of D reduced length for mass transfer 

Hh Of c reduced period for heat transfer 

Pa Of D reduced period for mass transfer 

Subscripts for symbols and groups 
A denotes absorption period 

D denotes desorption period 

C denotes cold period (bed being cooled) 

H denotes hot period (bed being heated) 
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Fig. 2. Flow diagram of helium purification plant. 
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PERIOD TIME {seconds) 

Fig. 3. Tbc effect of period time on the nias.<i and heat transfer efficiencies at variou.t flow rates. (Hed length 
0.28fi 111 , adsorption pres.surc 8.25 X 20* Nm"*, desorption pressure 1.36 X 10* Nm'^, average inlet cone. 
8.31% nitrogen in helium.) 



Fig. 4. The effect of period time on the mass and heat transfer efficiencies at various flow rates. (Bed length 
0.286 ni, adsorption pressure 11.3.5 X 10* Nm"*, desorption pressure 1.36 X 10* Nrn *, average inlet cone. 
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Fig. S. Tlic cfTecl of period time on the mass and heal traii.srcr efncii'ncie.s at various flow rates. (IWd length 
0.286 m, adsorption pressure 6.19 X 10’ Nm~^. desorption pre.ssure 1.36 X 10'^ Nnr average inlet cone. 
4.56% nitrogen in helium.) 



0.286 m, adsorption presunre 8.25 X 10’ Nni'^, desorption pre.ssurc 1.36 X 10’ Nm'’, average inlet cone. 
4.53% nitrogen in helium.) 
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Fig. 7. The effect of period time on the mas.s and heat transfer efficieiiLics at various revert ratios and flow rates. 
(Bed length 0,286, adsorplinn pressure 8.25 X 10* Nin ^ de.sorpiion pressure 1.36 X 10* Niri ^ average inlet 
cone. 2.0% nitrogen in helium.) 



Adsorption pressure N.m? 


Fig. K. The effect of ad.sorption prcs.sure on the mass transfer efficiency at various flow rates. (Period time .30 \ 
desorption pressure 1.36 X 10* Nm"*. average inlet cone. 4.3(y% nitrogen i;i helium.) 





Predicted efficiency/Experimental eff. 
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Fig. ]0. A comparison of the rcluiiunships between A^/n|^ and the ratio of predicted to cxperiinciitiil 
efficiencies for this and otlier works. 
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Fig. 1 1. Tlic rclatioiisliip between and the ratio of predicted to experimental efficiencies for mass transfer. 




Chapter 27 


MOVING BED HEAT EXCHANGERS AND REGENERATORS- 
A SUMMARY OF NEW DESIGN THEORY 


J. Schneller, V. Hlavacka (*) 


Heat exchange apparatuses in which heat is transferred between solid 
particles and gas represent an important part of iipto-date technological processes in 
many branches of industry. Among them are heat exchange systems whose active 
heat exchange zones are formed by moving beds. These active zones can be designed 
in different ways as counter-flow, cross-flow or combined flows. One of the 
fundamental requirements is to ensure the uniform movement of the particles 
through the system especially in its boundary areas (inlet, outlet), that prevents the 
formation of dead sections and provides the conditions for a uniform gas passage 
through the bed. 

Some of the basic active heat exchanging zone arrangements, the 
greater part of which were tested in SVUS.S on dynamic particle movement 
characteristics, are shown in Fig. 1, laid out like a regenerative exchanger. A new 
concept is the use of divergent beds of solid particles, either oriented vertically or 
inclined enabling the designer to achieve several design simplifications, and as it is 
shown in (1) they even offer somewhat more convenient thermokinetic conditions. 
The bed extension in the direction of the gas passage contributes to tlie uniform 
temperature profile in the gas behind the bed, as is schematically shown in Fig. 2 for 
the cases of moving beds of constant and variable thickness respectively. From the 

(*) National Rocarch Institute for Machine Design, Behovice - Czechoslovakia. 

N.fl. ALL KICURES QUOTED IN TEXT ARE AT THE END OF THE CHAITER 
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thermodynamic point of view the divergent beds seem to offer greater advantages 
particularly a higher thermal efficiency in comparison with a constant thickness 
beds, the hydraulic pressure drops remaining the same. The efficiency increase, 
noticeable at higher values of aF/W, varies within the range from 4 to 8 percent. 

Some of the theoretical conclusions were experimentally verified by 
measuring the particle temperature in the bed. A new method was used based on 
infrared particle emission sensing in the superficial layer area by means of 
thermovision. This unconventional approach is part of the effort to eliminate 
phenomena of a stochastic character which are so characteristic for moving bed. 
From the experiment Fig. 3 shows the comparison between measured and calculated 
particle temperature curves in a bed with a oncsidc linear divergence. The isotherms 
calculated by means of a digital computer using equations according to (]) for the 
particular conditions of the experiment represent satisfactorily the measured curves, 
particularly in the central region unaffected by boundary phenomena in the 
neighborhood of the particle inlet into and outlet from the active zone. This work 
will be treated in greater detail in (2). 

The contemporary effective calculating methods for simple heat 
exchangers, i.e. also for heat exchangers with moving beds and for the active zones 
of moving bed regenerators are based on their thermal efficiency which is a function 
of a dimensionless parameter OfF/W and of the ratio of the gas capacity and moving 
particles capacity. Analytical expressions or tabular thermal efficiency values for the 
basic flow arrangements are known from literature. The parameter OfF/W, essentially 
a modification of the Stanton number, should be, for the sake of convenience, 
expressed for dispersion systems by the equation 


aF 

IT - 0.029 


6 (l -m ) s 
m 


- oj 


Re 


( 1 ) 


which will satisfactorily approximate many experimental results of a number of 
authors on heat transfer in fixed beds and which, as the experiments undertaken in 
SVOSS have shown, can be applied also to moving beds. Their porosity in narrow 
channels of active zones will be determined by means of the formula 


m = 0.39 + 0,33 — 


valid for — <0.3. 
s 


( 2 ) 
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The theoretical analysis of thermal conditions in moving bed regener- 
ators and the experiences gained by the evaluation of their heat tests lead to the 
conclusion that the total thermal efficiency in the regeneration cycle is the decisive 
criterion for the evaluation of operational properties of a dispersion heat transfer 
system. The introduction of this magnitude into calculation leads the way to 
productive forms of designing such apparatuses. The method of the general 
derivation of the functions described below, will be treated in (3). The temperature 
diagram in Fig. 4 will be of service for easier orientation. 

Let us consider a regenerator with heat losses; for the sake of 
simplification the losses are related to particle transport cycle sections. The total loss 
is composed, on one hand, by the heat losses caused by the regenerator surface and 
the conveyor heat emission into the surroundings, on the other hand by the loss of 
heat due to particle cooling by air leaking to the side of flue gas by the way of 
imperfect sealing labyrinths between both active zones. Further it is assumed that 
a perfect mixing of particles takes place in these scaling channels and even in the 
conveyor so that their temperature at the inlets can be considered to be constant. In 
view of the small particle dimensions (usually d|^ < 20mm) it is not necessary in 
technical calculations to take the non-stationary character of their heating and 
cooling into consideration. The heat balance of the system is expressed by the 
equation 

Q = Q + Q. + Q. (3) 

p X ip tL 

Without restriction to the general validity the partial thermal 
efficiencies in both the regenerator active zones can be defined by means of the 
relations 



For the total thermal efficiency the following expressions can be 

derived 
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At. 
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( 6 ) 


which is the initial relation for the complex evaluation of the thermal conditions in 
the regenerator, 

In some cases instead of the partial thermal efficiencies in a given 
particle and gas flow arrangement only their relation to the thermal counter-flow 
efficiency will be known, i.e. the magnitudes 


e. = 




\ I f 


T.L " T,p 

In such a case the total thennal regenerator efficiency can be defined 
by the expression 


where 
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kF ■ (aF), 


(1+ 3C) , 5f = 


(aF) 



(8) 

\ 1+ 3C 

I ~ir- 

(9) 

1 (1+ M) 

(10) 

1 

(11) 


Detailed tabular data for total thermal countcr-flow regenerator ef- 
ficiency are given in (3). For very frecjuently occurring, and in many respects even 
substantially more convenient lay-outs both side particle and gas or air cross-flow, 
the thermal efficiency values arc given in Table 1. 

Among the advantages offered by heat exchangers with a moving bed 
mu 5 t be counted, first of all, the possibility to operate at high temperature levels and 
for these types of conditions these exchangers arc designed either as heaters or 
coolers for solid particles or as special apparatuses for high temperature air heating. 
The high temperature regenerator model, designed for experimental purposes in the 
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SVUSS laboratories, is shown in Fig. 5. The regenerator is made of ceramic material 
with cross-flow active zones with divergent beds and operates with alumina spheres 
15 mm in diameter. The bucket conveyor, transporting particles at an inlet 
temperature of SOO^C is cooled directly by air heated in the regenerator itself. 

The bed cross-sections area on the side of the flue gases and air are 0.36 
and 0.3 m respectively which permits the operation with the maximum flow rates 
0.3 - 0.5 kg/s. At the flue gas temperature of 1400 - 1500°C the air was heated in 
this regenerator to 800 - 1 000°C in dependence on the flow rate. The tests carried 
out under high temperature conditions up to now in the range of several hundred 
hours has indicated good operational properties of this apparatus and at the same 
time called the attention to several conditions and problems the solution of which is 
necessary for a .successful industrial application of regenerators with moving beds. 
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TABLE 1 


kF 

Wt 

Wm 

1.0 

0.8 

0.5 

0.2 

0 

0.5 


0.312 

0.315 

0.317 

0.317 

0.316 



0.443 

0.448 


0.441 


1.5 


0.517 



0.495 

0.475 

2.0 


0.565 

0.569 


0.522 

0.491 

2.5 


0.601 

0.603 

0.582 

0.536 

0.497 

3.0 


0.629 

0.629 

0.600 

0.543 

0.498 

4,0 


0.662 

0.666 

0.624 

0.551 

0.500 

5.0 


0.680 

0.680 

0.638 

0.554 

0.500 


Wl 


W 


= 0.5 


kF 

Wl 

II 

w* 

b 

0.8 

0.5 

0.2 

0 

0,5 

0.342 

0..146 

0.350 

0.351 

0.350 

1.0 

0.502 

0.514 

0.522 

0.521 

0.513 


0.592 


0.620 

0.609 

0.590 



0.674 

0.683 

0.659 

0.625 


0.694 

0.720 

0.727 

0.689 

0.645 


0.726 


0.760 

0.709 

0.654 

4.0 

0.765 

0.804 

0.804 

0.732 

0.662 

5,0 

0.788 

0.833 

0.833 

0.745 

0.665 



/ JtF 

w'l 


0.8 

0.5 

0.2 

0 

0.5 

I 0.373 

0.378 

0.384 

0,386 

0.388 

1.0 

0.560 

0.584 

0.604 


0.604 

1.5 

0.658 

0.692 

0.734 

0.736 

0.718 

2.0 

0.712 

0.765 

0.814 

0.823 

0.785 

2.5 

0.747 

0.804 

0.867 

0.870 

0.828 

3.0 

0.771 

0.832 


0.899 

0.853 


0.796 

0,868 

0.942 

0.945 

0.888 


0.810 

0.882 

0.964 

0.967 



nieimal efficiency of moving bed ngenerator with both aides croaa-ilow airangcment 
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NOMENCLATURE 

specific surface of bed | 

effective bed diameter |inj 

particle diameter |m] 
bed length [ m | 
mass velocity |kg s"* | 
porosity |-| 

Reynolds number |-| 

transferred heat fWj 

bed thickness ( m | 

temperature [°C| 

heat capacity |W deg"' ] 

superficial velocity |ms~' | 

longitudinal distance coordinate |jti| 

heat transfer coefficient |W m“^ deg”' J 

inlet temperature difference |deg| 

thermal efficiency [-] 

kinematic viscosity |m^ s“’ ] 

SUBSCRIPTS 


counter-flow 
loss of heat 
air 

moving bed 
flue gas 
regenerator 
inlet thickness 
inlet 
ou tlct 
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Fig. 3. Comparison of measured and calculated temperature profiles in moving bed with variable 
cross-section. 
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Fig. 5. High temperature tuuving bed rcgeiicratiir, 




Chapter 28 


METHODS FOR CALCULATING RADIATION TRANSFER 
IN HEAT EXCHANGERS 


A. Clark and E. Korybalski (*) 


Introduction 


This chapter deals with methods for the calculation radiation exchange 
in heat exchangers. Several new methods recently developed by the authors are 
summarized, including both steady and transient conditions. This paper is devoted to 
heat exchangers having surfaces that arc gray-diffuse radiators without an internal 
participating medium. 

Algebraic methods (1,2, 3,4, 5) arc in contrast to the exact formulations 
in terms of a series of integral equations, the solutions for which pose extremely 
severe analytical difficulties (6,7,8). As a practical matter the algebraic forms 
represent the more meaningful approach, particularly for design calculations. The 
key to this method is the digital computer which makes possible not only the 
reduction of the enormous arithmetic operations but, when suitably programmed, 
an easily arranged digital simulation of the enclosures as well. 

Analytical Development 

A generalized enclosure representing the surfaces of a heat exchanger is 
shown in Figure 1. A net radiation heat transfer, q*, is exchanged internally cither 
directly or indirectly between all of the n-surfaces of the enclosure. Each surface, 
moreover, has other types of thermal interaction in addition to the internal 
exchange of thermal radiation. The total thcrihal management of a surface must 

(*) Department of Mechanical Engineering, Univeiiity of Michigan, Ann Arbor, Michigan, U.S.A. 


N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 



710 A. Clark and E. Korybalski 


include all of these, which involve an external thermal exchange with an ambient, 
q£, an enthalpy flux across the surface (such as in a boiler tube bank), / wdh, and a 
heat generation within the surface, P,. These interactions are shown symbolically 
for surface Aj in Figure 2, where Jj is the internal radiosity flux defined as the sum 
of the emitted and reflected radiation heat transfer from surface A| . Thus, 

J. = e .6 H* + p.H. ( 1 ) 

I 11 II 

In this equation H- is the total incident radiation heat flux on received from all 
n-surfaces of the enclosure and originating as emission and reflection at those 
surfaces. The relationship of these various thermal quantities for any surface Aj , 
Figure 2, for the general unsteady condition is (1), 

~ jpCpTdv + j wdh = Qg. - qj* + . (j = 1,2 n) (2) 

Vj Aj 

The net radiation heat transfer rate at this surface may also be written (1) as 



Furthermore, for an enclosure of n-gray, diffuse, isothermal surfaces 
having uniform radiation properties, the radiosity flux, equation (1), for surface 
Aj is(l) 

J, - '."’f * 'lE "> 

j - 1 

Equation (4), for surface Aj , describes a general system of equations in terms of 
radiosity flux, J; , and surface temperature T| which may be written for all 
n-surfaces (1) as 


Bill ui T ai2 02 ^ 0.13 . T ttiu 1^1 " 

021 Ji + ^22 J 2 ^ 8^3 J 3 ^ Jn+ K 2 - 

III 11 

I I I I 1 

801 Jl + 8n2J2“*’ 8*3 J3 + ... + BnnJn'*' Kn ® 


(5) 


0 . 
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or, in matrix form, using the conventional notation in which i designates the row 
and j designates the column of the resulting square matrix, the equation set (5) 
becomes (1 ). 


(a.. ) (J. ) + (K. ) = 0 (i = 1,2 n) 

^ * (J = 1,2 n) 

In equations (5) and (6) the various matrix coefficients (ajj) are 

a.. = F.., (i^j) 


( 6 ) 


( 7 ) 


a.. = 


F.. 


.(1 = j) 


or, in a more generd nutation 


( 8 ) 


(a ) = (F ) - ^ (I), (i = 1.? n) 

" ' (j = 1.2 n) 


(9) 


where, F^j is the geometric view factor for surfaces Aj and Aj, pj is the reflectance 
of Aj and (1) is the identitiy matrix. The term K; is defined as 


K. = n) (10) 

and represents an element in a column (n X 1) matrix in equation (6). 

Equations (5) and (6) represent the coupled relationship between the 
radiosity fluxes Jj , the geometric view factors, Fjj, the surface temperature Tj and 
its diffuse radiation properties for the n-surfaces in the enclosure. These relation- 
ships arc valid whether or not T^ is a known quantity, as in some cases it will not be. 
However, these equations are the starting points for the mathematical modelling of a 
large number of different physical systems. The systems evaluated in this paper 
involve those having the specification of surface temperature, ambient temper- 
ature or net heat flux at a surface. The purpose of the resulting calculations is 
the determination of either the surface temperature or the net heat flux, whichever 
is not initially specified. In addition, the radiosity flux is always determined at each 
surface. 

In general, the various physical systems to be evaluated differ from one 
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another by the nature of the external thermal interaction of the surfaces with their 
ambient. Additionally, a transient condition introduces another unique dimension 
into the analysis and calculation. The specific external interaction is described by 
equation (2). This expression combined with equations (3) and (4) enables a 
relationship to be established between the radiosity flux Jj and either the ambient 
temperature, Tocj, the surface temperature, Tj, or the net surface heat flux, 
(q'*‘/A)j. In a real sense equation (2) is a statement of a boundary condition 
between each surface and its external environment which relates the physical 
circumstances of the external interaction with radiation exchange within the 
enclosure. 

In the following discussion each of the different physical systems will 
be presented in accordance with its class of boundary interactions. 

RADTQO - The Specification of Surface Temperature and Designation of Certain 
Adiabatic Surfaces. 

The simplest system is that in which all the surface temperatures arc 
known. (1,2, 6, 7, 8). For a given geometric system and known radiation surface 
properties, the various radiosity fluxes are found from a solution of either equation 
(5) or (6). While the authors’ principal method of solution (1,2) is to employ computer 
subroutines written after the Gaussian Elimination Technique, because of economy 
and increased precision, it is more convenient to employ matrix algebra to show the 
analytical procedures. Hence, using equation (6) the radiosity fluxes, Jj arc written 
in terms of the inversion of the (ajj) matrix, as(l) 




(i = 1,2. 
(j = 1,2. 


.n) 

-n) 


( 11 ) 


(3) as(l) 


The corresponding net heat transfer rates at Aj follow from equation 


n 

S' ■ 'i (t)j H * i E % ■s] ”> 


In this result D is the determinant of matrix (ajj) and the elements 
Ajj are its cofactors. Once the net heat flux qj is determined it may be related to 
the various other thermal quantities in equation (2), depending on the type of 
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external thermal interaction is appropriate to surface Aj. For example, should Aj 
be in the steady-state with the only external interaction being a heating or a cooling 
by a fluid flowing through the surface, the enthalpy flux of the fluid would be 
found to be 


wdh 



A. 

J 


(13) 


The restrictions imposed on the RADTQO formulation are that a 
minimum of 2 known surface temperatures and a maximum of (n-2} adiabatic 
surfaces must be used for the limits on the input data. These limits are required to 
satisfy the laws of thermodynamics for the steady-state. 

A special provision of RADTQO is to account for a number (not exceed 
n-2) of surfaces A]^ that arc adiabatic, i.c. qj[ = 0. In this case the formulation in 
equation (11) and the form of the (ajj) matrix, equations (7) and (8) arc slightly 
altered (1,9,10). If an adiabatic surface is designated as A|^, the elements of the 
corresponding (a^j) matrix are written 


■ ( 


ilk) 

F.. - ^ 

(i=j) 


.. p. 


(15) 


II II 

■H -H 

( 16 ) 


In other words, the principal change in the (a^j) matrix for a system having 
adiabatic surfaces is that the diagonal coefficients corresponding to the adiabatic 
surfacc(s) are written aj^j^ = - 1. Furthermore, the tcrm(s) K\. in the (Kj) matrix 

become identically zero for this case (1). The temperature of an adiabatic surface 
follows from equation (3) as 



(17) 


in which J|^ is computed from equation (11) with the clement of the (ajj) matrix 
as given in equations (14-16) and with Ki^ equal to zero. It might be of interest to 
note (1) from equation (16) that the numerical value of the surface radiation 
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properties do not influence the magnitude of the temperature or radiosity flux of an 
adiabatic surface in the steady-state condition. 

An example of the use of RADTQO will be cited later, including a 
comparison of results of the calculations on an enclosure with experimental data. 

RADTQ — The Specification of Surface Temperatures and/or net Radiation Heat 
Flux at Certain Surfaces. 

An improvement in the RADTQO formulation toward a more 
generalized approach to steady-state enclosure calculations is found in RAUTQO(3). 
This formulation treats enclosures for which cither surface temperature or net 
radiation heat flux may be specified arbitrarily. There arc, of course, certain 
restrictions imposed that prevent the input of any set of temperatures or net 
radiation heat flux rates which would cause violations of the Laws of Thermo- 
dynamics or the creation of unreal physical circumstances, such as a negative 
radiosity flux on any surface. Except for these conditions, the formulation allows 
the input of a maximum of (n-1) arbitrary net radiation heat fluxes and a minimum 
of one known surface temperature or any combination of these consistent with real 
physical circumstances. An adiabatic condition on a surface is a special case of the 
net radiation heat flux (q*/A) equal to zero. 

Writing equation (3) for a surface Aj; on which is imposed a known 
heat flux,qg/Ag, the corresponding term Kg, equation (10) becomes (3) 
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in which (a^j) is the matrix whose coefficients arc 


a.. = F.. ( 

i ^j) 

(21) 

IJ IJ 


II 

f i = i ) 


\ 0 J 

(22) 


(i=j) 

(i=fi) 

(23) 


For the case of specified net radiation heat fluxes the quantity replaces 

K\ in the (Kj) matrix for all surfaces (i = C) having a specified (qj/A|^) as input 
data. F'or the special case of an adiabatic surface (q^/Aj;;) equals zero and the 
RADTQ formulation, equations (20) - (23) becomes identical to RADTQO, 
equations (11), (14) - (16). In this instance also the temperature of the adiabatic 
surface would be computed from equation (17). 

The formulation RADTQ computes the net radiation heat transfer q| 
on all surfaces having specified input temperatures from equation (3). It also 
computes the temperature of all surfaces having a specified input net radiation heat 
flux from equations (18) and (10) as, 


r qj/Ag 

[ a (e/p)£ ^ o J 


(210 


For an adiabatic surface qj^ equals zero and this result becomes identical with 
equation (17) which is written specifically for an adiabatic surface. 


Calculations Involving RADTQO and RADTQ 

Example calculation results and a comparison of the formulations 
RADTQ and RADTQO will be given using the geometric configuration shown in 
Figure 3 consisting of a hollow cylinder divided into six-surfaces. The geometric 
view factors, F-^j, surface areas and cmittances for this configuration arc 
summarized in Tabic 1. Although the cylindrical configuration in Figure 3 is of 
small size, the geometric view factors in Table 1 will be the same for all 
geometrically similar cylinders, that is, those having the same ratios r/L and L/S as 
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the cylinder in Figure 3. Further, the radiosity (luxes and net heat fluxes calculated 
for the cylinder of Figure 3 will be identical for all geometrically similar cylinders 
having the same surface temperatures and emittances. The net radiation heat transfer 
rate, qj may be computed for other geometrically similar cylinders of length L on 
the basis of the similarity relation 



where (q|)j corresponds to the net radiation heat transfer rate of the configuration 
in Figure 3 having length Lj and radius rj . The net radiation heat transfer rate 
(qt)j may be computed from the net radiation heat flux by 

= (q*/A). A. . (26) 

The data in Table 2 indicate that identical results are obtained from the 
RADTQO and RADTQ formulations for the same input data and configuration. The 
last two columns in this tabic show that with the net radiation heat flux and one 
surface temperature as input data, RADTQ will compute the remaining surface 
temperatures with a high degree of precision. In this case RADTQ used input data 
on (q'''/A)j corresponding to the computed output from RADTQO and RADTQ, 
listed in the first four columns of Tabic 2. By this inversion process essentially 
identical surface temperatures are computed by RADTQ as those which served as 
input for both RADTQO and the RADTQ calculation in the middle two columns. 

Table 3 provides ^'original” and “inverted” calculations using the 
RADTQO and RADTQ formulations for the case of surface 4, Figure 3, being 
adiabatic. The comparison of the results is essentially exact. 

Comparison of RADTQO and RADTQ with Experimental Data and Other 
Analytical Results 

Calculations using RADTQO and RADTQ will now be compared with 
experimental data and other analytical results for systems having characteristics 
which may be expected to be the same as those assumed in the development of these 
formulations. Schornhorst and Viskanta (11) have reported some careful measure- 
ments of surface temperature and incident heat flux for both parallel and 
perpendicular flat plate systems. Calculated results using RADTQO and RADTQ will 
be compared with the physical measurements of Schornhorst and Viskanta using their 
reported temperatures (11) and emittance values (12) as input data. The comparison 
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0.24051 


2 

3 

0.01105 

0.79180 

0.00000 

0.02588 

0.00786 

0.51898 

0.01105 

0.19853 

0.04198 

0.03093 

0.24051 

0.00319 



1 

5 

6 

0.03639 

0.02588 

0.13488 

0.79180 

0.03093 

0.00319 

0.19853 

0.03093 

0.51898 

0.19853 

0.19853 

0.51898 


Sum of 
Row i 


1.00000 

1.00000 

1.00000 
1.00000 
1.00000 
1.00000 


urfacc 



Area, sq.ft. 

Aji inside 

A: outside 

J2 

0.03221 

0.03221 

0.03221 

0.03221 

0.10603 

0.11250 

0.10603 

0.10909 

0.10603 

0.10909 

0.10603 

0.11250 


Emittancc 


ji inside j 2 outside 



0.375 

0.355 

0.336 


0.375 

0.355 

0.336 


























71 B A. Clark and E. Korybalski 


TABLE 2 

Comparison of Results Using RADTQO and RADTQ for the Configuration in Figure 3 

and Table 1 



RADTQO 

RADTQ 

RADTQ 

II 


(q*/A)j 


(qVA). 


(qVA). 

1 

1400.00000* 

4635.71263 

1400.00000* 

4635.71263 

1400.00000* 

4635.71260 

2 

400.00000* 

-1249.29466 

400.00000* 

-1249.29466 

400.00017 

-1249.29466* 

3 

600.00000^ 

-1059.70026 

600.00000* 

-1059.70026 

600.00002 

-1059.70026* 

B 

800.00000* 

- 395.00614 

800.00000* 

-395.00614 

800.00002 

-395.00614* 

H 

1000.00000* 

- 69.15777 

1000.00000* 

- 69.15777 

1000.00001 

-69.15777* 

H 

1200.00000* 

490.93275 

1200.00000* 

490.93275 

1200.00001 

490.93275* 


- 0.22717% 


- 0.22717% 




*DenoteB input data. All other labular entries represent computed results based on the input data. 


TABLE 3 

Results Using RADTQO and RADTQ with Inversion of Input Data of the Configura- 
tion in Figure 3 and Table 1 



RADTQO a 

nd RADTQ 

RADTQO and RADTQ 



(q*/A). 

Ti 

(q*/A)j 


1400.00000* 

4373.99246 

1400.00000* 

4373.99246 


400.00000* 

-1323.16564 

400.00000* 

-1323.16564 


600.00000* 

-1186.05677 

600.00000* 

-1186.05677 


1082.109972 

0.0* 

1082.109972* 

- 0.00000* 


1000.00000* 

-188.20980 

1000.00000* 

- 188.20980 

■1 

1200.00000* 

444.39817 

1200.00000* 

444.39817 


-0.17970% 


- 0.17970% 


*l>enotes input data. All other tabular entries represent computed results based on the input data. 
'Minus sign indicates a small negative number less than IIT^. 
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will be made for their parallel plate system which was approximated by an 
11-surface enclosure (Figure 4) for the purposes of making calculations using 
RADTQO and RADTQ. 

The results of this comparison arc given in Figure 4 for surfaces of 
sand-blasted stainless steel and polished stainless steel. The computed results using 
RADTQO and RADTQ compare very favorably with both the experimental data and 
the diffuse analysis of Schornhorst and Viskanta (11). 

Comparison of computed results will be made between RADTQ and an 
exact analysis for diffuse-gray surfaces by Usiskin and Siegel (13) using the 
cylindrical configuration of Figure 3. For this purpose the ends arc considered to be 
black surfaces (e, = = 0.99999) at oT? = Ifi.O (T, = 310.82R) and aTj = 1.0 

(T2 = 155.41 R). All other surfaces have emittanccs of 0.30000. A net radiation 
heat (lux, (q^/A)j, for surfaces 3,4,5 and 6 of 10.0 Btu/Hr-ft^ is also imposed. 

This calculation is well suited to the capability of RADTQ as it involves 
a problem having both specified temperatures and net radiation heat fluxes. Because 
RADTQ requires the division of the total cylindrical surface into 4 finite areas, the 
surface temperatures computed by the analysis of Usiskin and Siegel is spatially 
averaged over each area A3, A4, A5, and A^. These comparisons arc given in Table 
4. 


TABLE 4 

Comparison of Surface Temperatures Computed by RADTQ and Usiskin 
and Siegel (13) for the Configuration in Figure 3 



Surface Temperatures' 


Usiskin and 
Siegel (13) 

RADTQ 

3 

490.0 

489.1 

4 

519.0 

511.0 

5 

516.0 

510.0 

6 

1 

480.0 

1 

479.0 
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RADTTF — The Spedtication of Surface or Ambient Temperatures for External 
Radiative Exchange 

The formulation RADTTF is written for an enxlosure or heat exchanger 
which may have surfaces that interact with their ambients by a radiative heat 
exchange. This formulation also allows for the specification of some surface 
temperatures where appropriate. In general, the specified input data can include 
n-ambient temperatures or n-surface temperatures or any combination of these. This 
is the first extension of these problems to include a specific type thermal exchange 
with the environment and is a modification of RADTQO for this purpose. 

The consideration of heat exchange with an ambient requires the 
inclusion of the outside surface area and its radiation properties in the analysis, both 
of which may differ from the corresponding values on the inner surface. It is 
assumed that the wall of the heat exchange is sufficiently thin to permit the 
assumption that the inside and outside surface temperatures are the same. In the 
following analysis the subscripts 1 and 2 relate to the inside and outside wall 
conditions, respectively, 

For the steady -state die relationship of q^. and for the surface 
. Figatc 2, which radiates to its ambient at Toe., is found from equations f2) 
and (3) to be (4) 


^Ei - V ' 
or. 


(27) 


A.,e. o[T* - Tf] = [alf-J. ]. 

j2 J2 -j J Jl\ p /jj j j 

In this case the row J (i = j) of the equation set (5) may be written (4) 

F.. J, + F.„ J„ + + (F.. - E.) J. + + F. J + G.aT* 

Jl 1 J2 2 JJ J J jn n J ». 


(28) 


0 

(29) 


where 


(A2/Ai)e2+ e, 

(A2/A1 )(l -61)62+®! 
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and 


[■ (Aj Ml ) 1 

L ^A2 Ml) (l “ £|)C2 + Cl Jj 

The surface temperature Tj is computed (4) from Jj and Tooj by 

J:+ (1-Ci); (Cj/Ci): ( A2 Mi).0T^ ^ 


(31) 


o’l^ = 
} 


(l-ci)j(ei/ci)j( A2M1 )j + 1 


- ) 


(32) 


The radiosity fluxes for RADTTF may then be written (4) for the 
generalized surface m having a radiative interaction with its ambient, as 


- 1 

Jl 


Ki 

J2 


K2 

J3 

1 


K3 

1 

1 

= -(0..)’’ 
ii 

1 

1 

1 

J 

m 

V 

G OT* 

m wm 

1 


1 

! 


1 

J 

n 


3 

1 


(33) 


in which, 


a.. = 

ij 

F 

ij 


(i * j) 

(3M 

a = 

ii 

F.. - 

1/P, 

(i = j) 

(i ^m) 

(35) 

a = 
ii 

F 

mm 

- E 

in 

H- H- 

II II 

(36) 


Some representative calculations performed using RADTTF are given in 
Table 5 for the configuration in Figure 3 and Table 1. 

RADTTF is also compared with the experimental measurements of Love 
and Gilbert (14). The results of this comparison are given in Table 6 for the 
emittance data and configuration in Figure 5. 
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TABLE 5 

Computed Results Using RADTTF for the Configuration in 
Figure 3 and Table 1 


n 


^ j 

■MB 


’■j 

^ j 

IMB 

1 

1400.00000* 

NID* 

4145.62295 


1400.00000* 

NID* 

3717.27741 

2 

600.00000* 

NID* 

- 279.47892 


600.00000* 

NID* 

-561.79578 

3 

977.32248 

530.00000* 

- 645.65745 


1007.98639 

530.00000* 

- 738.62286 

4 

845.46623 

530.00000* 

- 285.71110 


1073.73401 

1050.00000* 

-75.17715 

5 

753.37673 

530.00000* 

- 152.27165 


1035.42109 

1050.00000* 

41.38898 

6 

696.20263 

530.00000* 

• 95.33813 


789.23586 

530.00000* 

- 188.86534 


• 0.36889% 



- 0.23967% 


* Denotes input data. All other tabular entries represent computed results based on the input data, 
a NID denotes “Not Input Data'’. 


TABLE 6 

Comparison of Results Using RADTTF with Experimental Measurements 
of Love and Gilbert (14) for the Configuration in Figure 5 


Experimental (14) 


RADTTF 


Case 


(q*/A)2 


(qVA)- 


A 

B 

C 

D 

E 


618.0 

591.0 
569.5 

563.0 

555.0 


1559.66 

926.05 

349.30 

219.33 

170.59 


941.61160 

853.95316 

713.00084 

669.90501 

649.84558 


1559.64840 

926.60476 

349.66936 

219.01269 

169.36160 





















Methods for Calculating Radiation Transfer in Heat Exchangers 723 


To effect a comparison with the experimental measurements using 
RADHTTF, the 5-surfacc enclosure was digitally simulated in such a way that a 
temperature dependent emittance could be introduced for the stainless steel surfaces 
with the requirement that the emittance value be fixed at 0.480000 at 500R. The 
simulation was conducted by varying the emittance in accordance with the measured 
surface temperatures of the stainless steel surfaces until the computed net heat (lux 
on surface 2 agreed essentially with that measured. 


RADTTFT - Transient form of RADTTF 

The last radiation formulation to be discussed in this communication is 
RADTTFT, a transient form of RADTTF. This formulation is used to compute the 
transient temperatures, net heat (lux rates and radiositics for an enclosure subjected 
to a step or sinesoidal (periodic) change in one or all of its ambient temperatures. A 
transient can also be introduced independently or simultaneously by a change in the 
emittance of all surfaces. Also, the influence on the thermal response of the 
enclosure of the density, heat capacity or thickness of any surface can be 
determined. 

For transient conditions the thermal response of surface j, Figure 2, to 
a time dependent disturbance introduced into the system is found from equation 
(2). A disturbance can be of several kinds but for the present discussion these will 
include a change in the ambient temperature on any of the n-surfaces or a change in 
the temperature of the other (n-1) surfaces. For an external radiation exchange with 
the ambient and in the absence of any coolant (low through the surface or heat 
generation within the surface, the time rate of change of Tj is written from 
equations (2) and (1 1) as 



(PCpV)j 



(t) - lj(t) 



oT’(t) + (aj.) [Kj (t)] 


(37) 


(j = 1,2. ...n ; i ■ 1,2. ...n) 

In the equation provision is made for die introduction of a disturbance by a change 
at time equals zero in the ambient temperature Taej(t). This change can be of any 
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arbitrary kind. Those considered here, hourever, will include sinesoidal (periodic) 
changes only. Equation (37) also is written to include time-depcndcncy in the 
radiosities, surface temperatures and surface radiation properties, if these latter vary 
during the transient. 

The solution of the system of equations (37) for the n-interacting 
surfaces in the enclosure for a transient condition poses a somewhat different 
problem from that for the system of equations describing the steady-state. In the 
present case the temperature of surface j is computed for small but finite time steps 
starting with the conditions at time equals zero. Each succeeding calculation is 
dependent on the results from the preceding time step. The particular computational 
technique used is of the predictor-corrector type following a method developed by 
Kro^ (15). 

The response of the temperature of surface 2 of the six-surface cylinder 
of Figure 3 and Table 1 to a sinesoidal variation in the ambient temperatures on 
surfaces 2, 3, 4, 5 and 6 is given in Figure 6. For this case the ambient temperatures 
vary as 

T-i (t) = 530 + 100. sin (aff-i- + 6.) 

J ' J/ . (j = 2. 3, it. 5, 6) 

: 38 ) 

in which the period t^j is equal to 0.10 hours and the phase-lag 6j is zero. This 
latter puts all the ambient temperatures in phase with each other. It is a simple 
matter, however, to introduce both a different phase-lag 6j or period t^j for each 
surface. 

Of some interest to note is that a sinesoidal disturbance about the 
initial value (530.R) of each of the ambient temperatures produces a finite change in 
the response of the mean temperature of surface 2. This is in marked distinction to 
the response of a linear system (such as heat conduction in a substance having 
uniform properties) which would produce an identically zero change in the mean 
value of its temperature for a similar transient. 
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NOMENCLATURE 


A 

Aij 

(»ij) 

D 


H 

h 

(0 

J 

K 

11 

q* 

qE 

RADTQO 

RADTQ 

RADTTF 

RADTTFT 


Area, IFt^l 

Cofactor of matrix (ajj), Eq. (12), [1] 

Geometric view factor • reflectance matrix, Eq. (6) and (9) 

Determinant of (a^j) matrix, [1 1 
Geometric view factor, Eq. (4), [1| 

Geometric view factor matrix, Eq. (9), [1] 

Incident radiation flux, Eq. (1), |Btu/hr-ft*] 

Enthalpy, |Btu/Ibm| 

Identity matrix, Eq. (9), [1] 

Radiosity flux, Eq. (1), (Btu/hr-ft*) 

(€/r)oT*, Eq, (10), lBtu/hr-ft*l 

Number of surfaces in enclosure, [1 1 

Power generation rate within surface, |Btu/hr] 

Net radiation heat transfer rate, Eq. (3), |Btu/hr| 

External heat transfer rate, |Btu/hr] 

Name of authors’ computer programs to use with formulations of this 
paper. 


t 

T 
V 
w 

Greek 

e Emittance or emissivity, [ 1 ] 

p Reflectance or reflectivity, [1] 

0 Stefan-Boltzmann constant. Btu/hr-ft^-^R 


times [hours] 

period of sinesoidal variation [hours] 
Temperature, [“RJ 
Volume, [ft*] 

Mass flow rate,[lmb/hr] 
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Subscripts 

i Designation of row number in matrix 

j Designation of column number in matrix 

00 Conditions in environment of enclosure 

1, 2, 3, n, i, k, 112, n - Designation of surfaces in enclosure 
k Adiabatic surface 

C Surface having specified net heat flux 

1 Inside conditions 

2 Outside conditions 
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SURFACE Aj 


Fig. 2. Boundary conditions on surface for interactions with its surroundings. 
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II - Surface enclosure approximation 
L . wid th ^ 

-x-| I n 

..}0 .9,8 .. 7 . 6 I 


T2^I 

1 2 3 | 

END VIEW 
( length »> L ) 


II h height 

■‘“T 


□-RADTQOand RADTQ for ii- surface 
enclosure approximation 

^ ^ 

® jj^^olished stainless steel 
T2 = 100‘’F, T, =587“F 



Fig. 4. Comparison of RADTQO and RADTQ with the experimental data and diffuse analysis of 
Schomhorst and Viskanta (11) for (H/L)-0.]25. 
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Input ambient temp, variation! j = 2. 3, 4.5, 6) 
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Fig. 6. Response of surface 2 to a sinesoidal variation in the ambient temperatures for the configuration 
in Figure 3 and Table 1. (Periodic steady-state is reached after approximately t = 1,5 hours at which time 
T, (-)s 731.58 R). 




Chapter 29 


PRESSURE DROP AND HEAT TRANSFER BY VAPORIZATION 
OF BOILING REFRIGERANTS IN A HORIZONTAL PIPE 


J. Bandel and E.U. Schlunder(*) 


INTRODUCTION 


In recent years heat transfer and pressure drop of vapor-liquid mixtures 
flowing in pipes have been the subject of a rather large number of experimental and 
theoretical studies. 

The objective of most studies dealing with this subject has been to 
obtain data in the form of average pressure drop and heat transfer coefficients rather 
than to study systematically local pressure drop and heat transfer. Consequently, the 
major portion of the information available on this subject is not helpful to the 
understanding of the nature and mechanism of boiling refrigerants flowing in pipes. 
Whereas the methods of calculating single phase flow pressure drop and heat transfer 
are well accepted, the correlations of predicting the two phase vapor-liquid pressure 
drop and heat transfer show great discrepancies. 

The best known calculation methods to predict frictional pressure drop 
are those of Lockhart-Martinelli |1|, Martinelli-Nelson [2] and Chawla [3], the 
latter of which is complemented by the equation of Bankoff |4| at low vapor 
qualities. These equations are all of the same type ; two phase flow pressure drop is 
calculated from single phase liquid and/or vapor pressure drop extended by different 
functions to fit the calculated or measured data. 



( 1 ) 


(*) Inatitut fUr Theriniiche Verfahrenstechnik, UnivcrMiat KaxUnihe (TH) — Germany (FR). 
N.B. ALL FIGURES QUOTED IN TEXT ARE AT THE END OP THE CHAPTER 
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The MartinelJi method is based on both liquid and vapor single phase pressure drop 
with the distinction of laminar and turbulent flow regimes. Chawla uses the 
turbulent gas flow pressure drop and Bank off relates his equation to the single phase 
liquid pressure drop of the total mass flow rate. The correction functions vary from 
author to author. Martinellis’ graphical plot of \/0 = = \/ (AP/AL) 7 p/(AP/AL)g 

and \/0 = 01 = \/ (AP/AL)tp/(AP/AL)i versus x = \/(AP/AL)i/(AP/AL)g includes 
the parameters 


0 = f (x.p, /p /tj (2) 

Jf(J ) 1 B 1 p 

The influence of mass flow rate pertains the laminar/turbulcnt and turbulent/ 
laminar flow region. Chawla’s correction function depends on 

0 = 0* = f (x,P| /Pp»^l »g,k/d) (3) 

and is given graphically. 

The Bankoff correction factor depends only on the density ratio and 
vapor quality 

0 = 0p= f (x,p^/p^) (h) 

The influence of the mass flow rate is different in these equations. The 
Lockhart-Martinclli concept leads to a dependance of pressure drop on the mass 
flow rate 

y AL /^p 

chawla found, however, that there is a much stronger influence of mass flow rate 

(«:)„' " 


whereas BankofPs equation is determined by the single phase equation 


(7) 


TP 


Heat transfer equations are commonly related to the turbulent single phase heat 
transfer equation of Dittus-Boelter and corrected by the turbulent pressure drop 
ratio of the single phase liquid to the single phase vapor flow 


TP 


Murb 


^ "\uib, turb" 


( 8 ) 
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The constants range from 2.1 to 7.55 and the exponents from -0.328 to -0.75. 
Various authors introduce the so called boiling-number to this equation to allow for 
nucleation effects. The type of equation is as follows 


= 01 ( 8 . 10 “+ c.X, . , 

“l.turb 


(9) 


The constants and exponents of this type of equation vary from ci = 0.739 to 2.45, 
c = 1.5, H] = 0.6 to 1 and n = -0.581 to -2/3. 

A somewhat different form of correlation is proposed by Chen 1 5] , who suggests a 
combined nucleation and forced convection influence 


TP 


= a 


I « lu lb 


F + a 


FZ" 


( 10 ) 


^FZ Is defined by the Forster-Zuber-equation for nucleate boiling and the 
correction functions F and S arc given in graphical form. 

Chawla found from his investigation, that heat transfer to boiling 
refrigerant 11 is separated into two regimes : convective boiling at low heat flux 
densities and nucleate boiling at high heat fluxes. The correlation equations in the 
region of convective boiling are |6| 



a ^ -d 


Nuj^ = = (l 


%Pc 


The function F^ for the range of 


Re^ . Fr^ < 109 


- 3 


0,47 5 


and for the range 


is F = 6.6'10 (Re - Ft, ) 

c I I 


Rej . Frj > 109 

- 2 0.3 

is F = 1.5'10 (Re, ,Fr, ) 

C II 


Nucleation data were correlated by the equation |7] 


( 11 . 1 ) 


( 11 . 2 ) 


(11.3) 


TPn Oft n ~ IP 

— = 29.Re, .Ft, 


0.2 


(12) 
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This equation is based on the pool-boiling equation of Stephan [8] . 

It should be noted from these correlations that at fixed mass (low rate 
and vapor quality the local heat transfer coefficient was found to be 

a. ) independent of the heat flux density (equ.8) 

b. ) dependent strongly on the heat flux (equ. 9, 10) or 

c. ) must be separated into two regimes according to the heat flux 

density '(equ. 11, 12). 

It is the objective of this investigation to obtain systematic experimen- 
tal measurements of local pressure drop and local heat transfer coefficients for 
evaporating refrigerants in a horizontal tube. These measurements arc to be used as a 
basis for tlie calculation of average pressure drops and heat transfer coefficients for 
the design of refrigerant evaporators. 

EXPERIMENTAL EQUIPMENT 

The experimental equipment assembly is shown schematically in Figure 
1. The system consists of two circuits : a common refrigerant circuit with R 22 to 
condense the evaporated portion of the liquid in the test section circuit and to keep 
the temperature in the middle of the test section constant. In the test section circuit 
the refrigerant is pumped from a storage tank (1) to a 6000 W preheater (6), which 
is indirectly, electrically heated. Here, a portion of the refrigerant is evaporated. 
After a calming section of 1.5 m length the two phase flow passes through the short 
test section of 400 mm length (8) where the flow type is observed. The vapor-liquid 
mixture flows into the condenser (10) to be condensed and subcooled. The mass 
flow rate, adjusted by a throttle valve (5), is measured by a volumetric flow meter 
(11). The liquid refrigerant now flows back into the storage tank. 

All cold pipes arc insulated with 100 mm foam insulation. In addition 
to this the heated sections arc insulated with 25 mm asbestos tape and 50 mm 
g^ass-wool. 

Details of the electrically heated test section are shown in Figure 2. The 
test section pipe with 14 mm ID is heated over a length of 400 mm. Wall 
temperatures are measured by Ni-Cr/Ni thermocouples, which were imbedded in 
axial grooves and these grooves subsequently filled in with copper by electroplating 
'methods. The depth of the grooves reached to within 0.2 mm of the inner pipe 
diameter. Five thermocouples are distributed around the wall in a helical fashion 
over a length of 50 mm while five other are distributed in the same may over 100 
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mm as shown in the development of pipe. 

A slotted copper pipe contained the double threaded heating filament 
of 2 mm OD. In order to obtain good thermal contact, the heating pipe is soldered 
to the test section. The heating filaments are pressed into their helical grooves 
by a brass tube cover to which pressure is applied by five brass clamps. 

Four pressure taps are connected to the test section, and each of them 
is used to measure absolute pressure and pressure drop over various distances along 
the test section. 

The preheaters and the test section heating filament were connected to 
the secondaries of two continuously variable transformers. The original 220-volt 
supply was taken from a voltage stabilized net to insure constant heat input. Heat 
input measurements were carried out with a wattmeter of 0.1% accuracy. Bourdon 
gages of a 0.1% accuracy at full deflection were used to measure the pressure in the 
middle of the test section. Pressure drops were measured with a calibrated u-type 
mercury manometer of 1 min Hg reading accuracy. 

All temperature measurements were registered on an automatic, 
self-balancing compensator to control stationary conditions. Temperature measure- 
ments were carried out with a hand compensator combined with a mirror 
galvanometer accurate to 1 ^volt. 

Heat losses of the test loop were determined in zero test and taken into 
account in the heat balance. 


TEST PROCEDURE 

At constant evaporating temperature, constant mass flowrate and 
constant vapor quality, a test run was conducted for various heat fluxes from 0 to 
70 000 W/m^ . The measurements consisted of a set of readings of all instruments for 
a period of 20 minutes one hour after equilibrium conditions had been reached. 
Vapor quality was calculated from a heat balance taken between the conditions of 
the flowing liquid refrigerant before the throttle valve and those in the middle of the 
test section. The evaporating temperature was based on the saturation temperature 
corresponding to the absolute pressure in the middle of the test section. The average 
tube wall temperature was taken as an arithmetical average of all tube surface 
temperature readings, as no significant' difference between the average of the five 
inner and the five outer thermocouple readings could be observed. Thus, the heat 
transfer coefficient was determined by the equation 
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a 


54 


T 


(13) 


EXPERIMENTAL RESULTS 


Typical results of some heat transfer test runs at constant evaporating 
temperature and constant vapor quality arc shown in Figure 3. From this figure it is 
seen that the heat transfer coefftcient is independent of heat flux at low densities 
but strongly dependent on the mass flowrate. Increasing heat fluxes lead to nucleate 
boiling where the heat transfer is mainly influenced by the heat flux density, 
whereas the dependence on the mass flowrate is not significant. This c-xperiincntal 
result confirms Chawla’s hypothesis. All test results arc therefore divided into those 
concerning nucleate boiling and those related to forced convective heat transfer. 

The heat transfer data in the regime of nucleate boiling is compared to 
the above discussed equation by Chawla. Figure 4 represents the data which showed 
a definite dependence on heat flux density. The agreement between the calculated 
and measured data is very good. Without systematic errors the measured heat 
transfer coefficients fit the empirical curve within ± 20%. 

In order to determine the influence of mass flow rate on frictional 
pressure drop and on convective heat transfer, the data of the refrigerant 11 
measurements of Chawla and of the own investigation was plotted in Figure 5. The 
figure indicates that there arc three regimes with different influences of the mass flow 
rate. This result can be related to the various flow configurations. At low mass flow 
rates stratified flow was observed. With increasing mass flow rates the flow becomes 
wavy and slug flow like and reaches annular flow at high mass fluxes. The 
dependence of pressure drop and convective heat transfer in the first and last 
regimes is the same as in single phase flow : 



m 

. 0.8 
m 


ilk) 


In the transition region the influence of mass flow rate is much stronger. The above 
discussed equations have been compared to these experimental results. Figure 6 
represents the frictional pressure drop measurements compared to the equations of 
Lockhart-Martinelli, Chawla and Bankoff. The Bankoff method, established to 
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predict bubble flow pressure drop, fails already compared to the measurements at 
low vapor qualities of x = 0.1. The correlation of Chawla only fits the measured 
pressure drops in the transition region with refrigerant 11 whereas the Lockhart- 
Martinelli method gives the best results in the annular flow regime. The same result 
is obtained by comparing the convective heat transfer coefficients to the correlations 
which arc based on the Lockhart-Martinclli concept (Figure 7). Best agreement 
between measured and calculated heat transfer coefficients in the annular flow 
region was found with the equation by Pujol 1 9 1 


U V - 0.37 

a ^ ’^turb, tuib 


( 15 ) 


This equation fails, when wetting effects become an influcncial factor in the heat 
transfer. Chawla’s equations predict the convective heat transfer coefficients in the 
transition region fairly well but fail when the density ratio Pi/Pg is low (refrigerant 
12, 22) or the mass fluxes are high. Because of these discrepancies, a new concept to 
predict frictional pressure drop and convective heat transfer in two phase flow was 
established. 


PROPOSED CORRELATIONS 


Pressure drop 

Figure 5 showed that there arc two flow regimes with the same mass 
flow dcpcncy of frictional pressure drop as predicted for turbulent single phase flow. 

The basic equations to predict frictional pressure drop in two phase 
flow are the modified single phase pressure drop correlations related to the liquid 
and the vapor phase 



(f 











(16) 


These equations contain, besides the wall friction factors » friction 

factors due to the momentum transfer at the interface. The pipe diameter is replaced 
by the hydraulic diameter of the liquid or vapor phase. To solve these equations the 
following assumptions have to be made : 
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1. Pressure drop in both phases is equal 

2. As the pressure drop dependency on mass flowrate was found to be 
the same as in turbulent single phase flow when stratified or annular 
flow is present, the friction factors on the wail are determined with 
the Blasius equation 


0.3164 


al4p 


1.75 


( 16 . 1 ) 

Equation (16.1) was used to determined the interphase friction functions h'gj and 
F]j on the basis of measured pressure drop and calculated liquid holdup 
( = 1 ” fh.g/f ) by the equations of Chawla [10] and Lockhart-Martinelli 

in the stratified and annular flow regime. The hydraulic diameters are defined as 
shown in Figure 8. 

The functions which fitted both frictional pressure drop and liquid 

holdup arc 





AL 


) • * 

'I > I- ' 


I . tu rb 




3. Interface friction factors arc assumed to be proportional to 

Rcji> 

Then equation (16) is in rewritten form 



II 

0 

e.l .■ 

II 

0 

F 

I.l.« 



(16.2) 


The prediction of frictional pressure drop is realized by trial and error, varying the 
diameter ratio as long as pressure drop in the gas and the liquid phase are equal. 

To predict pressure drops in the transition region the stratified and 
arinular flow regimes were limited by a critical Froude to Euler ratio. Stratified flow 
predominates when the ratio is 
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and annular flow exists when the Froude to Euler ratio is 



(17-1) 


(17-?) 


Pressure drop in the transition region is calculated from the critical pressure drops 
and mass flowrates at the critical Froude to Euler ratio for both stratified and 
annular flow. The equation is 




exp 

cril, H 


In 


m 


m 

crit^ 


In 




c.r i 1,8 


m 


crit,a 


ID 


crit, s 


(18) 

The result of this calculation method is presented in Figure 9. Even if the agreement 
between measured and calculated pressure drop of our own investigation is within 
the measuring accuracy, this result must be examined on measurements with varied 
pipe diameter and other fluid properties. 


CONVECTIVE HEAT TRANSFER 


The analogy of the energy transport mechanism to momentum 
transport in convection in single phase flow leads to a relation between heat transfer 
and frictional pressure drop as follows : 


AL 


■ n 

m 



(19) 


This result is well accepted for the turbulent single phase flow. Transferred to the 
two phase flow convective transfer the extended analogy leads to the equation 

n-1 

“td = “ .c.( (AP/AL) /(AP/AL)] " (20) 

1 r c c If 

This result is similar to the concept of the equation (8) using the Lockhart-Martinelli 
parameter 0|,turb, turb * the function c ■ Xturb, turb^ n^ay be regarded as an 
approximation of the parameter 0i . From experimental results the exponent n was 
determined in annular and stratified two phase flow to be n = 1.75. Thus, the 
exponent of the pressure drop ratio of the convective heat transfer equation is 
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n 1 ^ 

This type of equation should be valid to predict convective heat 
transfer coefficients as long as tube wetting is complete. At low mass fluxes when 
stratified, wavy or slug-like flow is apparent, the influence of tube wetting 
complicates the problem, as well as at high vapor qualities. To predict convective 
heat transfer coefficeints in two phase flow, equation (20) was used based on the 
turbulent heat transfer equation of Kraussold 

NUj = 0.023 . Re“-* Prj*-* (21) 

for the liquid flowrate, corrected by a constant and the pressure drop ratio of two 
phase pressure drop to single phase liquid pressure drop 

3/7 

Ve = (AP/AL)] (22) 

c= 1.4 refrigerant 11 
c= 1.75 refrigerant 12 
c = 1.8 refrigerant 22 

In figure 10 the results of this investigation arc compared to the 
proposed equation. The agreement between measured and calculated heat transfer 
coefneients is very good in the annular flow regime for all fluids. In the future this 
concept will be extended to low mass flow rates by correcting the above equation by 
a factor with respect to the tube wetting. 

AVERAGE PRESSURE DROP AND HEAT TRANSFER COEFFICIENTS 

From local pressure drop and heat transfer measurements average values 
can be calculated by integrating the local coefficients from inlet to outlet vapor 
quality. A summary of calculated average heat transfer coefficients for refrigerants is 
given by Schlunder ct al. 1 1 1 1 ■ The heat transfer coefficients are calculated for dry 
expansion evaporator tubes with R 11, R 12, R 21 and R 22. For example Figure 1 1 
shows the average heat transfer coefficient of evaporating R 1 1 at an evaporating 
temperature of + ]0°C based on the equations of Chawla. With the results of the 
present investigation the diagrams will be extended to high flowrates. 
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NOMENCLATURE 


B 

boiling number = 

c 

constant 

d 

diamter 

dll 

hydrolic diameter 

£u 

Eulcr-number 

f 

cross section area 

fh 

hydrolic cross section area 

F 

correction function 

Fr 

Froude-number 

Fr, 

rii*‘ (1 — x)* 

g 

g-d 

acceleration due to gravity 

111 

mass flow density 

n 

exponent 

Nu 

Nussclt-nuinbcr 

AP 

pressure drop 

AL 

Pr 

Prandtl-iiumber 

H 

heat flux density 

Re 

Reynolds-nuniber 

Re, 

m ■ (1 — x) ■ d 

Rt'TPl 

m 

ReTPg 

n ‘‘'••S f 

*■ J fh,] 


S 

u 

X 


correction function 


velocity 
vapor quality 


gas flowrate 
total flowrate 
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Greek letters 

a 

heat transfer coefficient 

OPTPc 

convective heat transfer coefficient in two phase flow 

OfTPn 

nucleate boiling heat transfer coefficient in two phase flow 

d 

temperature 

V 

viscosity 

f 

density 

X 

thermal conductivity 

0 

correction function 

X 

Martinelli-parameter 

Subscripts 


a 

annular flow 

crit 

critical value 

FZ 

Forster-Zuber-equation 

g 

gas 

I 

Interphase 

1 

liquid 

n 

nucleate boiling 

S 

Stephan-equation 

s 

saturation 

s 

stratified flow 

TP 

two-phase- flow 

w 

wall 
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6 preheater valve 

7 calming section 

8 test section 

9 glass tube 

10 condenser 

11 volumetric flow 
meter 

12 cooler 
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Fi(jr. 1. Schematic of equipment. 
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Fig. 5a. Measured rriccional pressure drop. Fig. 5b. Measured convective heat transfer coefficients. 
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Fig. 6. Comparison of measured and predicted data. 
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Chapter 30 

A^ALYT1CAL MODEL OF THE EFFECT OF SEED CRYSTALS 
IN FALLING-FILM EVAPORATORS 


R.S. Hickman and E. Marschall (*) 


1. INTRODUCTION 

The problem of controlling or eliminating scale formation on heat 
transfer surfaces is common in virtually every boiler and evaporator. The problem is 
especially severe in devices which evaporate brines containing high concentrations of 
salts and in which it is desirable to concentrate the brine to saturation conditions. In 
systems designed to recover minerals from brines or for closed cycle systems 
producing potable water, heavy scaling salt concentrations can be expected. For 
instance, the treatment of cooling tower blowdown liquids present such problems. 

Falling film vapor compression evaporators usually operate with only a 
few degrees total temperature drop across the condensation-evaporation surfaces and 
any degradation in the thermal conductivity of the heat transfer surface will 
seriously limit the production capacity of the evaporator. In several desalination 
plants severe scaling has been encountered and then eliminated by adding small 
quantities of the scaling mineral as a solid phase in the brine' ' ^ . In each reported 

case it was found that mineral deposition on the heat transfer surfaces could be 
halted by the addition of crystals of the scaling material. The reason that scaling 
stopped was apparently that the crystals presented a location for deposition of the 
minerals of the supersaturated brine. Systematic measurements of the effectiveness 
of the seeding technique have not been made nor is there an analysis against which 
plant operation can be compared. In each reported instance the seed number density 


(*) Department oF Mechanical Engineering University of California — Santa Barbara — California 
N.B. ALL FICUKES QUOTED IN TEXT ARE AT THE END OF THE CHAPTER 
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and particle sizes whicli prevent scaling, have been determined empirically. 

The purpose of this work is to formulate a physical model of seed 
protection mechanism and to provide a predictive analysis which may be used to 
determine seed concentration and particle size for future evaporator designs. 

2. MODEL FORMULATION 

Figure 1 is a cross-sectional view of the falling film. The film in existing 
evaporators is generally turbulent and has an irregular wavy surface. Energy is being 
transferred from the wall and is vaporizing liquid from the film. For the seeds to 
prevent scaling all of the mineral originally dissolved in the evaporating fluid must 
find its way to a seed crystal. For our purposes we will assume that essentially all of 
the mineral must go to seeds which arc in the laminar sublayer. Wc assume that the 
seed crystals are very small compared to both the overall film and the laminar 
sublayer. The first assumption may be justified on the grounds that the turbulent 
diffusivity will be very high and the mineral can be transferred across the turbulent 
layer quite easily. Also this assumption will provide a conservative estimate of the 
required seed content. The second assumption will place limitations on the 
applicability of the model especially at high Reynolds numbers and for large seeds. 

For regions well away from the starting point of a falling film (on the 
order of 50 to 100 fim thicknesses), the flow will be steady. Waves will be present in 
the film but their average character and in particular the laminar sublayer will not 
vary with time or position. The sublayer will be at a constant temperature and 
supersaturated in the mineral. A slight supersaturation will be tolerated at the wall 
but no mass flux to the wall will be allowed since the object of the use of the seeds 
is to force such a condition. All variation in concentration along the wall will be 
taken to be zero since in practical evaporators, only 1 to 5% of the recirculating 
brine is evaporated in each pass over the heat transfer surface. 

At equilibrium the sublayer is supplied with sufficient solute to 
maintain a steady concentration profile. Of course the seeds must in fact grow and 
these larger crystals must be removed from the sublayer or be broken up. The seed 
growth will not be considered here. In actual devices the seeds are continuously 
broken up by means of stirring paddles or the larger seeds arc selectively removed. It 
is realizes that in any real sample of particles the particle diameters will not be const- 
ant and will have a fairly large variation in size. For tractability we assume here that 
only a single effective diameter particle size is present. 
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3. MODEL ANALYSIS 


The one dimensional diffusion equation for the sublayer is 


3/3y(D 3c/3y) = q U) 

where q is the volumetric rate of mineral lost to the seeds. As stated above the film 
is steady along the wall and convective terms do not appear in Eq. 1. If there are N 
seeds per unit volume and if each seed is adsorbing ni mass per unit time then 

q = N m (2) 


if the gradient in supersaturation is sufficiently small then we can 
assume that each seed is effectively in an infinite bath whose concentration far away 
is constant and at the local concentration C. 

The particles arc small compared to the laminar sublayer thickness. The 


average particle center spacing is approximately 


1/3 

J a (i/N) 

(3) 

The equation for mass diffusion to the particle is 


hiTD r*3(C - C)/3r = m 

Ij 

(h) 


where r is the distance from a particle. — C is the local depression in 
concentration due to the presence of the particle. 

The particle has a radius tp and the concentration at the particle is 
taken as saturated. Then the solution to Eq. (4) for il/l » tp yields 

m = l+TTr D (C - C ) (5) 

P « 


and Eq. (1 ) becomes 


3/3y (D 3c/ay) = (C - C ) kirr DN (6) 

8 P 

Here Cj, the saturation concentration, is a function of y since the temperature must 
actually vary across the sublayer and the equilibrium saturation concentration will be 
a function of temperature. This variation will be small and will be taken to be zero. 
With this approximation and assuming D is a constant we have 


3*(C - C^)/3y^ = (C - C^) (Uffr^N) 


(7) 
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When the seed prevents scaling at the wall dC/dy at y = 0 must be zero and at the 
edge of the sublayer, y = 6, , the mass flux is 

D dC/By = M (8) 

Where M is the difference between the mineral released by evaporating liquid and 
that taken up by the seeds in turbulent region. For comparative design purposes, M 
will be treated as the total mineral released of Q. Here Q is the volumetric rate of 
evolution of fresh water per unit area, and C, is the average concentration in the 
brine. The concentration solution relating the wall concentration to the saturation 
concentration is 

Q = l) D sinh (o6)/[l + (C_/C_ - 1) coshofi] (9) 

Q is the allowable vapor rate for nonscaling operation. £q.(9) expresses the fact that 
for a finite vapor production rate the fluid at the wall must be slightly 
supersaturated. For metal surfaces not containing crystals of the scale, one would 
not expect scaling to occur for small levels of supersaturation. 

4. RESULTS AND APPLICATION 

Figure 2 shows a plot of the wall supersaturation versus 5‘y/47rrpN. For 
a reduction in the supersaturation at the wall by a factor of 10 lower than at the 
sublayer edge, 5 ^/^rpN must be greater than 3. 

A relationship between tp and N can be obtained from the mass 

fraction by 

Uirr^SN/3 = X (lO) 

P 

where S is the specific gravity of seed crystals and X is the mass fraction of seeds. 
For the computations given here S ^ 2.6. Figure 3 is a plot of equation (10) for 
different particle diameters. Also a is shown for each combination of N and tp. 

Now to use equation (9) to predict the allowable yield for a given flow 
situation, we must know the allowable value of C^IC^. In general this value is not 
known. C^/C^ is potentially a funetion of wall material, ph of the brine, seed size 
and. seed material and other contaminate ions. Further D for many minerals is not 
known. 

The fraction of brine evaporated during passage of the fluid over the 
falling film heat transfer surface is just the mass of liquid evaporated divided by the 
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total mass flow. Using equation (9) we have 

0 = QyAp/W ® Ap(C^/C^- l)Dasinha6/W (ll) 

for a6 « 1 and C /C - 1. 

The conditions for a typical panel 5 meters high by 3 meters wide 
handling 1200gm/sec/meter of width have been calculated from equation (11) using 
C^/Cj - 1 = 10%, D = 1.5 X 10“® cm^/sec. The laminar layer is estimated to be 
about 40p. The results are plotted in Figure 4. 

As can be seen for vapor fraction of 3% a value of Of of 325 cm”* is 
required. From Figure 3 for 5/1 particles a mass fraction of seeds of 2.5% is 
required. Measurements on existing plants indicate that mass fractions of from 2 to 
3% are required for successful operation . 

CONCLUSIONS 

We have obtained an expression relating the allowable vapor production 
in a given flow condition to the seed slurry concentration and particle size. The 
Reynolds number dependency appears quite naturally since the laminar sublayer 
thickness is directly related to the mass flow in the filing film. The dependence 
upon the diffusion coefficient also appears in the formulation. 

Several important parameters are currently unavailable. The maximum 
supersaturation at the wall and even the diffusion coefficient arc unavailable in the 
literature in the temperature range of interest. Future work should include 
experimental determination of the values for polluted waters to be treated in 
evaporation systems. 
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NOMENCLATURE 

A Heat transfer surface area 

C Concentration of Mineral 

D Diffusion coefficient 

ni Mass flux to seed 

M Total mass flux of mineral at the edge of the laminar sublayer 

N Number of particles per unit volume 

Q Volumetric flow rate of liquid vaporized per unit heat transfer area 

r Radius 

W Total brine flow rate 

Y Distance from the wall 

Subscripts 
L Local 

M Maximum concentration 

P Particle 

S Saturation conditions 

T Total 

W Wall conditions 

Greek Symbols 


a 

S 

P 


y/Airr^N 

laminar sublayer thickness 
mass density of the brine 
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Fig. 2. Variation in the wall supersaturation as a function of a6. 
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Fig. 3. Required number density (particle/cm*) versus solids mass fraction for particles of specific gravity 
equal to 2.7. 















Chapter 31 

THE WALL HEAT TRANSFER COEFFICIENT IN PACKED BEDS 

W. Hennecke and E.U, Schlunder (*) 


Tubular fixed-bed reactors are usually used for carrying out exothermic 
gas-phase reactions occurring in porous catalysts. The design of catalytic reactors 
requires the knowledge of the effective thermal conductivity and the heat transfer 
coefficient at the wall. There are reliable correlations available for estimating the 
effective thermal conductivity in packed beds, but there is much uncertainty in 
estimating the heat transfer coefficient at the wall. 

A new method is developed for determining the wall heat transfer 
coefficient. Provided the effective thermal conductivity and the radial velocity 
profile are known the wall heat transfer coefficient can be calculated by this method 
from measured overall heat transfer coefficients. 

In order to analyse the heat transfer in packed beds by mathematical 
methods a model is required. In the model (sec Figure 1) which is used in all 
previous investigations it is assumed that 

1. the packed tube is divided into a core region and a small wall region 

2. the hydrodynamic boundary layer at the wall is disturbed at each 
particle and therefore, the wall heat transfer coefficient remains 
constant along the length of the tube 

3. the radial velocity profile is uniform (rod flow) . 

4. the effective thermal conductivity docs not vary in radial direction 

5. the conduction of heat in axial direction may be neglected. 

This model was also used by the authors in the beginning of the investigation. It was 
improved later on. 


(*) Inititut f&r ‘nieroiiKhe Ver&hienstcchnik, Univeriitit Kirliruhe (TH) - GermaRy (PR) 
N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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Mathematical methods for determining the wall heat transfer coefficient 


Uniform radial velocity profile 

The above described model of the heat transfer in packed beds leads to 
the differential equation 


C Pu 
p 


M - A M 

3C ^ r dr 


( 1 ) 


The boundary condition at the wall is 


r = R 



= a (i7 - ) 

■w w 


( 2 ) 


It is assumed that the boundary layer e is very small and that therefore r = R is 
equivalent to r = R - e. 

The boundary condition at the entrance is 

1 = o = d (3) 


If is constant along the tube, integration of the differential equation leads to 

f5| 



I - d 

O ^ 



(h) 


with 


NU 

-r • 

^ o n n n 


(5) 


The local overall heat transfer coefficient is defined by 

( 6 ) 

m w 

If the temperature gradient and the mean bulk temperature d„, are calculated from 
eq. (4), it follows from eq. (6) 
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■(- zk) 


" p^/l) 

^ Tm? 

The average overall heat transfer coefficients follow from eq. (7) by integration 

1. 

NU = r f NU dl . 


As eq. (7) does not converge for L = 0, the integral (8) has to be separated : 

1 . 


NU = ^ jNU^dl +jNu^dl j 


is a small length. 

The second integral can be calculated numerically. The first integral can 
be integrated analytically, because another solution of eq. (1) exists for short 

residence times [5| , which leads to 
L 


Non-uniform radial velocity profile 

In a packed tube the velocity in the bare cross-section is not uniform, 
because the porosity is not uniform. The velocity profile has a maximum near the 
wall, as Schwartz and Smith [251 reported. The radial velocity profiles are 
approximated by a parabolic equation which is useful for integrating the differential 
equation: 

..niiSi]: , 

u K + 1 
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Eq. (11 ) does not show the sharp decrease very close to the wall. This effect is taken 
into account by the wall heat transfer coefficient, 

K and P were determined from experiments made by Schwartz and Smith |25| by 
applying the least square method. Found to be a function of D/d were only spheres 


K = 1.5 + 0.0006 (I - 2^ 
P = l.lli I - 2 


cylinders h = d: 


K = 2.3 + 0.0002 


(!-) 


P = l.o6 




( 12 ) 

( 13 ) 

ilk) 

( 15 ) 


Fig. 2 shows experimental data of Schwartz and Smith |25| and 
calculated radial velocity profiles according to eq. (11 ). 

Fig. 3. shows the maximum velocity at the wall and the minimum 
velocity in the axis as a function of D/d. 

Kubota, Ikeda and Nishimura [15] presented experimental results 
showing that the average velocity in the interstices docs not vary with the radial 
position. From their experiments and the experiments of Fahien and Smith |9], 
who measured u * d/A as a function of the radial position, it was concluded that the 
effective thermal conductivity is uniform in the bed, although the velocity in the 
bare cross-section varies with the radial position. 

Using (11) as the equation for the radial velocity profile the differential 
equation for the conduction of heat in a packed bed can be written in the form 
P + 2 _ 

I D I _ r :\2 A 1 I 

(16) 


K + ^ 2 ^ (p j** 9 ^ n , 1 

kTT' ^ ^ = 5?J 


Eq. (16) cannot be integrated with the boundary condition (3), but solutions were 
found with the boundary condition (5) at the inlet and the boundary condition 


r = R i3 * 


( 17 ) 


at the wall for long residence times and short residence times. 
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Long residence times 


r 1 

In a dimensionless form with ^7 = ^ “ i” ® ^ 

K L Uy^ 


£q. (16) can be written : 


1 D 9(9 _ K -I- 1 1 ^ 

h L at ” ^ ^ P+2 aTp" T? arj 


£q. (18] can be separated in 


f = f (7?) . f (t) 

V t 


1 D 2 

It L ” 


II jt I 

K + 1 f»? ■*• 7? ft? _ 2 


Integration of eq. (19) leads to 


ft = const - e 

Eq. (20) can be integrated by the scries expansion 


"I = E 


witli P being restricted to natural numbers. 

One of the coefficients a is given by the condition f^j (0) = 0: 


A second coefficient can be chosen : 


ai* 0 


a = 1 

o 


The other coefficients have to be calculated with the formula of recursion 


a = - m 
v + l 


„ ^ P + 2 

2 ~r~ ^-p-1 

(FTThT+TP 


( 23 ) 
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From the boundary condition 


fr? (1) = 0 


it follows that 


a + ai + a 2 + aa + . . . = 0 

o 


The parameter m^ has to satisfy eq. (24). There is a infinite number of solutions. 
The first solution is computed with a FORTRAN-program. For long residence times 
only the first solution is used for calculating the NU-nurnber 

NU = (25) 

aiisg 

Figure 3 shows for packed beds of spheres and cylinders as a function of 

D/d. 

Short residence times 

For short residence times a simple solution is found (see [ H J ) 


V? L y K + 1 


The solution for long times (25) and the solution for short times (42) are superposed 


NU, = 
k 


= l/lii? + 

y aufC 


Eq. (27) is a good approximation for all residence times. An approximate solution 
for the boundary condition (3) is 

NU. 

NU = rn (28) 


The effective thermal conductivity is calculated by [33 1 : 

A ^ 

X X 8 ^DL 


"dl = 


^ ~ 1 ~ 2d/D ) for spheres 

1 + L/D 
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~ 1 for non-splicrical particles 


« 
A 


= (1 - VT^) -ii + yT^ ^ 


»l 1 

T'rriS7» 


Str 


Kn = O 

d 7 


O.Oli c 


V/ ■ Vx y 

NU- = — 5- fJl!L\ 1 

^ Uoo/ X 


(30a) 

(33) 

(32) 

(33) 

(3M 


Str 

X* 


[JV - (l+Kn')4-,jBCn S 

^ p M B - 1 , I 

(N - M)^ ■ " (1 - Kn) + 


[ 

+ [l - (N - M)'- (B-1) Kn]l 

2B X* J 

N = (1 + Bi‘^^)(l+Kn ) 

-xl/^ 


M = B 


1 + (0.04 . Pe.“'” )2 

iJ * 


(35) 

(36) 

(37) 

(38) 


p S X 

1 4. P 

^ X— T 

ox 


( 39 ) 


^ = 5*10" -5- 10^ W/m grd 

*' OX 
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The coefficients C are listed in table 1 

TABLE 1 

c 

spheres 

1.25 

granular materials 

1.4 

cylinder, Raschigrings 

2.5 


In []1) a suitable equivalent diameter for nonsphcrical particles was 

found : 

cylinders and hollow cylinders li > d : 


1 

A + ^ +1 


i'' n 


12 d 1 

! 2 * d. 

1 

(dj J 


( 1 * 2 ) 


granular material ; 

d* = 1.23 d (U3) 

(d is the arithmetic mean diameter) 

if overall heat transfer coefficients are reported in the form 
Nu » f (Re^, Pr, L/D, D/d) 


(h4) 


one gets 


NU = Nu / 
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where A/X is calculated by eq. (45) and 



If a uniform velocity profile is assumed, 

NU^ = f(NU,PE|) 

is calculated with a FORTRAN-Program. 

If a non-uniform velocity profile is assumed, one gets 


NU 

nv 


NU 

1 - NU/NU|^ 


with NUj^ according to cq. (27). 
Finally one gets 


Nu 

w 



d 

D 


(i*5) 


(1*6) 


(1*7) 


Experiments 

Experimental data of many authors were analysed during this investiga- 
tion. As there were many discrepancies, it seemed to be necessary to measure overall 
heat transfer coefficients again. The experimental equipment is described in |11]. 
Figure 4 shows the main features of the experimental set up. 

The test unit consisted of an inner tube of clay and an outer tube of 
plexiglass and was made up of several sections. Water evaporated at the inner wall 
and the evaporation rate was measured with a burette. The temperatures at the wall 
and at the entrance of the tube were determined by thermoelements. The exit 
temperatures were calculated from the flow rate of air and the rate of the 
evaporating water. 

This experimental method of evaporating water permits the measure- 
ment of heat transfer coefficients and mass transfer coefficients simultaneously. The 
coefficients were calculated for each section. In this way the influence of the tube 
length could be investigated throughly. The ratio L/D was varied between 0.3 and 
4.3. 

Packings of spheres, cylinders (h = d and h = 2 d), and Raschigring$ 
made from styropore, polystyrene, glass and copper, were invest^ted. 
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Determination of wall heat transfer coefficients 

5000 experimental data of overall heat transfer and mass transfer 
coefficients of 14 investigations, including our own experiments [6, 8, 11, 13, 14, 
16, 17, 18, 19, 20, 21, 24, 29, 30, 32J, were analysed. Figures 5 and 6 show the 
scope of the investigation. 

In the beginning the wall heat transfer coefficients were calculated on 
the assumption of a uniform velocity profile. Figures 7 and 8 show series of 
experiments for spheres of ceramic and metallic materials. There is much scattering, 
but one can see that the Nu^-numbers for short tubes arc much higher than the Nii^- 
numbers for long tubes. Generally the Nu^-numbers decrease with decreasing 
Pcj-numbers, but in some cases there is a sharp rise. For a number of experiments 
negative Nu^-numbers are calculated. 

Figures 9 and 10 show the same experiments. The Nu^-numbers are 
now calculated on the assumption of a non-uniform radial velocity profile. Positive 
Nu^ -numbers are calculated for all experiments. 

The Nu^-nunibers for short tubes are much lower, whereas the 
Nu^-jiumbcrs for long tubes are only a little lower. Therefore, the Nu^-iiumbcrs do 
not depend on the length of the tube to such a high degree as they had before, but 
there is still a marked dependence. It was assumed, that the wall heat transfer 
coefficient was constant along a tube. If Nu^-numbers depend on the tube length, 
this may result from errors in measurements or from failures of the method by 
which they were determined. If wall heat transfer coefficients are determined from 
measured overall heat transfer coefficients, small errors in measurements lead to 
great errors in the calculation of the wall heat transfer coefficients. 

If the tubes arc very long (L/D > 10), it is very difficult to find the 
exact temperature of the flowing medium at the exit of the tube, when the medium 
is heated with constant wall temperature. Systematic errors in temperature 
measurements occurred in the investigations of Chu and Storrow | 6] Koch [24J 
and to some extent of Leva [17, 18, 19, 20] and Kling [13] . 

It is seen from our own experiments (for example, figure 11) that there 
is a systematic influence of the tube length, if Pej-numbers are low. It is possible 
that there are special effects at the entrance, for instance free convection. But the 
large influence of the tube length cannot result from these effects. Probably this 
influence is caused by failures of the method. The influence of the tube length is 
more pronounced if the Nu^ -numbers are determined on the assumption of a 
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uniform velocity profile. If the Nu^-numbers are calculated with the more 
complicated model of a non-uniform velocity profile, they are not dependent on the 
tube length for high Pej -numbers. 

It is shown, in a separate investigation [11], that it is permissible to 
neglect axial conduction. But at low Pe^ -numbers it is probably not allowed to 
assume that the hydrodynamic boundary layer is independent of the tube length. If 
the boundary layer varies along the tube length, the wall heat transfer coefficient 
also varies. In this case it is not possible to calculate wall heat transfer coefficients 
from measured overall heat transfer coefficients. 


Formula for wall heat transfer coefficients 


In order to develop a correlation for wall heat transfer coefficients, a 
simple model is assumed (Figure 12). 

There is a laminar boundary layer at the wall, which is determined by 
the particles. In the distance e the area is partly bored by the particles. In the free 
area 0 heat is conducted through the laminar boundary layer by convection, in the 
arca(1 -<p)hcat is conducted through the fluid medium and the particle. Assuming 
constant temperatures in the fluid and in the solid phase and neglecting radiation, 
one can formulate : 

o ot 

f convection + (l-f) conduction (1^8) 


Temperature gradients being large, one may set 


Of X 

convection = — 


( 1 + 9 ) 


and 

oc . \ (50) 

conduction = — - 

is the effective thermal conductivity at the wall near the point of contact. If the 
boundary layer is determined by the particles it is convenient to bring eq. (49) in a 
dimensionless form 


cx 

d convection 

7 " X 


Nu 

P 


(51) 


NUp is calculated in the same way as the Nusselt-number of a plate with the length 
d. The area *p is determined by geometrical relations, as if the particles were spheres 
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in a cubic arrang;nient 


? = 1 - 



( 52 ) 


Finally, one gets the formula for spheres, taking also in account radiation and the 
effect of the tube length; 


Nu 

W 






(53 ) 


NU 


- ^ PeJ 

■/(¥K 


Pe 


- 

u 2_ 

\ ~ K + 1 


K = 1.5 + 0.0006 


(i- - 




I 3 h .5 
D/d 




’I' = 0.5 

w 



\HW _ 1 

X “ 1 + Kn 

w w 


Kn = 


d 


2-7 

7 


Nu 

P 


(5M 

(55) 

(56) 
(12; 

(13) 

(57) 

(58) 

(59) 

( 60 ) 

( 61 ) 
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X N-m[ (N - M)2 ^ w J 


with 


M = B 


^ * ’^"w] 

p J 


N = (1 + Kn ) 

w 

X 


x« = 

p 


T , ^OX 

Xox d 


= 5*10® "^lO^ W/m^grd 


,1- ^ 0.75 

B = C(— ') 

w 

The coefficients C are listed in tabic 1 (page 9) 

0.01+ c / T , 
^“Slr ■ 2 , ( 100/ X 


- 1 


’Str 


(62) 


(63) 


(6U) 


(39) 


(65) 


(3i») 


The parameters c^, Cj,, and cj Iiad to be determined in such a way that the 
deviation was minimal. The results are shown in table 2 (page 18) 

The formula for mass transfer is 


Sh, . [sh + - l)(l - Sh”)] ^ <6T) 

p 

Slip has to be calculated with eq. (54) using Sc instead of Pr and PCp instead of Pcp. 
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J 

/ u • d 




(68) 

H 

II 


(69) 


Eq. (53) and (67) are also valid for granular materials if the equivalent diameter 
d''‘(eq.43) is used instead of the diameter of the sphere. 

Eq. (67) is also valid for mass transfer in packed tubes of cylinders and 
hollow cylinders using the equivalent diameter d'^(eq.42). 

For heat transfer in packed beds with cylinders h = d die formula is 


Nu = 


a d* 

w 


** Pe d 


and for cylinders h = 2 d and hollow cylinders (raschigrings) 

^ “ [%* ^At - ,\/D 


( 71 ) 


Pe '^d 

P 


NUp has to be calculated with eq. (54) using the equivalent diameter and calculating 
K and P with eq. (14) and (15). In eq. (54) the parameter C|, is a function of D/d : 
Cylinders, D/d > 5 


''b 



3.5 

D/d. 


Raschigrings, D/d > 5 


Cu = 


^’b ( 7 * dm) 


(72) 


(73) 


Jn case of D/d < 5: cj, = c^ 

Figure 13 shows wall heat transfer and wall mass transfer coefficients 
for spheres of styropor, glass and copper. The equations for the Nu,^ -numbers are 
based on experiments in the range of 
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10 < Re, < 10* 

Cl 

0.6 < Pr < 7 

2 < D/d < 50 
0.3 < L/D < 58 


The average deviation is less than 20% for the own experiments and less 
than 30% for the experiments of the other authors. 

TABLE 2 




•=3 

‘^b 


‘^d 

spheres 

heat transfer 

0.5 

1.3 

1500 

40 

mass transfer 

0.5 

1.3 

6000 

40 


heat transfer 

0.5 

1.3 

30000 

40 


water 





granular mat. 

heat transfer 

0.5 

1.3 

1500 

40 



S 

% 

/ 

•^c 

‘^d 

cylinders 

heat transfer 

1.0 

0.8 

1000 

30 

II 

mass transfer 

1.0 

0.8 

250 

10 

cylinders 

heat transfer 

1.0 

1.1 

250 

30 

h=2d 

mass transfer 

1.0 

0.8 

250 

10 

raschigrings 

heat transfer 

1.0 

1.2 

250 

30 


mass transfer 

1.0 

1.2 

250 

10 


Comparison with other authors 

Figure 14 shows correlations for Nu^ -numbers. Beek [ I ] recommends 
the equation of Thoenes and Kramers [27]. Hlavacek [16] recommends the 
equation of Yagi and Kunii [30] . 

For large Pcj-numbers these are in agreement with our own equations. 
For small Pej -numbers they deviate because there is an influence of the tube length. 
Valstar, Bik and van den Berg [28] revealed a striking discrepancy between the 
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conelation of Yagi and Kunii and their own experiments. 

The equation found in this investigation is corroborated by experiments 
ofBrotz [2] (Figure 15). 

Valstar, Bik and van den Bei^ [28J measured temperature profiles in a 
pilot reactor. They could verify these temperature profiles by theoretical calcula- 
tions using wall heat transfer coefficients which arc in accordance with the authors 
own equation. 

Calculation of overall heat transfer calculations 


Overall heat transfer coefficients can be calculated with the equation 


1 + nu^/nu^ X 


The effective thermal conductivity has to be calculated with cq. (29). 


Nu = Nu 4 rr 

w w d / A 


The Nu^-number has to be calculated with equation (53), (70) or (71) taking into 
account the form of the particles. In case of non-sphcrical particles the equivalent 
diameter eq. (42) or (43) has to be used instead of the particle diameter. 

The Nu](-number has to be calculated with cq. (27). Mass transfer 
coefficients can be calculated analogously. With a comparison of calculated and 
experimental values a good agreement is found (Figure 16). Large deviations are 
found only with Chu and Storrow |6|, whose experimental results are doubtful 
because of their method of measuring the outlet temperature. 
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NOMENCLATURE 


a) Latin Letters 


a 

rn^/s 

A 

ni^/s 

Ca 

- 

‘-'b 

- 

4 

- 

c; 





j/*^g grti 

CStr 

W/ni*grd' 

d 

111 

d^ 

111 


m 

D 

Til 

h 

ni 

Jo 


Ji 

-- 

K 

- 

1 

Ill 

L 

111 

m 


P 

- 

r 

Ill 

R 

ni 

Sox 

ni 

T 

K 

u 

m/s 

0 

ni/s 


temperature conductivity of the fluid 

radial effective thermal conductivity (A = A/gCp) 

coefficients listed in table 2 (page 

coefficients listed in table 2 (page 

coefficients listed in table 2 (page 

coefficients listed in table 2 (page 

coefficients listed in table 2 (page 

heat capacity of the fluid phase 

radiation coefficient of a black body 

diameter of a particle 

equivalent diameter (cq. 51 or 52) 

inside diameter of a hollow cylinder 

tube diameter 

length of a cylinder 

Bessel-function of zero Order and first kind 

Besscl-function of first Order and first kind 

coefficient in eq. (17) 

length 

tube length 

separation parameter 

coefficient in cq. (17) 

radius 

tube radius 

thickness of a layer of oxide 
temperature 

velocity in the bare cross-section 
medium velocity in the bare tube 
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b) Greek letters 


oc 

W/iTi*grd 

overall heat transfer coefficient 


W/m^grd 

wall heat transfer coefficient 

Pw 

m/h 

wall mass transfer coefficient 

y 

— 

accomodation coefficient 

5 

m*/s 

diffusivity 

A 

m*/s 

radial effective diffusivity 

®Str 

m*/s 

cmissivity 


grd. 

temperature 


grd 

inlet temperature 

X 

W/m grd 

thermal conductivity of the fluid phase 

^ox 

W/m grd 

thermal conductivity of a layer of oxide 

Xp 

W/m grd 

thermal conductivity of a particle 

A 

W/m grd 

radial effective thermal conductivity 

M 

m 

free path of a molecule 

V 

m*/s 

kinematic viscosity 

f 

kg/iri^ 

density 



porosity 

c) Subscript! 

d 

s 

particle diameter 

D 


tube diameter 

m 


average 

r 


radius 

W 


wall 

X 


local 

e) dimensionless numbers 

Nujj = 

a-D/X 

Sc = u/6 

Nu^ = 

oiyfdlX 

Sh^ = 0^d/6 

NU 

a - D/A 


Nu;, = 

a^D/A 


Pcd = 

ud/a 
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""P 

N'JStr 

P£D/L = uD^/AL 
Pr = u/a 

Rcjj = uD/u 

Rej = ud/u 


Peclet number defined by eq. 55 
Pcclct number defined by eq. 68 
Nusselt-numbcr defined by eq. 34 
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Fig. 13 



Fig. 14 
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Fig. 15 




Own experiments 
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Chapter 32 


PERFORMANCE OF A MOVING-BED HEAT-EXCHANGER 

J. Dul (*) 


The pebbic-bed heater described below was built as the joint effort of 
the Institute of Nuclear Research — Swierk and CEA — Saclay in the frames of the 
Franco-Polish research cooperation in 1966-69. It was put into operation in 
December, 1969, and then tested during the next two years. The heat-exchanger is 
used to preheat 0.5 kg/s air for the magncto-hydro-dynamic installation. The 
described type can be used for different indu.strial applications using technical ga.ses 
preheated to high temperature. 

1 . General description 

The heater shown in fig. 1 consists of two vertical sections of the 760 
mm inner diameter (upper part) and 735 mm i.d. (lower part), connected by the 
throat of 127 mm i.d. The differential pressure controller maintains equal pressure 
across the throat between both sections of the exchanger. The pebbles are heated by 
combustion gases discharging from two kerosene-fired combustion chambers, 
working with an excess amount of air. The combustion gases pass into the upper 
section through 12 inlets, filled by immobiles alumina spheres 70 mm dia. This 
solution provides the circumferential gas channel for the introduction of the 
pebbles. 

The waste gases after cooling in the upper section arc discharged to the 
chimney through the automatic valves system. The air passes into the lower part 
through the perforated cone made of 18/8 stainless steel. After heating, the air flows 
out through the perforated roof to the insulated pipeline of special construction, 
shown in the fig. 2. 

The spheres are scattered down in counter flow through the throat 


(*] Institute of Nuclear Research, Swierk, Poland. 

N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAI*TER 
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performing the valve function. The pebbles at the nominal rate of 2000 kg/h are 
transported through the feeder and automatic valve by a pneumatic elevator with 
variable output. 

2. The pebbl cs 

The heat-exchanger is filled actually by the 4000 kg pebbles manufac- 
tured of 89.9% alumina with the diameter between 8.75 and 10 mm and average 
weight density 3.1 g/cem. Numerous examinations of the pebbles and ceramic lining 
materials were carried out. 

Among them the most important were : 

— chemical analysis; 

— high temperature strength under load; 

— impact resistance; 

— thermal shock resistance; 

~ abrasive wear resistance. 

The pebble wear rates, due to continuous pebble replacement, depend in general on 
the structural properties of the pebble and on correct functioning of the lifting gear. 
The results of the wear rates for different tested pebbles after work in the 
heat-exchanger arc presented below : 


Test number 

pebble 

charge kg 

wear 

rate 

^^9 

kg/day 

per mil 
day 

1.3. A. + 1.4 

type 1 

4115.9 

3.89 

0.945 

WBM 

1.5 

type 11 

4515.4 

6.5 

1.44 

wgsm 

1.6 

type I 

3963.1 

1.64 

0.413 

0.0651 


type III 

35.98 

— 

0.23 

0.0357 


The pebble of the type 1 was manufactured by reeling method, type II by injection 
and type 111 - like type 1, but with improved chemical composition. 














Performance of a Moving-Bed Heat-Exchanger 805 


Characteristic properties of the pebbles 


pebble 

alumina 

con ten 

% 

average 

deriHity 

g/ccin 

max.temp.utilization 
withoiil fiintcring under 
load 1 kp/cm^ 

Impael resiBtance 
by energy 10 kpcm 
/% destroyed spher. 

Type I 

89.9 

3.1 

1470 

A 

Type 11 

99.5 

3.9 

1550 

V 87.5 






Type 111 

95.8 

.3.6 

1550 

45 


(remark: 74% spheres of the type 11 had production fissures). 

3. Controlling and measurement system 

The heat-exchanger is controlled by the control-board and its operation 
is observed on the measurement panels located in the separate control-room. The 
comprehensive measurement equipment allowed for examination of the 
performance characteristics, heat transfer coefficients and flow resistance. It consists 
of : 

— Data logger for 100 channels, equipped with thermocouplcs-linearization unit. 

— Acquisition data system with perforator for 30 channels. 

— Digital-computer for on-line operation used for measurement data handling 
during and after experiments. 

— 6-points recorders. 

— Visual observation of the moving elements of the pebble-bed transport system. 

— Panels for remote water cooling pump control, fuel pumping system and water 
cooling circuits measurement. 

The following instruments for particular measurements are applied : Thermocouples 
Platinum - Platinum 1 ()% Rhodium and Chromel-Alumel - for gases and ceramic 
lining temperature measurements. 

Sucking off Pt-Pt Kyf(> Rh thermocouples — for hot air temperature measurement in 
the pipeline ; 

Total radiation pirometcr with recorder — for pebbles temperature measurement at 
the throat outlet ; 
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Resistance thermometers for pebble temperature measurement in front of the feeder 
and for water cooling circuits ; 

Pressure transducers for pressure and gas flows measurements; 

Turbine — flow — meters with recorders for fuel flow measurements. 


4. Experimetnal results 

During the particular programs, the moving-bed heater was operated in 
a range of air-flows through the lower section between 570 and 1600 kg per hour 
and adequately in a range of combustion gases through the upper section between 
610 and 1740 kg per hour. The maximum outlet air temperature attained was 
approximately 1300'‘'^^°C. The thermal power given from the waste gases to the 
pebbles in the upper section and regenerated by the air in the lower section is shown 
in fig. 3. Figure 4 shows the thermal efficiency of the heater. Both characteristics are 
presented as a function of the modified Reynolds’ number 


Re 


Vd in 

(1 - c) " /i(l - c) 


Packing density 1 — C = 0.636 has been obtained by measurement in a 
hundred liter tank and compared to the bed filling in the heater. The average 
diameter of the alumina spheres amounted to 9.3 mm. 

Pressure drop through the pebble bed is calculated by : 


AP 


y P' . 6(1 - e ) . L 

* "V ~~P~ a 


where the flow resistance coefficient { versus modified Reynolds number Re,^ 
compared with some another authors is shown in fig. 5. Consequently, the modified 
Reynolds number is here defined as : 


Re 

tn 

where equivalent diameter of pebbles 


V ’de 
e- V 


d = 

C 


Ite 


Thus 


2 . e • d 

3 1 -e 


Re = 

ni 


2 . p’Vd 

3(l-e) P 


On the basis of experience, within the Reynolds number Rc^, ranging from 100 to 
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1500, the friction factor can be correlated with : 

Fig. 6 presents the run of the long-term experience, carried out in November 1971. 
5. Conclusions 

Actual efforts are directed towards the improvement of the heat 
transfer coefficient and efficiency. 

Consequently, reduction of temperature difference between the gases and pebble, 
reduction of dimensions and increase of preheat temperature should be obtained. 

We hope at present, after the experiences we have gained so far, that 
the temperature of the heated gas may be increased to 1400°C using high-alumina 
pebbles and refractories. 



NOMENCLATURE 




gas velocity based on empty cross sectional area 
density of gas 

kinematic gas viscosity 
dynamic gas viscosity 
mass flow of gas 
spheres diameter 
equivalent pebble diameter 
bed porosity 
packing density 

characteristic surface of the bed 



length of pebble bed 

flow resistance coefficient (friction factor) 
gas pressure drop 

gravitational constant 
modified Reynold’s number 

modified Reynold’s number 
thermal efficiency coefficient 
thermal power regenerated in the bed. 
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Fit 1. Cross-sec cion of the heat exchanger 
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Fig. 2. Cro5s-.sectinn of the hot air pipeline 
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Flow resistance through the bed 





















Chapter 33 

SCALING UP OF A DIRECT CONTACT HEAT EXCHANGER 
M. Perrut and B. Paulas (*) 


INTRODUCTION 

In classical exchangers, heat transfer takes place through metallic 
surfaces, leading to fouling problems and drastic decreases of the heat transfer 
coefficients with time. These problems reach a dramatic range when heating sea 
water in desalting plants. 

With direct contact heat transfer, no metallic surfaces are used and two 
immiscible fluids arc contacted as in liquid-liquid extraction operations. 

The spray tower is the simplest device for counter-current flow : it is a 
vertical empty tower where one fluid moves, by gravity, dispersed in droplets within 
a continuous immiscible phase. It is known that such contactors have a low 
efficiency and high capacity. 

As evidenced in the early 1960s, the dense packing flow allies this high 
capacity with a good efficiency. It consists of a dense dispersion of droplets of 40% 
to 90% hold-up. 

Heat transfer and mass transfer experiments [4, 9J have shown that the 
dense packing flow presents two advantages ; 

— A high interfacial area, 

— A low value of axial dispersion. 

SPRAY TOWER HYDRODYNAMICS 

In a spray tower, for a pair of flow rates of each phase, two flows can 
exist in the general case : 

— Loose packing flow with a low dispersed phase hold-up (< 40%) (figure 1), 


(*) Centre dc Cinetique et Physique Cliiiniquc C.N.R.S. Departement dc Genie Chimique NANCY (FRANCE) 
N.D. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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— Dense packing flow with a high dispersed phase hold-up (between 40% and 90 
% ) where droplets are packed like glass beads (figure 2). 

Dense dispersions have been obtained for 15 liquid-liquid pairs covering 
a large range of physical properties, dispersing either the light phase or the heavy 
phase |9] . Measurements of mean drop size and dispersed phase hold-up have been 
made for each liquid-liquid pair. 

1. Mean drop size 

Numerous measures lead to the following conclusions 1 1 1 ] : 

— The perforated plate wettability is very important and the plate material will be 
chosen so as to be wetted by continuous phase ; 

— No coalescence appears on the whole column ; 

— The continuous flow rate is of no importance, except for very high values ; 

— The way of formation of the droplets depends on the injection velocity value : 

’^ 1 ) 

" N 4^ /1+ ^ ^ ^ 

with N and <1> number and diameter of boles. For values of the injection velocity 
higher than the jetting velocity, drops result of jet break up and the mean drop 
diameter d is no longer depending on and can be correlated by : 

-|- = 2.06 (l- 0,105 g ^ (2) 


2. Relative velocity - 

The spray tower hydrodynamics can be characterized by the relative 
velocity of the two phases : 


V 





(3) 
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All our experimental results |9| lead to two relations (figure 3) 
— In loose packing flow : 


V 0.6 


P < 0,30 — = 1 -/ 


— In dense packing flow : 


P -!- = p (1 -0) 


(U) 


(5) 


where is the terminal velocity of a single drop of d diameter moving in a 
stagnant continuous phase. 

The value of p depends on the viscosity ratio between 0.65 and 1 (figure 4) 


HEAT OR MASS TRANSFER IN SPRAY TOWERS 


Heat transfer and mass transfer investigations [4, 9| have shown that 
the model of piston flow with axial mixing in the continuous phase can give a right 
interpretation of the experimental temperature or concentration profiles.. 

This model has 3 parameters : 




r = 


D 




hj, a LI2 


real transfer unit 


( 6 ) 

(T) 


P 

c Oa^ 


Peclet number 


and the efficiency E^^ is given by a relation given in the annex : 

\ = f (r. P^,) 


( 8 ) 

(9) 


1. Heat transfer coefficient : 

Evaluation of the intcrfacial area a = “ is easy and permits the 

Q 

calculation of from the N(j value. 

The heat transfer coefficient h^. was found to be a function of V^. and 
the Margoulis (or Stanton) number : 
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“*C * (PC,)^V <“> 

is constant for each liquid-liquid pair and can be measured easily with a single 
droplet [6, 10| . 

2. Axial dispersion coefficient 

The axial dispersion coefficient Oq was also found to be a function of 
(figure 5) : 

= A .Vj (11) 

with A increasing strongly with the ratio D/d of tower diameter to droplet diameter 
(figure 6). 

OPTIMAL DESIGN OF A DIRECT CONTACT HEAT EXCHANGER 


A flowrate U of a fluid is to be heated with an other immiscible fluid 
with a fixed efficiency Eq in a direct contact heat spray tower. 

Several choices are to be made : 

1 . Dispersed phase : 

The higher viscosity fluid is to be dispersed because it leads to higher 
values of V” and so, to a higher capacity of the tower. 

2. Flowrates ratio : 

The Vj,/Vi;) ratio needs to be acceptable with the existence zone of 
flowrates of the dense packing flow. 


3. Droplet diameter - injector characteristics : 

In order to obtain a given droplet diameter d, with drop formation by 
jet disruption, the injector characteristics (N, 4>) are to be calculated with : 
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Uj can be obtained by the correlation given by Meister and Schcclc [7] : 



(13) 


4. Dispersed phase hold-up - Tower dimensions : 

The choice of drop diameter d leads to the value of V" and the 
choice of dispersed phase hold-up (i leads to ; 

riD^ 

Tower diameter D : (S2 = ) Is obtained from: 



U, 


(I-P)SI 


= P 


\r (1-/3) 


(lU) 


Tower height L: is known from above relation, D/d also; so h^ 
is known from and Margoulis number ; tn^ can be calculated 
from Vj and A = f(D/d). 


From 


N lx. a n 



r and , L 


L can be obtained by iterative calculation from equation (9). 


5. Laboratory mcastuements: 

Easy laboratory measurements are needed : 

Physical properties of the two fluids, 

. Terminal velocity V“ which is a function of the droplet diameter d, 
. Margoulis number Msq of a single droplet. 


OPTIMAL DESIGN 

The 3 parameters : r, d and /3 may vary on certain ranges and optimal 
values minimizing the cost that is to be sought leading to optimal design of the 
column. 
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DISCUSSION 

The scale up is now possible up to 50-60 cm diameter towers and 
certainly interesting on the economical point of view 1 1 7 1 . 

A problem is not yet resolved : viability of the dense packing flow. 



.0. "C) 
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NOMENCLATURE 


a interfacial area 

Cp specific heat capacity 

d mean drop diameter 

£ efficiency 

]i heat transfer coefficient 

L tower height 

N number of holes of the perforated plate 

transfer unit number 
p constant (equation (5)) 

Pq Pcclct number 

Uc(pCp)(: 

r ratio = , r / r- 

T temperature 

U flowrate or velocity 

relative velocity 

V“ terminal velocity of a single drop in a quiescent continuous phase 

a axial mixing coefficient 

fi dispersed phase hold-up 

fi tower section 

JUL viscosity 

density 
hole diameter 


Indices 

C relative to continuous phase 

D relative to dispersed phase 

E relative to tower entrance 

S relative to tower issue 
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APPENDIX 


The model equations can be solved and lead to following values of the 
efficiency Eq. 

If r = 1 




(9 bis) 


(i+p,)(N,*p,) *p, : p^) - »c 


2 (n^+ + P^. 


— + N + P 
Nj, C C 


- e 


# 


i^c i 

- 


Ifr 1 
(9 ter) 


(1 - ^)(^2-^3)P„ 


= 1 - 


X = 

2,3 


- {Pc+ rN(;) ± V6 


where L - - r Pj,(X2- X3 ) + X2 X3(e ^ - e *) + Pj,(X2e ® - X3e *) 


S = P^+ (r N^)*- 2 r N^P^+ UN^,P^. 


With 
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Chapter 34 

ANALYSIS OF DIRECT CONTACT CONDENSERS: 

SINGLE- AND TWO-PHASE SYSTEMS 

D. Moalem and S. Sideman (*) 

INTRODUCTION 

Direct contact exchangers, in which heat is transferred between a 
volatile disperesed fluid and an immiscible or miscible liquid media, are extremely 
efficient. High transfer coefficients and relatively small flow rates of the transfer 
fluid, evaporating or condensing, assure compactness. Moreover, the absence of solid 
transfer areas eliminates resistance due to scale and affords operation at very low 
temperature driving forces. Other advantages, as well as a concise review of the 
pertaining literature, are given elsewhere |1, 2| and will not be repeated here. The 
practical applications range from water desalination plants to in situ cooling of 
computer components 1 3, 4] . 

The present work, motivated by the quest for more efficient 3-phase 
heat exchangers as well as for additional insight into the transfer mechanism, deals 
with condensation of gravity-driven vapor bubbles. The vapor enters the column 
through a distribution plate- orifices or nozzles. The bubbles, with an average initial 
radius R^, rise in a subcooled liquid column, condense along their way upwards to 
their final finite radii, Rf, and leave the column. As will be shown below, the value 
of Rf depends on the system (single or two-phase) and inerts contents. 

Under steady state conditions the heat released by the bubbles is 
removed by replacing the liquid in the column continuously. The height of the 
liquid column corresponds to the rising time required for 99% of total possible 
condensation. Whereas a lumped-parameter approach yields, via an overall energy 
balance, the inlet and outlet conditions, the height depends on the transfer rates. 
These, in turn, depend on interaction between the bubbles, i.e., the effect of bubble 
frequency (vertical distance between the bubbles) and the number of nozzles 


(*) Department of Oiemical Engineering Technion, Iirael Inititute of Technology — Haifa - larael 
N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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(horizontal distance) on the flow and temperature fields. The analysis of these 
effects on the condensation rate (or time) is the object of this study. 

Condensation of single bubbles freely rising in subcooled miscible and 
immiscible liquid media has been studied experimentally | 5, 6, 7 | and theoretically 
[6, 7]. Exact numerical [71 and approximate analytical [8, 9| solutions have been 
suggested, the latter including the effect of non-homogeneous distribution of the 
ever present non-condensable gases inside the bubble. These studies yielded the 
required insight into the mechanism of bubble condensation. Particularaly interest- 
ing is the case of the 3-phase (2-component) system (pentanc-water) where the 
condensate remains within the confines of the bubble walls. Recent studies of 
condensation of a single bubble train [10 1 provide the tools for the present analysis. 
Simultaneous numerical solution of the interrelated energy and momentum 
equations, while possible for a single train [ 11 1 , is obviously out of the question for 
a multi-train system. Hence, an approximate solution, an extension of the one 
successfully utilized in the single train studies, is considered here [10] . Basically, the 
following questions are answered : 1 ) What is the collapse history of a single bubble 
in multi-bubble system, and 2) How are the field parameters which control the 
collapse rate - the rise velocity and temperature field - affected by bubble frequency 
and spacing (or number of nozzles) along the bubble’s path. 

In pursuing the solution, use is made of the quasi-steady state solution 
for a single bubble in potential, or modified-potential, flow field. Thus, in addition 
to its simplicity, this approach leads to a general solution, encompassing single and 
two-component systems (single phase and two-phase bubbles, respectively) and 
including non-condensablcs, whether homogeneously or non-homogencously distri- 
buted inside the bubble. 


THE CONDENSATION COLUMN 

Under steady state conditions, the vapor (say pentane) enters saturated, 
at T*, as bubbles of radii R^, at a frequency F, through n equally spaced nozzles 
(per unit area). The cross section area is S. 

The continuous phase, either liquid pentane or water, enters with a 
superficial velocity Uj^ and a temperature Too- The vapor may contain non- 
condensable inerts, with an initial molar concentration, > 0. The bubbles rise at 
a velocity (relative to the continuous liquid) USj . The latter is a function of the gas 
holdup, 6, which in turn, is a function of F, n and H, the condensation height, or 
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U"*= f, (e) = fj (P , n.N) (1) 

where N is the number of equally spaced bubbles, from to Rf, which determine 
column height. H and N are related by 

II -i (2) 

where U|^ is the bubble rise velocity, related to the wall, and is the final 
condensation time. 

Assuming no heat losses to the surroundings, all the latent heat of 
coiidciisation is transferred to the continuous phase, and a longitudinal temperature 
gradient is formed. The local temperature is and the driving force, between the 
bubble and the continuous median, is thus a function of H (or N), n, and F or 

a/’ =T^ - t“ = fa ( P , n,N) ( 3 ) 

where t 53, the local field temperature, is given by 

- T = f, (P , n,N) (ll) 

OD OB 


Before proceeding with the analysis, it is noted that whereas F and n 
are independent variables, N depends upon the system (single or two-phase), inerts 
contents and the nominal (inlets) driving force = T* ”Too. 

THE GENERAL COLLAPSE EQUATIONS 

For a single bubble rising freely in an unconfined liquid column at a 
velocity Uoo, the average heat flux in a potential flow field under quasi-steady state 
conditions (Pg > 1000 , and 3R/3t ^ Uoo) is given by | 10 , 12 1 : 

(T - T ) ^ pRU^ y/* 

rL a J 


q = k 


(5) 
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where T = T* for pure vapor and T = T^' the wall temperature, in the presence of 
inerts = T* when = 0. 

Equating (5) with the energy balance at wall of the collapsing bubble, 
i.c. (-\Rpy) yields: 



where R is the instantaneous radius. Defining 

T - T 1/2 

^ =7^ TT i ^-^JaPe Fo ; P = R/P 

w 1’* - T “ 


Ja 


pc (T - T ) 

!■ 2_ 

X P 


Eq. (6) reduces to 


Pe = 


P R ’J 

O 00 

a 



p 



0 = 1 e T = 0 


(7) 


The application of Eq. (6), or (7), for the case at hand requires 
redefining the operating parameters in accordance with the conditions prevailing in a 
bubble column. Thus, replaces U., and tSJ replaces Too . However, for ease of 
comparison with single bubble studies, the Ja and Pe numbers are left unchanged as 
defined above. 

The modified Eq. (7) now reads : 




where 


( 8 ) 


gM _ 

w AT* 


T - T 

w , 

T*- T 


or, introducing T» = Too + 6T^ from Eq. (4), 




® ™ m 

W IP* — »p 


=0 - 6d^ 

W 


( 9 ) 
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Note that 0^ is the dimensionless temperature driving force for a single bubble 
system, and represents the fractional decrease of the temperature driving 

force affected by the multi-bubble system. From Eqs. (8) and (9) 



( 10 ) 


where the velocity factor by which the potential flow solution for flow around 
a sphere is “transformed’' to yield the average heat flux that would be obtained in a 
viscous flow field, is now introduced for generality. The velocity factor is given by 

-,/3 

k = 0.2‘5 Pr 


for a two-component system (two-phase bubbles) and =1 for a single phase 
bubble. 

Defining 

1/2 |L| 1/2 M 

k = (k /TT) ; A = (J /■! ) i B = kSB (11) 

V 00 QO 

equation (10) reduces to 


1 

k 



M 


= A (0 - 60''’) 

w 


1 


A® 

w B 
^p7J ~ jgTT? 


( 12 ) 


The solution of Eq, (10), or (1 2), depends on the relation between 0^ 
and jS, which is given by 1 7, 9 1 : 


“ /J"- 1/G* 


(13) 


where Pf = Rf/Ro ~ PhfPw 

The term l/G* in Eq. (13) is due to the condensed liquid which 
accumulates in the “two-phase” bubble (say pentane condensing in water) in 
contrast to the single-phase bubble (say pentane condensing in pentane). In the 
absence of noncondcnsablcs Pf = 0 for the single-phase bubble and for 

the two-phase bubble. The dependency of 0f on y^' the initial mole fraction of 
inerts, and the temperature driving force is given by 17, 9 1 
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PT‘y 


X(T*- T ) 



ilk) 


where R is the specific gas constant. The term 1/G* in Eqs. (13) and (14) vanishes 
for single-phase bubbles. 

Note that £q. (13) was derived for a two-phase single bubble, assuming an 
homogeneous distribution of noncondensables and accounting for the volume of the 
condensed liquid which remains within the confines of the bubble. The relation 
between 0^ and /3 for nonhomogeneous distribution of the inerts within the 
bubble is given elsewhere |9] and can be used to extend this problem, if desired. 

The relationship between (single bubble) and (multi-bubble), 
evolved during the integration of Eq. (12) while utilizing ( J 3), is given by ; 



for a single bubble system 50^ = 0 (T* = Too) and = pf. It is cvidc»’^'iy 
inspection of Eq. (15) that P^ > Pf, indicating that for identical statcing 
conditions (Too. R„) and condensation times the single bubble will leave the system 
smaller — more condensed — than a comparable bubble in a multi-bubble column. 
This is as expected in view of the fact that AT^ < AT^ . 

« 

THE TIME DEPENDENT RADIUS 


For a pure vapor, T^ = T* ;ind 0,,,, = 1 (Pf - for the two-pliasc 

bubble and j3f = 0 for the single phase bubble). Equation (1 2) reduces to: 


1 

K(A-B) 



P = 1 at T = 0 
A-B » A (l-60“) 


(17) 


integration of Eq. (17) yields : 
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M 
r = 

o 


2 


m 


A-b yir 3 


f (1-/J ) 


( 18 ) 


or 


where 


M 1 - 

^ r 

o A - B o 


\/w O 


(I6a) 


(19) 


Equation (19) is the T — p relationship for the inert-free single bubble, directly 
obtainable by integration of Eq. (6). Obviously, for a single bubble A = 
(US2 /Uoo)*^ ^ = I, B = 0 (since = 0) and tJJ* = r^. 

for uiipurf ihipors containing permanent gases, 0^ ^ The relation- 
ship between and /3. obtained by integrating Eq. (12), utilizing Eqs. (13) and 
(14) and a transformation variable X = - (/3^)’, is: 

(rJP) + T,(/J, 0 j’)) ( 20 ) 

where is given by Ei|. (19) and 


ri(P,|3^) = ^ 


3/2 


(/jJ’) [1 + (P )^^ P 3/! _ J 


( 21 ) 


At tlie limit, A - 1, li “► 0, -► 0, pf and Eq. (20) reduces 

to the relation between r and 0 for a single bubble |H, 9| : 

liiii M 


;Tor=r =TjP) ^T,(P,P^) 
where Ti [P, Pf) is identical in form with Eq. (21 ), with Pf replacing j3^ 


( 22 ) 


THE CONTROLLING PARAMETERS 


Equation (18) to (20) represent close-form solutions for the time 
dependent radius of one bubble, (pure or contaminated with inerts) entering and 
leaving the bubble column. However, a quantitative presentation requires the 
knowledge of the “constants” A and B, or rather Um &nd 5T^. 
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The relative velocity 

The relative velocity between the bubbles and the continuous phase in 
counter-current flow is given by 

u” = !j£+U^ (23) 

where Uj, is the bubbles* rise velocity, related to the wall and is the superficial 
velocity of the continuous phase in the downwards direction. £q. (23) is 
substantiated by the experimental conclusion of Baker and Chao |14| that the 
relative (gas-liquid) velocity of bubbles with R > 0.3 cm are practically independent 
of the continuous phase velocity. 

The rise velocity of a bubble in a bubble swarm as a function of the 
porosity, or fractional hold-up, c, is given by Marrucci [15]: 


M 


a 


•j 


( 1 - 
1 - 


(2h) 


where, here 

N N 

S n (h 7r/3) I R? n(h7r/3) 2 

14- 1 I Isl I 

GH " (lA )Uj^ (N -1) 


( 25 ) 


Obviously, the correct value of e requires the knowledge Rj, U|,, F 
and N (or t^), i.e. the complete collapse history. Hence, the utilization of Eq. (24) 
requires an iterative procedure (coupled with the “external” iteration (see below) 
which yields the Rj values). 

For a given set of operating conditions (F, n, R^, etc.), the solution 
starts with assuming = Uqo; evaluating Uj, by Eq. (23) ; calculating e by £q. 
(25) with Rj taken from the external iteration loop ; evaluating u52 by Eq. (24) 
and repeating till convergence of u52 . ^ 

As a first approximation e can be estimated by taking 2 Rj* = N1 (Rq + Rf)/21^ 
and Ub ^ 

Fn (7r/6) N (R^+ R^)^ (^6) 

^ ^ (N-l) (U_ - iJg ) 

note that for small driving forces, N > 1 ajid N/(N - 1 ) 1 . 


The fractional temperature decrease, 50^ 

Assuming a periodic steady state the outlet liquid temperature is 
constant at each i/F time interval, and an overall energy balance yields 
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(Uj5)Pj Cpg i 8 t” = (n.s) Y 

where 6T[^ = ~ ^ "^ont " continuous litjuicl phase. Defining 

M 

6t T - T 

ggl'I _ out » 

~ AT'* " T*- T 

and combining with Eq. (25) yields, in dimensionless parameters : 


where 



u 


Ja 


( 28 ) 


Q^/S 

Qg/S 

is the volumetric ratio of the vapor to liquid flow rates ( = the ratio of their 
superficial velocities, in an empty column of cross section S), 

Assuming a linear temperature variation in the continuous phase, the 
average fractional decrease (hence the average driving force) is taken as 



» VC 



( 29 ) 


It is noted that Eq. (29), together with Eqs. (26) and (24), can now be 
used to solve for A and B in Eq. (17), to yield an analytical, albeit approximate, 
solution of the collapse history, Eq. (20). 

The solution can be refined to yield a more accurate solution of the 
condensation rate. Consider again the bubble column. Once a thermal equilibrium is 
reached, heat is released and removes continuously. Here, however, we consider a 
periodic operation. During the time interval At(=l/F) the successive bubbles 
move within the (assumed) well mixed thermal field, left behind the prcceeding 
bubbles, which is at a temperature T» ;, corresponding to 5Tj^ =- j-Too). 
Thus, rather than a.ssuniing that the bubble is affected by an overall average driving 
force (5T!)J^J, we evaluate the temperature along the bubbles’ pass in (N-1) 
discrete sections, each (Uj^/F) high. Consequently, as the limitation of a constant 
driving force is removed, a more realistic bubble collapse history can now be 
evaluated. The energy balance, Eq. (25), is now applied sectionally. Starting with Rj 
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we proceed to solve for the local 6T^ (=5Tf^) while at the same time searching 
for the correct Ri+j. Since n, F, T*, 6T^, N and Rj+] arc interrelated, an it- 
erative procedure must be adopted. The first approximation, based on an overall 
average driving force, can be used to obtain the initial values of . 

In pursuing the solution, recall that Rf (or = jSf, if we count 
the bubbles downwards) as well as the approach temperature for the 

upper bubble, arc known. Starting with j3j = /Jf we seek a solution in terms of 
6T^ and N, so that = 1 . 

With reference to Eq. (27), the enrgy balance on section i yields : 


„ „ nF p X(R? - R‘)(Uir/3) 

6t. = oT. + — T — 

1 f 1 1 


(30) 


where, counting i downwards, STJJ^ is the temperature of the continuous phase 
leaving section i, related to Too, and 6'J'^^ - ST?^ “^i+l 
In dimensionless terms, Eq. (30) becomes, analogous to Eq. (28) : 


60 “ = 60 “+ 

i +1 i 


Ja 


(/J^ - 


|8’) 


(31) 


THE COLLAPSE HISTORY 


As already indicated, the collapse history, i.c. 0 vs. r, can be solved 
analytically from Eq. (20) by approximating A by Eqs. (24) and (26) and B by Eq. 
(29), derived by averaging the characteristic parameters over the whole column. A 
more accurate result is obtained by evaluating 60^ and Rj locally, along the 
bubbles paths. 

The average collapse rate in section i is obtained by applying Eq. (10) 


- /J 


M 

ave 




e -66 


ave 


M 

io’ + 1 


1 

ave 


( 32 ) 


where 
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0 = (0. + 0 . J/2 

Bve 1 1+1 




and 

®w,avc = (®w,i ■*'®w.i+lV2, evaluated for (3j and 13;+] by Eq. (13). 
The value uf |3;+] is obtained by solving £q. (32), now written as : 

(0.^., -|3. )(^i+l * -0P-C2=O (33) 

where : 


Cl 


C 2 


“ r 2ir Ja 

= 1 /—^ (0 - 60 

r tr w,av i 


) AT 


It is convenient to start the solution of Eq. (33) by estimating J3; by 

a.ssuiTiing a linear relationship between Rf and R^, hence 


(1 -0j) 


^ 



(33a) 


Starting with = i3j = jSf counting dowjiward.s, the .solution proceeds 

as follows: 

a. Utilizing Eq. (33a) get the first approximation for 
0i^i(=0i'’) 

b. Using j3i’\ calculate 0^ ay (Eq. 13), C| andCj (note 

60^* = 0). 

c. Solve Eq. (33) for j3;+j = 

d. Calculate 0^ ^ ay, C| , C 2 . 

e. Calculate P^^ by Eq. (33). 

f. Continue steps d. and e. until 0("’) = /3("’”^ 


The first value of (3;+] (=^ 2 ) i.s then used to calculate 60j^j, by 
Eq. (31). The above procedure is then repeated to evaluate all i9j+] (i = 1,2..., 
N-1). 
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Evaluation of N and 

At a given bubble density, n and F, the number of bubbles, N which 
constitute the bubble column, depends on the temperature driving force. Low N 
represents small condensation time due to high temperature driving force, while high 
values of N (at the same n and F) represent low condensation rates. 

Utilizing the design date which consists of T+, R^, n and F, and 
following the above procedure, the value of N must satisfy the condition Rj^^ = R^^ 
(or = ! )■ A somewhat simpler procedure is obtained by reversing the problem 
and evaluating AT^ for integer values of N. The above procedure is used, with A1’* 
now being an assumed rather than a given value. The procedure continues normally 
(a tog), to evaluate f {2 to However, if jSjsj ^ I, is corrected and the procedure 
is started again. Note that US5 must be calculated for each new value of N, since 
UfiJ = f(e) and € varies with N (Etj. 25). A summary of the general procedure used 
to evaluate the effect of die various parameters follows; 

Summary of the General Procedure 

a. Set n. 

b. Set F. 

c. Set N, and estimate , the initial values of , Eq. (33a). 

d. Determine uS3, by solving Eq. (24) according to outlined proc£> 
dure 

c. Assume AT^. 

f. Calculate by Eq. (33) and the associate iteration procedure. 

g. Use calculated value of to calculate by Eq. (31 ’ 

h. If jSjyj 1 change AT"^ and repeat f till = 1 . 

i. Take new N and repeat stages d to h. 

j. Take new F and repeat c to i. 

k. Take new n and repeat b to j. 

RESULTS AND DISCUSSION 

The effects of the basic parameters (n and F) at various operating 
conditions (Q^, Q|, AT"*, N and j3f) arc best demonstrated by evaluating the 
characteristic “constants” A and B in Eqs. (18) and (20). Only counter current flow 
is considered here, and Rq = 0.25 cm for all runs considered. The latter implies a 
constant-pressure vapor supply chamber. 

Fig. 1. represents the velocity ratio U«/Uoo — A^ as a function of 
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bubble frequency at different values of horizontal spacing of active injection parts. 
It is to be noted that A was found to be independent of AT*, or the condensation 
rates, except at very low (up to .O.S'^C) AT*'s. At these small driving forces the 
value of A decreases with AT* due to relatively high value of e (low condensation 
rate), Eq. (24). Fig. 1 may thus be used only for AT^ > 0.5°C, single and 
twocoinponent systems. 

As is to be expected, A decreases as bubble density, F and/or n 
increases. The effect of non-condensables in the bubbles on the velocity ratio is 
comparatively small, and is not shown here. It was, however, incorporated in the 
subsequent calculations. 

The variation of 80^ (=^ H/A) along the column was calculated step by 
step by Eq. (31 ) and is presented in Fig. 2 for a single component (pentane-pentane) 
system and in Fig. 3 for a two component (pentane-water) system. In all cases 60^ 
increases in the direction of flow of the continuous phase. The increase is more 
pronounced as bubble density, vertical and / or horizontal, increases. Not included 
in Figs. 2 and 3 is 80^, the dimensionless overall temperature rise of the 
continuous phase, Eq. (28). The deviations between the values of the temperatures 
of the continuous phase evaluated by the overall heat balance (eq. 28) and the 
stepwise numerical method (Eq. 31 ) is within 2%. This excellent agreement validates 
the consistaiicy of the numerical method. Included in Figs 2 and 3 are 0^ and Ojj, 
(Eq,9), representing the effective local driving force along the column under various 
operating conditions. As seen from Figs 2 and 3, the effect of non-condensibles on 
80^ is relatively small when plotted against j3. (Jt will be more pronounced when 
plotted against column height, for instance). Note that for identical flow rates, the 
presence of inerts will affect the outlet temperature (or 60^) by approximately (1 
-]3p). Thus, for jSf = 0.4, 80^ will be some 6% smaller than for a pure system 
with |3f=0. However, by Eq. (8) or (10), the collapse rate is determined by 
0^-0^— and 0^ (Eq. 7) is strongly affected by inerts (or j3f ). Consequent- 
ly 0^ and 0^, the dimensionless local driving force, vary along the column, 
exhibiting a shift in the maximum value from the bottom of the column where 
P = 1.0, to some point inside the column. This effect is particularly pronounced at 
high bubble densities. 

Figs. 4 and 5 represent (A -15) = A (1 - 50!)^) as a function of the 
nominal driving force, AT*, for various operating conditions. Note that for pure 
vapors A - B = i.e. the ratio of single bubble to multi-bubble condensation 

times corresponding to the same p . This relationship does not hold in the presence 
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of non condensables, as seen by £q. (20). 

For a given bubble spacing (ii = const.) the value of (A— B) decreases 
with frequency i.e. the complete condensation time increases with F. The effect of 
frequency is more significant as F increases and is stronger as n increases. For the 
same F, (A— B) decreases as n increases. These results are at variance with those 
obtained for a single bubble-train in an infinite expense where (A-B) approaches 
unity as F increases [10|. This is due to the fact that frequency in a single train 
affects an increase in the rise velocity, thus enhancing condensation through stronger 
convection effects. Here, however, the rise velocity decreases as the vapor hold-up 
fraction increases. 

The effect of non condensables is to increase (A— B) relative to the 
corresponding pure systems, and thus to reduce the effects of n and F. This is 
consistant with the larger condensation times (or height) required for un-pure 
vapors. 

As seen in Fig. 6, (A— B) increases as the continuous flow rate is 
increased and the condensation rate increases accordingly. This effect is more 
pronounced at low bubble frequencies, where the required AT* decreases by some 
30% with a two-fold increase of the continuous phase velocity. Consistant with 
other studies |13|, the effect of the continuous phase flow rate decreases as the 
dispersed phase flow rate increases. 

The dimensionless bubble collapse history is presented in Fig. 7. As 
expected in view of the above results the collapse rate decreases as the spatial 
density of the bubbles increases. This effect is more pronounced in the single 
component (pentane-pentane) system, consistent with the corresponding larger 
60^ values exhibited by this system, as compared with those of the two 
component (pentane-water) system. Clearly, this is due to the difference in the 
volumetric heat capacities of the two continuous phases. The collapse history of a 
single bubble in an infinite, constant temperature, cxpancc is also included in Fig. 7 
for comparison. 

Figs- 8 and 9 represent the column height required for complete 
condensation i.e. the height required to condense 99% of the volume of the vapor 
that can condense at the given operating conditions. In general, the closer the 
horizontal and/or vertical bubble spacing at identical nominal temperature driving 
forces, the higher the column required. This effect is particularly noted at low 
temperature driving forces and, consistant with single train-studies |10], is much 
more pronounced in the presence of inerts. For a given n, flow rate and inlet 
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continuous phase temperature, T**, the frequency (i.c. the vapor flow rate) 
determines the exit temperature and the corresponding temperature driving force at 
the bottom of the column. The assymptotic minimum possible AT* noted in Figs. 
8 and 9 correspond to -► 0 and represent the minimum nominal AT* which 
may still yield complete condensation. In practical terms this means that the inlet 
temperature Too, should be at least (AT* -min) lower than the saturation 
temperature of the vapor ; otherwise, condensation will be partial, and limited to the 
upper part of the column. As can also be seen from Figs. 4 and 5, the assymptotic 
value of AT* increases with n and F, i.e. the dispersed phase flow rate. 

As can be seen from Figs. 8 and 9, the effect of frequency on column 
height is stronger at higher horizontal bubble densities (higher n). Similarly, the 
effect of 11 is more pronounced at the higher frequencies. This is understandable in 
view of the fact that the local temperature driving force decreases noticeably at high 
bubble densities. Since the change in the temperature driving force depends on the 
volumetric specific heat, the pentane-pentane system should be more sensitive to 
change in F and n. This is indeed confirmed by comparing the single and two 
component systems, and noting that the column height required for the pentane- 
water system is less sensitive to change of F and n. 

Also included in Figs. 8 and 9 are the corresponding condensation 
heights for single bubbles in a quiescent infinite expanse of the continuous phase 
maintained at various values of To©. It is noteworthy that the effect of the 
counter-current continuous-phase flow is to decrease the column height even below 
that required for a single bubble. This is particularly noted at low bubble densities of 
pure systems, where the apparent height for the multibubblc column is lower than 
that of a single bubble. This is easily understood by realizing that the collapse rate 
is determined by the relative vapor liquid Ujj (which at low bubble densities is 
roughly equal to U©©) while the column height is evaluated by reference to the 
bubbles’ velocity relative to the wall, (= Ujj “ Ujj). Since for a single bubble in 
a still column Uj, = Uo© the condensation height ratio (multi to single bubble) is 
given by 



(3U) 


For low n and F the values of A and r^/r are close to unity, and the condensation 
height ratio will strongly depend on Ujg, the continuous phase (superficial) 
velocity. 
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It is interesting to compare the instantaneous intcrfacial heat transfer 
coefficient for the multi-bubble system with that of a single bubble in an infinite 
medium. The instantaneous coefficient is defined by = q^/sATjjJ where s 
and are the instantaneous heat flux, surface area and temperature driving 

force, respectively. For identical values of jS , Eqs. (5) (7) and (8) yield : 

$^/$= {0^/0^)A and 

M y2 

-J- = A = (U VU ) (35) 

n OO OB 


Thus, one can easily determine li^ by utilizing Eq. (5) and Fig. 1. 

A somewhat more useful information is gained by defining the 
volumetric heat transfer coefficient 


Q/t^ 

“ V . AT 

ave 


(36) 


where Q/tf represents the average heat flow rate, V denotes the optima! volume 
(based on height for complete condensation as defined above) and AT.,^^ is the 
(arithmetic) average temperature driving force along the column. Figs. 10 and 11 
represent the calculated values of which arc plotted, for case of reference, against 
the nominal driving force. In general, the volumetric transfer coefficient increases 
with increasing the dispersed phase flow rate (F and n), consistant with earlier spray 
column studies of evaporating drops |13|. Also noted is the large effect of 
increasing n as compared to that of F. As already noted in our single bubble studies 
17), the pentane-water system exhibits transfer coefficients which are some 50% 
above those of the pcntanc-peiitane system. Again, this is due to the higher heat 
capacity of water as compared to pentane. 

The values of range from 1.6 . lO'^Kcal/hr-nr’ — | — 10^ 

BTU/m— ft^ — ^F\ at low F and n to 4.3 x 10® Kcal/hr-m^ |— 2,7 x 10^ 
BTU/hr-ft^ — ®F] at n = 4 and F = 26. (Note that n = 4 represents a square pitch 
of 4 nozzles per cm^, which with = 0.25 cm, represent the case where the 
incoming bubbles practically touch one another in the horizontal plane). The 
corresponding vapor superficial velocities, 0.63 cm^/sec—cm^ to 6.5 cm^/sec—cm^, 
were kept low, so as to maintain the identity of each bubble, as suggested by Fair’s 
experiments with air-water system [16]. in this sense, this study is limited to the 
“streamline” flow region, where (for air-water system) the hold-up is linearly 
proportional to the dispersed flow rate. Here, however, the dispersed phase hold 
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up decreases due to condeiisation as the bubbles rise along the column. 

The numerical values for the overall heat transfer coeffleients are in 
general agreement with those realized in these laboratories and others reported in 
the literature. Direct-contact condensation in a venturi mixed co-current pipe flow 
of steam in Aroclor yielded values in the range of 1.5 x lO** to 4 x 10® 
BTU/hr— ft*— "F 1 17| . Order of magnitude smaller values were reported when a 
co-current spray column was used |17, 18 1. Values up to 4 x 10® BTU/hr-ft* 
were reported by Harriott and Wiegandt |19| for a co-current, turbulent, downflow 
sieve plate condenser. However, these values were arbitrarily bused on the exit 
temperature driving force and a 3” height. Condcfisation of methyl-chloride in water 
in co-current flow through a packed bed yielded between 6.5 x 10^ to 1.5 x 10® 
BTU/hr-fV— °F 1 19| . Wilke ct al. fl8| reported of about 6 x 10^ BTU/ 
hr— ft*^ — *^’F for steam coiidcjising Aroclor in a counter current packed bed. Again, 
meaningful comparison is difficult since arbitrary values were used for column 
heights. 


CONCLUSIONS 

1. An analysis of the collapse history of a niulti-bubblc system in the streamline 
region was obtained by assuming quasi-steady state and solving tor the local 
driving forces along the bubble column. The solution allows to evaluate the 
independent effects of bubble frequency F, horizontal spacing n and inerts 
contents in single and two component systems. 

2. In general, increasing the horizontal and/or vertical bubble density affects a de- 
crease in the rise velocity and the local temperature driving force. Bubble collapse 
time, and the required column height, increases accordingly. 

It is noteworthy that for a single train in an infinite cxpaiicc the frequency affects 
an increase in the rise velocity and a decrease in the temperature driving force, 
yielding, at high frequencies, a collapse history approaching that of a single 
bubble. 

3. The effect of frequency is more pronounced at higher horizontal bubble densities. 

4. The effect of increasing horizontal dcn.sitics is appreciably stronger than that of 
increasing the frequency. 

5. The general effect of increasing the continuous phase flow rate is to “moderate” 
the effects of n and F, i.e. to increase the condensation rate, and decrease the 
required column height. 



MB D. Moalem and S. Sideman 


6. The presence of non-condensables strongly affects the temperature driving force, 
and the maximum driving force is shifted towards the interior of the column. 
These effects are particularly noted high n and F values. 

7. Collapse rates arc some 50% higher in the two-cotnponenc pcntanc-watcr, system 
than in the single component pentane-pentane system, consistant with earlier 
single bubble studies. The practical advantages of utilizing a two-component, 
three-phase heat exchanges arc thus demonstrated. The calculated overall 
volumetric heat transfer coefficients arc in general agreement with available 
experimental data. 
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A 

B 

C, 

C2 

CPK 

F 

Fo 

G + 

H 

h 

i 

K 

Kv 

k 

N 

n 

p* 

Pc 

Q 

Q« 

Qv 

Qv« 

q 

R 



NOMENCLATURE 


velocity ratio (>/U«>/Uoo) 

operational variable 

constant, £q. (33) 

constant, Eq. (32) 

heat capacity, continuous phase 

bubble frequency 

Fourricr number (m/Rj) 

density ratio of volatile fluid 

condensation height 

instantaneous heat transfer coefficient 

index of a bubble in a row 

Jakob number (pgCpg(T* - Too)/Xp^) 

constant {y/K^/n) 

velocity factor 

thermal conductivity, continuous phase 

number of bubbles in a row 

number of nozzles per unit area 

system pressure 

Peclct number (= 2R^\Joa/o[) 

heat released by bubbles going from Rq to Kf 

volumetric flow rate of continuous phase 

volumetric flow rate of dispersed vapor 

flow rate ratio (Qy/Qj^) 

instantaneous heat flux 

instantaneous radius of bubble 

initial radius of bubbles 

final condensation radius 

radial velocity (dR/dt) 

specific gas constant 

cross section area of column 

instantaneous area of bubble 

temperature 

outlet temperature, continuous phase 
bubble wall temperature 
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saturation temperature, at P* 

Tod approach (inlet) temp,, continuous phase 

t£ 2 local temperature of nonlinear phase 

AT temperature driving force (T^ — Too) 

AT* temperature driving force (T^* — Too) 

AT*^ temperature driving force (T^ - Ti,) 

6T^ local temperature increase (T^ ~ T^) 

STJ^ overall temperature increase - Too) 

t time 

tf time, final condensation 

bubble rise velocity, relative to wall 
Uj^ superficial velocity of liquid phase (Qi;;/S) 

Uoe rise velocity of single bubble, stagnant medium 

uSi rise velocity in a multi-bubble system, relative to liquid 

Uy volumetric heat transfer coefficient 

V optimal column volume 

X transformation variable 

y^ initial concentration of noncondensables (mole fraction) 


Greek Letters 


thermal diffusivity, continuous phase 
dimensionless radius (K/R^,) 
final dimensionless radius (Rf/Rf,) 
latent heat 

dimensionless temperature, (T — T»)/(T''-T») 

dimensionless temperature, (T^ ”Too)/(T^ “Too) 

dimensionless temp, driving force ((T^^ -t 55)/(T* — Too)) 

local fractional decrease in temp, driving force ((87'^ )/(T* — Too)) 

overall fractional decrease in temp, driving force ((STJJ^/(T^ “Too)) 

density, continuous phase (=P|^) 

density of liquid, dispersed phase 

density of vapor, dispersed phase 

gas hold-up volume fraction 

dimensionless time (Ja Pe*'^ ) 

dimensionless time, pure vapor condensation 

dimensionless time, correction due to inerts 
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Subscripts 

ave 

f 

i 

in 

E 

L 

N 

out 

V 

w 

o 

oo 


average value 
final 

index of bubble in a row (i = 1 . . . N), counting downwards 
inlet 

continuous phase 

liquid dispersed phase 

last bubble in a row 

outlet 

vapor 

wall 

initial (bubble), overall 
approach value, inlet. 


Superscripts 

M multi-bubble system 

(ni) iteration index 


saturation 
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Fig. ]. Velocity decrease due to bubble-density. 
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Pentane-Pentane system. 
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NOMINAL TEMPERATURE DRIVING FORCE AT*[oc]. 

Pig. 4. Effects of frequency and horizotual bubble spacing on A-B as a function of nominal driving force. 
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Pig. 5. Effects of frequency and horizontal bubble spacing on A-B, 
force |‘'C|. 


as a 


function of nominal driving 
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NOMINAL TEMPERATURE DRIVING FORCE ^T* [oc]. 

Fig. 6. Effect of the continuous phase flow rate on A-B. 
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DIMENSIONLESS TIME. 7. DIMENSIONLESS TIME. 7. 

Figi 7. Collapse history in multi-bubble system— comparison with single-bubble. 
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NOMINAL TEMPERATURE DRIVING FORCE. AT* tc]. 

Fig, 9a. Effect of bubble-density on the complete condensation heiglit. 
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NOMINAL TEMPERATURE DRIVING FORCE, AT* [“c]. 


Fig. 9b. Effect of bubble-density on the complete condensation heiglit. 
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10. Overall volumetric heat transfer coefficients at various operating conditions. Pure Pentane-Pentane 
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NOMINAL TEMPERATURE DRIVING FORCE AT*[oc]. 

Fig. 1 1 . Overall volumetric heat transfer coefficients at various operating conditions. Pure Pentane-Water 
system. 




Chapter 35 

PREDICTION OF LOCAL HEAT TRANSFER IN COMPACT TUBULAR 
HEAT EXCHANGERS WITH VARIOUS BODY FORCES 

A, V. Luikov, 0. G. Martynenko, V. L. Kolpashchikov (*) 


High heat fluxes and a high degree of regeneration in current heat 
exchangers require extensive heat transfer surfaces and large heat-transfer coef- 
ficients. As the convective heat transfer coefficient for gases is small, the heat 
transfer coefficient is small, too. As a consequence, one has to enlarge heat transfer 
surfaces, thus increasing weight and overall dimensions of heat exchangers. 
Reduction in their size, and thus in the amount of metal used for their production, 
may be achieved by intensification of heat transfer. However, higher heat transfer 
coefficient entails an increase in the hydraulic resistance of the apparatuses whicli 
sometimes exceeds the magnitude of the heat transfer coefficient by tens of times. 

Besides applying different methods for Intensifying heat transfer, there 
is a general tendency to minimize the hydraulic diameters of channels. Tins gives 
great compactness numbers and transitionjtp a laminar flow in channels. Hcre^ a 
decrease in the intensity of heat transfer is compensated by an extended working 
surface, spaced in a limited volume. For example, through-channels in fillers used for 
heat exchangers of gas-turbine installations are about 1-2 mm in diameter. Flow 
velocities of gas and air in such channels do not exceed 10-30m/sec. Thus, the 
Reynolds number is less than 2000, and the flow is laminar under all operating 
conditions, The Grashof number expressing the effect of natural convection on the 
operating conditions is within 50 — 500. Tlic relative length of channels e/d is usually 
rather great, and for the existing specimens it is 100 500. 

Below, the effect of non-uniform distribmiQA of heat flux over the 
perimeter of a horizontal channel is analysed. For the purpose of generality, account 
is made of the influence of mass forces on the structure of velocity and temperature 
fields. Non-uniform distribution of thermal boundary conditions is observed both in 


(*] He.t and Man Tranifer Institute, fi.S.S.R. Academy of Sciences, Minsk, B.S.S.R., U.S.S.R. 
N.B. ALL FIGURES QUOTED IN THE TEXT ARE AT THE END OF THE CHAPTER 
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tubular heat exchangers (for a heat-transfer agent inside tubes due to their position 
in a cross-flow) and in different plate exchangers. A tube has been chosen as the 
object of this investigation, because tubular heat transfer surfaces are in wide use 
and the main concern of the analysis was external heat transfer from tube bundles in 
longitudinal and transverse flows. 

The paper considers the influence of non-uniform distribution of heat 
flux over the tube perimeter on the internal heat transfer when there is mixed 
laminar convection and : 

1 — a section in the upper part of the tube 2(i is heated by a constant 

heat flux, while over the remaining part of the tube the heat flux is 
zero ; 

2 - the heat flux depends on the angular coordinate in the following 

way : 

q = q^(l + S cos ^ + c sin ip) 


To solve the problem stated, it is necessary jointly to consider the Navier-Stokes 
continuity and energy equations under appropriate boundary conditions. This 
system of equations is analysed under the following restrictions : it is assumed that 
there is a fully-developed velocity profile in the tube ; a portion of the tube with 
stabilized heat transfer is considered ; physical properties of gas (except density) arc 
assumed to be independent of temperature ; variation of density with temperature is 
taken into account only in the gravitational term ; dissipation is neglected ; axial 
diffusion in comparison with convection is not accounted for in the Z-direction. 

The initial system of the'^i5oussincsque)cquations in a dimensionless 
form can be written as 


„ 3w . „ aw . V 3w ap Or 2r .... 

Wa“+U^ + — ^=--5 cos if • cos a + 

oz or r o^ oz Re Re Pr 


+ i^sina. 0 + ^ AW, 
Re Re ’ 


I, 3U ^ 3U V 3U V* 3P Gr ^ 

^ 1 / U 2 3v \ 

„ 3w ^ „ 3V ^ V 3V ^ UV _ 1 3P Gr . , 

R?san^cosa0 + 

+ i 2 3U V] 


( 1 ) 


( 2 ) 


(3) 
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where the dimensionless variables arc 
t - t 



0 = 

ih) 

V 30 _ 
r 5ip Pe 

(a«- 2 §• w) 

(5) 


0 = 


g R 


W = 


w 

w 

cp 


u = 


IP 


V = — 

* w 


rp 


and the boundary conditions arc 


3r 


~ p ” w* 

ni c p 


Z = 


r = 1; - P<<p<P 


= 1 ^ 

ar 


r = TT 


r = 1, 0<ip<2n -P 




W,U,v|r^l = 0 (6) 

For a developed flow and a stabilized beat transfer the soiiglit variables arc 
independent of the longitudinal coordinate Z, which considerably simplifies the 
system (1 ) - (5). 

Let us introduce the stream function 'F from the relationships 

u = i|S (T) 

r o\p 


d'if 

^ = -37 


( 8 ) 


Substituting (7) and (8) into (2) and (3) and climinatirig pressure from these 
equations, we arrive at 


1 1 

r 7 ^ r Ur 3>i' 3<p 3r 


Gr 

Re‘ 


) 7*'!' = 

/be . 1 dd \ 

^ ^ sin *p cos a + — ^ cos tp cos a j 


(9) 


Equation (9) should be solved together with (1 ) and (5) under boundary conditions 

( 6 ). 

The problem is restricted to small heat fluxes. Therefore, a free 
convective flow is considered as a secondary problem. This is manifested by the 
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small value of the parameter e = Gr/Re* , which defines the effect of free 
convection on forced convection, and hence the desired functions can be expanded 
with respect to this parameter : 


* ■ 


( 10 ) 


In zero approximation with respect to e , free convection is absent, and 
therefore there are no terms with the zero power f in the expansion for . 

Substituting expansions (10) into the system of equations and grouping 
the terms with the zero power e , we obtain the system of equations in zero 
approximation 




with the boundary conditions 


W 


o r = 1 


= 0 , 


d0 

O 

9r 


= 1 ^ 
3r 


( 11 ) 


= 0 


r = 1 , /J<V <2tr- |3 


|r = 1,- 

For W(, the known parabolic distribution of velocities is obtained 

W = 2 (1 - rM (12) 

O 

Now wc pass to a solution of the energy equation of zero approxima- 


tion 


A0 = 4 §■ (1 - rM 


(13) 


The complete solution will have the form 



sin n^r^cos n<p 


(14) 


Now, write out the system of equations in the first approximation with 


respect to e: 



Prediction of Local Heat Transfer in Compact Tubular Heat Exchangers 871 


(15) 

(16) 
(17) 


3w^ V, 9w ap, 

^'17 ■ "ar ■ ^ cos^cosa + sina<?^+ ^ AW, 

1 / 1 \ 

^ -(“37 sin^coEa+ --g^ cos^cosaj 

ae V, ae ^ . 

“'■Sr = - = 

Substituting 0 from (14) into (16), wc obtain 

+^7]sin^cosa + 

oo (18) 

2 " 

+ — sin (n + l)r^ sin n^pcos (1 

n = 2 nTT 

Now wc seek again a particular solution of a nonuniform equation. It lias the form; 


, ai;T 




Recos g 
1152 


It \ IT IT / 


Sin ^ + 


(19) 


oo 

. V Re sin (n + l) ^ n+4 . 

l 6 U*inn*S)i ^ sinpvcosa 


Next, introduce a new function F, for which 
then obtain the equation for F 
with the boundary conditions 


a^ 


4 icT 

'li = ^, + F 


AAF = 0 






37 

r = 1 

r = 1 

ar 

9 

= ■■57 

r = 1 


( 20 ) 

( 21 ) 

( 22 ) 


r = 1 


But any limited biharmonic function F may be presented in the form 
F = ^i +r^^ 2 , , where >Pi and ^2 are flat potential functions which may be 

presented inside a circle by series of the form 4 


\p = 2„r"(a cosn^^+b sinn^) 
nsO n n 



I7Z A.V. Liiikov, 0. G. Martynenko, and V. L. Kolpashchikov 


Therefore, we assume that 

ee oe 

F = 2Lr"(a cosn^ + b sinn^) + S.r" (a* cos +b* sin n^) 
tiaUn n n=U n n 

(23) 

Coefficients a„, b„, a'„ , b|,, are determined from the conditions (26). Sub.stiruting 
the series (27) into (26), we obtain 


Bi = 

Re 1 

192 1 

fsin2^ ^ Re 0 

1 It ~ V / 576 Tt 

, _ Re sin (n + l)|i cos <1 
’ n" l6(n + l)^(n +2) Jr ’ 

b'i = 


'sin 2^ 2^ ] Re /J 

, » _ Re sin (n + l)0cos a 

_ 96 ' 

1 TT H 381l TT 

* n 8(n + l)^(n+2)jr 


The complete solution for 'I'l can be written in the form : 


^ + F * 


Re cos 
1152 


oo 

. V Re sin (n + l)/3cos Cl / n „ n+2 . n-f t, . 


(2ll) 


From (24) Ui and Vi arc determined by using formulas (7) and (8). 

Solution of the equation for the axial velocity component in the first approximation 
is 

Wi = ^ ^ sin a (2 r‘ - 18 + 21 - 5) + 


+ - 


Re^cosa 0 9 Re^ cos a ( sin 2& 2j3 \ 7 


230UO IT 


r - 


2^ 
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. Re /5 . „ 1 „ . Re^cos 

+ ^5|rSinPsina- ^cosa+-^^ 




Re^ sin( n + 1 )|9 cos a 
16 (n + l)^U + ?)’r 


30 

sin njSainfl nf2_ n Re^ sinCn + l)c05 Q n+ t 

n’(n + l)ir J ’’ l6(n + l)Mn + 2)"ff ^ 


lis. 

2 


n Re^ 5in(n ].)Pco5 nt^ 

l|8(n + l)*(ii + 2)(n + 3)’'' ^ 


(n^+ 6n^+ lln)Re^ sin(n + 1)/3 c os Q 
U8 (n + l)*(n -2)='(n + 3) ^ 


(25) 


Re sinjSsinfl 
2n^(n + 1) Jr 


n 


r 


cos nip . 


Finally, solution of the energy equation (17) is found under the specified boundary 
conditions. 

Such a form of boundary conditions is explained by the fact that the 
tube material is considered to be sufficiently heat-conducting and all non- 
uniformities in the wall temperature due to convection are smoothed. Nonuniform 
wall temperature, due to non-uniform distribution of a heat flux on the boundary, is 
taken into account in zero approximation. 

Solving equation (17) by the method, used for the solution of (13), we 

obtain 


Re 

oAA ‘ao 


sin a (r*- l6r‘H 


+ 






X 


y PrRe^sin nflsin(n + l)gcos a / r*“_ . 

l6ir*(n + l)*(n + 2) \2? n(n + l) 

1 _ ^ ■ I Be^cosag^ 1 -t-Pr-SO _ . 

2(n+2)n " n‘(n+l)(n+2) / 1 ” 1152-120 ir' 20 

Re* COSO #, ^ ii. 1*12 Pr 1 _« . Re* ccafl y 

115^ [7 Pr) - 27^ ^ 1152-148 

r fl*7 + 90Pr . 20sin20(l + 12 Pr)| 7. I fleoso . Be*cosa^, 
I" 7 2 * ? J’' * 1152-214 ^ 
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x(-g(5+52 Pr) -12-5^(1^20 Pr ))- h 

rRePsinPeinOn P cos a Re* cos tt / U9 - UOO Pr 
I 32 32Pr» 1152* 0 ' 20 

3 P BinP . „ a] 3 r Re*cosa / P^ U09 + J325 Pr 

* 2 ^ * [ 1152 - 1.0 It* 30 

P sin SP 57 + 1*^14 Fr\. Re0 - o- _ IJcosal | 

■ ^ 12 l^si"2sina- ^j^^Jrjcos^ + 

V I nRe^5in(n ^ 1 )^ cos ag T 1 3 (n ■<■ 3 )Pr a 1 + kPr(n 2 

n«2l 64(n + l)^ (n + 2) ir^ [ 12(n + 3)(ii + 3(n+2)(n + 


•UOO Pr 
20 

1325 Pr 


0-21 64(n+TrTri + 2)ir [ 12(n + 3)(ii + 4) 3(n+2) 

l + 5(n + l)Pr n44 . 6n + ll+6(n^+ lln+6)Pr n + i 
‘ 2(nVl)(n + 2)"' 3(n + l)Mn + 2) (n + 3) "" “ 

_ n^+ 12n^-i- 57n‘i-ll8 4 2(n + l)(3n^-*-36nUll3n-H6)Pr r" 1 . 

I2(n + l)^(n + 2)(n + 3)(n'**4) J 

. PKesinPsinO- f r" ^ . n + 3 "ll 

* fln'(n + l)ir^ [ 2(17721 ' ^TT ^ 2(n + l)(in"2)'' JP" 


iL. J>+*. 
43 ) 


|«0 1152(n + l)7r 


1 2(n + 4)7r ^ n + 3 ' 

» 

3 / 4s]n 2 0 

70 

1 /3sin20 bP\ 

n+, r 1 p 

2(n ■* 2) \ w 

IT ^ 

' n + 1 \ » n / 

[2(n + t() » 

3 fsinpP 2P \ 


3 Asin20 70 \ 1 

/3sin20 50\|n| 

n + 3 \ w IT / 

‘ 2( 

n+2)\ r w J n+] 

\ IT ’f/ 1 


Re^Pr ain (n 1 )Pcosasin kg 'n f 1 k 4 n 1 k 4 n 42 ^ 3 k 4 ni -4 


T T ne n- ain \ n ▼ i yMCOSus 
ks|ns 2 l 6 (n + Ip (n •» 2 )kff ‘ 


/ 1 k4n 1 

Ukn^ " k + 1 ^ 


2(k + 2) 


2 + 3k +k"-kn +k^n In-fci^ , » . -e Re* cos fl-Pr Bin(n - 1)0 

■ itanrTirnrTiT ^ jcos(n-k )«+^22 — _ 


2ir(n *3 




/Bin2g _ 3r"'^* AsinPg _ \ 3r" * _[_ P _ ( einSP _ 3 

”\» »/n+2\ir » /2(n+l) [ 2ir(n + 3)~ \ ir » / n +2 

. /liBin34 Tp \ 3 'L-“Lnnnii 1 r Re*Pr BinnPsinCn + l)Pco80 / r’"** 

M“i|—-T-j2(ir7Tf 6»*(n + l)’ (n +2) n T TOTiT) 

r*“** r*" ^ - , » y Re*Pr sin (n + l)PcososinkP 

* TTTiTn- l*(n+2)Cn+l) j * J, S(n ^m'nizT ^ 

( .n 4 k 42 2 .n 4 k 44 ^n^k v 

n+k + l ' n +k + 2 " (n+k + l)(n + k + 2))“®®*^" 
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Now wc shall write the results of solution of the problem for heat flux 


distribution 

according 

to the law 







II 

M 

+ s COS0 + c sin^) 

9 

(26) 




w 

0 

= 2 (l-rM, 


(27) 



^0 = 

= ( c sin^ + 

s cos ^) r - ^ + r 

2 7 

2h ’ 

(28) 



Re 

■ 1152 

(r’- 12r® + 

21r^- 10r)sinip - 

Rec / 4 ov.1 ^ 
(r - 2r ) 

, (29) 

w,= 

- 

Pe . 

288-80 ^ 

r’- 20r’+ 1 

fOr*- 100r^+ h9r) 

1 

+ 

cos ^ 


(30) 


Re^ PrS 

32 ' 576 


r-- 


l6r‘+ hSr**- U0 j'^+ 13) + 


Re^ 


1152 ■ 1200 


(r"- 


- 30r’+ 175r’- 500 r®+ 735r^- 38lr) - 


ll^^ ' ^? ! 225r’- 520r-'’+ 600 r^ 


625r) + (r*- 3r^+ 2r) 


cos <fi - 


(31) 


Re^Pre's / s 2 . ^ \ • - Re Pr , 8 

-jp (r*- 3r=+ 2r) smf- (r 


- 15r^+ 35r^- )(c sin2<^ + s cos 2^p) . 

Solution of the energy equation with regard for the first approximation 
and with respect to the expansion parameter is built in the form 

d = 0 Gr/Re‘0 
o 

where Oj is determined by expression (40). 

Taking into account (40), (41) and (42), wc get 
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- l6r‘+ h2T^- UOr* + 13) + 


Gr 


11520- 120 

- 30r’+ 175r’- 500r®+ 735r’- 38lr) - 

Gr 


(r” - 


1152- 2lt0 


(2r"- U2r’+ 225r’- 520r®+ 600 r^- 


- S'-’* 2'-) 


COS ^ + 


^Gx£^^(^*_3^3^2r)sin(^-.7) - 


(32) 


- (r*- 15r‘+ 35r^- 21rMcos(2i^ + y) 


where 


7 = arctg — ; bsin7 = c; bcosT = s 
s 

The function 6 was numerically calculated by formula (32) for various 
values of the parameters entering into it. 

The calculation results are graphically presented in Figs. 1 and 2. For 
Gr = 500, Re = 1000, Pr = 0.73, 0 is shown as a function of the radius in a 
vertical plane (0, tt) at different values of B for the cases : 

a) 7 = 0 (maximum upward heat flux) 

b) 7 = TT (maximum downward heat flux) 

We have found that owing to regard for the effect of free convection, a 
term appears in the solution which describes the downward displacement of the tem- 
perature minimum. 

In the present case this downward displacement of the temperature 
minimum will be summed up with the displacement (found earlier for a zero appro- 
ximation) caused by a nonuniform heat flux distribution at the tube boundary. 

In the case (a) both displacements have the same direction (down- 
wards). Therefore, the total displacement of the temperature minimum relative to 
the axis has the form depicted in Fig. 1. 

In the case (b) the effect of nonuniform heat flux distribution and that 
of free convection are reverse. Thus the resulting displacement is determined by the 
largest one. At large B values the temperature minimum lies above the axis due to 
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the dominating effect of a non-uniform heat flux distribution. It is clear from (Fig. 
2) that at B values lying near 0.5, the temperature minimum coincides with a 
geometric axis of the tube. 

Figs. 3 and 4 give the comparison of the effect of non-uniform heating 
and the effect of free convection on the temperature distribution inside a tube. The 
temperature graph in a zero approximation, compared with that with regard for the 
first approximation with respect to Gr/Re^, shows that the temperature minimum 
displacement downwards caused by free convection depends considerably on the 
parameter 7. This displacement increases with heating from below (7 = tt) and 
decreases with S growth at heating from above (7 = 0). This phenomenon may be 
treated as follows : a displacement due to free convection from a variable heat flux 
component which, depending on B or S, is imposed on that of the temperature 
minimum due to heat transfer at non-uniform heat flux and free convection caused 
by a constant heat flux component. The physical sense of the last effect is explained 
as follows : hot layers of gas from a heated wall section are transferred by free 
convection to the opposite wall so that the temperature minimum shifts in tlie 
direction of the heat flux maximum. 

The system of equations for the second approximation is of the form 


7^4/3 = - 


Pe 


d ^3 „ (be, . ibOy \ 


AWj 


„ 3P ^ Re / 3^ 3Wi 3^ 3w, \ ^ Re 3^ 


3W 

O 

3r 


RePr / 3^ 30 


3v 


(33) 

(34) 

(35) 


..ePr (b% 30 _ ^ 

^ r \ bip ^ br b\p J 


By substituting first-approximation solutions into this system, we may 
show that the solutions of this system are of the form 

= 2 2 P^ I r^**"^*”*) 

j-i i »i iJ J 


9 9 


Wj = 2 E V" J.r 

j-i i-i 'J J 


(21 - 2 + T?i) 
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0=2 2 tM j.(3i-2+iii) 

^ j-i i-i j 

t, = 1; 7?, = 0 

j = 2, 4, 6,0; = cos ^ ^p , 77. 


(36) 


= 1 


j = 3, 5,7, 9; J. = sin 


-1 


'P. 


V. = 

J 


-1 

2 


Coefficients P[y V^j, T- were calculated on the “Minsk-22” 
computer using a specially composed program. The same program provides 
temperature and velocity profiles from the solutions obtained and calculation of the 
integral Nusselt number. The integral number Nu is determined by the expression 

(bd\ 

2 ' 3 F' 1 


Nu = 


E - t 

cm cp 


(37) 


where: (3fl/3r) r = 1 is a perimeter-average temperature gradient on a wall ; 

Ecm is a perimeter-average wall temperature ; 
t(.p is a mean mass gas temperature. 

Since integrals of sin rup and cos n^^ (n # 0) equal zero, then only the 
terms with no trigonometric functions t/, and will contribute to average 
values. 

The Nu may be presented in the form 


2(1 + 1^ Si+I 


Re'' 


/II 


/Cr \ 

12U 


(r?) 


where 


Nu = 


S, = 2 T’., (2i -2); 


(38) 


i- I 

» 

2 

i- 1 
5 


Sj = 2 (2i -2); 

” 21 + 2 ) ’ 
^ - iM. (^ - 5i^) • 
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Fig. 5 presents temperature profiles for Gr = 500 and different values 
of 7 and B built with regard for a second approximation. A comparison with 
profiles built with regard for only the first approximation reveals that convergence 
of solutions depends on the parameter B. It gets considerably worse with B growth. 
Convergence for y = n is also worse than that for y = 0. 

Fig. 6 depicts Nu versus Gr, fi and 7 . It is seen that Nu may decrease or 
increase depending on the Grashof number, this being determined by the angle 7 . 
For 7 = TT the dependence of Nu on Gr is minimum within Gr = 300, for 
7 = ir/2 this dependence decreases and for 7 = 0 increases. An increase in the 
parameter B makes Nu increase or decrease (curves 1, 2, 6 , 7). 
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q 

P 

Pm 

W 

U 

P 

g 

P 



NOMENCLATURE 

heat flux 
gas density 

average gas density over the tube section 
longitudinal velocity component 
radial velocity component 
pressure 

free fall acceleration 
gas viscosity 
kinematic viscosity 
gas temperature 
weighted-mean temperature 
mean gas flow velocity 
tube radius 


X thermal conductivity of gas 

P = 1/p (3p/3t)p gas expansion coefficient 

Cp gas heat capacity at constant pressure 

B amplitude of heat flux non-uniformity 

Re = W^p/u Reynolds number 

Gr = g^R^q/Xi^* Grashof number 

Pr = pCp/v Prandtl number 

Pe = RePr Peclct number 


A = V* = 3* /3r^ + 1 /r 3/3r + 1 /r^ 3^ /3y)* 


Laplacian operator 


M=V* = d* fdr^ + 2/r 3’ /3r^ - 1 /r^ 3* /Sr* + 1 /r ’ 3/3r + 2/r^ 3^ Ib^p'^ 3r* + 4/r^ 
d^ldip^ + 1/r^ 3^/3^^ - 2/r’ 3’/3^’3r Laplacian of Laplacian 
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INDEX 


Annular flow 64, 266 
Air cook'd condensing plant 102 
Baffled bundles, condensution in 63 
Bends, effect on forced convection 637 
Boiling 69, 319 
, cliaiiiicl 333 

■ ■ , cross-flow 342 

, beat transfer equipment for 331 

", niulticomponcnt mixtures 324 

, nucleate 322 

■ , pool 14 

, water loop 543 
Bubble flow 266 
Burnout 336 
Churn flow 266 
Compact heat exch.inger 867 
Computers, analog 495 

digital 500 

, hybrid 495 
Condensation 59, 344 

■ , coluinn 832 

, drop wise 345 

— , filmwise 344 

in process heat exchangers 385 
, inside hori/oiital tubes 63 

. 345 

, outside hnri/oiUal tubes 65 

, outside vertical tubes 63 

Condensers, coolers 4 1 9 
, direct contact 831 
Contact, direct, heat exchangers 820 
Convective equipment, numerical 
simulation of 491 
Cooler condensers, design of 420 

, multi-pass 426 

, with finned tubes 426 
Critical pressure, heat transfer at 247 
Cross-flow boiling 342 


, over tube banks 75 

Crystals, seed, in falling-film evaporators 759 
Drop flow 280 

Evaporation, in process heat exchangers 385 
Evaporative waters 419, 428 
Evaporators 14 

, falling-film 759 

Filmed surfaces 585 
, tubes 67 

— , tubes helical 559 

i’low patterns 76 

(critical Reynolds range 81 

flow pattern models, 276 
Flow, steady state, in exchangers 663 
Flow, unsteady, in exchangers 663 
Fluid properties, effect oh heat transfer 77 

, constant 240 

, variable 239 

Fluidized beds 395 

, Ailiabatic cndothctniic processes 

ill 404 

, exothermal processes in 406 

, exothermic cabal y tie processes in 407 

, gjs-to-solid heat transfer 398 

, heat transfer in 396 

Fouling 29, 71 
Gas blanketing 27 . 

Geometry, effect of tolerances 71 
Granular bed 5 

Heat and mass transfer, interrelated 
mechanisms 328 

Heat and mass transfer, siiTiultaneous 673 
Heat exchangers, licsign of. unsteady state 
182 

^ ■ , dirext, scaling of 81 7 

, extra -high capacity, design of 101 

, high 'temperature 585 

— , networks of 121 
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, plate 501 

, tubular 177. 867 

, bilateral heat transfer in 1 77 

Heat exchanging streams, interleakage 41 
Heat transfer, at critical Reynolds range 81 

, augmentation of 177 

, augmented, equipment for 441 

. in transition flow 51 

, mean 79 

, turbulent 239 

Heat transfer rating 21 
Hydrodymamic instabilities 290 
Interface heat transfer 327 
Ion exchangers 11 
Laminar film, 61 
Liquid metal coolants 107 
Materials, codes and standards 36 

, suitability of 38 

Moving-bed heat exchanger 804 
Multifluid heat exchanger 504 
Natural circulation boiler, 531 
Networks, analog 493 

Networks of heat exchangers, design of 121 
Non-parallel flows 284 
Nuclcation, in boiling 320 
Performance, prediction of 525 
Packed beds, heat transfer in 771 
Parallel flow. 269 

Phase change, thermodynamics of 319 
Physical properties 70 
Plug flow 266 

Pressure drop, for boiling refrigerants 735 

, inside tubes 50 

Pressure losses, localized 284 

Pressure loss rating 21 

Pressure vessel codes and standards 32 

, heat exchanger supplements to 33 

Pressure vessels 32 

Process applications 404 

Process heat transfer 395 

Process heat exchangers 385. 388 

Radiation transfer, in heat exchangers 709 

Reference temperature, selection of 78 

Refrigerants, boiling 735 

Regenerators, heat and mass transfer in 673 


, heat transfer in 207, 223. 673 

, periodic flow 503 

, simplified model of 677 

Rough tubes 282 
Separated flow models 275 
Shcll-and>tubc exchanger design, by 
computer 501 

Shell-and-tube heat exchangers, calculation 
procedure for 157 
, flow patterns in 52 

, steady-state behavior of 1 55 

, transient behavior of 155 

Shellside flow 53 

Skin friction, for variable viscosity liquid 200 

Slug flow 267 

Smooth tubes 283 

Sodium-sodium heat exchanger 536 

Sorption kinetics 11 

Spray towers 817 

Steam generator, 505 

, sodium heated, once thrtmgh 537 

, water heated, once-througli 534 
Steam turbines, multiple reheating cycle in 
104 

Stratified flow 63, 266 
Steam analysis methoil 56 
Surface geometry, condensation in 000 
Surfaces, finned 585 

, fluted 442 

, porous 446 

, spirally grooved 444 

Thermal expansion, differential 33 
Tliermogravitational forces, effect on 
heat transfer 241 

Thermosyphon reboiler, vertical 294 
Tube arrangement, effect of 83 
Tube banks, in cross-flow 75, 559, 617 
Tube banks, resistance in 85 

, staggered 559 

Tubes, internally finned 447 
Tubeside flow 45 

Tubeside heat transfer, laminar flow 48 

, turbulent flow 45 

Turbulence, effect on heat transfer 000 
Turbulence promoters 601 




Index 803 


Turbulent film 61 
Two-phase flow 27 

, critical 289 

, design of cijuipinenr for 265 

, equipment for 292 

, flow distribution in 287 

, heat transfer in 319 

Two-phase flow equipment, classification of 
292 

Two-phase flow parameters, classification of 
208 


Two-phase flow patterns 266 
Two-phase systems, in condensers 831 
Unsteady two-phase flows 290 
Vapor blanketing 27 
Vaporization of refrigerants 735 
Vibration 34, 291 
View factors, 717 
Viscosity, variable 244 
Wave flow 64, 266 
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